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PREFACE 





Nowadays the main problems in the field of development and 
improvement of motor-vehicle and tractor engines are concerned with 
wider use of diesel engines, reducing fuel consumption and weight 
per horsepower of the engines and cutting down the costs of their 
production and service. The engine-pollution control, as well as 
the engine-noise control in service have been raised to a new level. 
Far more emphasis is given to the use of computers in designing and 
testing engines. Ways have been outlined to utilize computers direct- 
ly in the construction of engines primarily in the construction of 
diesel engines. 

The challenge of these problems requires deep knowledge of the 
theory, construction and design of internal combustion engines on 
the part of specialists concerned with the production and service of 
the motor vehicle and tractor engines. 

The book contains the necessary information and systematized 
methods for the design of motor vehicle and tractor engines. 

Assisting the students in assimilating the material and gaining 
deep knowledge, this work focuses on the practical use of the knowled- 
ge in the design and analysis of motor vehicle and tractor engines. 

This educational aid includes many reference data on modern 
engines and tables covering the ranges in changing the basic mechan- 
ical parameters, permissible stresses and strains, etc. 
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WORKING PROCESSES 
AND CHARACTERISTICS 


Chapter 1 


FUEL AND CHEMICAL REACTIONS 


1.1. GENERAL 


The physical and chemical properties of the fuels used in automo- 
tive engines must meet certain requirements dependent on the type 
of engine, specific features of its design, parameters of working 
process, and service conditions. 

Modern automotive carburettor engines mainly operate on gaso- 
lines which are represented by a refined petroleum distillate and 
cracking process product, or by a mixture of them. The minimum 
requirements to be met by the gasoline grades produced in the USSR 


are given in Table 1.1 


Characteristic 


Antiknock value: 

octane number, min. 
MON* 

octane number, min. 
RON** 

Content of tetraethyl lead, 
g per kg of gasoline, 
max. 


* Motor octane number. 
** Rescarch octane rumber. 





Table 1.1 
Ratings by gasoline grades 
A-66 | A-72 | A-76 AIT-93 | AII-98 
66 72 76 85 89 
Not rated 93 98 
0.60 None 0.41 0.82 0.82 


Except the AHM-98 grade, automotive gasolines are divided into: 
(a) Summer grades—intended for use in all areas of this country, 
except for arctic and northeast areas, within the period from April 1 
to October 1. In south areas the summer-grade gasolines may be 


used all over the year. 
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(b) Winter grades—intended for use in arctic and northeast areas 
during all seasons and in the other areas from October 1 to April 1. 

During the period of changing over from a summer grade to a win- 
ter grade and vice versa, either a winter or a summer grade gasoline, 
or their mixture may be used within a month. 

The basic property of automobile gasolines is their octane number 
indicating the antiknock quality of a fuel and mainly determining 
maximum compression ratio. 

With unsupercharged carburettor engines, the following relation- 
ship may be approximately recognized between the allowable comp- 
ression ratio and the required octane number: 


Compression ratio] . . . . 5.5-7.0 7.0-7.5 7.5-8.5 8.5-10.5 
Octane number. ..... 66-72 72-76 76-85 85-100 


When use is made of supercharging, a fuel with a higher octane 
number must be utilized. 

With compression ignition engines, use is made of heavier petro- 
leum distillates, such as diesel fuels produced by distillation of crude 
oil or by mixing products of straight-run distillation with a catalytic 
gas oil (not more than 20% in the mixture composition). The diesel 
automotive fuel is available in the following grades: 

A—arctic diesel automotive fuel recommended for diesel engines 
operating at —50'C or above; 

3—winter diesel automotive fuel recommended for diesel engines 
operating at —30°C and above; 

vl—summer diesel automotive fuel recommended for diesel engines 
operating at O°C and above; 

C—special diesel fuel. 

The diesel fuel must meet the requirements given in Table 1.2. 

The basic property of a diesel fuel is its cetane number determin- 
ing first of all the ignition quality, which is a prerequisite for opera- 
tion of a compression-ignition engine. In certain cases the cetane 
number of a fuel may be increased by the use of special additives 
(nitrates and various peroxides) in an amount of 0.5 to 3.0%. 

In addition to the above mentioned fuels for automobile and tractor 
engines, use is made of various natural and industrial combustible 
gases. 

Gaseous fuels are transported in cylinders (compressed or liquefied) 
and fed to an engine through a preheater (or an evaporator-type heat 
exchanger), a pressure regulator, and a mixer. Therefore, regardless 
of the physical state of the gas, the engine is supplied with a gas- 
air mixture. 

All the fuels commonly used in automobile and tractor engines 
represent mixtures of various hydrocarbons and differ in their elem- 
ental composition. 
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Table 1.2 





Ratings by fuel grades 


Requirements 
A | 3 | ul 





ac | aa | aa | aa | ac 





Cetane number, min. 45 45 45 45 45 45 45 50 
Fraction composition: 

50% distilled at 

temperature, °C, 

max. 240 250 | 280 | 280 | 255 | 280 | 290 | 280 
90% distilled at 

temperature, °C, 

max. 330 340 | 360 | 340 | 330 | 340 | 360 | 340 
Actual tar content 

per 100 ml of fuel, 


mg, max. 30 30 40 30 30 30 50 50 
Sulfur content, 9$, 

max. 0.4 0.5 | 0.5 0.5 0.2 0.2 0.2 0.2 
Water-soluble acids 

and alkalis None 
Mechanical impuri- 

ties aud water None 


Note. T stands for diesel fuel. 


The elemental composition of liquid fuels (gasoline, diesel fuel) 
is usually given in mass unit (kg), while that of gaseous fuels, in 
volume unit (m? or moles). 

With liquid fuels 


C+H+0=1 (1.1) 


where C, H and O are carbon, hydrogen and oxygen fractions of 
total mass in 1 kg fuel. 
With gaseous fuels 


IC, HO, +N, = 1 (1.2) 


where C,H,,0, are volume fractions of each gas contained in 1 m? 
or 1 mole of gaseous fuel; N, is a volume fraction of nitrogen. 

For the mean elemental composition of gasolines and diesel fuels 
in fraction of total mass, see Table 1.3, while that of gaseous fuels 
in volume fractions is given in Table 1.4. 
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Table 1.3 
Content, kg 
Liquid fuel 
C H O 
Gasoline 0.855 0.145 = 
Diesel fuel 0.870 0.126 0.004 
Table 1.4 
Content, m3 or mole 
zlael\a|ali.) 8 E [E | z 
Gaseous fuel y E S E s 2 S = e 
o a 5 O as e E 5 
3 MEE ee a ae 3 
E z 2 2 | 5E 0 pahaa = 
E a e E mg = OO Oo Z 
| | 
Natural gas 90.0 | 2.96 | 0.17 | 0.55 | 0.42 0.28 0.47 5.15 
Synthesis gas 52.0 — — — |3.4 9.0 | 11.0| — | 24.6 
Lighting gas 16.2 — — — |8.6 |27.8| 20.21 5.0 | 22.2 


1.2. CHEMICAL REACTIONS IN FUEL COMBUSTION 


Complete combustion of a mass or a volume unit of fuel requires 
a certain amount of air termed as the theoretical air requirement and 
is determined by the ultimate composition of fuel. 

For liquid fuels 


A PR 
ly gaz (y C+ 8H —0) (1.3) 
or 
4 (C,H 0 
L= latr E) (1.4) 


where /, is the theoretical air requirement in kg needed for the 
combustion of 1 kg of fuel, kg of air/kg of fuel; 
L, is the theoretical air requirement in kmoles required for 
the combustion of 1 kg of fuel, kmole of air/kg of fuel; 
0.23 is the oxygen content by mass in 1 kg of air; 0.208 is 
the oxygen content by volume in 1 kmole of air. 


In that 
lg = Malo (1.5) 
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where ug — 28.06 kg/kmole which is the mass of 1 kmole of air. 
For gaseous fuels 


r 1 m 
Li= M Y (n+7-F]) C,HmOr (1.6) 


where L, is the theoretical air requirement in moles or m? required 
for the combustion of 1 mole or 1 m? of fuel (mole of air/mole of fuel 
or m? of air/m? of fuel). 

Depending on the operating conditions of the engine, power cont- 
rol method, type of fuel-air mixing, and combustion conditions, each 
mass or volume unit of fuel requires a certain amount of air that 
may be greater than, equal to, or less than the theoretical air require- 
ment needed for complete combustion of fuel. 

The relationship between the actual quantity of air l (or L) par- 
ticipating in combustion of 1 kg of fuel and the theoretical air re- 
quirement J, (or Lo) is called the excess air factor: 


The following values of œ are used for various engines operating 
at their nominal power output: 


Carburettor engines . ................. 0.80-0.96 
Precombustion chamber and pilot-flame ignition engines 0.85-0.98 and 


more 
Diesel engines with open combustion chambers and volu- 

me carburation . 7649 5 49 9. o» oko») Is .. 1.50-1.70 
Diesel engines with open combustion chambers and film 

carburation . opo» € AA cR 1.50-1.60 
Swirl-chamber diesel engines .............. 1.30-1.45 
Prechamber diesel engines Ne aa la 1.40-1.50 
Supercharged diesel engines . ............. 1.30-2.2 


In supercharged engines, during the cylinder scavenging, use is 
made of a summary excess air factor =P, where ps, = 1.0-1.25 
is a scavenging coefficient of four-stroke engines. 

Reduction of œ is one of the ways of boosting the engine. For 
a specified engine output a decrease (to certain limits) in the excess 
air factor results in a smaller cylinder size. However, a decrease 
in the value of œ leads to incomplete combustion, affects economical 
operation, and adds to thermal stress of the engine. Practically, 
complete combustion of fuel in an engine is feasible only at a > 1, 
as at q = 1 no air-fuel mixture is possible in which each particle 
of fuel is supplied with enough oxygen of air. 

_A combustible mixture (fresh charge) in carburettor engines con- 
sists of air and evaporated fuel. It is determined by the equation 


M, = al, + 1/m, (1.8) 
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where AM, is the quantity of combustible mixture (kmole of 
com.mix/kg of fuel); m; is the molecular mass of fuel vapours, 


kg/kmole. 
The following values of m; are specified for various fuels: 


110 to 120 kg/kmole for automobile gasolines 
180 to 200 kg/kmole for diesel fuels 


In determining the value of M, for compression-ignition engines, 
the value of 1/m, is neglected, since it is too small as compared with 
the volume of air. Therefore, with such engines 


Mi = aly (1.9) 

With gas engines 
Mi = aL; (1.10) 
where M’ is the amount of combustible mixture (mole of com.mix/mo- 


le of fuel or m? of com.mix/m? of fuel). 
For any fuel the mass of a combustible mixture is 


PO ee (4.11) 


where m, is the mass quantity of combustible mixture, kg of com. 
mix/kg of fuel. 

When the fuel combustion is complete (a 21), the combustion 
products include carbon dioxide CO,, water vapour H,O, surplus 


oxygen O, and nitrogen N,. 
The amount of individual components of liquid fuel combustion 


products with a > 1 is as follows: 


Carbon dioxide (kmole of CO,/kg of fuel) ) 


Mco, = €/12 
Water vapour (kmole of H,O/kg of fuel) 
My,0 = H/2 


f (1.12) 
Oxygen (kmole of O,/kg of fuel) 


Mo, = 0.208 (a — 1) Ly 
Nitrogen (kmole of N,/kg of fuel) 
My, =0.792aL, J 


The total amount of complete combustion products of a liquid fuel 
(kmole of com.pr/kg of fuel) is 


M 5 — Mco; + Mn;o-- Mo, + Mw, 
— C/A2 + H/2-+ (æ — 0.208) Ly (1.13) 
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The amount of individual components of gaseous fuel combustion 
products at a > 1 is as follows: 
Carbon dioxide (mole of CO,/mole of fuel) | 
Moos zm Ey Me (C, H,,0;) 
Water vapour (mole of H,O/mole of fuel) 


Miao == Y) y (CrH,p0,) 


y (1.14) 
Oxygen (mole of O,/mole of fuel) 
M6, = 0.208 (a — 1) Li 
Nitrogen (mole of N,/mole of fuel) 
) 


Mi, —0.192a.Li +N, 


where N, is the amount of nitrogen in the fuel, mole. 
The total amount of complete combustion of gaseous fuel (mole 
of com.pr/mole of fuel) is 


MEM MS EMO ME, (1.15) 


When fuel combustion is incomplete (c < 1) the combustion prod- 
ucts represent a mixture of carbon monoxide CO, carbon dioxide CO,, 
water vapour H,O, free hydrogen H, and nitrogen Ng. 

The amount of individual components of incomplete combustion 
of a liquid fuel is as follows: 


Carbon dioxide asi of CO,/kg of fuel) 


Mc, - 4-24 7 0.208L, 





Carbon monoxide a of CO/kg of fuel) 











DTE 
Water vapour UM of H Oks of fuel) (1.16) 
js : 
Mao = —2K 4 TE 0.208L, 


Hydrogen Pw of H,/kg of fuel) 


1—a 
H: = 2K TEK 0.208L, 


Nitrogen (kmole of N,/kg of fuel) 
Mx, = 0.7922 Lo 
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where A is a constant value dependent on the ratio of the amount 
of hydrogen to that of carbon monoxide which are contained in the 
combustion products (for gasoline K — 0.45 to 0.50). 

The total amount of incomplete combustion of a liquid fuel (kmole 
of com.pr/kg of fuel) is 


VM iM FM gcc Mg ce ME 
— +5 +0.7920L, (4.17) 


The amount of combustible mixture (fresh charge), combustion 
products and their constituents versus the excess air factor in a car- 
burettor engine and in a diesel en- 
gine are shown in diagrams (Figs. 
1.1 and 1.2). 

The change in the number of 
working medium moles during 
combustion is determined as the 
difference (kmole of mix/kg of 
fuel): 

AM = M, — M, (1.18) 


With a liquid fuel, the num- 
ber of combustion product moles 
always exceeds that of a fresh 
charge (combustible mixture). Án 
increment AM in the volume of 
combustion products is due to an 
increase in the total number of 
molecules as a result of chemi- 


M;, kmole /kg of fuel 
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Fig. 1.1. Amount of combustible mix- 


ture (fresh charge), combustion pro- 
ducts, and their constituents versus 
the excess air factor in a carburettor 
engine (m; = 110) 


cal reactions during which fuel 
molecules break down to form 
new molecules. 

An increase in the number of 


combustion product molesis a po- 
sitive factor, as it enlarges the volume of combustion products, thus 
aiding in some increase in the gas efficiency, when the gases expand. 

A change in the number of moles AM” during the combustion 
process of gaseous fuels is dependent on the nature of the hydrocar- 
bons in the fuel, their quantity, and on the relationship between the 
amounts of hydrocarbons, hydrogen and carbon. It may be either 
positive or negative. 

The fractional volume change during combustion is evaluated in 
terms of the value of the molecular change coefficient of combustible 
mixture uy which represents the ratio of the number of moles of the 
combustion products to the number of moles of the combustible 
mixture 


uo = MM, = 1 + AMIM, (1.19) 
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The value of uo for liquid fuels is always greater than 1 and increas- 
es with a decrease in the excess air factor (Fig. 1.3). The break of 
a curve Corresponding to a = 1 occurs due to cessation of carbon 


Mi ,kmole/ kg of fuel 
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Fig. 1.2. Amount of combustible mixture (fresh charge), combustion products 


and their constituents versus the excess air factor in a diesel engine 


monoxide liberation and complete combustion of fuel carbon with 
formation of carbon dioxide CO,. 

In the*cylinder of an actual engine a fuel-air mixture comprised 
by a fresh charge (combustible mixture) M, and residual gases M;, 
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Fig. 1.3. Molecular change coefficient of combustible mixture versus the excess 


air factor 


J — gasoline-air mixture; 2 — diesel fuel-air mixture 


i.e. the gases left in the charge from the previous cycle, is burnt, 
rather than a combustible mixture. 

The fractional amount of residual gases is evaluated in terms of 
the coefficient of residual: gases 


2—0946 


Wi M,/M, 


(1.20) 
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A change in the volume during the combustion of working mixture 
(combustible mixture -+ residual gases) allows for the actual molecu- 
lar change coefficient of working mixture which is the ratio of the total 
number of gas moles in the cylinder after the combustion (M, + M,) 
to the number of moles preceding the combustion (M, + M,): 


u = (M; + MIO, + My) = (mo + YA + y) (1.21) 


From Eq. 1.21 it follows that actual molecular change coefficient 
of working mixture u is dependent on the coefficient of residual 
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Fig. 1.4. Molecular change coefficient of combustible mixture versus the coeffi- 
cient of residual gases, fuel composition and excess air factor 
gasoline; —— —— — diesel fuel 





gases y,, and the molecular change coefficient of combustible mixtu- 
re Ho- ip in turn is dependent on the composition of the fuel and the 
excess air factor a. 

It is the excess air factor a that has the most marked effect on the 
change in the value of u (Fig. 1.4). With a decrease in a the actual 
molecular change coefficient of working mixture grows and most 
intensively with a rich mixture (a < 1). 

The value of u varies within the limits: 


1.02 to 1.12 


Carburettor engines . .............. 2 
1.01 to 1.06 


Diesel engines . . . . . Voc Wow Se Se ae NES 
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4.3. HEAT OF COMBUSTION OF FUEL AND FUEL-AIR MIXTURE 


By the fuel combustion heat is meant that amount of heat which 
is produced during complete combustion of a mass unit or a volume 
unit of fuel. 

There are higher heat of combustion H, and lower heat of combus- 
tion H,. By the higher heat of combustion is meant that amount of 
heat which is produced in complete combustion of fuel, including 
the water vapour condensation heat, when the combustion products 
cool down. 

The lower heat of combustion is understood to be that amount of 
heat which is produced in complete combustion of fuel, but minus 
the heat of water vapour condensation. H, is smaller than the higher 
heat of combustion H, by the value of the latent heat of water vapori- 
zation. Since in the internal combustion engines exhaust gases are 
released at a temperature higher than the water vapour condensa- 
tion point, the practical assessment of the fuel heating value is 
usually made by the lower heat of fuel combustion. 

With the elemental composition of a liquid fuel known, the lower 
heat of its combustion (MJ/kg) is roughly determined generally by 
Mendeleev's formula: 


H, = 33.91C + 125.60H — 10.89 (O — S) — 2.51 (9H + W) 
(4.22) 


where W is the amount of water vapours in the products of combus- 
tion of a mass unit or a volume unit of fuel. 
With a gaseous fuel, its lower heat of combustion (MJ/m?) is 


4 = 12.8CO + 10.8H, + 35.7H, + 56.0C,H, 
+ 59.5C,H, + 63.3C,H, + 90.9C,H, 
+ 119.7C, Hy) + 146.2C5H,, (1.23) 


The approximate values of the lower heat of combustion for the 
automotive fuels are given below: 


Fuel . . Gasoline , Diesel fuel Natural gas Propane Butane 
Hy... 440 MJ/kg 42.5 MJ/kg 35.0 MJ/m3 85.5 MJ/m? 112.0 MJ/m? 


In order to obtain a more complete evaluation of the heating value 
of a fuel, use should be made not only of the heat of combustion of 
the fuel itself, but also the heat of combustion of fuel-air mixtures, 
The ratio of the heat of combustion of unit fuel to the total quantity 
of combustible mixture is generally called the heat of combustion of 
combustible mixture. When H, is referred to a volume unit (kmole), 
em wil be in MJ/kmole of com.mix, and when to a mass unit, 
It will be in MJ/kg of com.mix. 


Ham = Hy/M, or Ham = Hum (1.24) 
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In engines operating at a < 1, we have chemically incomplete 

combustion of fuel (MJ/kg) because of lack of oxygen 
AH, = 119.95 (1 — a) Ly (1.25) 

Therefore, formula (1.24) with a < 1 takes the form 
Hom. = (H, — AH, M, or Hom. = (Ha — AH,ym, (4.26) 


Figure 1.5 shows the heat of combustion of combustible mixtures 
versus the excess air factor a. Note that the heat of combustion of 


He m »MJ/kmole 
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Fig. 1.5. Heat cof combustion of fuel-air mixture versus the excess air factor 
1 — gasoline-air mixture, H,,—44 MJ/kg; 2 —diesel fuel-air mixture, 
H,=42.5 MJ/kg 


a combustible mixture is not in proportion to the heat of combustion 
of a fuel. With equal values of a, the heat of combustion of a diesel 
fuel-air mixture is somewhat higher than that of a gasoline-air 
mixture. This is accounted for by the fact that the complete com- 
bustion of a unit diesel fuel needs less air than the combustion of the 
same amount of gasoline. Since the combustion process takes place 
due to a working mixture (combustible mixture + residual gases) 
rather than to a combustible mixture, it is advisable to refer the 
heat of combustion of a fuel to the total amount of working mixture 
(MJ/kmole of w.m.): 


Ata >í 
Hom = Hul(M, + M,) = HAM, A +y) (4.27) 
At a «1 
Hom = (Hy — ABUMUM, (1 + 99) (1.28) 
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From Eqs. (1.27) and (1.28) it follows that the heat of combustion 
of a working mixture varies in proportion to the change in the heat 
of combustion of a combustible mixture. When the excess air factors 


Hw. m.» MJ/ kmole 
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Fig. 1.6. Heat of combustion of working mixture versus the excess air factor 
and the coefficient of residual gases 

1 — mixture of air, residual gases and gasoline; H,=44 MJ/kg; 2-— mixture of air, 
residual gases and diesel fucl, H,=42.5 MJ/kg 
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are equal, the heat of combustion of a working mixture increases with 
a decrease in the coefficient of residual gases (Fig. 1.6). This holds 
both for a gasoline and a diesel fuel. 

1.4. HEAT CAPACITY OF GASES 


The ratio of the amount of heat imparted to a medium in a speci- 
fied process to the temperature change is called the mean heat capacity 
(specific heat) of a medium, provided the temperature difference is 
a finite value. The value of heat capacity is dependent on the tem- 
perature and pressure of the medium, its physical properties and the 
nature of the process. 

To compute the working processes of engines, use is generally made 
of mean molar heat capacities at a constant volume mcy and a const- 
ant pressure mc, [kJ/(kmole deg). These values are interrelated 

mcp — mey = 8.315 (1.29) 

To determine mean molar heat capacities of various gases versus 
the temperature, use is made either of empirical formulae, reference 
tables or graphs*. 

—— 


* Within the range of pressures used in automobile and tractor engines, the 
effect of pressure on the mean molar heat capacities is neglected. 
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Table 1.5 covers the values of mean molar heat capacities of certain 
gases at a constant volume, while Table 1.6 lists empirical formulae 


Tabie 1.5 


Mean molar heat capacity of certain gases at constant volume, 
kJ/(kmole deg) 


Air a | Air | œ | Ne | He | CO | co | HO _ 0» No He co CO» H20 


0 20.759 | 20.960 | 20.705 | 20.303 | 20.809 | 27.546 
100 20.839 | 21.224 | 20.734 | 20.621 | 20.864 | 29.799 
200 20.985 | 21.617 | 20.801 | 20.759 | 20.989 | 31.746 
300 21.207 | 22.086 | 20.973 | 20.809 | 21.203 | 33.442 | 26.261 
400 21.475 | 22.564 | 21.186 | 20.872 | 21.475 | 34.936 | 26.776 


PHBH BE 29.185 
500 21.781 | 23.020 | 21.450 | 20.935 | 21.785 | 36.259 | 27.346 


29.428 
25.804 


600 22.091 | 23.447 | 21.731 | 21.002 | 22.112 | 37.440 | 27.881 
700 22.409 | 23.837 | 22.028 | 21.094 | 22.438 | 38.499 | 28.476 
800 22.714 | 24.188 | 22.321 | 21.203 | 22.756 | 39.450 | 29.079 
900 23.008 | 24.511 | 22.610 | 21.333 | 23.062 | 40.304 | 29.694 
1000 23.284 | 24.804 | 22.882 | 21.475 | 23.354 | 41.079 | 30.306 
1100 23.548 | 25.072 | 23.142 | 21.630 | 23.623 | 41.786 | 30.913 
1200 23.795 | 25.319 | 23.393 | 21.793 | 23.878 | 42.427 | 31.511 
1300 24.029 | 25.549 | 23.627 | 21.973 | 24.113 | 43.009 | 32.093 
1400 24.291 | 25.763 | 23.849 | 22.153 | 24.339 | 43.545 | 32.663 
1500 24.460 | 25.968 | 24.059 | 22.333 | 24.544 | 44.035 | 33.211 
1600 24.653 | 26.160 | 24.251 | 22.518 | 24.737 | 44,487 | 33.743 
1700 24.837 | 26.345 | 24.435 | 22.698 | 24.917 | 44.906 | 34.262 
1800 25.005 | 26.520 | 24.603 | 22.878 | 25.089 | 45.291 | 34.756 
1900 20.168 | 26.692 | 24.766 | 23.058 | 25.248 | 45.647 | 35.225 
2000 25.327 | 26.855 | 24.917 | 23.234 | 25.394 | 45.977 | 35.682 
2100 29.474 | 27.015 | 25.063 | 23.410 | 25.537 | 46.283 | 36.121 
2200 25.612 | 27.169 | 25.202 | 23.577 | 25.666 | 46.568 | 36.540 


2300 25.746 | 27.320 | 25.327 | 23.744 | 25.792 | 46.832 | 36.942 


2400 25.871 | 27.471 | 25.449 | 23.908 | 25.909 | 47.079 | 37.331 
2500 25.993 | 27.613 | 25.562 | 24.071 | 26.022 | 47.305 | 37.704 
2600* | 26.120 | 27.753 | 25.672 | 24.234 | 26.120 | 47.515 | 38.060 
2700* | 26.250 | 27.890 | 25.780 | 24.395 | 26.212 | 47.710 | 38.395 
2800* | 26.370 | 28.020 | 25.885 | 24.550 | 26.300 | 47.890 | 38.705 


method. heat capacity at 2600, 2700 and 2800?C is computed by the interpolation 
o 





obtained on the basis of an analysis of tabulated data. The values 
of mean molar heat capacities obtained by the empirical formulae 
are true to the tabulated values within 1.896. 
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Table 1.6 


Formulae to determine mean molar heat capacities 
of certain gases at constant volume, kJ/(kmole deg), 


Name of gas at temperatures 

from 0 to 1500°C from 1501 to 2800°C 
SS 
Air mey =20.600+0.002638: | mcy = 22.3874-0.001449t 
Oxygen 0; Mey Oy==20.930-+-0.004641t —| meyo, — 23.7234-0.001550: 

—0.00000084z? 

Nitrogen Ns mCy Ns = 20.398--0.002500¢ mcy Ny = 21.951--0.001457t 
Hydrogen H, mcy y, 20.684--0.000206t4- mcyg, = 19.678--0.001 758¢ 


+0.000900588 12 
Carbon monoxide 


CO meyco =20.5974-0.002670€ | mey co = 22.490-+0.001430¢ 
Carbon dioxide 
CO, mcy CO. = 27.941--0.0191— | mey 0, --39. 123 4-0.003349t 


— 0.00000548713 
Water vapour H,O | mcyyyo0= 24.953-+0.005359¢| mcyy,0 = 26.670 +0.004438¢ 





When performing the calculations, the heat capacity of fresh 
charge in carburettor and diesel engines is usually taken equal to 
the heat capacity of air, i.e. without taking into account the effect 
of fuel vapours, and in gas engines, neglecting the difference between 
the heat capacities of a gaseous fuel and air. 

The mean molar heat capacity of combustion products is determin- 
ed as the heat capacity of a gas mixture [kJ/(kmole deg): 


i=n 


(mel; = X ri (me's (1.30) 


where r} =M,/M, is the volum? fraction of each gas included in 
a given mixture; (mcyi)] is the mean molar heat capacity of each 
gas contained in a given mixture at the mixture temperature ty. 
. When combustion is complete (œ > 1), the combustion products 
include a mixture of carbon dioxide, water vapour, nitrogen, and 
at a — 1 also oxygen. If that is the case 


st 1 o t ” tz 
(mcy) = My [M co, (cy coj)i + Muro (mevis;o)r, 


+My, (mery;)ts + Mo, (meoil (1.31) 


Where to is a temperature equal to 0°C; t, is a mixture temperature 
3t the end of visible combustion. 
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When fuel combustion is incomplete (a < 1), the combustion 
products consist of a mixture including carbon dioxide, carbon 
monoxide, water vapour, free hydrogen and nitrogen. Then 


"v tz 1 " i n" tz 
(mcey)i = My [M co; (It cvyco;)i, + M co (Mey co)is5 
R 
" t " t 
+ Mu (meyn;0)t, + M na (MEYE) 


+My, (meyil (1.32) 


For the values of mean molar heat capacity of gasoline combustion 
products (composition: C = 0.855; H = 0.145) versus a see Table 1.7 
and for the values of mean molar heat capacity of diesel fuel com- 
bustion products (composition: C = 0.870; H = 0.126; O = 0.004) 
see Table 1.8. 


Chapter 2 
THEORETICAL CYCLES OF PISTON ENGINES 


2.1. GENERAL 


The theory of internal combustion engines is based upon the use 
of thermodynamic relationships and their approximation to the 
real conditions by taking into account the real factors. Therefore, 
profound study of the theoretical (thermodynamic) cycles on the 
basis of the thermodynamics knowledge is a prerequisite for success- 
ful study of the processes occurring in the cylinders of actual auto- 
mobile and tractor engines. 

Unlike the actual processes occurring in the cylinders of engines, 
the closed theoretical (ideal) cycles are accomplished in an imaginary 
heat engine and show the following features: 

1. Conversion of heat into mechanical energy is accomplished in 
a closed space by one and the same constant amount of working 
medium. 

2. The composition and heat capacity of the working medium 
remain unchanged. 

3. Heat is fed from an external source at a constant pressure and 
a constant volume only. 

4. The compression and expansion processes are adiabatic, i.e. 
without heat exchange with the environment, the specific-heat 
ratios being equal and constant. 

9. In the theoretical cycles no heat losses take place (including 
those for friction, radiation, hydraulic losses, etc.), except for heat 
transfer to the heat sink. This loss is the only and indispensable in 
the case of a closed theoretical cycle. 


Tempera- 
ture t, °C 


1100 
1200 
1300 
1400 
1500 


1700 
1800 
1900 
2000 
2100 
2200 
2300 
2400 
2500 


0-70 | 0.75 
21.683 | 21.786 
21.902 | 22.031 
22.140 | 22.292 
22.445 | 22.618 
22.777 | 22.968 
23.138 | 23.345 
23.007 | 23.727 
23.882 | 24.115 
24.249 | 24.493 
24.608 | 24.861 
24.949 | 25.211 
25.276 | 25.545 
25.590 | 25.866 
25.887 | 26.168 
26.099 | 26.456 
26.436 | 26.728 
26.685 | 26.982 
26.924 | 27.225 
27.147 | 27.451 
27.359 | 27.667 
27.559 | 27.870 
27.752 | 28.065 
27.935 | 28.251 
28.104 | 28,422 
28.208 | 28.588 
28.422 | 28.744 


Mean molar heat capacity of combustion products, kJ/(kmole deg), of gasoline at u 











1.00 | 1.05 | 1.10 
22.187 | 22.123 | 22.065 
22.533 | 22.457 | 22.388 
22.885 | 22.796 | 22.722 
23.293 | 23.200 | 23.115 
23.712 | 23.613 | 23.524 
24.150 | 24.045 | 23.948 
24.586 | 24.475 | 24.373 
25.021 | 24.905 | 24.798 
25.441 | 25.319 | 25.208 
25.847 | 25.720 | 25.604 
26.229 | 26.098 | 25.977 
26.593 | 26.457 | 26.333 
26.940 | 26.800 | 26.672 
27.265 | 27.121 | 26.989 
27.574 | 27.426 | 27.291 
27.866 | 27.714 | 27.575 
28.136 | 27.981 | 27.836 
28.395 | 28.236 | 28.091 
28.634 | 28.473 | 28.324 
28.863 | 28.698 | 28.548 
29.078 | 28.910 | 28.757 
29.283 | 29.113 | 28.958 
29.478 | 29.306 | 29.148 
29.658 | 29.484 | 29.324 
29.832 | 29.655 | 29.494 
29.993 | 29.815 | 29.652 





Table 1.7 


1.15 | 1.20 | 1.25 
22.011 | 21.962 | 21.916 
22.325 | 22.266 | 22.216 
22.650 | 22.584 | 22.523 
23.036 | 22.964 | 22.898 
23.437 | 23.360 | 23.289 
23.859 | 23.777 | 23.702 
24.280 | 24.193 | 24.114 
24.700 | 24.610 | 24.527 
29.106 | 25.012 | 24.925 
29.498 | 25.400 | 25.309 
29.807 | 25.766 | 25.672 
26.219 | 26.114 | 26.016 
26.554 | 26.446 | 26.345 
26.868 | 26.757 | 26.653 
27.166 | 27.051 | 26.945 
27.447 | 27.330 | 27.221 
27.708 | 27.588 | 27.477 
27.958 | 27.835 | 27.722 
28.188 | 28.063 | 27.948 
28.409 | 28.282 | 28.164 
28.616 | 28.487 | 28.367 
28.815 | 28.684 | 28.562 
29.004 | 28.870 | 28.747 
29.177 | 29.042 | 28.917 
29.345 | 29.209 | 29.082 
29.502 | 29.364 | 29.236 





Tempera- 
ture t, °C 


1900 
2100 
2200 
2300 
2500 


Mean molar heat capacity of combustion products, 


1 | 1.1 | 1.2 | 1.3 | 1.4 
22.184 | 22.061 | 21.958 | 21.870 | 21.794 
22.545 | 22.398 | 22.275 | 22.169 | 22.078 
22.908 | 22.742 | 22.602 | 22.482 | 22.379 
23.324 | 23.142 | 22.989 | 22.858 | 22.745 
23.750 | 23.554 | 23.390 | 23.249 | 23.128 
24.192 | 23.985 | 23.811 | 23.662 | 23.533 
24.631 | 24.413 | 24.229 | 24.072 | 23.937 
25.069 | 24.840 | 24.648 | 24.484 | 24.342 
25.490 | 25.251 | 25.050 | 24.879 | 24.731 
25.896 | 25.648 | 25.439 | 25.261 | 25.107 
26.278 | 26.021 | 25.804 | 25.620 | 25.460 
26.641 | 26.375 | 26.151 | 25.960 | 25.795 
26.987 | 26.713 | 26.482 | 26.286 | 26.116 
27.314 | 27.029 | 26.792 | 26.589 | 26.415 
27.618 | 27.328 | 27.085 | 26.877 | 26.698 
27.907 | 27.610 | 27.361 | 27.148 | 26.965 
28.175 | 27.873 | 27.618 | 27.400 | 27.212 
28.432 | 28.123 | 27.863 | 27.641 | 27.449 
28.669 | 28.354 | 28.089 | 27.863 | 27.668 
28.895 | 28.575 | 28.305 | 28.076 | 27.877 
29.107 | 28.782 | 28.508 | 28.275 | 28.073 
29.310 | 28.980 | 28.703 | 28.466 | 28.262 
29.503 | 29.169 | 28.888 | 28.648 | 28.441 
29.680 | 29.342 | 29.057 | 28.815 | 28.605 
29.851 | 29.510 | 29.222 | 28.976 | 28.764 


29.127 





1.5 


21.728 
21.999 
22.289 
22.647 
23.022 
23.421 
23.819 
24.218 
24.602 
24.973 
25.321 
29.652 
23.967 
26.262 
26.541 
26.805 
27.049 
21.282 
21.497 
27.704 
27.898 
28.083 
28.260 
28.422 
28.580 
28.726 





kJ/(kmole deg). 


of diesel fuel at œ 


fable 1.8 


1.6 | 1.8 | 2.0 | 2.2 | 2.4 | 2.6 
ETF 
21.670 | 21.572 | 21.493 | 21.428 | 21.374 | 21.328 
21.929 | 21.812 | 21.717 | 21.640 | 21.574 | 21.519 
22.210 | 22.077 | 21.970 | 21.882 | 21.808 | 21.745 
22.560 | 22.415 | 22.300 | 22.202 | 22.121 | 22.052 
22.930 | 22.774 | 22.648 | 22.544 | 22.457 | 22.384 
23.322 | 23.157 | 23.023 | 22.914 | 22.822 | 22.743 
23.716 | 23.541 | 23.401 | 23.285 | 23.188 | 23.106 
24.109 | 23.927 | 23.780 | 23.659 | 23.557 | 23.471 
24.488 | 24.298 | 24.144 | 24.018 | 23.912 | 23.822 
24.855 | 24.657 | 24.487 | 24.366 | 24.256 | 24.162 
25.199 | 24.993 | 24.828 | 24.692 | 24.578 | 24.481 
25.529 | 25.313 | 25.142 | 25.001 | 24.883 | 24.783 
25.837 | 25.618 | 25.442 | 25.296 | 25.175 | 29.071 
26.128 | 25.903 | 25.722 | 25.572 | 25.447 | 25.341 
26.404 | 26.173 | 25.986 | 25.833 | 25.705 | 25.596 
26.664 | 26.427 | 26.237 | 26.080 | 25.948 | 25.836 
26.905 | 26.663 | 26.468 | 26.308 | 26.173 | 26.059 
27.135 | 26.888 | 26.690 | 26.526 | 26.389 | 26.272 
27.348 | 27.096 | 26.894 | 26.727 | 26.587 | 26.469 
27.552 | 27.296 | 27.090 | 26.921 | 26.781 | 26.658 
27.743 | 27.483 | 27.274 | 27.102 | 26.958 | 26.835 
27.926 | 27.663 | 27.451 | 27.276 | 27.130 | 27.005 
28.101 | 27.834 | 27.619 | 27.442 | 27.294 | 27.168 
28.261 | 27.991 | 27.774 | 27.595 | 27.444 | 27.317 
28.417 | 28.144 | 27.924 | 27.743 | 27.591 | 27.462 
28.562 | 28.286 | 28.064 1 27.881 | 27.728 | 27.598 
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Table 2.1 
Basic thermodynamic relationships of theoretical cycles 


Name and fees "mm i 
Principal definitions! with heat added at constant | with heat added at constant | with heat added at constant 














designati > 
esignation VO te A volume (V) pressure (p) 
Compression ratio | The ratio of the|e=V¿/V¿=p0 e= Va/Ve= 8 8 =V a/V e = pô 
€ volumes at the 
start and the end 
of compression 
Compression and | The ratio of work- k=cplcy=(cy + Ryley —1-F Riley 
expansion adia- ing medium 
batic indices heat capacities 
at constant p 
and V 
posue increase | The ratio of the| A=p,/pe=T,,/T. — T,loTe | A=pz/pe=T¿IT¿ À —1 
in the case of maximum  pres- - k—1 
heat added at sure of cycle to jc eo ee Eae p= SEA x 
constant volu- the pressure at RT gh (1 +kp— k) ae 1 
me A the end of com- 
pression 
see in | The ratio of volu-| p= V;/Ve —€/6— T;/AT. p=1 p=V oe T,/T¢ 
the case of heat mes at points z Q, (k — 1) kh — Ati Qi (k— 1) (k— 
added at cons- and c pei e EN Ad P= zi Qi (571 iu 
tant pressure p RT gek*kh kh uL pol 
After expansion ô | The ratio between | 6 =V,/V,=V,/V,=e/p= 6=Vp/Vz=ValVe=e ô= Va/ V; = Va/V,=e/p= 


volumes at po- =ehT,/T, -—ET./T, 


— 
— 
— 














> 
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: 3" - re = 
Amount of rejec- T k—4 2 T. (A—4 T T. (gh. 
ted heat Qa | k—1 a (Ap ) Qs k—1 a( ) Qo +0 (p ) 
Constant pressure 
pc and constant 
temperature Te 
at the end of 








Pe= path and T, =T eh"! 
| 





compression 
Ty z’ = Tg Àgh-1 | — | ~<a 
T, | T, — Tahek-ip | 7, — T Ae! | 7,=Taper! 
D; | Pp; = pañek | — | ase 
Pz | | pz = paek = p,, | p¿=pañer | Pz= path = pe 
Tp | | y= Top | To=Tad | To=T apt 
Pb | | po = pador | po — pa^ | po — paph 
| is — 1 ET 1 0,—0 
Thermal efficien- | The ratio of the|n;= COs MEN 1— ——— X| y= =1--—__> = x2 — 
cy Ne. amount of heat Qi og 1 Q1 ge n Qi 
conve ed ne X Apk —1 E E 1 ph—1 
useful work to À—4-4r kA (p—1 Tek po] 
the overall a s rud 
amount of ap- 
plied heat 





Q1— Q; eh se | Q1— Q2 CN eh v n, 091— Qe Et 








Mean pressure of | The ratio of the! p, — ==“ — np. ni — 
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Prototypes of real working cycles of internal combustion piston 
unsupercharged engines are theoretical cycles illustrated in Fig. 2.1: 
(1) constant-volume cycle (Fig. 2.1a), (2) constant-pressure cycle 
(Fig. 2.15), and (3) combined cycle with heat added at constant 
pressure and constant volume (Fig. 2.1c). 

For the basic thermodynamic relationships between the variables 
of closed theoretical cycles, see Table 2.1. 

Each theoretical cycle is characterized by two main parameters: 
heat utilization that is determined by the thermal efficiency, and 
the working capacity which is determined by the cycle specific 
work. 

The thermal efficiency is the ratio of heat converted into useful 
mechanical work to the overall amount of heat applied to the work- 
ing medium: 


1: = (Qı — Q3/0, = 1 — QVO, (2.1) 


where Q, is the amount of heat supplied to the working medium 
from an external source; Q, is the amount of heat rejected from the 
working medium to the heat sink. 

By the specific work of a cycle is meant the ratio of the amount of 
heat converted into mechanical work to the working volume in J/m3: 


pi = (Q1 — QQ/(V4 — Ve) = Leyel(Va— Ve) (2.2) 


where V, is the maximum volume of the working medium at the 
end of the expansion process (B.D.C.), m*; V, is the minimum vol- 
ume of the working medium at the end of the compression process 
(T.D.C.), m*; Leye = Qı — Qe is the cycle work, J (N m). 

The specific work of the cycle (J/m3 = N m/m? = N/m’) is numer- 
ically equal to the pressure mean constant per cycle (Pa — N/m?). 

The study and analysis of theoretical cycles make it possible to 
solve the following three principal problems: 

(1) to evaluate the effect of the thermodynamic factors on the 
change of the thermal efficiency and the mean pressure for a given 
cycle and to determine on that account (if possible) optimum values 
of thermodynamic factors in order to obtain the best economy and 
maximum specific work of the cycle; 

(2) to compare various theoretical cycles as to their economy and 
work capacity under the same conditions; 

(3) to obtain actual numerical values of the thermal efficiency 
and mean pressure of the cycle, which may be used for assessing 
the perfection of real engines as to their fuel economy and specific 
work (power output). 
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2.2. CLOSED THEORETICAL CYCLES 


The cycle with heat added at constant volume. For the constant- 
volume cycle the thermal efficiency and specific work (the mean 
pressure of the cycle) are determined by the formulae respectively 


ne = 4 — 1/e^-1 (2.3) 
k A—1 
Pi = Pa -T Ne (2.4) 


Thermal efficiency is dependent only on the compression ratio & 
and the adiabatic compression and expansion indices (Fig. 2.2). 
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Fig. 2.2. Thermal efficiency in the constant-volume cycle versus the compression 
ratio at different adiabatic curves 


An analysis of formula (2.3) and the graph (Fig. 2.2) show that the 
thermal efficiency constantly grows with increasing the compression 
ratio and specific-heat ratio. The growth of n;, however, perceptibly 
decreases at high compression ratios, starting with e of about 12 
to 13. Changes in the adiabatic curve are dependent on the nature 
of working medium. To calculate n;, use is made of three values of k 
which approximate a working medium consisting: (1) of biatomic 
gases (air, k — 1.4); (2) of a mixture of biatomic and triatomic gases 
(combustion products, k — 1.3); (3) of a mixture of air and combus- 
tion products (k = 1.35). 

In addition, the value of the mean pressure of the cycle is depend- 
ant upon the initial pressure p, and pressure increase A. With unsu- 
percharged engines the atmospheric pressure is a top limit of the 
initial pressure. Therefore, in all calculations of theoretical cycles 
the pressure p, is assumed to be equal to the atmospheric pressure, 
i.e. p, = 0.1 MPa. A change in the pressure increase is determined 
first of all by the change in the amount of heat transferred to the 
cycle, Q: 


à = Q, (k — AY(RT,e^-3) + 1 (2.5) 
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where R — 8315 J/kmole deg is a gas constant per mole; T, is the 
initial temperature of the cycle, K. 

Figure 2.3 shows p, versus pressure increase À at different compres- 
sion ratios e and two values of adiabatic curve (k = 1.4—solid lines 
and k = 1.3—dash lines). With the initial conditions being constant 

MPa (Pa = 0.4 MPa, Ta = 350 K and 

Pr» V, = const) such a dependence 
of p; takes place when the heat 
supplied to the cycle increases 
from Q, = Qat à = 1 toQ, = 
120.6 MJ/kmole at 7 — 6 and 
e= 20. As the heat of airless mix- 
ture combustion at a = 1 does 
not exceed 84 MJ/kmole, the ma- 
ximum possible mean pressure of 
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constant volume cannot be above 
2.1 MPa at e = 20 and A —4.5, 
and p, will not exceed 1.85 
MPa ate = 8and à — 6 (see 
the curve Q, — 84  MJ/kmole 
crossing the lines of p, in Fig. 
2.3). To obtain higher values of 
À and p,, a greater amount of heat 
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Fig. 2.3. Cycle mean pressure versus 
pressure increase at different compres- 
sion ratios and adiabatic indices 

h=1.4; 





must be applied, e.g. use should 
be made of a fuel having a higher 
heat of combustion. 

Figure 2.4 illustrates the re- 


sults of computating n, p¿ and À 
against changes in the compression ratio with three values of added 
heat (Q, — 80, 60 and 40 MJ/kmole). Referring to the data, the 
mean pressure of the cycle grows in proportion to the growth of the 
amount of heat added during the cycle. The growth of p, with an 
increase in € while the amount of heat being added remains the same, 
is less intensive than the growth of the thermal efficiency. Thus, 
when e varies from 4 to 20 1, increases by 69% and p; only by 3396. 
The intensity with which p, grows, when e increases, is independent 
of the amount of heat applied during the cycle, e.g. at any value of 
Q, (80, 60 or 40 MJ/kmole), when e varies from 4 to 20, the mean 
pressure increases by 3396. 

A decrease in the pressure increase, while the compression ratio 
grows and the heat added remains constant, is in inverse proportion 
to relationship between A and e*-! (see formula 2.5). 

The above analysis of the thermal efficiency and mean pressure 
of the closed theoretical cycle with heat added at a constant volume 
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. allows us to come to the following conclusions: 

4. The minimum losses of heat in a given cycle are when air is 
- used as the working medium and are not below 3796 at e = 12 and 
.not below 30.5% at e = 20 (see Fig. 2.2). Heat losses increase with 
the use of fuel-air mixtures as the working medium. 
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Fig. 2.4. Thermal efficiency, mean pressure and pressure increase in the con- 
.Stant-volume cycle versus the compression ratio at different amounts of added 
heat (p, = 0.1 MPa, 7, = 350 K, k = 1.35, R = 0.008315 MJ/(kmole deg) 
Subscripts: 7 — at Q,=80 MJ/kmole, 2—at Q1—60 MJ/kmole, 8 — at Q¡=40 MJ/kmole 


2. The maximum value of the cycle mean pressure, when heat 
Q, = 84 MJ/kmole is added, approximates the combustion heat of 
a fuel-air mixture and is not in excess of 2.0 MPa at e = 12 and not 
more than 2.1 MPa at e = 20 (see Fig. 2.3). 

3. It is advisable to accomplish the working process of a real engine 
with a compression ratio of 11 to 12. Further increase in the comp- 
‘ression ratio increases the specific work and efficiency of the cycle, 
but little, within 1 to 2% for 1, and 0.7 to 1.396 for p, when the 
compression ratio is increased by 1. 

The cycle with heat added at constant pressure. The thermal effi- 
ciency and the mean pressure of the cycle with heat added at a const- 
ant pressure are determined by the formulae: 


1 ph—1 

n=1—Ga 4r (2.6) 
à ^ k(p—1 

pi= Paz TET (2.7) 





The thermal efficiency of a given cycle, as well as that of a cycle 
with heat added at a constant volume grows with an increase in the 


3—0946 
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compression ratio and specific-heat ratio. However, at any compres- 
sion ratio n; of a cycle with heat added at p constant is less than v, 
of a cycle with heat added at V constant, as the multiplier 
(p* — 1)/[k (p — 1)] is always greater than 1 [see (2.3) and (2.6)]. 

The thermal efficiency of a cycle with heat added at p constant 
is also dependent on the preexpansion ratio p, e.g. on the load: 


p = Q, (k — (RT, e^) + 1 (2.8) 


With an increase in the amount of applied heat, i.e. with an in- 
crease in the preexpansion ratio, the thermal efficiency drops. This 
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Fig. 2.5. Thermal efficiency 
in the constant-pressure cyc- 
le versus the compression 
ratio at different precompres- 
sion values and adiabatic in- 
dices (p = 0.4 MPa, T, = 
350 K; V, = const). 


Subscripts: 1—at o = 2 and k = 
= 1.4, 2— ato=.3andk = 1.4, 
P -at hd = 80 neo Mak and 

= 1.4, 4—at A= mole 
4 6 8 10 12 14 16 18 & adipi. 


is attributed to the fact that with an increase in p the amount of 
heat withdrawn by the heat sink increases and, thus, the amount 
of heat converted into mechanical work decreases. Therefore, the 
maximum value of the thermal efficiency is attainable at a minimum 
amount of heat added. This may be the case under real conditions, 
when an engine is idling. 

Figure 2.5 shows the thermal efficiency of a cycle with heat added 
at p constant versus compression ratio e at different values of preex- 
pansion p and two adiabatic curves (k = 1.4—solid lines and k = 
= 1.3—dash lines) Two curves ny; are computed and plotted at 
p — 2 and p — 3 and, therefore, at a varying amount of added heat 
Q, for each value of compression ratio, and two curves are plotted 
at the same amount of added heat (Q, — 80 MJ/kmole) and, there- 
fore, at varying values of preexpansion. The resultant p versus € 
is also shown in Fig. 2.5. 

The mean pressure of the cycle, p;, versus the compression ratio e 
and specific-heat ratio k shows the same relationship as the thermal 
efficiency n, against the same parameters. With an increase in the 
amount of heat added, Q,, i.e. with an increase in the preexpansion p, 


CH. 2. THEORETICAL CYCLES OF PISTON ENGINES 35 


however, the mean pressure of the cycle p, grows, though the thermal 
efficiency drops (Fig. 2.6). 

Analyzing the formulae and graphs of changes in yn; and p,, we 
can come to the following conclusions: 

1. The values of n; and p, of the cycle with heat added at p con- 
stant for small compression ratios are far less than the associated 


Fig. 2.6. Thermal efficiency 
and mean pressure in the 
constant-pressure cycle ver- 
sus the amount of heat ad- 


ded at different values of = 
compression ratios 20 30 40 50 60 Q,,MJ/kmole 





variables of the cycle with heat added at a constant volume. Even 
at e = 10 heat losses range from 46% at p = 2 to 57% at p = 4.1 
in the air cycle, and with k = 1.3 heat losses at e = 10 are equal 
to 6696. 

2. At small compression ratios and considerable amount of heat 
added, there is no constant-pressure cycle at all, as p cannot exceed e. 
For example, at Q, — 80 MJ/kmole (see Fig. 2.5) a cycle may exist 
only at e — 5. 

3. Decreasing the value of specific-heat ratio from 1.4 to 1.3 
causes a material decrease in the thermal efficiency and mean pres- 
sure of the cycle. Thus, according to the computed data, heat losses 
grow from 41% to 5296 at e = 20 and Q, = 80 MJ/kmole (see the 
Curves yi, and m,, in Fig. 2.5) and the mean pressure decreases 
by 20%. 

4. The use of this cycle as a prototype of working processes in real 
engines is advisable only at significant compression ratios (in excess 
of 10), when operating underloaded (decreasing of p) and with a fairly 
lean mixture (k approximating the k of the air cycle). Note, that 
this cycle is not used as a prototype of the working cycle in the 
modern automobile and tractor engines. 


3* 
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The combined cycle. In this cycle heat is added both at constant 
volume Q; and at constant pressure Q? (see Fig. 2.1c): 


0=0+0= Eu Tu 4—4- ERA (p—1) — (2.9) 





where 0 — T,e^1(X4—1) is the heat added at a constant 


value; Qj = Lu 


tant pressure. 
The ratio of Q, to Q? may vary from Q; = Q, and Qj = 0 to 
Q; = 0 and Q; = Q,. At Q1 = Q, and Qj = 0, all the heat is added 





T,£'!kX (p—1) is the heat applied at a cons- 
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Fig. 2.7. Pressure increase versus preexpansion ratio (e = 16, Qı = Qj + 
+ Qj = 80 MJ/kmole) 


at a constant volume and, therefore, this cycle becomes a cycle with 
heat added at a constant volume. In this case the preexpansion 
ratio p = 1 and formula (2.9) becomes a formula for the cycle with 
heat added at a constant volume (see Table 2.1). 

At Q; = 0 and Q; = Q,, all the heat is added at a constant pres- 
sure and the cycle becomes a constant-pressure cycle for which pres- 
sure increase À — 1. In this event formula (2.9) becomes a formula 
for the cycle with heat added at a constant pressure (see Table 2.1). 

At all intermediate values of Q, and Qj, A and p are strongly 
interrelated for a given amount of added heat Q, and specified comp- 
ression ratio e. Figure 2.72 shows the pressure increase À versus the 
preexpansion ratio p at Q, = 80 MJ/kmole and e = 16, while the 
curves in Fig. 2.75 determine the amount of heat added at V and p 
constant versus the selected values of A and p. For example, the 
values of 4 = 3.5 and p = 1.25 (Fig. 2.7a) are associated with 
Qj; = 55 MJ/kmole, that is the heat transferred to at V constant, 
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Fig. 2.8. Thermal efficiency and mean pressure in theoretical cycles versus the 
compression ratio in different methods of adding heat (p, = 0.1 MPa, T, = 
= 350 K, k = 1.4, Qı = 84 MJ/kmole, V, = const) 


Subscripts: V —constant-volume cycle, 1I—combined cycle at Qi’ = Q,"— 0.5Q 
= 42 MJ/kmole, 2—combined cycle with heat added at 4 = 2 = const, 3—combined cycle 
with heat added at 9 = 3.2 = const, p = const-pressure cycle 


and Q; = 25 MJ/kmole, that is the heat added at p constant 
(Fig. 2.75). If the amount of heat added at V and p constant is 
prescribed, for instance Qj = Qj; = 0.5Q, = 40 MJ/kmole, then 
the curves illustrated in Fig. 2.7b are used to determine the values 
of à) = 2.8 and p = 1.5. 

The thermal efficiency and the mean pressure of the cycle with 
heat added at constant V and p are as follows: 


" 1 Àph—1 
q 713 à —14- kA (p— 1) (2.10) 
k A—1+kA(p—1 
Pt = Pa = tHe E ) Net (2.11) 





Analyzing the above formulae and the analytical relations of the 
two above-considered cycles (see Table 2.1), we may come to a con- 
clusion that under similar initial conditions and with equal amounts 
of heat added, the thermal efficiency and mean pressure of the cycle 
With heat added at constant V and p are always less than the 
corresponding n: and p; of the cycle with heat added at a constant 
Volume and are always greater than the associated values of m, 
and p, of the cycle with heat added at a constant pressure. This is 
borne out by the computation data shown in the graphs of Fig. 2.8, b. 
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The computation of the thermal efficiency and mean effective 
pressure of the cycle with heat added at constant volume and pressure 
(dual cycle) has been given for three different conditions of heat 
transfer: 

(1) at all values of compression ratio the amount of heat added at 
a constant volume remains constant and equal to the amount of 
heat added at a constant pressure, i.e. Qj = Qf = 0.5Q, = 
= 42 MJ/kmole. In this case the values of pressure increase À and 
preexpansion ratio p continuously vary, depending on the change in 
compression ratio e. The nature of changes in the thermal efficiency 
and mean effective pressure of the cycle, however, is much the same 
as that of changes in the associated parameters of the cycle with 
heat added at V constant (see the curves with subscripts Z and V 
in Fig. 2.8a, b); 

(2) at all values of compression ratio, the pressure increase À is 
preserved constant and equal to 2. As a result, with an increase in 
the compression ratio the amount of heat added at a constant volume 
is raised and at a constant pressure reduced. Therefore, the thermal 
efficiency and mean pressure of the cycle grow with an increase in e 
more intensively than in the first case, and with high compression 
ratios (e = 17 to 20) their values approximate the values of the as- 
sociated variables of the cycle with heat added at V constant (see 
the curves with subscript 2); 

(3) at all values of compression ratio, the preexpansion ratio p 
is preserved constant and equal to 3.2. The result is that an increase 
in e decreases the amount of heat added at V constant and increases 
it at p constant. The growth of thermal efficiency and mean pressure 
of the cycle is less intensive than in the above two cases, and their 
values approximate the values of yn; and p, of the cycle with heat 
added at p constant (see the curves subscripted 3 and p). 

In order to analyze the theoretical cycles more completely, we 
have to consider, in addition to the changes in the thermal efficiency 
and mean pressure of the cycles, the changes in the maximum tem- 
perature and pressure values of the cycles, and also in the temperatu- 
res at the end of expansion. Under real conditions the maximum pres- 
sures are limited by the permissible strength of the engine parts, 
while the maximum temperature is limited, in addition by the re- 
quirements for the knockless operation of the engine on a given fuel 
and by the quality of the lubricant. The temperature at the end of 
expansion is also of importance. In real cycles at this temperature 
the working medium begins to leave the cylinder. 

Dependable performance of the engine exhaust elements is obtain- 
ed by certain limitations imposed on the temperature at the end of 
expansion. 

Figure 2.9 shows the curves of changes in maximum temperature 
and pressure values and also in the temperatures at the end of ex- 
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pansion for the above-considered cycles versus the compression ratio. 
Of course, the absolute values of the theoretical cycle parameters 
are not the same as with actual cycles. The relationships of the theo- 
retical cycle parameters under consideration, however, fully define 
the nature of the same relationships in actual cycles. 
Referring to the curves in Fig. 2.9, the maximum values of highest 
temperatures and pressures are observed in the cycle with heat added 
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at constant volume (see the curves subscripted by V), and the mini- 
mum values, in the cycle with heat added at constant pressure (see 
the curves subscripted by p). Intermediate values, 7, and p,, are 
encountered in the cycle with heat added at constant volume and 
pressure (see the curves subscripted Q and A). 

The considerable increase in the maximum temperatures and pres- 
sures with an increase in the compression ratio in the cycle with 
heat added at constant volume sets a limit on the use of this cycle 
under real conditions at elevated values of e. At the same time, 
the given cycle has the lowest temperature at the end of expansion 
compared to the other cycles. However, at the dual transfer of heat 
and uniform distribution of the added heat at constant V and p 
(see the curves subscripted by Q), the cycle maximum temperature 
drops by about 600 K (by 1196) and the temperature at the end of 
expansion increases but only by 60-100 K (by 3.3 to 4.7%). 

The following conclusions can be made on the basis of the above 
analysis: 

1. The values of the basic thermodynamic figures of the combined 
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cycle lie between the associated figures of the constant-volume and 
constant-pressure cycles. 

2. Cycles with heat added at constant volume and pressure repre- 
sent a special case of the combined cycle. And, the constant-volume 
and constant-pressure cycles are critical, which produce the maxi- 
mum and minimum values of ni, p;, Tz and p,, respectively, under 
similar initial conditions and with the same amount of heat added. 

3. In the combined cycle an increase in the portion of heat added 
at V constant (an increase in A) and a decrease in the portion of heat 
added at p constant (a decrease in p) raise the values of the thermal 
efficiency and mean pressure of the cycle. 

4. The combined cycle is advisable to be used at considerable 
compression ratios (in excess of 12) and at as high a pressure increase 
as practicable. This cycle is utilized in all high-speed automobile 
and tractor unsupercharged diesel engines. 

Theoretical cycles of supercharged engines. Increasing the pressure 
at the beginning of compression (see points a in Fig. 2.1) in order 
to increase the specific work (mean effective pressure) of a cycle is 
called the supercharging. In automobile and tractor engines the 
supercharging is accomplished due to precompression of air or fuel- 
air mixture in a compressor. The compressor can be driven mechan- 
ically, directly by the engine crankshaft, or with the aid of gases, 
by a gas turbine powered by the exhaust gases of a piston engine. 
In addition, an increase at the beginning of compression may be ob- 
tained through the use of velocity head, inertia and wave phenomena 
in the engine intake system, e.g. due to the socalled inertia supercharg- 
ing. With the inertia supercharging and supercharging from a mechan- 
ically driven compressor the flow of theoretical cycles (see Fig. 2.1) 
does not change. Changes occur only in specific values of the thermo- 
dynamic variables that are dependent upon the changes in the pres- 
sure and temperature at the end of induction (see the formulae in 
Table 2.1). Note, that in a real engine some power is used to drive 
the compressor. 

In the case of gas turbine supercharging, the engine becomes 
à combined unit including a piston portion, a gas turbine and a comp- 
ressor. Automobile and tractor engines employ turbo-superchargers 
with a constant pressure upstream the turbine. The working process 
in a combined engine is represented by the theoretical cycle illust- 
rated in Fig. 2.10. The acz'zba cycle is accomplished in the piston 
portion of the engine, while the afgla cycle occurs in the turbo-super- 
charger. The heat Q, rejected at constant volume in the piston part 
cycle (the ba line) is added at a constant pressure in the turbo-super- 
charger cycle (the af line). Further, in the gas turbine a prolonged 
adiabatic expansion (the gf curve) occurs along with rejecting the 
heat Q, at a constant pressure (the gl line) and adiabatic compression 
in the supercharger (the /a line). 
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The thermal efficiency of such a combined cycle 
u 4 Apk—1 
where £, = V/V. = ££, is the total compression of the combination 
engine, equal to the product of the compression ratios of the piston 


Fig. 2.10. Theoretical cycle, oí a 
combined engine (diesel with a tur- 
bosupercharger and constant pres- 
sure upstream the turbine) 





part e = V,/V, and supercharger e, = Vj/V,. 
The mean pressure of the cycle referred to the piston displacement 
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2.3. OPEN THEORETICAL CYCLES 


The closed theoretical cycles illustrate the processes in real engines 
and the changes in their basic characteristics (n; and p;), depending 
on various thermodynamic factors. However, the quantitative indic- 
es of closed theoretical cycles are far from the real values and, first 
of all, because they do not account for the three basic processes 
occurring in any real engine. 

First, this is the process of working medium intake and exhaust 
Which is completely excluded from the closed cycle because of the: 
assumption that the working medium and its specific heat are const- 
ant. In a real engine each cycle is accomplished with participation 
OÍ a fresh mixture and each cycle is followed by cleaning the cylinder: 
of waste gases. More than that, in the real cycle the specific heat of 
the working medium is dependent on the temperature and constantly 
varying composition of the working medium. 
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Fig. 2.11. Open theoretical cycles (e = 8, Tg = 350 K, p, = 0.1 MPa, a = 1) 
(a) with gasoline burnt at V :- const, (^) with diesel fuel burnt at p = const, (c) with diesel 
fuel burnt at V == const, p = const and A = 2 


Secondly, the combustion process is replaced in the closed theore- 
tical cycle by a heat transfer process from an external source. In 
a real engine the combustion process proceeds in time following 
a complex law with intensive heat exchange. 

Thirdly, they do not take into account additional losses caused 
by the continuous heat exchange between the working medium and 
the surroundings through the cylinder walls, cylinder block head, 
piston crown, and also by leaks of working medium through clearan- 
ces between the cylinder and the piston, by overcoming mechanical 
and hydraulic resistances. Besides, heat losses in a real engine are 
dependent upon the temperature (heating) of residual gases and ex- 
cessive air (at & > 1), or upon chemically incomplete combustion 
(at a < 1) of the fuel. 

Unlike the closed cycles, the open theoretical cycles (Fig. 2.11) 
utilize the thermodynamic relationships to additionally take into 
account: 

(1) the intake and exhaust processes, but at no resistance at all 
and no changes in the temperature and pressure of the working 
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medium, and neither with allowing for power loss due to the gas 
exchange; 

(2) quality changes in the working medium during the cycle, 
i.e. they allow for changes in the composition of the working medium 
and how its specific heat depends on the temperature; 

(3) how the compression and expansion adiabatic indices depend 
upon the mean specific heat, but without allowing for the heat trans- 
fer and, therefore, for heat losses during the compression and expan- 
sion processes; 


(4) the fuel combustion process, more exactly the heat transfer 
which is dependent upon the working mixture combustion heat and 
allows for changes in the quantity of the working medium during 
the combustion process (allowing for the factor of molecular changes); 

(9) heat losses caused by a change in the temperature (heating) 
of residual gases and excessive air (at qa > 1), or by chemically 
incomplete combustion of the fuel with lack of air oxygen (at a < 1). 

Therefore, the open theoretical cycles far more exactly depict 
the processes occurring in real engines and the quantitative figures 
of the parameters of these cycles may serve the purpose of assessing 
the corresponding parameters of actual processes. 

Because of their thermodynamic relations being far more compli- 
cated, the quantitative analysis of the open cycles is more intricate 
than that of the closed cycles. The use of modern computers, however, 
allows this problem to be solved in a fairly simple way. 

An algorithm and a program for computations on a BOCM-6 com- 
puter have been developed for the analysis of open theoretical cycles 
with heat added at constant volume (see Appendices II and III). 
The analysis is given below. 

The change in the quantitative indices of an actual open cycle 
utilizing a certain fuel is dependent only upon four independent 
variables: compression ratio £, temperature 7, and pressure p, 
at the beginning of compression and the excess air factor a. In this, 
of 28 parameters covering the open cycle fairly completely, ten 
(M, Mco, M cos; Mp», Mvy,0, Mya, Mos; Ms, Mo and AH,,) 
are dependent only upon «; the cocfficient of residual gases y, de- 
pends only on e; five parameters are dependent on two variables: 
the compression adiabatic curve k,, temperature at the end of comp- 
ression 7,, and mean molar specific heat of a fresh charge (air) at 


the end of compression (mc,); depends upon e and 7,, while the 
molecular change coefficient u and combustion heat H,,, of the 
Working mixture—on e and a; the pressure at the end of compression 
nan" "ate r Mc p Mz 
p.—on £, T, and pa; eight parameters [(mcy);°, (mcey)it, (mcy), 
T, k,, 4, Ty and ql are dependent upon three variables—e, Ta 
and a; and only three parameters (Pz, pp, and p;) depend on all 
the four variables, i.e. e, Ta, & and po. 
The quantitative indices of the above-mentioned parameters can 
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be obtained through this computation program simultaneously for 
several hundreds or even thousands of open cycles with different 
values of the four independent variables (e, pg, Ta and a) and differ- 
ent combinations of them. 

This analysis can be used: 

to obtain quantitative relations between the initial (prescribed) 
and basic parameters of open cycles; 
to obtain critical values 
E of any of the 28 parameters 
ofa real cycle having the 
same initial parameters as 
the open cycle. 

The availability of the 
critical values of such pa- 
rameters as the tempera- 
ture and pressure at speci- 
fic points of the cycle (p. 
and T., p, and 7,, p, and 
Tb), the pressure increase, 
the molecular change coef- 
ficient, the excess air fac- 
tor, etc. allows us to define 
the trends of further mo- 
dification for any engine. 

For instance, the change 
in the value of thermal ef- 
ficiency of an open cycle 
06 07 08 09 10 11 12 130 with the combustion of 


rg I et Du pd in arap fuel at V constant is de- 
cycle with fuel burnt a = const versus ; 

the excess air factor at different compression "m ndent on id changes in 
ratios and at an initial temperature three initial parameters e, 
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—— — Ta = 290 K, ---— Ta = 440K Ta and « as follows: 
OT aloRa c Ei 
ME — e—1l k—i TEE 
1 1 
^ Ah—1 [e g1i-1 )] ou 


where R, is a gas constant per mole for air. 

Figure 2.12 shows this dependence as it is computed on a computer 
by means of the program whose listing is given in Appendix III. 

Referring to the figure, v, = 0.45 can be obtained at different 
values of compression ratio e, excessive air factor œ and initial 
temperature 7,. In that n; = 0.45 may be obtained at e = 20 and 
e = 8, but i through selection of mixtures having different composi- 
tion at a = 0.845 and a = 1.150, respectively. The value of the 
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initial temperature 7, affects, but little, the change in ny ata < 1. 
Ata > 1, however, an increase in 7, materially decreases the therm- 
al efficiency. If n; = 0.45 can be obtained at e = 8, T, = 290 K 
and a = 1.15, then to obtain n; = 0.45 ate = 8 and 7, = 440 K, 
the leaning of the mixture should be increased to a = 1.365 (the 
dash line in Fig. 2.12 is extended outside the graph). 

To obtain a more profound analysis of open cycles, it is of import- 
ance to have the values of the other basic parameters, such as maxi- 
mum pressures and temperatures, pressures and temperatures at the 
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Fig. 2.13. Basic parameters of closed (solid lines) and open (dashed lines) of 
theoretical cycles in a constant-volume cycle versus the compression ratio (pg = 
= 0.1 MPa, 7, = 350 K, a = 1, V, = const) 


exhaust, etc. For the comparative indices of the basic parameters of 
closed and open theoretical cycles with heat added at V constant 
versus the compression ratio, see Fig. 2.13. To begin with, note that 
the maximum temperature and pressure of the open cycle at all 
values of the compression ratio are far less than the associated param- 
eters of the closed cycle. This is due to the specific heat variable 
increasing with temperature. 

As a result, the temperature and pressure at the end of expansion 
(point b) decrease and especially at compression ratios not in excess 
of 10 to 12. 

The thermal efficiency of the open cycle with fuel combustion 
at V constant is dependent upon [see formula (2.14)] changes in Ta, 
£, a, kı, k, and also upon lọ, H,, and R, whose values are constant 
for a given fuel. In turn, the compression adiabatic k, and expansion 
adiabatic ką indices included in the formula are dependent on the 
compression ratio e and initial temperature 7,. Therefore, with 


46 PART ONE, WORKING PROCESSES AND CHARACTERISTICS 


"Ill LL AM. 
wp) || ew [lg 
E LL 


A 






\ 
\ 


A 
s 






VN 
CAEN 
TAR 
TEN 


ets 
mit 
D 
LI 
E [ 











4 6 8 10 12 14 16 18 20 € 


Fig. 2.14. Thermal efficiency in an open constant- volume cycle versus the com- 
pression ratio and excess air factor (T, = 350 K) 


a specified fuel (gasoline, for example), the thermal efficiency de- 
pends only on changes in the parameters e, a and T, (Fig. 2.14). 
Referring to the figure, the initial temperature of the cycle affects, 
but little, the value of thermal efficiency, as the temperature at the 
end of expansion varies almost in proportion to changes in the initial 
temperature, the other things heing equal. In addition to the comp- 
ression ratio, a basic factor having an effect on y; is the excess air 
factor a. An increase in the thermal efficiency with leaning of the 
mixture is accounted for by a relative decrease in the fuel content 
in the combustible mixture and, thus, a relative decrease in the 
amount of combustion products which possess a higher specific heat. 
It is naturally that a “pure” air (x = oo) cycle will have the maxi- 
mum value of thermal efficiency. Note, that with an increase in «, 
the increment to the values of thermal efficiency increases due to 
changes in the compression ratio (curve yn; ata = 1.3 is steeper than 
curve n, at a = 1, and is still steeper than curves y; at a = 0.8 
and a = 0.7). At the same time a lean mixture (at a > 1) decreases 
the specific work (mean pressure) of the open cycle (Fig. 2.15): 


pi = Pell unt! (OT aloRa) (2.15) 
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Fig. 2.15. Thermal efficiency and mean pressure in an open constant-volume 
dra versus the excess air factor and compression ratio (7, = 350 K and p= 
— 0.1 MPa) 


The mean pressure of the open cycle reaches its maximum at 
œ = 1, when the maximum heat is added. The further leaning of 
the mixture decreases p; though the thermal efficiency grows. The 
change in the mean pressure of the cycle is proportional to the change 
in the initial pressure p, [see formula (2.15) and Fig. 2.15]. In real 
engine an increase in the initial pressure p, above the atmospheric 
pressure is possible in supercharging. 

A similar analysis may be made for open cycles with heat added 
at p constant and heat added at p and V constant. 


Chapter 3 
ANALYSIS OF ACTUAL CYCLE 
3.1. INDUCTION PROCESS 
During the period of induction the cylinder is filled with a fresh 


Charge. The change in the pressure during the induction process is 
illustrated in Fig. 3.1 for an unsupercharged engine and in Fig. 3.2 
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for a supercharged engine. The r'da'aa” curves in these figures schem- 
atically show the actual pressure variation in an engine cylinder 
during the induction process. The points r' and a” on these curves 
correspond to the opening and closing of the intake valves. 

In computations, the flow of the induction process is taken to be 
from the point r to the point a, and assumptions are made that the 
pressure at the T.D.C. instantaneously changes along the line rr” 

















Fig. 3.1. Pressure variation during the Fig. 3.2. Pressure variation during the 
induction process in a four-stroke un- induction process in a four-stroke 
supercharged engine supercharged engine 


and then remains constant (the st raight line ra). After the computa- 
tion is made and the coordinates of the points r, r" and a are obtain- 
ed a rough rounding is made along the curve ra'. 

In modern high-speed engines the intake valve opens mainly 10- 
30 degrees before the piston is at T.D.C. and closes 40-80 degrees 
after B.D.C. However, these average limits of the intake valve 
opening and closing may be either increased or decreased to meet 
the design requirements. 

Opening the intake valve before the piston reaches T.D.C. provid- 
es a certain flow area in the valve to improve the filling of the engine 
cylinder. Besides, this is also used for scavenging supercharged 
engines, which reduces the exhaust gas temperature in the combus- 
tion chamber and cools the exhaust valve, top portion of the cylind- 
er and piston. The effect of scavenging, when the intake valve is 
preopen, is taken into account in the computations by means of 
scavenge efficiency «,. The value of q, is dependent mainly on the 
supercharging ratio, engine speed, and duration of the valve overlap 
period. The scavenging efficiency is included, as a rule, in the com- 
putations of supercharged engines. When no scavenging is used, 
the scavenge efficiency @, is equal to 1, and when the cylinders are 
fully cleaned of combustion products during the valve overlap period, 
the scavenge efficiency equals 0. 

Closing the intake valve after B.D.C. allows the velocity head, 
inertia and wave phenomena in the intake system to be used to force 
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an additional amount of fresh charge into the engine cylinder. This 
improves the efficiency of the engine cylinder swept volume. Addi- 
tional filling of the cylinder after the cylinder passes B.D.C. is 
called the charge-up. The effect of charge-up on the parameters of 
the intake process may be taken into account in the computations 
through the charge-up efficiency q,;. Charging-up the swept volume 
of the cylinder with a fresh charge is mainly dependent on proper 
valve timing (first of all on the value of the intake valve closing 
retardation), length of the intake passage and speed of the crank- 
shaft. According to prof. I. M. Lenin, good selection of the above- 
mentioned parameters may raise the charge-up under nominal operat- 
ing conditions of an engine to 12-15%, i.e. qc; = 1.12 to 1.15. With 
a decrease in the revolutions per min, however, the charge-up effi- 
ciency falls down, and at the minimum speed a backward flow up 
to 5-1296, i.e. Pen = 0.95 to 0.88% occurs in place of charge-up. 

Ambient pressure and temperature. When an engine is operating 
with no supercharging, atmospheric air enters the cylinder. If that 
is the case, when computing the working cycle of an engine, the am- 
bient pressure p, is taken to be 0.1 MPa and temperature Ty, 293 K. 

When automobile and tractor engines are supercharged, air is 
forced into the cylinder from a compressor (supercharger) in which 
it is precompressed. Accordingly, when computing the working cycle 
of a supercharged engine, the ambient pressure and temperature are 
assumed to equal the compressor outlet pressure p, and temperatu- 
re T.. When a charge air cooler is used, the air from the supercharger 
first enters the cooler and then is admitted to the engine cylinder. 
In this case, the cooler outlet air pressure and temperature are taken 
as the ambient pressure p, and temperature T.. Depending on the 
scavenging ratio, the following values of the supercharging air pres- 
sure p, are used: 


1.5 pg for low supercharging 
(1.5 to 2.2) py for average supercharging 
(2.2 to 2.5) py for high supercharging 


The compressor outlet air temperature is 
T, = T, (p.p) Une (3.1) 


where n, is a polytropic index of air compression in the compressor 
(supercharger). 

Referring to expression (3.1), the supercharging air temperature is 
dependent on the pressure ratio in the supercharger and the compres- 
Sion polytropic index. 

According to the experience data gained and as dictated by the 
type of supercharging unit and cooling ratio, the value of n, is as 


4—0946 
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follows: 
For piston-type superchargers ,........... 1.4-1.6 
For positive displacement superchargers ..... 1,55-4.75 
For axial-flow and centrifugal superchargers . . .  1.4-2.0 


The temperature 7, may be also defined by the expression: 
(pc/po)& /k —1 
iam r,[ 1+ Tlad.c | 

where 1],4., = 0.66 to 0.80 and is a compressor adiabatic efficiency. 

Pressure of residual gases. Certain amount of residual gases is left 
in the charge from the previous cycle and occupies the volume V, 
of the combustion chamber (see Figs. 3.1 and 3.2). The value of 
residual gas pressure is dependent on the number and arrangement 
of the valves, flow resistance in the intake and exhaust passages, 
valve timing, type of supercharging, speed of the engine, load, cool- 
ing system and other factors. 

For unsupercharged automobile and tractor engines and also for 
supercharged engines with exhaust to the atmosphere, the pressure 
of residual gases in MPa is 


Pr = (1.05 to 1.25) p, 


Greater values of p, are used for high-speed engines. 

For the supercharged engines equipped with an exhaust gas tur- 
bine 

Pr = (0.75 to 0.98) p, 

The pressure of residual gases noticeably decreases with a drop 
in the engine speed. When p, is to be determined at different engine 
speeds and with the value of p, in the nominal mode of operation 
defined, use may be made of the approximation formula 


Pr = Po (1.035 + A, x 10-87?) (3.2) 


where Ap = (pry — 1.035p0) x 10% (pon); Pry is the pressure of 
residual gases in the nominal mode of operation, MPa; ny is the 
engine speed under nominal operating conditions, rpm. 

Temperature of residual gases. Depending on the type of engine, 
compression ratio, speed and excess air factor, the value of residual 
gas temperature T, is defined within the limits: 


For carburettor engines. ............ 900-1100 K 
For diesel engines bibi GE Owe nt Y 600-900 K 
For gas engines. 0n L6 wu iue Bd ae ie » ow 150-1000 K 


When defining the value of 7,, it should be noted that an increase 
in the compression ratio and enriching of the working mixture 
decrease the temperature of residual gases and an increase in the 
engine speed raises it. 
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Fresh charge preheating temperature. During the cylinder filling 
process the temperature of a fresh charge somewhat increases due 
to hot parts of the engine. The value of preheating AT is dependent 
ou the arrangement and construction of the intake manifold, cooling 
system, use of a special preheater, engine speed and supercharging. 
Increased temperature improves fuel evaporation, but decreases 
the charge density, thus affecting the engine volumetric efficiency. 
These two factors in opposition resulting from an increase in the 
preheating temperature must be taken into account in defining 
the value of AT. 

Depending on the engine type, the values of AT are: 


Carburettor engines . ........... 0-20? 
Unsupercharged diesel engines . . . .... 10-409 
Supercharged engines . .... ....... (—95)-(4-10)* 


With supercharged engines the fresh charge preheating decreases 
due to the fact that the temperature difference between the engine 
parts and the supercharging air temperature is reduced. When the 
supercharging air temperature rises, negative values of AT are pos- 
sible. 

The change in the value of AT against the operating speed of the 
engine in rough computations can be determined by the formula 


AT = A, (110 — 0.0125n) (3.3) 


where A, = AT y/(110 — 0.0125n y); AT y and ny are the preheat- 
ing temperature and engine speed, respectively, under nominal 
operating conditions of the engine. 

Pressure at the end of induction. The pressure at the end of induc- 
tion (MPa) is the main factor determining the amount of working 
medium trapped in the engine cylinder: 


Pa = Pk — Ape OF Pa = po — Apa (3.4) 


Pressure losses Ap, due to resistance in the intake system and charge 
velocity fading in the cylinder may be determined with certain 
assumption by Bernoulli's equation: 


ADa = (p? == Ein) (w;,/2) Ox X 1059 (3.5) 


: Where f is the coefficient of charge velocity fading in the cylinder 
4 cross-sectional area in question; &;, is the coefficient of intake system 
: Tesistance referred to the narrowest cross-sectional area of the system; 
Oj, is the mean charge velocity at the narrowest cross-sectional area 
>of the intake system (as a rule in the valve or scavenging openings); 
: Pa and p, is the intake charge density with supercharging and without 
: 14, respectively (at Ppa = p, and px = pj). 

e 
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According to the experience data, in modern automobile engines 
operating under nominal conditions (B? + in) = 2.5 to 4.0 and 
Oin = 90 to 130 m/s. 

Hydraulic losses in the intake system are reduced by increasing 
the passage cross-sectional areas, streamlined shape of the valves, 
machining the internal surfaces of the intake system, proper valve 
timing, and the like. 

The intake charge density (kg/m?) 


Pr = pa X 108/(R,T,) or po = Po X 10%/R,T, (3.6) 

where A, is the gas specific constant of air. 
R, = R/u, = 8315/28.96 = 287 J/(kg deg) (3.7) 
where R = 8315 J/(kmole deg) and is the universal gas constant. 


The average velocity of charge flow at the smallest cross-sectional 
area of the intake manifold: 


Fp uS uA 343 nD? 





Oin = Un max HS 30 Afin 
Rap? ae 


where Fp is the piston area, m?; fin is the smallest cross-sectional 
area of the intake manifold, m?; R and D are the crank radius and 
piston diameter, respectively, m; A = R/L,., is the ratio of the crank 
radius to the connecting rod length; n is the crankshaft speed, rpm; 
A, = (RoD? V 1 + A?)/120f:in- 

Substituting (3.8) in formula (3.5), we obtain 

Apa = (B^ + Bis) (Ann*/2) pa X 10-5 (3.9) 

With four-stroke unsupercharged engines the value of Ap, varies 

within the limits: 


Carburettor engines . ........... (0.05 to 0.20) p, 
Unsupercharged diesel engines . . ..... (0.03 to 0.18) p, 


As compared to carburettor engines the diesel engines have some- 
what lower value of Ap, at the same engine speed. This is because 
of the reduced hydraulic resistances due to absence of a carburettor 
and a less complicated intake manifold. 

When a supercharged engine is operating (see Fig. 3.2), the value 
of p, approximates p,. However, the absolute values of the resistan- 
ces in the intake manifold increase. For supercharged four-stroke 
engines Ap, — (0.03 to 0.10) p, MPa. 

The coefficient of residual gases. The value of the coefficient of 
residual gases y, is characteristic of how the cylinder is cleaned of 
combustion products. With an increase in y,, the fresh charge enter- 
ing the engine cylinder during the induction stroke decreases. 

In four-stroke engines, the coefficient of residual gases: 
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with allowance for scavenging and charge-up 


== Tr+AT QsPr 4 
a T, €PehPa — PsPr oon) 
without allowance for scavenging and charge-up (ps = @en = 1) 
=) Trh +AT Pr 344 
Li T, £Da — Pr q ) 


where £ is the compression ratio. 

In four-stroke engines the value of y, is dependent on the compres- 
sion ratio, parameters of the working medium at the end of induction, 
speed and other factors. With an increase in the compression ratio & 
and residual gas temperature T, the value of y, decreases, while 
with an increase in the pressure p, of residual gases and the speed n 
it increases. 

The value of y, varies within the limits: 


Unsupercharged gas and gasoline engines ..... 0.04-0.10 
Unsupercharged diesel engines .......... 0.02-0.05 


With supercharging the coefficient of residual gases decreases. 

Temperature at the end of induction. This temperature (7, in K) 
is fairly accurately determined on the basis of the heat balance equa- 
tion set up along the intake line from the point r to the point a 
(see Figs. 3.1 and 3.2): 

t d ryta 
M,(mcy)§ (T, + AT) + M, (mes) T, = (M, +M ,) (mesi Ta — (3.12) 
where M, (mep) (T,-- AT) is the amount of heat carried in by 
the fresh charge, including the charge heating from the walls; 
M, (mepi T, is the amount of heat contained in the residual gases; 
(M,+M,) (mcg) T, is the amount of heat contained in the work- 
ing mixture. 


Assuming in equation (3.12) (mep) = (mcp) =(mcz), gives us 


T, = (Tr + AT + v: E Yr) (3.13) 


, The value of T, is mainly dependent on the temperature of work- 
Ing medium, coefficient of residual gases, charge preheating and 
to a less degree on the temperature of residual gases. 

, In modern four-stroke engines the temperature at the end of 
Induction 7, varies within the limits: 


Carburettor engines . . ........... lr. 320-370 K 
Diesel engines .................. 310-350 K 
Supercharged four-stroke engines ......... 320-400 K 


Volumetric efficiency. The most important value characteristic 
of the induction process is the volumetric efficiency which is defined 
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as the ratio of the actual mass of fresh mixture that passes into the 
cylinder in one induction stroke to that mass of mixture which would 
fill the piston displacement, provided the temperature and pressure 
in it are equal to the temperature and pressure of the medium from 
which the fresh charge goes: 


Ny = GG, = VV, = MM, (3.14) 


where Ga, Va, M, is an actual amount of fresh charge passed into 
the engine cylinder during the induction process in kg, m?, moles, 
respectively; Go, Vo, M, is an amount of charge which would fill 
the piston displacement at pọ and 7, (or p, and 7,) in kg, më, 
moles, respectively. 

From equation (3.12) of heat balance, the volumetric efficiency 
along the intake line is associated with other parameters character- 
istic of the flow of the induction process. 

For the four-stroke engines, cylinder scavenging and charge-up 
being included, we have 

Tr 1 


1 
Tv = TRAT e—1 py (PerEPa — PsPr) (3.15) 


For the four-stroke engines with scavenging and charge-up neglect- 
ed (Ps = Pen = 1) 
T, 1 


1 
"v — RAT eat pa Pa Pr) al 

The volumetric efficiency mainly depends on the engine cycle 
events, its speed and perfection of the valve timing. 

Referring to expressions (3.15) and (3.16), the volumetric effi- 
ciency increases with an increase in the pressure at the end of induc- 
tion and decreases with an increase in the exhaust pressure and tem- 
perature of working mixture. 

Volumetric efficiencies ny for various types of automotive engines 
operating under full load vary within the limits: 


Carburettor engines . .. ............ 0.70-0,90 
Unsupercharged diesel engines . .. ....... 0.80-0,94 
Supercharged engines . . .. ........... 0,80-0.97 


3.2. COMPRESSION PROCESS 


During compression process in the engine cylinder the temperature 
and pressure of the working medium increase, and this provides 
reliable ignition and effective fuel combustion. 

The pressure variation during the compression process is shown 
in Fig. 3.3. Under real conditions the compression follows an intricate 
law which practically does not obey the thermodynamic relation- 
ships, for the temperature and pressure in this process are under the 
influence (in addition to changes in the working medium heat capa- 
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city) of the following factors: leaks of gases through the gaps of the 
piston rings, extra charging (charge-up) of the cylinder till the intake 
valves are closed, changes in the direction and intensity of heat 
exchange between the working mixture and the cylinder walls, fuel 
evaporation (in the spark-ignition engines only), beginning of fuel 
ignition at the end of the compression process. 

As a matter of convention, the compression process in a real cycle 
is assumed to follow a polytropic curve with a variable index mı 
(the adc curve in Fig. 3.3) 
which at the start of comp- 
ression (line ad) exceeds 
the specific-heat ratio k, 
(heat is transferred from 
the hotter walls of the cy- 
linder to the working me- 
dium), at a certain point 
(point d) becomes equal 
to k, (the wall temperatu- 
re and working medium 
temperature are balanced), 
and then (line dc) beco- 
mes smaller than k, (heat 
is transferred from the work- Fig. 3.3. Pressure variation during the com- 
ing medium to the cylin- pression process 
der walls). 

In view of the difficulty in determining the variable value n, 
and resultant complication of the computations, the usual practice 
is to assume the compression process to follow a polytropic curve 
with a constant index n, (curve aa"c'c) whose value provides the 
same work on the compression line as is the case with variable 
index Ny. 

The compression process computations consist of determining 
the compression mean polytropic index n,, parameters of the compres- 
sion end (p, and T.) and specific heat of working medium at the end 
of compression (mcy)i” (tm is mixture temperature at the end of 
compression, °C). 

The value of n, is defined against empirical data, depending on 
the engine speed, compression ratio, cylinder size, material of the 
piston and cylinder, heat transfer and other factors. For the compres- 
sion process is fairly fast (0.015-0.005 s in design condition), the 
overall heat exchange between the working medium and the cylinder 
walls during the compression process remains negligible and the 
value of n, may be evaluated by the mean specific-heat ratio ky. 
By the nomograph shown in Fig. 3.4, the value of k, is determined 
for the corresponding values of e and 7,. The nomograph is plotted 
as a result of jointly solving two equations associating k, with Ta, 
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fig. 3.4. Nomograph for determining compression specific-heat ratio kı 


T., e and air specific heat (me): 
kı = 4 + (log T, — log T,)/log e (8.17) 


k,— 1 --8.315/(mey)m* (3.18) 
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where 
(mev)ig’ = me) tm — (mes) tal /(tm— ta) (3.19) 
The nomograph may be more exact, if the working mixture specific 
heat (mcy);” is substituted in formula (3.18) for the air specific 
heat (mcy). 
The values of compression polytropic indices n, versus k, are defin- 
ed within the following limits: 


Carburettor engines. ........ (k,— 0.00) to (kı —0.04) 
Diesel engines ........... (kı 10.02) to (k,— 0.02) 


The values of e and T, being equal for both types of engines, the 
value of n, is usually lower for carburettor engines than for diesel 
engines, because the fuel-air mixture compression process involves 
fuel evaporation with heat consumption. Besides, the presence of 
fuel vapours increases the working mixture specific heat. Both factors 
reduce the value of n}. 

When defining the value of n, against the corresponding specific 
heat ratio, it is essential to keep in mind that n, increases with 
engine speed and also with a decrease in the ratio of the cooling 
surface to the cylinder volume. Increasing the mean temperature of 
the compression process and enhancing the engine cooling intensity 
decrease the value of n,. The other things being equal, the value of 
n; is higher for air-cooled engines than that of engines using a liquid 
coolant. Changing-over from an open cooling system to a close-loop 
system also raises the value of ny. 

The pressure in MPa and temperature in K at the end of compres- 
sion process are determined from the equation with a constant 
polytropic exponent of n;: 

De = pe^ (3.20) 
I.T gu (3.21) 


In modern automobile and tractor engines the pressure and tem- 
perature at the end of compression vary within the limits: 


Carburettor engines ........ pc =0.9 to 2.0 MPa and 
T.=600 to 800K 
High-speed unsupercharged diesel 
engines ale oc wc oA AS Pe = 3.0 to 5.50 MPa and 
¿=700 to 900K 


With supercharged diesel engines the values of p, and T, rise, 
depending on the extent of supercharging. 

The mean molar specific heat of fresh mixture at the end of comp- 
ression is taken equal to the air specific heat and determined against 
Table 1.5 or by the formula in Table 1.6 within the temperature 
range 0-1500*C. The mean molar specific heat of residual gases at the 
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end of compression (mcy);” [kJ/(kmole deg)] can be determined 
directly against Table 1.7 for a gasoline or against Table 1.8 for 
a diesel fuel. 

When (mery) ” cannot be determined against these tables (due to 


different elemental composition of the fuel), it is determined by the 
equation 


si 1 » i » t PA t 
(mcy) = "MS [M co,(mevco;)ig. + Mco (meyco)iy + M g,o (meynhs 


+ My, (mcva)ig + Mw, (meys;)ty + Mo, (meyo,)i'] (3.22) 
where the mean molar specific heats of individual constituents of 
the combustion products are determined against Table 1.5 or by 
the formulae in Table 1.6 within the temperature range 0-1500°C. 

The mean molar specific heat of working mixture (fresh mixture-- 
residual gases) is determined by the equation 


ae ee 4 sim 
(meyy = "a [(mey)im + y, (mey) i] (3.23) 


After the computations are made and the parameters of point c 
are determined, the compression line is roughly corrected with 
a view to taking into consideration the start of combustion. The 
position of point c” (see Fig. 3.3) is dictated by the advance angle 
(ignition timing). With modern high-speed engines the ignition 
advance angle under normal operating conditions lies within 30-40" 
and the injection timing angle—within 15-25”. The position of point f 
(separation of the combustion line from the compression line) is 
determined by the delay of working mixture ignition. As this hap- 
pens, the pressure at the end of compression roughly rises to pe = 
= (1.15-1.25) p, (point c"). 


3.3. COMBUSTION PROCESS 


The combustion process is the principal process of the engine 
working cycle during which the heat produced by fuel combustion 
is utilized to enhance the internal energy of the working medium and 
to perform mechanical work. 

For pressure variation during the fuel combustion process in 
a carburettor spark-ignition engine, see Fig. 3.5 and in a diesel 
engine, Fig. 3.6. The curves c'fc'z, schematically show actual pressu- 
re variation in the engine cylinders during the combustion process. 
In real engines the process of fuel burning, more exactly of after- 
burning, continues after point z, on the expansion line. 

The flow of the combustion process is under the influence of many 
diverse factors, such as parameters of induction and compression 
processes, quality of fuel atomization, engine speed, etc. How the 
parameters of the combustion process depend upon a number of 
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factors, and also the physical and chemical nature of the engine 
fuel combustion process are studied yet insufficiently. 

With a view to making the thermodynamic computations of auto- 
mobile and tractor engines easier, it is assumed that the combustion 





Fig. 3.5. Pressure variation 
during the combustion pro- 


o > o 
cess in a carburettor engine P T. D. C. p 





process in the spark-ignition engines occurs at V sonstant, e.g. is 
represented by an isochore (straight line cc"z in Fig. 3.5) and in the 





Fig. 3.6. Pressure variation 
during the combustion pro- 6 
cess in a diesel engine Ü LDC. V 





compression-ignition engines at V constant and p constant, e.g. 
follows the combined cycle (straight lines cc"z' and z'z in Fig. 3.6). 

The objective of combustion process computations is to determine 
the temperature and pressure at the end of visible combustion 
(points z and za) plus volume V, for a diesel engine. 
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The gas temperature T, at the end of visible combustion is deter- 
mined on the basis of the First Law of thermodynamics according 
to which dQ = dU + dL. As to automobile and tractor engines 


Ha — Qios; = (U; — Um) + Lez for combustion at a > 1 
(3.24) 
(H, — AH,) — Qioss = (Uz, — Um) + Lez for combustion ata < 1 
(3.25) 


where H, is the lower heat of combustion, kJ; Q;,,, are heat losses 
due to convective heat transfer, fuel after-burning on the expansion 
and dissociation line, kJ; U, is the internal energy of gases at the 
end of visible combustion, kJ ; U,, is the internal energy of working 
mixture at the end of compression, kJ; La, is the heat used for gas 
expansion work from point c to point z (Lez = 0 for spark-ignition 
engines), kJ. 

The heat balance over sections cz may be written in a shorter form: 


¿7H , = U, XI U m) s Ls (3.26) 
Es GT, = AH,) = (U, — U m) SE Lez (3.27) 


where E, = [(H, — AH.) — Qi V(H, — AH,) is the coefficient 
of heat utilization over visible heat section cz. 

The coefficient E, stands for the fraction of lower heat of combus- 
tion utilized to increase the internal energy of gas (U; — U m) and 
to accomplish the work Lez. 

The value of the coefficient of heat utilization is taken on the basis 
of experimental data, depending upon the engine construction, mode 
of engine operation, cooling system, shape of the combustion chamb- 
er, method of mixing, excess air factor and engine speed. 

According to experimental data the value of £, for engines operat- 
ing under full load varies within the limits: 


Carburettor engines . . . . ............ 0.80-0.95 
High-speed diesel engines with open combustion 

chambers CPP 0.70-0.88 
Diesel engines with divided combustion chambers 0.65-0.80 
Gas engines V odas o o wl o wt ad ES 0.80-0.85 


Smaller heat utilization factors are characteristic of engines with 
unperfect mixing. The value of E, is increased on account of reducing 
gas heat losses to the walls, selecting perfect shape combustion chamb- 
ers, reducing aftercombustion during the expansion process and 
selecting an excess air factor providing for accelerated combustion 
of working mixture. The value of the heat utilization coefficient &, 
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is also dependent on the engine speed and load and, as a rule, it 
decreases with a lower load and speed. 

The computation combustion equations for automobile and tractor 
engines are obtainable by transforming the heat balance equations 
(3.26) and (3.27) (see line sections cz in Figs. 3.5 and 3.6). 

For the engines operating by a cycle with heat added at a constant 
volume, the combustion equation has the form: 


EH s + (Mey) tm = u (mey)r t (3.28) 


where /7,,,, is the working mixture combustion heat determined by 
equations (1.27) or (1.28); (mcy);" is the mean molar specific heat 
of the working mixture at the end compression process as determin- 
ed by equation (3.23); (mcy)?? is the mean molar specific heat of 
combustion products as determined by Eq. (1.32). 

For the engines operating with neat added at constant volume 
and pressure, the combustion equation takes the form 


EH, m+ [(mey)ir 4- 8.345] tm + 2270 (& — p) = p (mes)lit, (3.29) 


where à = p,/p. is the pressure increase; 2270 = 8.315 x 273. 

The value of the pressure increase for diesel engines is defined 
against experimental data, depending mainly on the quantity of fuel 
supplied to the cylinder, shape of the combustion chamber and mix- 
ing method. Besides, the value of À is influenced by the fuel igni- 
tion delay period an increase in which raises the pressure increase as 
follows: 

À — 1.6 to 2.5 for diesel engines with open combustion chambers 
and volumetric mixing; 

À — 1.2 to 1.8 for swirl-chamber and prechamber diesel engines 
and for diesel engines with open combustion chambers and film mix- 
ing; 

the value of A for supercharged diesel engines is determined by the 
permissible values of temperature and pressure at the end of visible 
combustion process. 

Combustion equations (3.28) and (3.29) include two unknown 
quantities: temperature at the end of visible combustion t; and 
Specific heat of combustion products at constant volume (mcy) or 
constant pressure (mcp) at the same temperature £,. Defining 
(mcy)i or (mcr) against the tabulated data (see Table 1.5), the 
combustion equations are solvable for ¢, by the successive appro- 
ximation method (selection of t,). When (mcy)£ or (mc5)t is determ- 
ined by means of approximate formulae (see Table 1.6), the combus- 
tion equations take the form of a quadratic equation after substitut- 
ing in them numerical values for all known parameters and subse- 
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quent transformations 
Ai? + Bt, —C —0 (3.30) 


where A, B, and C are numerical values of known quantities. 
Hence 


t, -(— B--V B+ 44C)/0A), °C and 7,=t,+ 273 K 


Defining the value of pressure p, at the end of combustion is de- 
pendent on the nature of the cycle being accomplished. 
For engines operating with heat added at constant volume, press- 
ure (MPa) 
p, = pel IT, (3.31) 
and the pressure increase 
A = pipe (3.32) 


For carburettor engines À = 3.2 to 4.2 and for gas engines A = 3 
to 5. 
For engines operating with heat added at constant volume and 
pressure 
Pz = Ap. (3.33) 
while the preexpansion ratio 


p = p (popa) (JT) = (w2) (T JT.) (3.94) 


For diesel engines p = 1.2 to 1.7. 
The piston pumping volume during the preexpansion process 


V—V.=V. (p —1) (3.35) 


After the computation has been accomplished and the coordinates 
of points z and z' obtained, the computed lines of combustion are 
approximated to the actual lines. 

For engine operating by a cycle with heat added at constant vol- 
ume (see Fig. 3.5), pza = 0.85 p,. The position of point f dependent 
on the duration of ignition delay is determined by angle Aq, vary- 
ing within the limits 5-18 degrees of the crankshaft angle. The 
position of point z, on the horizontal line is determined by the per- 
missible rate of pressure growth per degree of the crankshaft angle 
Ap/Ag, where Ap = Pza — Per, while Aq, for carburettor engines 
lies within the limits 8-12 degrees of the crankshaft angle. With mo- 
dern carburettor engines permissible operation may be at 
Ap/Ag, — 0.1 to 0.4 MPa/deg of the crankshaft angle. At 
Ap/Ag, < 0.1 the aftercombustion on the expansion line materially 
increases which affects the engine economy, while at Ap/Aq, > 0.4 
an increase in the rate of pressure growth makes the operation more 
tough with resultant premature wear and even damage to the engine 
parts. 

For diesel engines operating by a compound cycle (see Fig. 3.6) 
Pza = Pz. The position of point f dictated by the duration of igni- 
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tion delay (0.001-0.003 s) is determined by the value of angle Aq, 
which (for automotive diesel engines) varies within 8-12 degrees 
of crankshaft angle. 

As the case is with the engines with heat added at constant volume, 
the position of point z, on the horizontal line is determined by the 
value of Ap/Aq,. For diesel engines the permissible rate of pressure 
growth Ap/Ag, = 0.2 to 0.5 MPa/deg of crankshaft angle. For the 
diesel engines with volumetric mixing the maximum rate of pressure 
growth Ap/Aq, may reach 1.0 to 1.2 MPa/deg of crankshaft angle 
at Aq, — 6 to 10 degrees of crankshaft angle after T.D.C. 

For modern automotive engines operating under full load the 
values of temperature and pressure at the end of combustion vary 
within the following limits: 


Carburettor engines . . . . . . . T,—2400 to 2900 K 
p.=3.5 to 7.5 MPa 
Pza=3.0 to 6.5 MPa 


Diesel engines ......... T, =1800 to 2300 K 
Pz = Pza = 9.0 to 12.0 MPa 
Gas engines .......... T,—2200 to 2500 K 


P:=3.0 to 5.0 MPa 
Pza 772.5 to 4.5 MPa 


The lower temperatures at the end of combustion in diesel engines 
as compared to carburettor and gas engines are due to a greater value 
of excess air factor a and, therefore, greater losses of heat for air 
heating, a smaller value of the heat utilization coefficient E, over 
the visible combustion section, differences in the flow of combustion 
and aftercombustion process during expansion, and partial utiliza- 
tion of heat to perform work during the preexpansion process (section 
- £'z). 


3.4, EXPANSION PROCESS 


As a result of the expansion process the fuel heat energy is convert- 
ed into mechanical work. 

For pressure variation during the expansion process, see Fig. 3.7. 

Curves z,b'b” schematically show actual pressure varying in the 
engine cylinders during the expansion process. In real engines ex- 
pansion follows an intricate law dependent on heat exchange be- 
, tween the gases and surrounding walls, amount of heat added due 
: to fuel afterburning and recovery of dissociation products, gas leaks 
- at loose joints, reduction of combustion product specific heat because 
. 0f the temperature drop during expansion, decrease in the amount 
; Of gases because of the start of exhaust (the exhaust valve opens near 
; the end of the expansion stroke). 
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As the case is with the compression process, a conventional as- 
sumption is made that the expansion process in a real cycle follows 
a polytropic curve with a variable exponent which at first varies 
from Ô to 1 (the fuel aftercombustion is so intensive that the gas 
temperature rises though the expansion is taking place). Then it 
rises and reaches the value of the specific-heat ratio (heat release 
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Fig. 3.7. Pressure variation during the expansion process 
(a) carburettor engine; (b) diesel engine 


due to fuel aftercombustion and recovery of dissociation products 
drops and becomes equal to heat dissipation due to the heat exchange 
and gas leakage in loose joints), and, finally, it exceeds the specific- 
heat ratio (the heat release becomes less than the heat dissipation). 
In order to make the computations easier the expansion process 
curve is usually taken as a polytropic curve with constant index 
n, (curves zb'b in Fig. 3.7). 

The value of the mean expansion polytropic exponent n, is de- 
fined against experimental data depending on a number of factors. 
The value of n, grows with an increase in the heat utilization coef- 
ficient, ratio of the piston stroke S to cylinder bore B and in the 
rate of cooling. With a growth of the load and an increase in the 
linear dimensions of the cylinder (at S/B constant), the mean poly- 
tropic index n, decreases. With an increase in the engine speed, the 
value of n,, as a rule, decreases, but not with all types of engines and 
not at all speeds. 

As according to the experimental data the mean value of the 
polytropic index n, differs, but little, from the specific-heat ratio 
k., and as a rule, moves down, the value of n, in designing new engin- 
es may be evaluated by the value of k, for the associated values of 
e (or 6), a and T,. The expansion adiabatic exponent is determined 
in this event through the joint solution of two equations: 


k, =1+ (log T,—log T,)/log e for carburettor engines (3.36) 
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Fig. 3.9. Nomegraph to determine expansion adiabatic index k, fora diesel engine 


and the formulae (see Table 1.6) to determine mean molar specific 
heats of combustion products. 

Determining k, against the nomographs is accomplished as follows. 
A point associated with the value of k, ata = 1 is determined against 
the available values of e (or 6 for a diesel engine) and T. To find 
the value of k, with a specified, the obtained point must be displaced 
along the horizontal line to the vertical line corresponding to a = 1 
and then in parallel with the auxiliary curves up to the vertical 
line corresponding to the specified value of a. Figures 3.8 and 3.9 
show the determination of k, for designed carburettor and diesel 


engines. 
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The mean values of n, obtained from the analysis of indicator 
diagrams for various modern automobile and tractor engines vary 
within the limits (under design load): 


Carburettor engines . . .... ces 1.23 to 1.30 
Diesel engines ..... +... .... .. .... 1.18 to 1.28 
Gas engines. s aca A A en 1.25 to 1.35 


The values of pressure in MPa and temperature in K at the end 
of expansion process are determined by the formulae of the polytrop- 
ic process. With the engines operating in a cycle 

with heat added at constant volume 


Po = pie (3.40) 
T,=T,/en:"1 (3.41) 
with heat added at constant volume and pressure 
Pp = p," (3.42) 
T,=T,/5"~' (3.43) 


where 5 = e/p is the degree of subsequent expansion. 

Suggested values of pressure p; and temperature T, for modern 
automobile and tractor unsupercharged engines (under design ope- 
rating conditions) lie within the limits: 


Carburettor engines ....... pp=0.35 to 0.60 MPa and 
T; —1200 to 1700 K 
For diesel engines ........ p»=0.20 to 0.50 MPa and 


Ty —1000 to 1200 K 


3.5. EXHAUST PROCESS AND METHODS OF POLLUTION CONTROL 


During the exhaust the waste gases are withdrawn out of the 
engine cylinder. 

For the pressure variation during the exhaust process in a cylinder 
of an unsupercharged four-stroke engine, see Fig. 3.10, and in a 
supercharged engine, Fig. 3.11. Curves b'b"r'da' schematically show 
the actual variation of the pressure in an engine cylinder during the 
exhaust process. Points b' and a’ on these curves stand for the open- 
ing and closing points of the exhaust valves, respectively. Straight 
lines bl and Ir are exhaust process computation lines and curves 
b”r'r are approximately substituted for them after the coordinates 
of points b and r have been defined. 

Opening the exhaust valve before the piston reaches B.D.C. re- 
duces useful work of expansion (area b'bb"b”) and improves the 
removal of combustion products and also reduces the work required 
to exhaust the waste gases. In modern engines the exhaust valve 
5t 
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opens 40 to 80 degrees before B.D.C. (point b’). This is the instant 
waste gases start outflow at a critical velocity of 600-700 m/s. Dur- 
ing this period ending near B.D.C. 60-70% of waste gases in unsu- 
percharged engines and somewhat later with supercharging are ex- 


Fig. 3.10. Pressure variation du- 
ring the exhaust process in an un- 


0 TDL. BDE. V supercharged engine 





hausted. With the piston travel towards T.D.C. the gases are ex- 
hausted at a velocity of 200-250 m/s and near the end of exhaust the 
velocity does not exceed 60-100 m/s. The mean velocity of gas out- 


b' 





Fig. 3.11. Pressure variation during 
the exhaust process in a superchar- 
Ü TD.C. BDC.V ged engine 


flow during the period of exhaust under nominal operating condi- 
tions lies within 60-150 m/s. 

The exhaust valve is closed 10-50 degrees after T.D.C. in order to 
add to the quality of clearing the cylinder because of the ejection 
property of the gas flow leaving the cylinder at a high velocity. 

Computations of the intake process (see Section 3.1) are started 
with defining the exhaust process parameters (p, and T,), whilst 
the accuracy of selecting the residual gas pressure and temperature 


is checked by the formula 
p—TWYy PolPr (3.44) 


When designing an engine, attempts are made to reduce the value 
of p, in order to avoid an increase in pumping losses and coefficient 
of residual gases. Besides, an increase in the exhaust pressure de- 
creases the coefficient of admission, affects the combustion process 
and increases the temperature and amount of residual gases. In- 
creasing the pressure at the end of exhaust in the case of turbocharg- 
ing is, as a rule, fully compensated for by an increase in the intake 
pressure (Fig. 3.11). 
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The rapid growth of vehicle and tractor population urgently poses 

in the recent years problems of controlling emissions from engines in 
service. The main source of air pollution from the engines in service 
is formed by combustion products of which toxic constituents are 
carbon monoxide (CO), oxides of nitrogen (NO,) and hydrocarbons 
(C, H5). Besides, hydrocarbons find their way to atmosphere in the 
form of fuel and oil vapours from the tanks, fuel pumps, carburet- 
tors, and crankcases. According to certain data [2] one automobile 
engine throws into the atmosphere about 600 kg of carbon monoxide 
and 40 kg of nitrogen oxides per year. 

From the design point of view the problem of reducing toxicity is 
being solved in three aspects. 

1. Improvement of working process in the existing types of in- 
ternal combustion piston engines with the view to materially reduce 
toxic emissions both from combustion products and from vapours of 
fuel and oil. The use of various techniques to control mixing pro- 
cesses (an example is an electronic ignition fuel system) and com- 
bustion processes (an example is improvement of combustion chamb- 
ers), deboosting the engines on account of decreasing the compres- 
sion ratio and engine speeds, crankcase ventilation, selection of 
combustion mixtures with less toxicity of combustion products and 
a series of other measures allow us even today to materially reduce 
air pollution from the automobile and tractor engines in service. 

2. Development of additional devices (neutralizers, traps, after- 
burners) and their use on engines make it possible to this or that 
degree to deprive combustion products of toxic constituents. 

3. Development of engines new in principle (electric, flywheel, 
energy storing) which allow the problem of air pollution from auto- 
motive engines to be challenged and completely solved in distant 
future. However, application of electric vehicles in large cities for 
Specialized purposes within the city can even in the nearest future 
perceptibly reduce emissions of toxic constituents to the atmosphere. 

From the standpoint of operating automobile and tractor engines 
now in use this problem is met by imposing more stringent require- 
ments on the adjustment of fuel supply equipment, systems and 
devices involved in mixing and combustion, wider use of gaseous 
fuels whose combustion products possess less toxicity, and also by 
modifying gasoline engines to operate on gaseous fuels. 


3.6. INDICATED PARAMETERS OF WORKING CYCLE 


The working cycle of an internal-combustion engine is evaluated 
in terms of mean indicated pressure, indicated power and indicated 
efficiency. 

The indicated pressure. How the pressure varies during the entire 
Working cycle of spark-ignition and diesel engines is shown on in- 
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Fig. 3.12. Indicator diagram 
of a carburettor engine 


dicator diagrams (Figs. 3.12 and 3.13). The area of nonrounded 
diagrams (aczba) expresses to a certain scale the theoretical design 
work of gases per engine cycle. When referred to the piston stroke 
this work is the theoretical mean indicated pressure pi. When pi is 
determined graphically against the indicator diagram (Figs. 3.12 
and 3.13) it is necessary to take the following steps: 

(a) determine the area under curve ac (the work utilized to com- 
press the working mixture) and after having referred it to the piston 
stroke, obtain the value of mean pressure of compression process 
Pac: 

(b) determine the area under curve zb (Fig. 3.12) or under curve 
z'zb (Fig. 3.13) which expresses the work of expansion. After having 
referred this area to the piston stroke, determine the mean pressure 
of expansion process Pz» OT Pz'zp; 

(c) determine pi = Pz» — Pac for a carburettor engine or 
Pi = P2'zb — Pac for a diesel engine; 

(d) compare the area of the shaded rectangle having sides pi and 
V, with the area of indicator diagram ac (z') zba. If pac. pz» (Pz'zo) 
and pi are determined correctly, the areas being compared should 
be equal. 

For a carburettor engine (Fig. 3.12) operating in a cycle with heat 
added at constant volume, the theoretical mean indicated pressure 
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Fig. 3.13. Indicator diag- 
ram of a diesel engine 
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For a diesel engine operating in a combined combustion cycle 
(Fig. 3.13) the theoretical mean indicated pressure is 
' A 1 
pi = Pe | p (1 "m | 


£—1 ng—1 6-1 














—r(1t- ar) 0-10] (3.46) 


The mean indicated pressure p; of an actual cycle differs from the 
value of pi by a value in proportion to the reduction in the design 
diagram because of rounding off at points c, z, b. 

A decrease in the theoretical mean indicated pressure as a result 
of the fact that the actual process departs from the design process 
is evaluated by the coefficient of diagram rounding-off q, and the 
value of pumping loss mean pressure Ap;. 

The coefficient of diagram rounding-off q, is taken as equal to: 


Carburettor engines . .. .. .......... 0.94-0.97 
Diesel engines . ............. ce 0.92-0.95 
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The mean pressure of pumping losses in MPa in the intake and 
exhaust processes 
Api — pr — pa (3.47) 


With four-stroke unsupercharged engines the value of Ap; is posit- 
ive. In engines supercharged by a driven supercharger at p, > Pp, 
the value of Ap; is negative. With exhaust turbosupercharging the 
value of p, may be either greater or less than p,, e.g. the value of 
Ap; may be either negative or positive. 

When performing design computations, gas exchange losses are 
taken into account in the work to overcome mechanical losses, since 
in determining friction work experimentally, use is generally made 
of the engine motoring method and naturally the losses due to pump- 
ing strokes are taken into account in the mechanical losses caused 
by engine motoring and determined by this method. In view of this 
the mean indicated pressure p; is taken to differ from p; only by the 
coefficient of diagram rounding-off 


Pi = Ori (3.48) 
When operating under full load the value of p; (in MPa) is: 


Four-stroke carburettor engines .......... 0.6-1.4 
Four-stroke carburettor hopped-up engines .... up to 1.6 
Four-stroke unsupercharged diesel engines. . . . . 0.7-1.1 
Four-stroke supercharged diesel engines . . . . . . up to 2.2 


Less values of mean indicated pressure in unsupercharged diesel 
engines as compared with carburcttor engines are accounted for by the 
fact that the diesel engines operate with a greater excess air factor. 
This results in incomplete utilization of the cylinder displacement 
and extra heat losses caused by heating the excess air. 

The indicated power. The indicated power of an engine, Nj, is 
the work performed by gases inside the cylinders in unit time. 

For a multi-cylinder engine the indicated power in kW: 


N; mE p; V 4in/(901) (3.49) 


where p; is the mean indicated pressure in MPa; V, is the displace- 
ment of a cylinder, 1 (dm?); i is the number of cylinders; n is the 
engine speed, rpm; x is the engine number of cycle events. 

With four-stroke engines 


N: = piV,in/120 (3.50) 
The indicated power of a cylinder 
Nie = piV pni (30T) (3.51) 


The indicated efficiency and specific indicated fuel consumption. 
The indicated efficiency n; is characteristic of the extent of the fuel 
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heat consumption in an actual cycle to obtain useful work. It re- 
presents the ratio of heat equivalent to the indicated cycle work to 
the overall amount of heat admitted to the cylinder with the fuel. 

For 1 kg of fuel 
nm = Li/H, (3.52) 


where L; is the heat equivalent to the indicated work in MJ/kg; H, 
is the lower heat of fuel combustion in MJ/kg. 

Therefore, the indicated efficiency accounts for all heat losses 
of an actual cycle. 

With automobile and tractor engines operating on a liquid fuel 


Ni = pilya! (Hupynv) (3.53) 


where p; is in MPa; l, is in kg/kg of fuel; H,, is in MJ/kg of fuel; 
pr is in kg/m’. 
With automobile and tractor engines operating on gaseous fuel 


Ni = 374.2 x 10-5MITs pil UT aps) (3.54) 


where M; is in mole/mole of fuel; T, is in K; p; and p, are in MPa, 
H, is in MJ/m?. 

In modern automobile and tractor engines operating under nom- 
inal operating conditions the value of indicated efficiency is as 
follows: 


Carburettor engines. . . .... l.l. 0.26-0.35 
Diesel engines a wd o£ m$ X^ ww a 0.38-0.50 
Gas ENGIDES ouo e Ani aec iso ee o5 0.28-0.34 


With the value of indicated efficiency known, the specific indicat- 
ed fuel consumption of liquid fuel [g/(kW h)] 


gi = 3600/ (n;H,) or gi = 3600041 /(pilsa) (3.55) 


With engines operating on a gaseous fuel the specific indicated 
consumption of fuel [m?/(kW h)] 


v; = 3.6/(q; Hi) or v; = 97009 yp, MMT ,p;) (3.56) 
while the specific consumption of heat per unit power [MJ/(kW h)]: 
qi = viHy = 9700ny p, Ha (M Typi) (3.57) 


In formulae (3.55) through (3.57) p; and p, are in MPa; p, is in 
kg/m?; H, in MJ/kg; H, is in MJ/m?; I, is in kg/kg of fuel; M; is 
in mole/mole of fuel, 7, is in K. 

The specific values of fuel consumption in design conditions for 


Carburettor engines ...... gj = 235 to 320 g/(kW h) 
Diesel engines ......... gi =170 to 230 g/(kW h) 
Gas engines. .......... gj — 10.5 to 13.5 MJ/(kW h) 
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3.1. ENGINE PERFORMANCE FIGURES 


The parameters characteristic of the engine operation differ from 
the indicated parameters in that some useful work is utilized to 
overcome various mechanical resistances (friction in the crank gear, 
driving the auxiliaries and supercharger, etc.) and to accomplish 
the intake and exhaust processes. 

Mechanical losses. Losses due to overcoming various resistances 
are evaluated by the value of mechanical loss power or the value of 
work corresponding to the mechanical loss power related to unit 
displacement. 

When carrying out preliminary computations on engines, mechan- 
ical losses evaluated in terms of mean pressure p,, may be approxim- 
ately defined by the linear dependences on the mean piston speed 
Up.m (for selection of values of Vp.m, see Chapter 4). 

Given below are empirical formulae to determine the values of 
Pm in MPa for engines of various types: 

for carburettor engines having up to six cylinders and a ratio 
S/B > 1 


Pm > 0.049 + 0.0152v,. m (3.58) 
for carburettor eight-cylinder engines having a ratio S/B < 1 
Pm = 0.039 + 0.0132v,. mm (3.59) 


for carburettor engines having up to six cylinders and a ratio 
SIBS 1 


Pm = 0.034 + 0.0113v,. m (3.60) 
for four-stroke diesel engines having open combustion chambers 

Pm = 0.089 + 0.0118,  ,,, (3.61) 
for prechamber diesel engines 

Pm = 0.103 + 0.015305 m (3.62) 
for swirl-chamber diesel engines 

Pm = 0.089 + 0.0135v,. (3.63) 


The mean pressure of mechanical losses pm is computed by the 
formulae (3.58) through (3.63), neglecting the quality of the oils 
used, thermal condition of the engine, type of surface friction and 
supercharging. Therefore, prior to using the values of Pm, obtained 
by the above formulae, they should be properly scrutinized. 

When a driven supercharger (mechanical supercharging) is used 
the losses in the engine increase by the value of its drive power. 

Mean effective pressure. The mean effective pressure p, is the 
ratio of the effective work on the engine crankshaft to unit displace- 
ment. In the engine computations, p, is determined by the mean 
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indicated pressure 
Pe = Pi — Pm (3.64) 
For the engines with mechanical supercharging 
De = Di — Pm — Ps (3.65) 
where p, are the supercharger drive pressure losses. 


Under nominal loads, the values of mean effective pressure p, 
in MPa vary within the following limits: 


Four-stroke carburettor engines ........ 0.6 to 1.1 
Four-stroke carburettor hopped-up engines . . . up to 1.3 
Four-stroke unsupercharged diesel engines . . . 0.55 to 0.85 
Four-stroke supercharged diesel engines . » up to 2.0 
Two-stroke high-speed diesel engines ..... 0.4 to 0.75 
Gas- engines 2 % xb be ae A CUR 0.5 to 0.75 


The conditions of utilizing the cylinder displacement improve 
with growth in the mean effective pressure and this makes it possible 
to create lighter and more compact engines. 

There was a tendency for a long period of time to constantly in- 
crease p, in creating automobile and tractor engines. However, dur- 
-ing the last decade this tendency perceptibly changed because of 
requirements to control toxicity of engines in use. Thus, the modern 
automobile and tractor engines are known for preservation or even 
a certain decrease in p, with a steep drop in the emission toxicity 
due to better working processes, use of high-grade fuels, improve- 
ment of the fuel system and use of supercharging. 

Mechanical efficiency. The ratio of the mean effective pressure 
to the indicated pressure is mechanical efficiency of an engine: 


Nm = PelPi O Nm = 1 — Pm/p: (3.66) 

With an increase in engine losses, ny, decreases. When the load 
of a carburettor engine is decreased, pm substantially increases due 
to an increase in gas exchange losses. Under idling conditions p; = Pm 
and Nm = 0. 

The value of mechanical efficiency grows with a decrease in the 
losses caused by friction and driving the auxiliaries, and also with 
increasing the load to a certain limit. 

. According to experimental data, the mechanical efficiency for 
various engines operating under design condition varies within the 
following limits: 


Carburettor engines... . ...... ew ee + 0.7-0.1 
0.7 


0.9 
Four-stroke unsupercharged diesel engines . . . . . .7-0.82 
Four-stroke supercharged diesel engines (not inclu- 


ding power losses on the supercharger) . . . . . 0.80.9 
Two-stroke diesel engines . . . ......... 0.7-0.85 
Gas engines e ^ + e * © è s © © @ > o è * 9 o o b D 0.75-0.85 
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Effective power. This is the power at the engine crankshaft per 
unit time and designated NV. The value of NV, in kW can be determ- 
ined by the indicated power through the mechanical efficiency: 


Ne = Nim = PeV 4in/(301) (3.67) 


where p, is in MPa, V is in litres, n is in rpm. 

The effective power versus the basic engine parameters is expressed 
by the following relationship: 

5» Y . 
Ne= Frin i PRNVNENm (3.68) 
where V, is in litres; n is in rpm; H, is in MJ/kg; o; is in kg/m’. 

It follows from the analysis of expression (3.68) that the effective 
(net) power of an engine can be generally increased on account of: 

(a) increasing the cylinder displacement (an increase in the linear 
dimensions of cylinder bore and piston stroke); 

(b) increasing the number of cylinders; 

(c) increasing the engine speed; 

(d) change-over from a four-stroke to a two-stroke cycle; 

(e) increasing the lower heat of fuel combustion; 

(f) increasing the charge density and coefficient of admission (for 
example, by supercharging and also on account of improving the 
gas exchange, decreasing intake and exhaust resistances, use of 
inertia supercharging to increase the charge-up, etc.); 

(g) increasing the indicated efficiency (due to improving the com- 
bustion process and reduction of fuel heat losses during the compres- 
sion and expansion processes); 

(h) increasing the mechanical efficiency of the engine (for example, 
due to use of high-grade oils, reduction of contacting surfaces, de- 
creasing pumping losses, etc.). 

Effective (thermal) efficiency and effective specific fuel consump- 
tion. The effective efficiency Ne and the effective specific fuel con- 
sumption g, are characteristic of engine economical operation. 

The ratio of an amount of heat equivalent to the useful work ap- 
plied to the engine crankshaft to the total amount of heat admitted 
to the engine with the fuel is called the effective efficiency: 


he = LIH. (3.69) 
where L, is the heat equivalent to the effective work in MJ/kg of 
fuel; H,, is the lower heat of fuel combustion in MJ/kg of fuel. 


The relation between the effective efficiency and mechanical 
efficiency of an engine is determined by the expression: 


Ne = "ilm (3.70) 
With the engines operating on a liquid fuel 
d ae Hs (3.74) 


PAN y Hy 
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With the engine operating on a gaseous fuel 
Ne = 371.2 x 10-9p T. Mi/(pyny Hi) (3.72) 
The effective efficiency is characteristic of how the fuel heat is 
utilized in the engine with due considerations to all losses, thermal 


or mechanical. 
The values of the effective efficiency under design condition are: 


Carburettor engines..............64 0.25-0.33 
Diesel engines ................-.. 0.35-0.40 
Gas BHglHBS. o Wu qe RE wor CE UE C RR ak 0.23-0.30 


Higher values of effective efficiency 1], in diesel engines compared 
with carburettor engines are mainly due to their higher values of 
excess air factor and, therefore, more complete combustion of the 
fuel. 

The effective specific fuel consumption [g/(kW h)] of a liquid fuel 


Ee — 3600/(H „n e) OF ge = 3600p,9v/(p el ya) (3.73) 


For the engines operating on a gaseous fuel, the effective specific 
fuel consumption [m*/(kW h)] 


v, = 3.6/(y fy) or v, = 9700pusmy/(p MIT x) (3.74) 


and the specific heat consumption [MJ/(kW h)] per unit effective 
power 
Ge = Vey = 9100p,my Hyu(p M,T) (3.75) 


For the modern automotive engines the effective specific fuel 
consumption under nominal load is as follows: 


Carburettor engines ........ ge = 250 to 325 g/(kW h) 
Diesel engines with open chambers ge=2140 to 245 g/(kW h) 
Prechamber and swirl-chamber die- 

sel engines «ov aie a d. 4c wwe oy Ze=230 to 280 g/(kW h) 


Gas engines, specific heat consump- 
COM s uw ece a p.m Hon SOE: E rA ge —12 to 17 MJ/(kW hì 


Cylinder-size effects. If the effective power of an engine is spe- 
cified and the S/B ratio is selected (for the selection of S/B, see 
Chapter 4), then the basic structural parameters of the engine (cylin- 
der bore and piston stroke) are determined as follows. 

The engine displacement in litres is determined by the effective 
power, engine speed and effective pressure 


V, = 30xN (pen) (3.76) 


where N. is in kW; p, is in MPa and n is in rpm. 
The displacement of a cylinder in litres 


V, = Vili (3.77) 
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The cylinder bore (diameter) in mm 





B=100 y < 3.78 
=100 V asm (3.78) 
The piston stroke in mm 

S = BS/B (3.79) 


The obtained values of B and S are rounded off to the nearest 
integers, zero or five. The resultant values of B and S are then used 
to determine the basic parameters and figures of the engine: 

The engine displacement in litres 


V, = 1B?Si/(4 x 109) (3.80) 
The effective power in kW 
Ne = p,V;n/(30x) (3.81) 
The effective torque in N m 
T, = (8 x 10*/n) (N Jn) (3.82) 
The fuel consumption in kg/h 
G, — Ng, (3.83) 
The mean piston speed in m/s 
Uy. = Sni(3 x 10%) (3.84) 


If the value of v», m adopted previously is not equal to that obtained 
by formula (3.84) within 4 per cent, the engine effective parameters 
must be recomputed. 


3.8. INDICATOR DIAGRAM 


The indicator diagram of an internal-combustion engine is con- 
structed with the use of the working process computation data. When 
plotting a diagram, it is good practice to choose its scale values in 
such a way that its height is 1.2 to 1.7 of its base. To begin the dia- 
gram construction, lay off straight-line segment AB on the X -axis 
(Figs. 3.44 and 3.15) corresponding to the cylinder displacement and 
equaling in value the piston stroke to scale Mg which may be taken 
as 1 : 1, 1.5: 1 or 2 : 1, depending on the piston stroke. 

The straight-line segment OA (in mm) corresponding to the com- 
bustion chamber volume 


OA = ABl(e — 1) (3.85) 
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Fig. 3.14. Analytically plot- 
ting an indicator diagram 
of a carburettor engine 





The straight-line segment z'z for diesel engines operating in a cycle 
with combined combustion (Fig. 3.15) 


zz = OA (p — 1) (3.86) 


When plotting a diagram, it is recommended to choose pressure 
scale values M, = 0.02, 0.025, 0.04, 0.05, 0.07-0.10 MPa per mm. 

Then, the pressure values are laid off at typical points a, c, z', z, 
b, r of the diagram to the chosen scale against the data of thermal 
computation. 

The compression and expansion polytropic curves may be con- 
structed analytically or graphically. In the analytical method of 
constructing compression and expansion polytropic curves (Fig. 3.14) 
a number of points associated with intermediate volumes located 
between V, and V, and between V , and V, are computed by the poly- 
tropic curve equation pV™ = const. 

For a compression polytropic curve p,V?: = p,V™, hence 


Px = Da (Va/V,)™ (3.87) 


where p, and V, are the pressure and volume at the compression 
process point being searched. 
The ratio V,/V, varies within 1 — e. 
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Fig. 3.15. Graphically plotting an indicator diagram of a supercharged diesel 
engine 


Similarly for an expansion polytropic curve we have 
Px = py Val V4) (3.88) 


The ratio V;,/V, varies within 1 — e for carburettor engines and 
within 1 — 6 for diesel engines. 

When constructing the diagram analytically, it is convenient to 
determine y-coordinates for computation points of compression and 
expansion polytropic curves in a tabulated form (see Table 4.1 be- 
low). 

Connecting points @ and c with a smooth curve passing through 
the computed and plotted in the diagram field the points of the com- 
pression polytropic curve and points z and b, with a curve passing 
through the points of the expansion polytropic curve, and connecting 
points c with z and b with a with straight lines (when constructing 
a diesel engine diagram, the point c is connected with a straight 
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Jine to point z', and z' to z, see Fig. 3.15), we obtain a computation 
indicator diagram (except for pumping strokes). The exhaust and 
intake processes are taken as flowing at p constant and V constant 
(straight lines bl, Ir, rr" and r'a, see Figs. 3.12 and 3.13). 

In the graphical method, according to Brauer's most widely used 
techniques, the compression and expansion polytropic curves are 
plotted as follows (Fig. 3.15). 

From the origin point of the coordinates, OC is drawn at an arbi- 
trary angle a to the X-axis (in order to obtain enough points on the 
polytropic curves it is good practice to take a = 15 degrees). Next 
OD and OE are drawn from the origin point of coordinates at certain 
angles D, and D, to the Y-axis. These angles are determined from the 
expressions: 


tan p, = (1 + tana)" — 1; tan B, = (1 + tana)» — 1 
(3.89) 


The compression polytropic curve is constructed by means of OC 
and OD. A horizontal line is drawn from point c until it crosses the 
Y-axis. From the crossing point a line is drawn at 45 degrees to the 
vertical line until it crosses with OD, and from this point another 
horizontal line is drawn in parallel with the X-axis. Next, a vertical 
line is drawn from point c until it crosses OC and on at 45 degrees to 
the vertical line until it crosses the X-axis, and from this point ano- 
ther vertical line in parallel with the Y-axis until it crosses another 
horizontal line. The cross point of these lines will be intermediate 
point Z of the compression polytropic curve. Point 2 is plotted in 
a similar way, point Z being taken as the start point for the con- 
struction. 

The expansion polytropic curve is plotted by means of OC and 
OE starting with point z in a way similar to the compression poly- 
tropic curve. 

The obtained diagrams are computation indicator diagrams which 


allow us to determine 
pi = F’M,/AB (3.90) 


where F’ is the diagram area ac (z') zba in mm?; Mp is the pressure 
scale, MPa per mm; 48 is a straight line segment in mm. 

When obtained by formula (3.90), the value of p; must equal the 
value of pi resulting from the heat analysis. 

In view of the fact that in a real engine, the working mixture is 
ignited before the piston reaches T.D.C. (point f) due to an ignition 
advance angle or injection delay angle (point c') with resultant 
increase in the pressure at the end of compression (point c"), the 
actual indicator diagram ac'c'z,b'b'ra differs from the computation 
diagram. The visible combustion process occurs at varying volume 
and follows curve c”z,, rather than straight line cz for carburettor 


6—0946 
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engines (Fig. 3.14) or straight lines cz’ and z'z for a diesel engine 
(Fig. 3.15). Opening the exhaust valve before the piston is in B.D.C. 
(point b') reduces the pressure at the end of expansion (point 5^ 
which is usually between points b and a). To locate the positions 
of the above-mentioned points properly, we should establish the 
relationship between the crankshaft angle q and piston travel Sx. 
This relationship is established on the basis of choosing the connect- 
ing rod length Le., and the ratio of crank radius A to the connecting 
rod length A = R/£, ,. For choosing L,.,, defining A, and establish- 
ing the relationship between q and S,, see Chapter 6. 

For checking the heat analysis and proper construction of dia- 
gram ac'c"z,b'b'a the indicated pressure is determined from the 
indicator diagram 


where F is the diagram area ac'c'z,b' b"a. 


Chapter 4 
HEAT ANALYSIS AND HEAT BALANCE 


4,1, GENERAL 


The heat analysis permits us to define analytically the basic para- 
meters of an engine under design with a sufficient degree of accuracy, 
and also to check how perfect the actual cycle of a really operating 
engine is. 

This manual lays special emphasis on the computations of a newly 
designed engine. In view of this the manual contains the basic con- 
cepts underlying the choice of input parameters used in the heat 
analysis and subsequent computations in the engine design. 

Power and speed. In the design of an engine the rated power is 
generally prescribed or it is determined from traction survey. By 
rated power N, is meant the effective power guaranteed by the ma- 
nufacturer for certain operating conditions. In the automobile and 
tractor engines the rated power is equal to the maximum power at 
the rated speed of the engine. The rated power is first of all dictated 
by the engine application (a car, truck or tractor), then by the engine 
type (a carburettor, gas or diesel engine), by operating conditions, etc. 
The power of modern automobile and tractor engines ranges from 
15 to 500 kW. 

Another engine index of importance is the engine speed character- 
istic of the engine type and engine dynamic properties. During 
many years there was a trend of increasing the engine speed. The re- 
sult was reduction of the engine size, weight and overall dimensions. 
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With an increase in the engine speed, the inertial forces grow, cy- 
linder filling becomes worse, the exhaust toxicity increases, wear 
of engine parts grows, and the engine service life drops. Because of 
this, in the last decade the engine speed practically became stable 
and in certain types of automobiles, particularly in US-made, the 
engine speed was reduced. 

At present the engine speed of cars ranges from 4000 to 6000 rpm 
and only in some models (racing cars are an example) the engine 
speed exceeds 6000 rpm. Engines designed for trucks and tractors 
are materially decelerated with a view to reducing inertia stresses 
and increasing the service life. Nevertheless, there are certain models 
of truck and tractor engines whose speed reaches 3000-4000 rpm 
(diesel engines) and 4000-4500 rpm (carburettor engines). The speed 
of modern tractor diesel engines is 1500-2500 rpm. 

Number and arrangement of engine cylinders. Choice of the numb- 
er of cylinders and their arrangement are dependent on the power 
output, and also on dynamic and structural factors. Four- and six- 
cylinder motor vehicle engines are most widely used in European 
countries and eight-cylinders engines in the USA. Where the require- 
ments to the engine mass and overall dimensions are especially 
high, the number of cylinders of automobile engines may reach 12 
and very seldom 16. Tractor engines usually have four cylinders, 
seldom six, and sometimes 12. An increase in the number of cylinders 
allows engines to be enhanced in speed, improves the starting fea- 
tures and makes the engine balancing easier. At thesame time, how- 
ever, an increase in the number of cylinders adds to mechanical 
losses and affects the engine economy. 

In many aspects the choice of a number of cylinders is dependent 
on the engine displacement. Thus, displacement V, of a four-cylinder 
carburettor engine usually lies within 0.7 to 2.2 1 and only some 
models have V, > 2.2 1. Four-cylinder diesel engines have far larger 
displacements which come to 4-8 ]. There are some models of tractor 
diesel engines having V, greater than 10 litres. Six-cylinder carbu- 
rettor engines have V; about 2.0-5.6 1 and diesel engines, V; about 
20 litres. 

Modern automobile and tractor engines have their cylinders ar- 
ranged in-line, in V-configuration and in an opposed manner. The 
most popular are four-cylinder in-line engines as most simple in 
operation and cheaper in fabrication. In recent years Vee engines 
tend to be most popular in the automobile and tractor building 
industries. As compared with in-line engines, they have a higher 
mechanical efficiency, are smaller in size and have better specific- 
mass figures. More than that, higher stiffness of Vee engines allows 
higher engine speeds. 

In a number of countries use is made of horizontal-opposed engines 
known for their convenient arrangement on the powered units. 

6* 
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Cylinder size and piston speed. The cylinder size, i.e. the bore 
and stroke, are the main structural parameters of an engine. The 
cylinder bore (diameter in mm) of modern automobile and tractor 
engines varies within fairly close limits, 60-150 mm. It is mainly 
dependent on the engine type and application. The bore diameter 
B of various engines varies approximately within the following 
limits: 


Carburettor engines for cars . . . . . . . ... «e . 60-100 
Carburettor engines for trucks . . . . .. ...... 10-110 
Tractor diesel engines , . ............. . 70-150 
Automobile diesel engines . . . . . . . . . . . ... 80-130 


The piston stroke is usually evaluated in terms of the relative 
value of S/B (stroke-bore ratio) directly associated with the piston 
speed. By the value of stroke-bore ratio, engines are differentiated 
into short-stroke engines (S/B < 1) and long-stroke engines 
(S/B — 1). The short-stroke engine has less height and mass (weight), 
increased indicated efficiency and coefficient of admission, decreased 
piston speed, and reduced wear of engine parts. At the same time 
decreasing the value of stroke-bore ratio results in a higher pressure 
of gases on the piston, aggravates mixture formation, and increases 
the engine overall length. 

Modern carburettor engines are designed with a small stroke-bore 
ratio. Usually S/B — 0.7 to 1.0. With automobile diesel engines 
the stroke-bore ratio is taken close to unity (S/B — 0.9 to 1.2). Most 
of diesel engines have S/B > 1. With tractor diesel engines S/B = 
— 1.1 to 1.3. 

The mean piston speed »; m is a criterion of the engine speed. By 
the value of vp, m the engines fall into low-speed (vy, ,, < 6.5 m/s) and 
high-speed (Vp,m >> 6.5 m/s). All automobile and almost all tractor 
engines are high-speed, as their piston speed is in excess of 6.5 m/s. 

With an increase in the piston speed, mechanical losses rise, therm- 
al stresses of the parts increase, the engine service life grows shorter. 
In this connection, an increase in the mean piston speed involves 
the necessity of improving the life of parts, use of more durable 
materials in the engine building industry, and improving the quality 
of oils in use. 

In modern automobile and tractor engines the piston speed 
Vp.m (m/s) generally varies within the following limits: 


Carburettor engines for cars... . . . .. ..... 12-15 
Carburettor engines for trucks ............. 9-12 
Gas engines for motor vehicles . .......... 7-11 
Automobile diesel engines . ............. 6.5-12 


Tractor diesel engines. . . sns .......... 5.5-10.5 
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Compression ratio. The value of compression ratio is one of the 
most important characteristics of an engine. Its choice mainly de- 
pends on the mixing method and type of fuel. Besides, the value of 
compression ratio is chosen with due consideration for the fact wheth- 
er the engine is supercharged or not, the engine speed, cooling system 
and other factors. 

With the carburettor engines, the choice of compression ratio is 
determined first of all by the antiknock quality of the fuel in use 
(see Section 1.1). Certain grades of fuel allow the compression ratio 
to be raised on account of: (a) proper choice of combustion chamber 
form and arrangement of the spark plug (a spark-plug equally spaced 
from the combustion chamber walls allows & to be increased); (b) 
cylinder size (a smaller bore of cylinder increases e due to shorter 
flame path and increased relative surface of cooling); (c) higher 
speed (an increase in n increases e mainly because of the growth in 
the combustion rate); (d) selection of the material for the pistons 
and cylinder head (a piston of aluminum alloy allows e to be increas- 
ed by 0.4-0.7 and the use of a cylinder head of aluminum alloy in 
place of cast iron increases e still more by 0.5-0.6); (e) choice of 
cooling system (a liquid cooling system allows higher values of e 
than an air cooling system does); (f) use of an enriched (a < 0.8) or 
lean (a > 0.9) working mixture. 

In modern carburettor engines e = 6 to 12. Engines of trucks 
have compression ratios closer to the lower limit, while the compres- 
sion ratio of car engines is usually greater than 7. The compression 
ratio of such engines is somewhat below 7 only in the case of air 
cooling. Increasing the compression ratio for carburettor engines 
in excess of 12 is limited both by possible self-ignition of the air- 
fuel mixture and by knocking occurring during the combustion 
process. More than that, with e — 12 the resultant relative and 
absolute increase in the indicated efficiency is minute (see Chapter 2). 
Recently, there is a tendency to certain decrease in the compression 
ratio with resultant lower toxicity of combustion products and long- 
er service life of engines. As a rule, even the engines of high-class 
cars have a compression ratio not above 9. 

The minimum compression ratio of diesel engines must provide 
at the end of compression a minimum temperature to meet the re- 
quirement for reliable self-ignition of the injected fuel. As fuel is 
injected before the complete compression takes place and since an 
increase in the compression temperature reduces the ignition delay, 
compression ratios below 14 are not utilized in unsupercharged diesel 
engines and below 11, in supercharged diesel engines. 

Modern automobile and tractor compression-ignition engines have 
à compression ratio ranging from 14 to 22. Increasing the compres- 
Sion ratio in excess of 22 is undesirable, as it leads to high compres- 
Sion pressures, reduction of mechanical efficiency and heavier engine. 
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The choice of a compression ratio for diesel engines is determined 
first of all by the shape of combustion chamber and fuel-air mixing 
method. Depending upon these parameters, the compression ratios 
of diesel engines are within the following limits: 


Diesel engines with open combustion chambers and 


volumetrie mixing — . x. 4. 6o 9 49 3 4 3 a 14-17 
Swirl-chamber diesel engines . ........... 16-20 
Precombustion chamber diesel engines . . . . . . .. 16.5-21 
Supercharged diesel engines . ............ 11-17 


The heat analysis of the engine is made on the basis of determined 
or prescribed initial (input) data (engine type, power /V,, engine 
speed n, number of cylinders i and cylinders arrangement, stroke- 
bore ratio, compression ratio e) which is then used to determine the 
basic power (Pe, N), fuel economy (ge, Ne) and mechanical (bore, 
stroke, Vi) parameters of the engine. The results of the heat analysis 
are used then to plot the indicator diagram. The parameters obtained 
by the heat analysis are used in plotting a speed curve and in per- 
forming the dynamic and strength computations. 

This manual includes examples of designing a carburettor engine 
and a diesel engine. In order to consider different methods and tech- 
niques of conducting heat, dynamic and strength computations, the 
heat analysis of a carburettor engine is carried out for four speeds, 
and the heat analysis of a diesel engine, for the rated speed, but in 
two versions: for an unsupercharged diesel engine and for a super- 
charged engine. The heat analysis underlies the external speed cha- 
racteristic, dynamic analysis and design of the principal parts and 
systems for each engine. In view of this, the specification for the 
design of each engine is set forth once before the execution of the 
heat analysis. 


4.2. HEAT ANALYSIS AND HEAT BALANCE OF A CARBURETTOR ENGINE 


Carry out the design of a four-stroke carburettor engine intended 
for a car. The engine effective power N e is 60 kW at n = 5600 rpm. 
It is a four-cylinder in-line engine with i — 4. The cooling system is 
closed-type liquid. The compression ratio is 8.5. 


The Heat Analysis 


When carrying out the heat analysis for several operating speeds, 
choice is generally made of 3-4 basic operating conditions. For car- 
burettor engines they are: 

(1) operation with minimum speed nmin = 600 to 1000 rpm prov- 
iding stable operation of the engine; 

(2) operation with maximum torque at ny = (0.4 to 0.6) ny; 

(3) operation with maximum (rated) power at ny; 
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(4) operation with maximum automobile speed at ng, = (1.05 
to 1.20) n y. 

On the basis of the above recommendations and the design specifi- 
cation (n y = 5600 rpm) the heat analysis is carried out in succession 
for n — 1000, 3200, 5600 and 6000 rpm. 

Fuel. In compliance with the specified compression ratio of 8.5, 
use may be made of gasoline, grade AM-93. 

The mean elemental composition and molecular mass of the fuel 
are as follows: 


C = 0.855, H = 0.145 and m; = 115 kg/kmole 
The lower heat of combustion 
H, = 33.91€ + 125.60H — 10.89 (O — S) — 2.51 


x (9H + W) = 33.91 x 0.855 + 125.6 x 0.145 
— 2.51 x 9 x 0.145 = 43.93 MJ/kg = 43 930 kJ/kg 


Parameters of working medium. Theoretically the amount of 
air required for combustion of 1 kg of fuel 


4 C H 0 1 0.855 , 0.145 
Lo= 308 (z-x)- 0.208 ( 12 4 ) 
= 0.516 kmole of air/kg of fuel 
lo = y [y C+ 8H—0)= 3% (0.855 +8 x 0.145) 


— 14.957 kg of air/kg of fuel 


The excess air factor is defined on the basis of the following reasons. 
Modern engines are furnished with compound carburettors providing 
almost an ideal mixture as to the speed characteristic. The opportun- 
ity of using a double-chamber carburettor having an enrichment and 
an idle system for the engine under design, when properly adjusted, 
allows us to obtain a mixture meeting both the power and economy 
requirements. In order to have an engine featuring enough economy 
along with low toxicity of combustion products, obtainable at 
a == 0.95 to 0.98, allows us to take a = 0.96 in the basic operating 
conditions and a = 0.86 in the regime of minimum speed (Fig. 4.1). 

The amount of combustible mixture 


At n — 1000 rpm M, = 0.86 x 0.516 + 1/115 = 0.4525 kmole 
of com. mix./kg of fuel; 

at n = 3200, 5600 and 6000 rpm M, = 0.96 x 0.516 + 1/115 
— 0.5041 kmole of com. mix./kg of fuel. 

The quantities of individual constituents contained in the com- 
bustion products at K — 0.5 and in the adopted speeds are as follows: 
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at n — 1000 rpm 











C 855 
Mco, — 45 — ^ 
— 2 4=7- 0.208 x 0.516-- 0.0512 kmole of CO,/kg of fuel 
Mo —- 2179-0.2081, = 2 49: 0.208 x 0.516 


[TE 1+0.5 
= 0.0200 kmole of CO/kg of fuel 

















1000 2000 3000 4000 S000 n, rpm 


Fig. 4.1. Initial data for heat analysis of a carburettor engine 





H 1—2a 0.145 
Muyo = — 2K 57 0.208Ly = 2 


—2x M 208 x 0.516 = 0.0625 kmole of H,O/kg of fuel 


1+ 


E 


= 0.0100 kmole of H,/kg of ue 
My, — 0.7922 L, — 0.792 x 0.86 x 0.516 
20.3515 kmole of N,/kg of fuel 


at n — 3200, 5600 and 6000 rpm 


0.208 x 0.516 





Meo, =e —2 Faye 0.208 x 0.516 


-— 0.0655 kmole of CO,/kg of fuel 


o> 0.208 x 516 — 0.0057 kmole of CO/kg of fuel 
0. zs 





Mco = 2 2 


—0.96 


"s kmole of H,O/ke of fuel 





Mu, =2x 0.5 55. 0.208 x 0.516 = 0.0029 kmole of H,/kg of fuel 


My, = 0.792 x 0.96 x 0.516 = 0.3923 kmole of N,/kg of fuel 


The total amount of combustion products 
M, — Mco,23- Mco+ Mu,o+ Mu, + My, = C/12+ Hj2 —- 0.792aL, 


At n = 1000 rpm M, = 0.0512 + 0.02 + 0.0625 + 0.01 + 
+ 0.3515 = 0.4952 kmole of com. pr./kg of fuel. 

The check: M, = 0.855/12 + 0.145/2 + 0.792 x 0.86 x 0.516 
= 0.4952 kmole of com. pr./kg of fuel. 

At n = 3200, 5600 and 6000 rpm M, —:0.0655 + 0.0057 + 0.0696 
+ 0.0029 -++ 0.3923 = 0.5360 kmole of com. pr./kg of fuel. 

The check: M, = 0.855/12 + 0.145/2 + 0.792 x 0.96 x 0.516 
= 0.5360 kmole of com. pr./kg of fuel. 

Atmospheric pressure and temperature, and residual gases. When 
an engine is operating with no supercharging, the ambient pressure 
and temperature are: p, = pọ = 0.1 MPa and T, = T, = 293 K. 

When the compression ratio is constant and equals 8.5 the residual 
gas temperature practically linearly grows with an increase in the 
speed at a constant, but it diminishes when the mixture is enriched. 
Keeping in mind that at n = 1000 rpm a = 0.86 and in other con- 
ditions a = 0.96, assume (Fig. 4.1) the following: 

n — 1000, 3200, 5600, 6000 rpm 
T, = 900, 1000, 1060, 1070 K 

On account of expansion of timing phases and reduction of resis- 
tances through proper construction of the exhaust manifold of the 
engine under design, the pressure of residual gases, p, can be obtained 
at the rated speed 

Prn = 1.18 p, = 1.18 x 0.1 = 0.118 MPa 
Then 
Ap = (pru — po X 1.035)409/(nN po) 
= (0.118—0.1 x 1.035) 108/(5600? x 0.1) = 0.4624 
Pr = Po (1.035 + A, X 10-55?) = 0.1(1.035 + 0.4624 
x 10-8 n?) = 0.1035 + 0.4624 x 10-? n? 
Hence, 


n — 1000, 3200, 5600, 6000 rpm 
Pr = 0.1040, 0.1082, 0.1180, 0.1201 MPa 


The induction process. The temperature of preheating a fresh 
Charge. In order to obtain a good breathing of the engine at the 
rated speed, we take AT y = 8°C. Then 


A, = AT y/(110—0.0125 ny) = 8/(110—0.0125 x 5600) = 0.2 
AT = A, (110—0.0125 n) = 0.2 (110—0.0125 n) = 22— 0.0025 n. 
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Then we obtain: 


n — 1000, 3200, 5600, 6000 rpm 
AT = 19.5, 14, 8, 7°C 
The induction charge density 
Qo = po X 108/(R,¿T ,) = 0.1 x 109/(287 x 293) = 1.189 kg/m? 


where R, = 287 J/kg deg is the specific gas constant of air. 

The induction pressure losses. In compliance with the engine speed 
(n — 5600 rpm) and provided the intake manifold internal surfaces 
are well finished, we may take p? + Ej, = 2.8 and Oin = 95 m/s. 
Then 

A, = 0in/ny = 95/5600 = 0.01696 


Apa E (9? + Ein) AZn Or x 10-8/2 
Hence, we obtain: 


atn = 1000rpm Ap, = 2.8 x 0.01696? x 1000? x 1.189 x 1078/2 
— 0.0005 MPa; 


at n = 3200 rpm Ap, = 2.8 x 0.01696 x 3200? x 1.189 
x 1079/2 = 0.0049 MPa; 

at n = 9600 rpm Ap, = 2.8 x 0.01696? x 5600? x 1.189 
x 10-*/2 = 0.0150 MPa; 


at n = 6000 rpm Ap, = 2.8 x 0.01696? x 6000? x 1.189 
x 10-9/2 = 0.0172 MPa. 


The pressure at the end of induction 


Pa = Po — Ap, 
n — 1000, 3200, 3600, 6000 rpm 


Pa = 0.0995, 0.0951, 0.0850, 0.0828 MPa 


The coefficient of residual gases. When defining y, for an unsuper- 
charged engine we take the scavenging efficiency q, = 1, and the 
charge-up coefficient at the rated speed q,; = 1.10, which is quite 
feasible to be obtained in selecting the angle of retarded closing with- 
in the range of 30-60 degrees. In this case, a backward ejection 
within 5%, i.e. P., = 0.95 is probable at the minimum rated speed 
(n = 1000 rpm). At the other speeds the values of Qen can be obtained 
by taking en as linearly dependent on the speed (see Fig. 4.1). Then 

y, = To+AT PsPr 
i T, EPchPa — 9sPr 
At n = 1000 rpm 
... 203 4- 19.5 0.104 


Vr = — 996 X &5x0:95x0.0995 0.194 = 00916 
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At n=3200 rpm 


(. 298--44 0.1082 2 
Y= 000 X HEN 1.025x 0.0951 —0.1082- = 9.0461 
At n=5600 rpm 
293 -- 8 0.418 : 
Ye = “060 X 8.8x1.1x 0.085 0-118 = 0: 0499 
At n = 6000 rpm 
| 2934-7 0.1201 M 
Ve = 740757 X EX 111x (0.0828 01201 7 9.0908 


The temperature at the end of induction 
T, (To T AL + RT + +) 

At n = 1000 rpm 

= (293 + 19.5 + 0.0516 x 900/(1 + 0.0516) = 341 K 
At n = 3200 rpm 

Ta = (293 + 14 + 0.0461 x 1000)/(1 + 0.0461) = 338 K 
At n = 5600 rpm 

Ta = (293 + 8 + 0.0495 x 1060)/(1 + 0.0495) = 337 K 
At n = 6000 rpm 

Ta = (293 + 7 + 0.0509 x 1070)/(1 + 0.0509) = 337 K 


The coefficient of admission 


~ 
e 
| 


I 1 1 
y = FLAP ¿ET p. (PenEPa — PsPr) 


At n = 1000 rpm 
_ 298 1 
"lv = 393-119.5 * 8.5—1 
X (0.95 x 8.5 x 0.0995 — 0. 104) = 0.8744 


At n = 3200 rpm 


293 1 Í _ 
nv = spp X HET Xg (1-025 8.5 x 0. 0951-0. 1082) = 0.9167 


X 
At n = 5600 rpm 


293 .. 14 1 E B 


At n = 6000 rpm 


_ 298 1 1 = 
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The compression process. The mean compression adiabatic index 
k, ate = 8.5 and computed values of T, is determined against the 
graph (see Fig. 3.4), while the mean compression polytropic index n, 
is taken somewhat less than kı. When choosing n4, it should be taken 
into account that with a decrease in the engine speed, the gas heat 
rejection to the cylinder walls increases, while m, decreases as com- 
pared with A, much more: 


n — 1000, 3200, 5600, 6000 rpm 
k, = 1.3767, 1.3774, 1.3772, 1.3772 
T, = 341, 338, 337, 337 K 
n, = 1.370, 1.376, | 4377, 1.377 


The pressure at the end of compression 


Pc = pag 
At n = 1000 rpm p, = 0.0995 x 8.514379 — 4.8666 MPa 
At n = 3200 rpm p, = 0.0951 x 8.5376 — 1,8072 MPa 
At n = 5600 rpm p, = 0.085 x 8.537 = 1.6184 MPa 
At n = 6000 rpm p, = 0.0828 x 8.51377 = 1.5765 MPa 


Il 


The temperature at the end of compression 
T sqm 


At n = 1000 rpm T, = 341 x 8.51370-1 — 753 K 
At n = 3200 rpm T, = 338 x 8.513191 — 756 K 
At n = 5600 rpm T, = 337 x 8.537131 — 755 K 


At n = 6000 rpm 7, = 337 x 8.513777! — 755 K 
The mean molar specific heat at the end of compression: 
(a) fresh mixture (air) 
(mey) = 20.6 + 2.638 x 1073t, 
where te = T, — 273°C. 
n = 1000, 3200, 5600, 6000 rpm 
t, = 480, 483, 482, 482°C 
(mcy): = 21.866, 21.874, 21.872, 21.872 kJ/(kmole deg) 
(b) residual gases 
(meg) is determined by extrapolation against Table 1.7: 
At n = 1000 rpm, a = 0.86 and t, = 480°C 
(mcy)? = 23.303 + (23.450— 23.303) 0.01/0.05 


— 23.332 kJ/(kmole deg) 
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where 23.303 and 23.450 are the values of combustion product speci- 
fic heat at 400°C with a = 0.85 and a = 0.9 respectively, as taken 
from Table 1.7, 


(mcy) = 23.707 + (23.867 —23.707) 0.01/0.05 
— 23.739 kJ/(kmole deg) 


where 23.707 and 23.867 are the values of combustion product specific 
heat at 500°C with a = 0.85 and « = 0.9, respectively, as taken 
from Table 1.7. 

The combustion product specific heat at t, = 480°C is 


(mcs)? = 23.332 + (23. 739 — 23.332) 80/100 = 23.658 kJ /(kmole deg) 
At n = 3200 rpm, œ = 0.96 and t, = 483°C the determination 


of (meg) is also made by extrapolation with the use of data in 
Table 1.7. 


(meyi = 23.586 + (23. 712 — 23.586) 0.01/0.05 
— 23.611 kJ/(kmole deg) 
(mcy) = 24.014 4- (24.150 — 24.014) 0.01/0.05 
= 24.041 kJ/(kmole deg) 
(mcy): = 23.611 4- (24.041 — 23.611) 83/100 
— 23.968 kJ/(kmole deg) 
At n = 5600 and 6000 rpm, a = 0.96 and t, = 482°C 


(mei) = 23.614 + (24.041 — 23.611) 82/100 
= 23.964 kJ/(kmole deg) 
(c) working mixture 
(mep) = a [ey Jie + v, (mes) 
At n = 1000 rpm 
(me) = pg ggg 121.866 4-0.0516 x 23.658] 
— 21.954 kJ/(kmole deg) 
At n — 3200 rpm 
(met = Tet [21.874 -- 0.0461 x 23.968] 
== 21.966 kJ/(kmole deg) 
At n = 5600 rpm 
(mej) = Es [21.872 +0.0495 x 23.964] 
= 21.971 kJ/(kmole deg) 
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At n —6000 rpm 
= 24.973 kJ/(kmole deg) 


The combustion process. The molecular change coefficient of com- 
bustible mixture uy = M/M, and that of working mixture 
u = (Uo e Y/U + 33): 

At n = 1000 rpm po = 0.4952/0.4525 = 1.0944; u = (1.0944 
+ 0.0516)/(1 + 0.0516) = 1.0898; 

At n = 3200 rpm p = 0.5360/0.5041 
+ 0.0461)/(1 + 0.0461) = 1.0605; 

At n = 5600 rpm p = 0.5360/0.5041 = 1.0633; p = (1.0633 
+ 0.0495)/(1 + 0. 0495) = 1.0603; 

At n = 6000 rpm wy = 0.5360/0.5041 = 1.0633; u = (1.0633 
+ 0.0509)/(1 + 0.0509) = 1.0602. 

The amount of heat lost because of chem‘cally incomplete com- 
bustion of fuel 


1.0633; p = (1.0633 


| 


| 


AH, = 119 950 (1 — a) Lo 


At n = 1000 rpm AH, = 119 950 (1—0.: 6) 0.516 = 8665 kJ/kg. 

At n = 3200, 5600 and 6000 rpm 44, = 119950 (1—0. 
X 0.516 — 2476 kJ/kg. 

The heat of combustion of working mixture 


Bum = (H, a AH) IM, (lise v;)] 


At n = 1000 rpm H,,.,, = (43 930 — 8665)/10.4525(1 + 0.0546) 
= 74110 kJ/kmole of work. mix.; 

At n = 3200 rpm! Hum = (43 930—2476):[0.5041(1 + 0.0461: 
= 78610 kJ/kmole of work. mix.; 

At n = 5600 rpm H,,,, = (43 930—2476)/[0.:041 (1 + 0.0495): 
= 78 355 kJ/kmole of work. mix.; 

At n = 6000 rpm H,.» = (43 930—2476)/[0.5041 (1 + 0.0504): 
= 78 251 kJ/kmole of work. mix. 

The mean molar specific heat of combustion products 


(mcr) = (1/M,) [M co, (meyco,)t5 + Meco (meyco)ti + Mg ,o (meyn) 
Mu, (meva Ji +My, (meyn) i] 


At n — 1000 rpm (mcy) = (1/0.4952) [0.0512 x (39.123 
— 0.003349t,) + 0.02 (22.49 + 0.00143 £,) + 0.0625 (26.67 
+ 0.004438 ¢,) + 0.01 (19.678 + 0.001758 t,) + 0.3515 (21.951 
+ 0.001457 t,) = 24.298 + 0.002033 t, kJ/(kmole deg); 
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At n = 3200, 5600 and 6000 rpm (mcy)E = (1/0.536) [0.0655 
x (39.123 + 0.003349 ¢,) + 0.0057 (22.49 + 0.00143 £,) 

+ 0.0696 (26.67 + 0.004438 t;) + 0.0029 x (19.678 + 0.001758 t;) 
+ 0.3923 (21.951 + 0.001457 t,)]= 24.656 + 0.002077 t, kJ/(kmo- 
le deg). 

At n = 5600 and 6000 rpm the value of tbe heat utilization coef- 
ficient £, decreases due to material aftercombustion of fuel during the 
process of expansion. At n = 1000 rpm it intensively drops because of 
the increase in heat losses through the cylinder walls and at clearan- 
ces between the piston and cylinder. In view of this, when the speed 
varies, E, is roughly taken (see Fig. 4.1) within the limits which 
take place in operating carburettor engines: 


n = 1000, 3200, 5600, 6000 rpm 
E, = 0.82, 0.92, 0.91, 0.89 


The temperature at the end of visible combustion process 
[4 t ” Pa 
E Hu s (me) te= p (mev)s t; 


At n — 1000 rpm the formula will take the form: 0.82 x 74 110 
+ 21.954 x 480 = 1.0898 (24.298 + 0.002033 ¢,) t,, or 
0.002216 t2 + 26.480 t, — 71 308 = 0. 
Hence 


t, = (— 26.480 + Y 26.482 + 4 x 0.002216 x 71308)/(2 x 0.002216) 
— 2264°C 
T, = t, + 273 = 2264 + 273 = 2537 K 
At n = 3200 rpm 
0.92 x 78 610 + 21.966 x 483 = 1.0605 x (24.656 
+ 0.002077 t,) t,, or 0.002203 t? + 26.148 t, — 82 931 = 0. 
Hence 
= (—26.148-+ V 26.1482 + 4 x 0.002203 x 82931) /(2 x 0.002203) 
= 2602°C 
T, = t, + 273 = 2602 + 273 = 2875 K 
a n = 5600 rpm 0.91 x 78 355 + 21.971 x 482 = 1.0603 
x (24.656 D 0.002077 t,) t,, or 0.002202 #2 + 26.143 t, 
— 81 893 = 
ence 
t, = (~-26.143 +- 26. 14327 4 x 0.002202 x 81 893)/ (2 x 0.002202) 


= 2575°C 
T, = t, + 278 = 2575 + 273 = 2848 K 
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At n = 6000 rpm 0.89 x 78 251 + 21.973 x 482 = 1.0602 
x (24. 656 + 0.002077 t,) t}, or 0.002202 B + 26.140 t 

— 80 234 = Q. 

Hence 


1, =(— 26.140 + Y 26.142 + 4 x 0.002202 x 80 234)/(2 x 0.002202) 
= 2530°C 
T, = t, + 273 = 2530 + 273 = 2803 K 
The maximum theoretical combustion pressure 


Pz = PUTAT., 


Atn = 1000 rpm p, = 1.8666 x 1.0898 x 2537/753 = 6.8537 MPa; 
At n = 3200 rpm p, = 1.8072 x 1.0605 x 2875/756 
== 7.2884 MPa; 
At n = 5600 rpm p, = 1.6184 x 1.0603 x 2848/755 
— 6.4730 MPa; 
At n = 6000 rpm p, = 1.5765 x 1.0602 x 2803/755 
— 6.2052 MPa. 
The maximum actual combustion pressure 


Pza = 0.99 p, 
n = 1000, 3200, 5600, 6000 rpm 
Pza = 5.8256, 0.1951 5.5021 5.2744 MPa 


The pressure ratio 
À = pp. 
n — 1000, 3200, 5600, 6000 rpm 
À = 3.672, 4.033, 4.000, 3.936 


The expansion and exhaust processes. The mean figure of expansion 
adiabatic index k, is determined against the nomograph (see Fig. 3.8) 
with e = 8.5 specified for the corresponding values of œ and T,, 
while the mean figure of expansion polytropic index n, is evaluated 
by the mean adiabatic index: 

n = 1000, 3200, 5600, 6000 rpm 
a = 0.86, 0.96, 0.96 0.96 
T, = 2537, 2875, 2848, 2803 K 
k, = 1.2605, 1.2515, 1.2518, 1.2522 
n, = 1.260, 1.251, 1.254 1.252 


The pressure and temperature at the end of the expansion process 


| 


py = p,l^ and T, = T/g"! 


At n = 1000 rpm p, = 6.8537/8.51-76 = 0.4622 MPa and 
T, = 2537/8.5126-1 — 1455 K: 
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At n = 3200 rpm po = 7.2884/8.51.251 = 0,5013 MPa and 
T, = 2875/8.51-251-1 = 1680 K; 

At n = 5600 rpm p,=6. 4730/8.51.251 = 0.4452 MPa and 
T, = 2848/8.5*.251-1 = 1665 K; 

At n = 6000 rpm p; = 6. 2052/8.51-252 = 0,4259 MPa and Ts 
= 2803/8.51-252-1 — 1634 K 

Checking the fuia taken temperature of residual gases 








T 
gp sce T 
"Y polpr 
At n —1000 rpm T, —4—2 = 885 K; 
T — 3/0.4622/0.104 i 
A = 100 (885 — 900)/900 = — 1.7%; 
At n=3200 rpm T, =;% — = 1008 K; 


y 0.5013/0.1082 
A = 100 (1008 — 1000)/1000 = + 0.896; 
4665 
A = 100 (1070 — 1060)/1060 = + 0. 996; 


Na n = 6000 rpm 7, — 1634/,/ 0.4259/0.1201 = 1072 K; 

= 100 (1072 — 1070)/1070 = 0.296 where A is a computation error. 

"s results show that the temperature of residual gases is taken 
properly at the beginning of the design computations for all speeds, 
as the error does not exceed 1.796. 

The indicated parameters of working cycle. The theoretical mean 
indicated pressure 


rl [eo lt) he (1) 


At n= 1000 rpm 











p= wer ur (1-11) 
mor ll) | = 11317 MPa 


At n=3200 rpm 


, 4.8072 [ 4.033 (a 1 ) 
Pi = 3.51 | 1.251—1 8.51-251-1 


-r (1— 1) ]=1. 2546 MPa 


1—0946 
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98 
At n = 5600 rpm 
=a tloa 5 — uem) 
— (1 m7) |= 1.1120 MPa 


At n= 6000 rpm 
' 1.5769 3.936 1 
Pi = 35-1 | 1.252—1 (1— 8.51-252-1 ) 


1 (1 1377) |= 1.0600 MPa 


ALBA V gah- 





The mean indicated pressure 
Pi = Prpi = 0.96p; 
where the coefficient of diagram rounding-off q, = 0.96. 
n = 1000, 3200, 2600, 6000 rpm 
pi = 1.0864, 1.2044, 1.0675, 1.0176 MPa 


The indicated efficiency and the indicated specific fuel consumption 


ni = piloa/(Hy Pony) and g; = 3600/(H,n;) 

At n = 1000 rpm m; = 1.0864 x 14.957 x 0.86/(43.93 x 1.189 
X 0.8744) = 0.3060; g; = 3600/(43.93 x 0.3060) = 268 g/(kW h); 

At n = 3200 rpm m; = 1.2044 x 14.957 x 0.96/(43.93 x 1.189 
X 0.9167) = 0.3612; g; = 3600/(43.93 x 0.3612) = 227 g/(kW h); 

At n = 5600 rpm m; = 1.0675 x 14.957 x 0.96/(43.93 x 1.189 
X 0.8784) = 0.3341; g; = 3600/(43.93 x 0.3341) = 245 g/(kW h); 

At n = 6000 rpm m; = 1.0176 x 14.957 x 0.96/(43.93 x 1.189 
x 0.8609) = 0.3249; g; = 3600/(43.93 x 0.3249) = 252 g/(kW h). 

The engine performance figures. The mean pressure of mechanical 
losses for a carburettor engine having up to six cylinders and a 
a stroke-bore ratio S/B< 1 


Pm = 0.034 + 0.0113 Up. 


Having taken the piston stroke S as equal to 78 mm, we obtain 
= Sn/3 x 10*— 78 n/3 x 104= 0.0026 n m/s, then pm = 0.034 
Es 0. 0113 x 0.0026 n MPa, and at various speeds 
n — 1000, 3200, 5600, 6000 rpm 


Dom = 2.5, 8.32, 14.56, 15.6 m/s 
m = 0.0634, 0.1280, 0.1985, 0.2103 MPa 


Ir I 
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The mean effective pressure and mechanical efficiency 


Pe = Pi — Pm and Ym >= PelPi 


n= 1000, 3200, 5600, 6000 rpm 

pi = 1.0864, 1.2044, 1.0675, 1.0176 MPa 
Pe 1.0230, 1.0764, 0.8690, 0.8073 MPa 
Nm = 0.9416, 0.8937, 0.8141, — 0.7933 


The effective efficiency and effective specific fuel consumption 


Ne = "itm and Be = 3600/H ue 
= 1000, 3200, 5600, 6000 rpm 
n: = 0.3060, 0.3612, 0.3341, 0.3249 
He = 0.2881, 0.3228, 0.2720, 0.2577 
g, = 284, 254, 301, | 318 g/(kW h) 


Basic parameters of cylinder and engine. The engine displacement 
V; = 30xN ,/(p,n) = 30 x 4 x 60/(0.869 x 5600) = 1.4795 1 
The cylinder displacement 


V, = Vili = 1.4795/4 = 0.3699 1 


The cylinder bore (diameter) is as follows. As the piston stroke has 
been taken equal to 78 mm, then 


B—2x10 Y V,/(nS8) = 2 x 108 V 0.3699/(3.14 x 78) — 77.72 mm 
The bore B and stroke S are finally assumed to be equal to 78 mm 
each. 
The basic parameters and indices of the engine are defined by the 
finally adopted values of bore and stroke 
V; = nB*Si/(á x 10% = 3.14 x 78? x 78 x 4/(4 x 108) = 1.49] 
Fp = nB*/A = 3.14 x 787/4 = 4776 mm? = 47.76 cm? 


3 x 10! Ne 
= x 





Ne= p,Vinj30v; M, = ; G,— N,g, x 10? 


n — 1000, 3200, 0600, 6000 rpm 
Pe = 1.0230, 1.0764, 0.8690, 0.8073 MPa 
Ne = 12.70, 42.77, 60.42, 60.14 kW 
M = 121.3, 127.7, 103.1, 93.8 Nm 
G, = 3.607, 10.864, 18.186, 19.125 kg/h 
The engine power per litre 
N, = N,/V, = 60.42/1.49 = 40.55 kW/l 
Plotting the indicator diagram. The indicator diagram (see 
Fig. 3.14) is plotted for the rated (nominal) regime of the engine, 
i.e. at N, = 60.42 kW and n = 5600 rpm. 
The diagram scale is as follows: the piston stroke scale M, — 1 mm 
per mm and the pressure scale Mp = 0.05 MPa per mm. _ 


- 
78 
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The reduced values corresponding to the cylinder displacement 
and the combustion volume (see Fig. 3.14) are: 


AB = SIM, = 18/.0 = 78 mm; OA = AB/(e — 1) 
= 78/(8.5 — 1) = 10.4 mm 
The maximum height of the diagram (point z) 
p, My = 6.473/0.05 = 129.5 mm 


The ordinates of specific points 
p, My = 0.085/0.05 = 1.7 mm; p¿/My = 1.6184/0.05 = 32.4 mm 
p» M, = 0.4452/0.05 = 8.9 mm; p,/M, = 0.118/0.05 = 2.4 mm 


po/M, = 0.1/0.05 = 2 mm 


The compression and expansion polytropic curves are analytically 
plotted as follows: 
(a) the compression polytropic curve p; = pa(V,/V.)™. Hence, 


p M, = (palMy)(OBIOX)™ = 1.7(88.4/0X)137" mm 


where OB = OA + AB = 10.4 + 78 = 88.4 mm; 
(b) the expansion polytropic curve p, = ps (Val Vx)™. Hence, 


pxMy = (p,/M,) (OBIOX)™ = 8.9 (88.4/0X)*) mm 


The results of computations of polytropic curve points are given 
in Table 4.1. The computation points of polytropic curve are shown 














Table 4.1 
= Compression polytrope Expansion polytrope 
£ NM OB/OX (9 1.317 P,/Mp, | p, MPa (eae Py/Mp. | p.. MPa 
& OX mm il OX mm i 
1 10.4] 8.5 19.04 32.4 1.62 14.55 129.5 6.47 
(point c) (point z) 
2 11.041 8 47.52 29.8 1.49 13.48 120.0 6.00 
3 12.6] 7 14.57 24.8 1.24 11.41 101.5 5.08 
4 |17.7| 5 9.173 15.6 0.78 7.490 66.7 3.34 
5 |22.1| 4 6.747 11.5 0.58 2.666 90.4 2.92 
6 |29.5 | 3 4.539 7.7 0.385 3.953 35.2 1.76 
7 | 44.2 | 2 2.597 4.4 0.22 2.380 21.2 1.06 
8 |58.9| 1.5 1.748 3.0 0.15 1.661 14.8 0.74 
9 88.4 | 1 1 1.7 0.085 1 8.9 0.445 


(point a) (point 5) 
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in Fig. 3.14 only to visualize them. For practical computations they 
are not shown in the diagram. 
The theoretical mean indicated pressure 


pi = F\M,/AB = 1725 x 0.05/78 = 1.106 MPa 


where F’ = 1725 mm? is the area of diagram aczba in Fig. 3.14. 

The value p; = 1.106 MPa, obtained by computing the area of the 
indicator diagram, is very close to the value p; = 1.112 MPa obtain- 
ed from the heat analysis. 

Rounding off the indicator diagram is accomplished on the basis 
of the following reasons and computations. Since the engine under 
design has a fairly high speed (n — 5600rpm), the valve timing should 
be set with taking into account the necessity of obtaining of good 
scavenging of waste gases out of the cylinder and charging up the 
cylinder within the limits assumed in the design. In view of this, 
the intake valve starts to open (point r') 18 degrees before the piston 
is in T.D.C. and it closes (point a”) 60 degrees after the piston leaves 
B.D.C. The exhaust valve is assumed to open (point b') 55 degrees 
before the piston is in B.D.C. and to close (point a’) 25 degrees after 
the piston passes T. D.C. Because of the engine speed, ignition advance 
angle @ is taken 35 degrees and the ignition delay Aq,, 5 degrees. 

In accordance with the assumed timing and ignition advance angle 
determine the position of points r', a’, a^, c', f and b' by the formula 
for piston travel (see Chapter 6): 


B 
AX = f [a — cosp) + (1 — cos 29) | 


where À is the ratio of the crank radius to the connecting rod length. 
The choice of the value of À is carried out during the dynamic ana- 
lysis, and in plotting the indicator diagram it is preliminarily taken 
as à = 0.285. 
The computations of ordinates of points r’, a’, a”, c', f and b’ are 
tabulated below (Table 4.2). 


Table 4.2 


Points are 


; ; AT. » A distant from 
Point Point position 9 (1-cos 9) + T x (1-cos 29)| T p.c. (AX), 


mm 


a 


r 18? before T.D.C. 18 0.0655 2.6 
a’ 25° after T.D.C. 25 0.1223 4.8 
a" 60? after B.D.C. 120 1.6069 62.5 
c' 35? before T.D.C. 35 0.2313 9.0 
Í 30° before T.D.C. 30 | 0.1697 6.6 
b' 55? before B.D.C. 125 1.6667 65.0 
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The position of point c” is determined from the expression 


per = (1.15 to 1.25) p, = 1.25 x 1.6184 = 2.023 MPa 
pelM, = 2.023/0.05 = 40.5 mm 


The actual combustion pressure 


Pza = 0.85p, = 0.85 x 6.478 = 5.5021 MPa 
Pro! Mp = 5.5021/0.05 = 110 mm 


The growth of pressure from point c" to z, is 5.5021— 2.023 
— 3.479 MPa or 3.479/12 — 0.29 MPa/deg of crankshaft angle, where 
12? is the position of point z, on the horizontal (to make the fur- 
ther computation easier, it may be assumed that the maximum com- 
bustion pressure p;, is reached 10° after T.D.C., i.e. when the crank- 
shaft revolves through 370,degrees). 

Connecting with smooth curves point r to a’, c' to c" and on to z, 
and with the expansion curve point b’ to b” (point b" is usually found 
between points b and a) and the exhaust line b’r’r, will give usa 
rounded-off actual indicator diagram ra'ac'fc”z,b'b”"r, 


Heat Balance 


The total amount of heat introduced into the engine with fuel 


Qo = H,G,/3.6 = 43 930G,/3.6 = 12 203G; 
n = 1000, 3200, 5600, 6000 rpm 
G; = 3.607, 10.864, 18.186, 19.125 kg/h 
Qa = 44020, 132570, 221 920, 233 380 J/s 


The heat equivalent to effective work per second 


Qe = 1000 N. 


n = 1000, 3200, 5600, 6000 rpm 
Qe = 12700, 42770, 60420, 60140 J/s 
The heat transferred to the coolant 


Q. =ciB**"n"” (Ha — AH,)/(a.H,) 


where c = 0.45 to 0.53 is the proportionality factor of four-stroke 
engines. In the computations c is assumed equal to 0.5; i is the num- 
ber of cylinders; B is the cylinder bore (diameter), cm; n is the engine 
speed in rpm; m = 0.6 to 0.7 is the index of power for four-stroke 
engines. 

We assume in the computations that m = 0.6 at n = 1000 rpm 
and m = 0.65 at other speeds. 

At n = 1000 rpm Q. = 0.5 x 4 x 7.81 *?x?.6 x 100008 x (43 930 
—8665)/(0.86 x 43 930) = 10 810 J/s; 

At n= 3200 rpm Q,=0.5 x 4 x T. 8142x065 x 32000.65 x (43 930 
— 2476)/(0.96 x 43 930) = à 050 J/s; 
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At n — 5600 rpm Q,— 0.5 x 4 x 7.81+2x0.65 x  56009.65 x (43 930 
— 2476)/(0.96 x 43 930) = 60 510 J/s; 

At n = 6000 rpm Q. .5 X 4 x 7.81+2x0.65 x 6000065 x (43 930 
— 2476)/(0.96 x 43 930) = 63 280 J/s. 
The exhaust heat 
Q, = (6,/3.6) {Mz [mcy)i, + 8.315] t, — M,[(mcs- Ji? -- 8.815] to} 


At n = 1000 rpm Q, = (3.607/3.6)(0.4952[24.197 + 8.315] 
x 612 — 0.4525[20.775 + 8.315]20) = 9610 J/s 


where (mcy) = 24.197 kJ/(kmole deg) is the specific heat of 
residual gases (determined against Table 1.7 by interpolating at 
a = 0.86 and t, = T, — 273 = 885 — 273 = 612°C); (me) 
= 20.775 kJ/(kmole deg) is the specific heat of fresh charge as deter- 
mined against Table 1.5 for air by the interpolation method at t, = 
= Ty — 273 = 293 — 273 = 20°C. 

At n = 3200 rpm 


Q, = (10.864/3.6){0.536[25.043 + 8.315] x 735 
—0.5041 [20.775 + 8.315]20) = 38770 J/s 


where (mc)? — 25.043 kJ/(kmole deg) is the specific heat of resi- 
dual gases (determined against Table 1.7 by the interpolation meth- 
od at a = 0.96 and t, —.7T,.— 273 = 1008—273 = 735°C). 
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At n — 5600 rpm 
Q, = (18.186/3.6) (0.536 [25.300 + 8.315] x 797 
—0.5041 [20.775 + 8.315] 20} = 71 060 J/s 
where (mcy) = 25.300 kJ/(kmole deg) is the specific heat of 
residual gases (determined against Table 1.7 by the interpolation 
method at a = 0.96 and t, = T, — 273 = 1070—273 = 797°C). 
At n = 6000 rpm 
Q, = (19.125/3.6) {0.536 [25.308 + 8.315] x 799 
— 0.5041 [20.775 + 8.315] 20} = 74 940 J/s 
where (mcy) = 25.308 kJ(kmole deg) is the specific heat of resi- 
dual gases (determined against Table 1.7 by the interpolation meth- 
od at a = 0.96 and f£, = T, — 273 = 1072—273 = 799°C). 
The heat lost due to chemically incomplete combustion of fuel 


Qi. ec AH,G,/3.6 


At n = 1000 rpm Q, , = 8665 x 3.607/3.6 = 8680 J/s 

At n = 3200 rpm O; , = 2476 x 10.864/3.6 = 7470 J/s 
At n = 5600 rpm Q, , = 2476 x 18.186/3.6 = 12 510 J/s 
At n = 6000 rpm O; , = 2476 x 19.195/3.6 = 13 150 J/s 


Radiation, etc. heat losses 


Q.i.. = Qo zen (Qe T Q. us Q, a Qi, c) 


At n — 1000 rpm Q, = 44 020 — (12 700 + 10 810 + 9610 
+ 8680) = 2220 J/s; 





Table 4.3 
Engine speed, rpm 
Heat balance 1000 3200 5600 6000 
components SAA A AA A ee 
Q. 3s | a% |Q Is | a% |Q Is | a% [Qo 35 | q, % 











Heat equivalent to 

net effective work |12700| 28.9 | 42770; 32.3 | 60420| 27.2 | 60140} 25.8 
Heat transferred to 

coolant 10 810, 24.6 | 42050| 31.7 | 60510] 27.3 | 63280| 27.1 
Exhaust heat 9610 | 21.8 | 38770| 29.3 | 71060| 32.0 | 74940| 32.1 
Heat lost due to che- 

mically incomplete 

combustion of fuel | 8680 | 19.7 | 7470 5.6 | 125101 5.7 | 13150| 5.6 
Radiation, etc. heat 

losses 2220 5.0 | 1510 1.1 | 17 420 
Total amount of heat 

introduced into 

engine with fuel 44020| 100 |132570| 100 |221920, 100 |233 380| 100 


A 


~] 
00 


21870) 9.4 


CH. 4. HEAT ANALYSIS AND HEAT BALANCE 105 


At n = 3200 rpm Q,,.. = 132 570 — (42 770 + 42 050 + 38 770 
+ 7470) = 1510 J/s; 

At n = 5600 rpm Q,,. = 221 920 — (60 420 + 60 510 + 71 060 
+ 12 510) = 17 420 J/s; 

At n = 6000 rpm Q,;,. = 233 380 — (60 140 + 63 280 + 74 940 
+ 13 150) = 21 870 J/s. 

For the components of the heat balance, see Table 4.3 and Fig. 4.2. 


43. HEAT ANALYSIS AND HEAT BALANCE OF DIESEL ENGINE 


Carry out the analysis of a four-stroke engine for truck applica- 
tion. The engine is an eight-cylinder (i — 8), open combustion cham- 
ber, volumetric mixing diesel having a speed n — 2600 rpm at 
compression ratio e = 17. The computations must be made for two 
engine versions: (a) an unsupercharged diesel engine having an effec- 
tive power IV, = 170 kW; (b) a supercharged diesel engine with 
supercharging pe = 0.17 MPa (a centrifugal compressor with a cooled 
casing and a vaned diffuser and a radial-flow turbine having a con- 
stant pressure upstream the turbine). 


Heat Analysis 
Fuel. According to St. Standard the engine under analysis employs 
a diesel fuel (grade JI for operation in summer and grade 3 for ope- 
ration in winter). The cetanes number of the fuel is not less than 45. 
The mean elemental composition of the diesel fuel is 
€ = 0.870, H = 0.126, O = 0.004 
The lower heat of combustion 
H,, = 33.910 + 125.60H — 10.89(0 — S) — 2.51 (9H + W) 
= 33.91 x 0.87 + 125.60 x 0.126 — 10.89 x 0.004 — 2.51 
X 9x 0.126 = 42.44 MJ/kg = 42 440 kJ/kg. 
Parameters of working medium. Theoretically the amount of air 
required for combustion of 1 kg of fuel 
1 O 1 (0.87 , 0.126 0.004 
L ) ems | 


E up x 
07 0.208 V 12 ! 4 32)” 0.2081 12 4 32 


= 0.500 kmole of air/kg of fuel 
17/8 17/8 ; 
lo— ($ C+8H—0) = 9-53 (3 0-87-+8 x 0.126 — 0.004) 
— 14.452 kg of air/kg of fuel 
The excess air factor. Decreasing the excess air factor œ to permis- 
sible limits decreases the cylinder size and, therefore, increases the 


engine power per litre. At the same time, however, it aggravates the 
heat stresses of the engine, which is especially true of the piston group 
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parts and adds to smoky exhaust. The best modern unsupercharged 
diesel engines with jet injection provide trouble-free operation at the 
rated speed without overheating materially at a = 1.4 to 1.5, and 
supercharged engines, at a = 1.6 to 1.8. In view of this we may 
assume œ = 1.4 for an unsupercharged diesel engine and œ = 1.7 for 
a supercharged diesel engine. 

The quantity of fresh charge 

at a = 1.4 Mı = al, = 1.4 X 0.5 = 0.7 kmole of fresh char- 
ge/kg of fuel; 

at a = 1.7 M, = aL, = 1.7 x 0.5 = 0.85 kmole of fresh char- 
ge/kg of fuel. | 

The quantities of individual constituents contained in the combus- 
tion products 
Mco, = 0/12 = 0.87/12 = 0.0725 kmole of CO¿/kg of fuel; 

My,0 = H/2 = 0.126/2 = 0.063 kmole of H,O/kg of fuel. 

At a = 1.4 Mo, = 0.208 (a — 1) L, = 0.208 (1.4 — 1) 0.5 

ES idea kmole of O,/kg of fuel; 
= 0.792 aL, = 0.792 x 1.4 X 0.5 = 0.5544 kmole 

of T keal fuel. 

At a = 1.7 Mo, = 0.208 (a —1) L,- 0.208 (1.7 — 1) 0.5 
— 0.0728 kmole of O,/kg of fuel; 

My, = 0.792 aL, = 0.792 x 1.7 x 0.5 = 0.6732 kmole 
of N,kg of fuel. 

The total amount of combustion products 

M,= Mco, + Mno + Mo,-- Mw; 

At a = 1.4 M, = 0.0725 + 0.063 + 0.0416 + 0.5544 
= 0.7315 kmole of com. pr./kg of fuel; 

at a = 1.7 M, = 0.0725 + 0.063 + 0.0728 + 0.6732 
-= 0.8815 kmole of com. pr./kg of fuel. 

Atmospheric pressure and temperature, and residual gases. The 
atmospheric pressure and temperature 
Po = 0.1 MPa; T, = 293 K 


‘The atmospheric pressure for diesel engines: 

Pc = po = 0.1 MPa without supercharging 

p. = 0.17 MPa as specified — with supercharging 

The ambient temperatures for diesel engines: 
T. = T, = 293 K without supercharging 
T, = To (pepe Ie = 293 (0.17/0.1)4 -65-0/1.65 — 361 K with 
supercharging 
where n, is a compression polytropic index (for a centrifugal super- 
charger with a cooled casing is taken 1.65 

A high compression ratio (e =17) of an unsupercharged diesel engine 
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reduces the residual gas temperature and pressure, while an elevated 
engine speed somewhat increases the values of T, and p,. When 
supercharging, the engine temperature rises and increases the values 
ef T, and p,. Therefore, we may assume that without supercharging 
T, =750 K, p, = 1.050 X pp = 1.05 x 0.1 = 0.105 MPa; and 
with supercharging T, = 800 K, p, 0.95 p, — 0.95 x 0.17 
= 0.162 MPa. 

The induction process. The fresh charge preheating temperature is 
as follows. TheZengine under design has no device for preheating 
a fresh charge. However, the natural preheating of a charge in a die- 
sel engine without supercharging may reach 15-20°C, while in a su- 
percharged diesel engine the preheating grows less because of a de- 
crease in the temperature difference between the engine parts and the 
supercharging air. Therefore, we assume: 


AT = 20°C for unsupercharged diesel engines; 

AT = 10°C for supercharged diesel engines. 

The inlet charge density 

Pc = pe X 10°/(R.T.) 

pe = 0.1 x 109/(287 x 293) = 1.189 kg/m? for unsupercharged 
diesel engines; 

Qe = 0.17 x 109/(287 x 361) = 1.641 kg/m? for supercharged die- 
sel engines. 

Engine inlet pressure losses 

Ap, = (B? + &i)ofap, X 1079 /2 = 2.7 x 70? x 1.189 x 10-8/2 
— 0.008 MPa for unsupercharged diesel engines; 

Ap, = 2.7 x 70? x 1.641 x 1075/2 = 0.011 MPa for superchar- 
ged engines where (f? + $in) = 2.7 and w;, = 70 m/s are taken in 
compliance with the engine speed and assuming that the diesel 
engine inlet manifold resistances are small both in supercharged and 
unsupercharged engines. 

The pressure at the end of induction 


Pa = Pe — APa 
Pa = 0.1 — 0.008 = 0.092 MPa for unsupercharged diesel engines; 


Pa = 0.17 — 0.011 = 0.159 MPa for supercharged diesel engines. 
The coefficient of residual gases 


T, EPa— Pr 
293+20 0.105 * ; 
r —— X 170.08 0.105 ^ 0.030-for unsupercharged diesel 
engines; 
_ 961--10 0.162 


tem aa ee 0.030 for supercharged engines. 
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The temperature at the end of induction 
T, = (T. AT + y TIM + Yr) 


T, = (293 + 20 + 0.03 x 750)/(1 + 0.03) = 326 K for unsuper- 


charged diesel engines; 
T, = (361 + 10 + 0.03 x 800)/(1 + 0.03) = 384 K for super- 


charged diesel engines. 
The coefficient of admission is 


ny — T, (epa — p(T. + AT) (e — 1)p. 

ny = 293 (17 x 0.092—0.105)/[(293 + 20) (17—1)0.1] = 0.854 
for unsupercharged diesel engines; 

ny = 361 (17 x 0.159 — 0.162)/[(361 + 10) (17 — 1) 0.17] 

— 0.909 for supercharged diesel engines. 

The compression process. The mean compression adiabatic and 
polytropic indices are as follows. When a diesel engine is operated 
in design conditions, we may fairly accurately take the compression 
polytropic index as roughly equal to the adiabatic index which is 
determined against the nomograph (see Fig. 3.4): 

(a) with unsupercharged diesel engines at € — 17 and 7, — 326 K 

nj is about k, = 1.370 
(b) with supercharged diesel engines at e = 17 and T, = 384 K 
k, — 1.3615 and n, is about 1.362 


The pressure and temperature at the end of compression 
Pe = Pat and T, = T, em? 

p. = 0.092 x 171.37 = 4.462 MPa, 7, = 326 x 171-371 
= 930 K for unsupercharged diesel engines; 

Pe = 0.159 x 171-362 = 7,538 MPa, T, = 384 x 17!-362-1 
— 1071 K for supercharged diesel engines. 

The mean molar specific heat at the end of compression: 

(a) of air (mey); = 20.6 + 2.638 x 1073 £,: 

(mey): = 20.6 + 2.638 x 1073 x 657 = 22.333 kJ/(kmole [deg) for 
an unsupercharged diesel engine where t, = T, — 273 =: 930 — 273 = 
= 657° C; 

(mcy) = 20.6 + 2.638 x 10-3 x 798 = 22.705 kJ/(kmole deg) 
for a euperenatged diesel engine where t. = T, — 273 = 1071—273 

98°C; 


? 


(b) of residual gases (determined against Table 1.8 by the inter- 
polation method): 
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with an unsupercharged diesel engine at a = 1.4 and t, = 697°C 
(mcy)i — 24.168 kJ/(kmole deg) 
with a supercharged diesel engine at a — 1.7 and t, = 798°C 
(mcy)¢ = 24.386 kJ/(kmole deg) 
(c) of the working medium 
(moy) = (1/(1 + v2] mes) + v» (nce) 
with an unsupercharged diesel engine (mcy): = [1/(1--0.03)] x 
x [22.333 4- 0.03 x 24.168] — 22.386 kJ/(kmole deg); 
with a supercharged diesel engine (mcy)5-— [1/(1 + 0.03)] x 
x [22.705 -+ 0.03 x 24.386] = 22.754 kJ/(kmole deg). 
The combustion process. The molecular change coefficient of fresh 
mixture: 
uo = MM, = 0.7315/0.7 = 1.045 for unsupercharged diesel en- 
gines; 
uo = M/M, = 0.8815/0.85 = 1.037 for supercharged diesel en- 
gines. 
The molecular change coefficient of working mixture 
u = (po + y/(4 + y.) = (1.045 + 0.03)/(1 + 0.03) = 1.044 for 
` unsupercharged diesel engines; 
u = (po + yN/4 + yr) = (1.037 + 0.03)/(1 + 0.03) = 1.036 for 
supercharged diesel engines. 
The heat of combustion of working mixture: 
Hom = HUM, (1 + yy] = 42 440/10.7(1 + 0.03)] = 58 860 
kJ/kmole of work. mix. for unsupercharged diesel engines; 
Hym = A NM, (1 + y,)] = 42 440/10.85 (1 + 0.03)] 
= 48 480 kJ/kmole of work. mix. for supercharged diesel engines. 
The mean molar specific heat of combustion products in diesel 
engines 
(meyi = (1/M;) LM co, (mc coj)is -+ Mno (mey 11,0), 
T Mo, (mcy 0) ae Ma, (mcy xy); (mcp) = (mey)iz + 8.315 
(me" y) = (1/0.7315) [0.0725 (39.123 + 0.003349 t,) 
+ 0.063 (26.67 + 0.004438 t;) + 0.0416 (23.723 + 0.00155 £,) 
+ 0.5544 (21.951 + 0.001457 t,)] = 24.160 + 0.00194 t£.) 
(mch) = 24.160 + 0.001912, + 8.315 = 32.475 +0.00191t, for unsu- 
percharged diesel engines; 
(mcy) = (1/0.8815) [0.0725 (39.123 + 0.0033491,) + 0.063 (26.67 + 
+ 0.004438t,) + 0.0728 (23.723 + 0.001551;) + 
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4- 0.6732 (24.951 + 0.001457t,)} = 23.847 + 0.001831, 


(meh) = 23.847 + 0.00183t, + 8.315 = 32.4162 + 0.001832, for supe- 
rcharged diesel engines. 


In modern open combustion chamber diesel engines with jet injee- 
tion well performed, the heat utilization coefficient may be taken 
as £, = 0.82 for an unsupercharged diesel engine and 0.86 for a super- 
charged diesel engine because of an increase in the engine heat-release 
rate creating better combustion conditions. 

The pressure increase in a diesel engine mainly depends on the 
quantity of cycle fuel feed. In order to reduce the gas-caused stresses 
ef the crank-gear parts, it is advisable to have a maximum combus- 
tion pressure not in excess of 11-12 MPa. In view of this it is advisable 
to take à = 2.0 for an unsupercharged diesel engine and A = 1.5 for 
a supercharged diesel engine. 

The temperature at the end of visible combustion process 


EH. m + [(mey)t + 8.3454] t, + 2270 (A— u) = u (mej)! t, 


with an unsupercharged diesel engine 0.82 x 58 860 + [22.386 
+ 8.815 x 2] 657 + 2270 (2.0 — 1.044) = 1.044 (32.475 
+ 0.001914 t,) t, or 0.001994 #2 + 33.904 t, — 76 069 = 0, hence 


t, = (— 33.904 -+ V 33.904? 4- 4 x 0.001994 x 76 069)/(2 x 0.001994) = 
= 2007°C 
T, = t, + 273 = 2007 + 273 = 2280 K 
with a supercharged diesel engine 0.86 x 48 480 + [22.754 


+ 8.315 x 4.5] 798 + 2270 (1.5—1.036) = 1.036 (32.162 
+ 0.001832,) t, or 0.001896? + 33.3904, — 70 860 = 0, hence 


t, = (— 33.32 


+ V 33.322 + 4 x 0.001896 x 70 860)/(2 x 0.001896) = 1919*C 
T, = t, + 273 = 1919 + 273 = 2192 K 

The maximum pressure of combustion 

Pz Ap, = 2.0 x 4.462 = 8.924 MPa for an unsupercharged 
diesel engine; 

p; = Àp. = 1.5 X 7.538 = 11.307 MPa for a supercharged diesel 
engine. 

The preexpansion ratio: 


p = pT HAT.) = 1.044 x 2280/(2.0 x 930) = 1.28 for an unsu- 
percharged diesel engine; 


9p = pT {/(AT.) = 1.036 x 2192/(1.5 x 1071) = 1.41 for a super- 
charged diesel engine. 
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The expansion process. The afterexpansion ratio: 


ê = s/p = 17/1.28 = 13.28 for an unsupercharged diesel engine; 
§ = s/p = 17/1.41 = 12.06 for a supercharged diesel engine. 


The mean expansion adiabatic and polytropic indices for diesel 
engines are chosen as follows. The expansion polytropic index in the 
rated condition can be taken, in view of a fairly large cylinder size, 
as somewhat smaller than the expansion adiabatic index which is 
determined against the nomograph (see Fig. 3.9): 

with an unsupercharged diesel engine at ô = 13.28, T, = 2280 
and a = 1.4, k, will be 1.2728, and n, = 1.260; 

with a supercharged diesel engine at 6 = 12.06, 7, = 2192 K and 
a = 1.7, k, = 1.2792 and n, is 1.267. 

The pressure and temperature at the end of expansion: 

for unsupercharged diesel engines p; = p,/6"2 = 8.924/13.281-28 
= 0.343 MPa; T, = TF ,/6"2-1 = 2280/13.281-26-1 = 1164 K; 
for supercharged bel engines p, = p,/6n? = 11.307/12. 061.26? 
= 0.482 MPa; T, = T,/62-1 = 5192/42. 061.267—1 — 1129 K. 

Checking the e previously taken temperature of residual gases 

T,= Tuy pvp, = = 1164/,/ 0.343/0.105 = 784 K for an unsuper- 
charged diesel engine; A = 100 (784— 750)/784 = 4.396, which is 
tolerable; 


T, = T,ly/ polp, = 1129/7/ 0.482/0.162 = 786 K for a super- 
charged diese! engine; A — 100 (786—800)/786 — 1.896, which is 
tolerable. 

The indicated parameters of working cyele. The theoretical mean 
indicated pressure 


pi Pe (910-2 (1) zh (155) 


with an unsupercharged diesel engine pi = = nue AA? (1.28 — 1) 














T 36-4 [ice rail! ouam) [= tot MPa; 
with a supercharged diesel engine pi -— D ace 5 (1.41 — 1) 
F 12671 (112071) is ie ]- t8 MPa, 


The mean indicated pressure: 


with an unsupercharged diesel engine p; = q,pi = 0.95 X 1.011 
— 0.960 MPa, where the coefficient of diagram rounding-off is taken 
as p, = 0.95; 
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with a supercharged diesel engine p; = q,pi = 0.95 x 1.266 
— 1.203 MPa. 
The indicated efficiency for diesel engines 


ni = Pilal (Ayo ny) 


with an  unsupercharged diesel engine n; = 0.96 x 14.452 
X 1.4/(42.44 x 1.189 x 0.854) = 0.450; 

with a supercharged diesel engine n; = 1.203 x 14.452 
x 1.7/(42.44 x 1.641 x 0.909) — 0.467. 

The indicated specific fuel consumption: 


with an unsupercharged diesel engine g; = 3600/(H,,1;) 
= 3600/(42.44 x 0.45) = 189 g/(kW h); 

with a supercharged diesel engine g; = 3600/(H,,n;) = 3600/(42.44 
x 0.467) — 182 g/(kW h). 

The engine performance figures. The mean pressure of mechanical 
losses 
Pm = 0.089 + 0.0118 v,,,, = 0.089 + 0.0118 x 10.2 = 0.212 MPa 
where the piston mean speed is preliminary taken as vp,m = 10.2 m/s. 

The mean effective pressure and mechanical pa E 


with an unsupercharged diesel engine — 0.960 
—0.212 = 0.748 MPa; Um = p.p; = 0. adi 96 ^ = L0: 118; 
with a supercharged diesel engine p, i — Pm = 1.203— 0.212 


= 0.991 MPa; Mm = pp, = 0.991/1. 203. — 0.824. 
The thermal efficiency and effective anne fuel consumption: 
with an unsupercharged diesel engine ne = 0.45 x 0.779 
= 0.351; ge = 3600/(H ue) = 3600/(42.44 x o. 337) = 242 g/ (kW h); 
with a supercharged diesel engine «m, = N:Nm = 0.467 x 0.824 
= 0.385; 8. = 3600/(H une) = 3600/(42. 44 x 0.385) = 220 g/(kW h). 
The cylinder size effects. The engine displacement V ,—30 t Nef (pen) 
=30x4 x 170/(0.748 x 2600) = 10.49 1. 
The cylinder displacement 


V, = Vili = 10.49/8 = 1.311 1 


The cylinder bore (diameter) and piston stroke of a diesel engine 
are as a rule made so that the stroke-bore ratio (S/B) is greater than 
or equal to 1. However, decreasing S/B for a diesel engine, as the case 
is with a carburettor engine, decreases the piston speed and increases 
Nm: In view of this it is advisable to take the stroke-bore ratio 
equal to 1. 


B —100 Y AV,/(x$/B) = 100 7/4 x 1.311/(3.14 x 1) —118.7 mm 
Finally we take B = S = 120 mm. 
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The adopted values of bore and stroke are then used to determine 
the basic parameters and indices of the engine: 


Y, = aB’ Si/(4 x 109 = 3.14 x 120? x 120 x 8/(4 x 109) 
à — 10.852 1 


_ Fp = nB*[A = 3.14 x 1902/4 = 41 300 mm? = 113 cm? 


= Sn/(3 x 104) = 120 x 2600/(3 x 10%) = 10.4 m/s, which is 
flirly close (the error is less than 2%) to the above-assumed value 
of vp,» = 10.2 m/s; 
with an unsupercharged diesel engine 
Ne = p,V,n/(30 t) = 0.748 x 10.852 x 2600/(30 x 4) 
= 175.9 kW 


M, — 3 x 10 x N,/(nn) = 30 x 10* x 175.9/(3.14 x 2600) 


— 646.4 Nm 
G; = Neg. = 175.9 x 0.242 = 42.57 kg/h 
N, = Nel Vi = 175.9/10.852 = 16.21 kW/dm? 
with a supercharged diesel engine 
Ne = p.V n/(307) = 0.991 x 10.852 x 2600/(30 x 4) = 233.0 kW 
M,=3 x 10* x N,/(an) = 3 x 10 x 233.0/(3.14 x 2600) 
— 856.2 Nm 
G; = N ege = 233.0 x 0.220 = 51.26 kg/h 
N, = N/V, = 233.0/10.852 = 21.47 kW/dm? 
Plotting an indicator diagram for supercharged diesel engine. 
The diagram scale (see Fig. 3.15) is as follows: the piston stroke scale 
= 1.5 mm per mm and the pressure scale Mp = 0.08 MPa per mm. 
The reduced values of the cylinder displacement and combustion 
chamber volume are AB = S/M, = 120/1.5 = 80 mm and OA = 
= AB/(e — 1) = 80/(17—1) = 5 mm, respectively. 
The maximum height of the diagram (points z' and z) and the posi- 
tion of point z on the axis of abscissas 


p, M, = 11.307/0.08 = 141.3 nn zz = OA (p — 1) 
= 9 (1. M — 1) — 2. 05 about 2 mm 
The ordinates of specific points 


po My = 0.1 /0.08 = 1.3 mm 
p/M, = 0.17/0.08 = 2.1 mm 
p./M, = 0.162/0.08 = 2.025 mm 
PolM, = 0.159/0.08 = 1.988 mm 
P. Mp = 7.538/0.08 = 94.23 mm 
p,/M, = 0.482/0.08 = 6.02 mm 


8—0546 
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The compression and expansion polytropic curves are plotted 
graphically (see Fig. 3.15): 

(a) angle a = 15° is taken for ray OC; 

(b) tan B, = (1 + tan a)'1 — 1 = (1 — tan 15°)!-362 — 4 = 0.381; 
p, = 20°49’; 

(c) using OD and OC, we plot the compression polytropic curve 
starting with point c; 

(d) tan B, = (1 ai tan a)”: — 1 = (1 + tan 151-267 — 1 = 
= 0.350; B, = 19°14’ 

(e) using OE and OC, we construct the expansion polytropic curve, 
starting with point z. 

The theoretical mean indicated pressure 


pi = F'M,/AB = 1254 x 0.08/80 = 1.254 MPa 


which is very close to the value of pj = 1.266 MPa obtained in the 
heat analysis (F' is the area of diagram acz'zba). 

The indicator diagram rounding-off is as follows. Taking into 
account the sufficient speed of the diesel engine under design and the 
amount of supercharging, roughly determine the following valve 
timing: intake — starts (point r 25? before T.D.C. and ends 
(point a”) 60° after B.D.C.; exhaust — starts (point 6’) 60° before 
B.D.C. and terminates (point a”) 25° after T.D.C. 

Because of the high speed of the diesel engine the injection advan- 
ce angle (point c') is taken 20 degrees and the ignition delay angle 
Aq, (point f) 8 degrees. 

In accordance with the adopted valve timing and injection advance 
angle determine the position of points b’, r', a’, a^, c' and f by the 
formula for piston travel (see Chapter 6) 


X = (AB/2)[ (4 — cosq) + (A/4)(1 — cos 2q)] 


where A is the ratio of the crank radius to the connecting rod length. 

The choice of the value of A is made during the dynamic analysis, 
and in plotting the indicator diagram the value is roughly defined 
as À — 0.270. 

The results of computing ordinates of points b’, r', a’, a^, c' and f 
are given in Table 4.4. 

The position of point c" is determined from the expression 


= (1.15 to 1.25) p, = 1.15 x 7.538 = 8.669 MPa 
Pe IM, = 8.669/0.08 = 108.34 mm 


Point z, is found on line z'z roughly near point z. 

The pressure growth from point c" to point z, is 11.307—8.669 — 
— 2.638 MPa or 2.638/10 — 0.264 MPa/deg of crankshaft angle, 
where 10 is the position of point z, on the axis of abscissas, deg. 
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Table 4.4 
Points are 

Point Position q? (1-cos @) + i (1-cos 24) ROTTAN 
T.D.C., mm 

b' 60? before B.D.C. 120 1.601 64.0 

r' 25° before T.D.C. 1 25 0.122 4.9 

a’ 25° after T.D.C. 25 0.122 4.9 

a” 60° after B.D.C. 120 | 1.601 64.0 

c' 20° before T.D.C. 20 0.076 3.0 

Í (20° -8°) before T.D.C. 12 0.038 1.5 


Connecting with smooth curves points r to a’, c' to f and c”, and 
on to Za, and connecting with the expansion curve b’ to b" (point b” is 
found between points b and a) and on to r' and r, we obtain a rounded- 
off indicator diagram ra'ac'fc"z,b'b'r. 


Heat Balance 


The total amount of heat introduced into the engine with fuel 

Q, = H,G//3.6 = 42 440  42.57/3.6 = 501 850 J/s for an unsu- 
percharged diesel engine; 

= 42 440 x 51.26/3.6 = 604 300 J/s for a supercharged diesel 

engine. 

The heat equivalent to effective work per second: 

Q. = 1000 N, = 1000 x 175.9 = 175 900 J/s for an unsuper- 
charged diesel engine; 

Q. = 1000 N. = 1000 x 233.0 = 233 000 J/s for a supercharged 
diesel engine. 

The heat transferred to the coolant: 


= CiB!*?mgn (i/a) = 0.48 x 8 x 12.01+2x0.67 x 26000.67 x 
X (444. 4) — 178 460 J/s for an unsupercharged diesel engine; 

Q. = 0.53 x 8 x 12.01+2x0.68 x 26000-68 < (1/1.7) = 184 520 J/s 
for a supercharged diesel engine where C is a proportionality factor 
(for four-stroke engines C — 0.45 to 0.53); i is the number of cylin- 
ders; B is the cylinder bore, cm; m is the index of power (for four- 
stroke engines m = 0.6 to 0.7); n is the engine speed, rpm. 

The exhaust heat (in a supercharged engine, a part of waste gas 
heat is used in a gas turbine). 


= (G,/3.6) [M, (mep)Zt, — M, (me y) te] 
Q, = (42.57/3. EM [0.7345 x 31.892 x 511 — 0.7 x 29.09 x 20] = 


= 136 150 J/s for an unsupercharged diesel engine where (mcp)? = 
= (mc) 4- 8.315 =23.577 + 8.315 —31.892 kJ (kmole deg); (me)! = 
= 23.077 is determined against Table 1.8 by the interpolation 
B* 
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method at œ= 1.4 and t, = T, — 273 = 784 — 273 == 511°C; (mcp) = 
= (mey) + 8.345 = 20.775 + 8.315—29.090 kJ /(kmole deg); (mcy)i' = 
== 20.775 is determined against Table 1.5 (column “Air”) at t, =T,— 
— 273 = 293 — 273 = 20°C; 

O, = (51.26/3.6) [0.8815 x 31.605 x 513 — 0.85 x 29.144 x 
x 88] = 164 770 J/s for a supercharged diesel engine where (mej),r = 
= (mey) + 8.315 = 23.290 + 8.315 = 31.605  kJ/(kmole deg): 
(me), = 23.290 is determined against Table 1.8 by the interpola- 
tion method at a = 1.7 and t, = T, — 273 = 186—273 = 513°C; 
(mcp) = (mne) + 8.315 = 20.829 + 8.315 = 29.144 — kJ/(kmole 
deg); (mcy); = 20.829 is determined against Table 1.5 (column 
"Air at te = T, — 273 = 361 — 273 = 88°C. 

The radiation, etc. heat losses 

Qr = Qo — (Qe + Qa + Q) 


Q, = 501 850 — (175 900 + 178 460 + 136 150) = 11 340 J/s for 
an unsupercharged diesel engine; 

Q, = 604 300 — (233 000 + 184 520 + 164 770) = 22 010 J/s for 
a supercharged diesel engine. 

For the components of the heat balance, see Table 4.5. 


Table 4.5 
Unsupercharged Supercharged diesel 
Components of heal balance diesel engine Eme 
Q, J/s a, % Q, J/s a, % 
Heat equivalent to effective work 175 900 39.1 | 233 000 38.6 
Heat transferred to coolant 178 460 35.6 | 184520 30.5 
Exhaust heat 136 150 27.1 | 164770 27.3 
Radiation, etc. heat losses 14 340 2.2 22 010 3.6 
Total amount of heat introduced 
into engine with fuel 501850 | 100.0 | 604300 | 100.0 
Chapter 5 


SPEED CHARACTERISTICS 
3.1. GENERAL 


For the performance analysis of automobile and tractor engines 
use is made of various characteristics, such as speed, load, governing. 
control and special characteristics. Generally, all characteristics are 
obtained experimentally in testing the engines. 
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Fig. 5.1. Speed characteristic of the BA3-2106 engine 


When designing a new engine, certain characteristics (for example, 
speed and load ones) can be plotted analytically. Then, a number of 
parameters are determined by empirical relations obtained on the 
basis of processing many experimental data. 

The speed characteristic shows the power, torque, fuel consumption 
and other parameters versus the engine speed. 

Depending on the position of the fuel delivery control, there are 
an external and part-load speed characteristics. 

The speed characteristic obtained at the fully open throttle (carbu- 
rettor engine) or with the fuel pump rack (diesel engine) in the posi- 
tion of rated power is known as external. The external characteristic 
makes it possible to analyse and evaluate the power, fuel economy, 
cune and performance figures of an engine operating under full 
oad. 

Any speed characteristic of an engine obtained with the throttle 
open, but partially (carburettor engine), or with the fuel pump cont- 
rol rack (diesel engine) in a position corresponding to a partial power 
output is referred to as the part-load speed characteristic. Such cha- 
. Tacteristics are utilized to analyse the effects of a number of factors 
(ignition advance angle, combustible mixture composition, mini- 
mum idling speed, etc.) on the engine performance at partial loads. 
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Fig. 5.2. Speed characteristic of the RaMA3-740 engine 


They also allow us to outline ways of improving the engine power 
and fuel economy indices. 

For the external speed characteristic of a carburettor engine, see 
Fig. 5.1 and that of diesel engine, Fig. 5.2. 


3.2. PLOTTING EXTERNAL SPEED CHARACTERISTIC 


When plotting external speed characteristics of newly designed 
engines, sometimes used are the results of the heat analysis made 
for several conditions of an engine operating with full load. This 
method, however, provides reliable results of computing speed cha- 
racteristics only when fairly complete data are available on a number 
of engine performance parameters obtained at partial speeds (see 
Sec. 4.2). 

The external speed characteristics may be plotted, to a sufficient 
degree of accuracy. by the results of a heat analysis made only of one 
operating condition of an engine. i.e. at the maximum power and the 
use of empirical relationships. 

The curves of speed characteristic are plotted within the range: 

(a) from nain = 600-1000 rpm to nmas = (1.05-1.20) ny for 
carburettor engines: (b) from ni = 350-800 rpm to ny, where n y iS 
the engine speed al the rated power. for diesel engines. 
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The maximum engine speed is limited by the conditions dictated 
by the normal working process, thermal stresses of parts, permissible 
inertia forces, etc. The minimum engine speed is determined by the 
conditions for stable engine performance under full load. 

The computation points of the effective power curve are defined 
by the following empirical relations over the intervals of each 
500-1000 rpm: 

carburettor engines 


Ne= NI [1 (RR) (5.1) 


nn nN 





diesel engines with open combustion chambers 




















Nes=Ne ZE “= [0.87 +1.13 Ts B ( x) |] (5.2) 
prechamber diesel engines 
Na=No me | 0.6--1.4 LE - EJ | (5.3) 
swirl-chamber diesel ae 
n ny \ 2 
Nex= tfo. 741.3 = (22) | (5.4) 


In the above formulae NV, is the nominal effective power in kW 
and n y is the engine speed in rpm; N ex and n, are the effective power 
in kW and engine speed in rpm, in the searched point of the engine 
speed characteristic. 


According to the computed points the effective power curve is 
plotted to the M y scale. 


The points of the effective torque curve (N m) are determined by 
the formula 


To 3 x 104N,,/ (any) (5.5) 


The torque curve plotted to the M r scale also expresses the change 
in the mean effective pressure, but to the scale Mp (MPa/mm) 


The value of mean effective pressure pex in MPa for the points 


being computed can be determined by curve T oy or from tlie expres- 
sion 


Dex = N ex90T/(V nx) (5.7) 


The points of the mean indicated pressure are found by the for- 
mula 


Dix = Dex + Pmx (5.8) 
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where pm, is the mean pressure of mechanical losses (in MPa) deter- 
mined, depending upon the engine type and design by the expres- 
sions (3.58) through (3.63). 

When plotted to the M, scale, the curve of mean indicated pres- 
sure also expresses the change in the indicated torque, but to the 
scale Mr (N m/mm): 


Mr = Mp X 10% /(nx) (5.9) 

The computation points of the indicated torque may be determi- 
ned by curve pix or from the expression 

Tix = PixV¡ X 10?/(nx) (5.10) 

The specific effective fuel consumption, g/(kW h) at the searched 


point of the speed characteristic 
for carburettor engines 


Zex = Zen l1.2—4.2no/ny + (nx/n x)? (5.11) 
for diesel engines with open combustion chambers 
Box = Ben 11.00—1.59 ny/ny + (nin y)? (5.12) 


where gen is the specific effective fuel consumption at the rated 
power, g/(kW h). 
The fuel consumption per hour, kg/h 


Gin = Bex ex X 107? (5.13) 


In order to determine the coefficient of admission, we must assume 
the manner in which « changes versus the engine speed. With carbu- 
rettor engines, the value of a may be sufficiently accurately assumed 
to be constant at all speeds, except the minimum speed. With 
Nx = Amin, use should be made of a mixture somewhat more enri- 
ched than with n, = ny, 1.€. Onmin < On py 

In diesel engines, when operating at an accelerated speed, « 
somewhat increases. For a four-stroke direct-injection diesel engine, 
a may be assumed to change linearly, a,,,, being equal to 
(0.7-0.8) any. 


With an a, change manner chosen, the coefficient of admission 
Nyx = Pexlo%x& ex/(3600 p.) (5.14) 


Then determined against the speed characteristic is the adaptability 
coefficient k which is the ratio of the maximum torque T ¿max to tor- 
que Tew at the nominal power 


k — T, max/ T ew (9.15) 


This coefficient used to assess the engine adaptability to changes 
in the external load is characteristic of the engine ability of over- 
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coming short-time overloads. With carburettor engines k = 1.20-1.35. 
With diesel engines the torque curve is more flat and the values of 
adaptability coefficient lie within 1.05 to 1.20. 

In addition to the above-considered method of plotting speed 
characteristics, there are other methods. Thus, Prof. I. M. Lenin 
has recommended percentage relations between the power, engine 
speed and specific fuel consumption obtained through plotting rela- 
tive speed curves for constructing external speed characteristics of 
engines. 

The percentage relations between the parameters of the relative 
speed characteristic of a carburettor engine are as follows: 


Engine speed n .... 20 40 60 80 100 120 
Effective power Ve .. 20 50 73 92 100 92 
Specific effective fuel 

consumption ge ... 145 100 97 95 100 115 


With four-stroke diesel engines, the percentage relations between 
the parameters of the speed characteristic are as follows: 


Engine speed n .... 20 40 60 80 100 
Excess airfactora ... 1.40 1.35 1.30 1.25 1.20 
Effective power Ne . . 17 41 67 87 100 


In the above data those values of power, engine speed and specific 
fuel consumption are recognized as 100% which are obtained on the 
basis of the heat analysis. 


9.3. PLOTTING EXTERNAL SPEED CHARACTERISTIC 
OF CARBURETTOR ENGINE 


The heat analysis made for four-speed operation of a carbu- 
rettor engine (see Sec. 4.2) is used for obtaining and tabulating 
(Table 5.1) the required parameters for plotting an external spe- 
ed characteristic (Fig. 5.3). 


Table 5.1 
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7000 2000 3000 4000 5000 6000 n,rpm 


Fig. 5.3. Speed characteristic of a carburettor engine 


The adaptability coefficient according to the speed characteristic 
k = Emil = 128/103 = 1.24 


In order to compare different methods of plotting speed characte- 
ristics and checking to see whether the heat analysis is correct (see 
Sec. 4.2). additional computations have been made on changes in 
the power and specific fuel coasumption for several speeds of an 
engine on the basis of percentage relatious belween the parameters 
of a relative speed characteristic. 

The results of computations are given in Table 5.2, and Fig. 5.9 
shows the computation points of power and specific fuel consump- 
tion. 

Comparing the obtained data with curves .V, and ge (see Fig. 5.5) 
plotted to the results of the heat analysis. the following inferences 
can be made: 

1. The points of the relative characteristic practically coincid^ 
with the external speed characteristic of power of the engine under 
design. 
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Table 5.2 
Engine speed, Ne Power, Ne Specific fuel consumption, Be 
% rpm 89 kW % gkW h) 
20 1120 20 12.08 115 346 
40 2240 50 30.24 100 301 
60 3360 13 44.11 97 202 
80 4480 92 99.99 95 286 
100 5600 100 60.42 100 301 
120 6720 92 55.59 115 346 


2. The points of the relative characteristic of specific fuel con- 
sumption somewhat differ from curve g, plotted by the heat analy- 
sis in that g, increases and specifically at low engine speeds. The 
maximum discrepance takes place at n = 1000 rpm and equals about 
23% [350 and 284 g/(kW h)]. Since the specific fuel consumption at 
n — 1000 rpm in the latest models of the engines available from the 
Volga Automobile Works amounts to 300-325 g/(kW h), the data 
obtained from the heat analysis may be recognized as fairly close to 
the real fuel consumption rates of the engines that are built and 
put into service. 


5.4. PLOTTING EXTERNAL SPEED CHARACTERISTIC 
OF DIESEL ENGINE 


On the basis of the heat analysis made for operation at the rated 
power (see Sec. 4.3), the following parameters are obtained that are 
necessary for the computations and plotting of the external speed 
characteristic of a diesel engine: 

(a) with an unsupercharged diesel engine, effective power Ne = 
= 175.9 kW, the engine speed at the maximum power ny = 
= 2600 rpm, number of cycle events t = 4, displacement V; = 
= 10.852 I, piston stroke S = 120 mm, quantity of air theoretically 
required to burn 1 kg of fuel J) = 14.452 kg of air/kg of fuel, inlet 
charge density o, = 1.189 kg/m?, excess air factor a y = 1.4, specific 
fuel consumption gey = 242 g/(kW hb); 

(b) with a supercharged diesel engine, effective power Ve = 
= 233.0 kW, the engine speed at the maximum power n y = 2600 rpm, 
number of cycle events t = 4, displacement Y, = 10.852 /, piston 
Stroke S = 120 mm, quantity of air theoretically required to burn 
1 kg of fuel 1, = 14.452 kg of air/kg of fuel. inlet charge density 
Pe = 1.641 kg/m?. excess air factor a y = 1.7. specific fuel consump- 
tion gy = 220 g/(kW h). 
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The computation points of the speed characteristic curve are as 
follows. Let us assume Amin = 600 rpm, nx, = 1000 rpm, further 
over each 500 rpm and at ny = 2600 rpm. 

All computation data are tabulated (Table 5.3). 


Table 5.3 
Ns Parameters of external speed characteristic 
£g 
EE 
A a E Nex | Tex | Pex |*p.mx| Pmx | Pix Mix | lex Gry ae Nyx 
































Unsupercharged diesel engine 


600 | 43.7} 696 |0.805| 2.4 |0.117)0.922| 797 | 301 |13.15] 1.20 | 0.983 
1000 | 78.3| 748 |0.867| 4.0 10.136, 1.003] 867 | 267 |20.91|1.24 | 0.970 
1500 |120.7| 769 |0.890| 6.0 |0.16011.050, 907 | 239 |28.85|1.29 | 0.927 
2000 |155.3| 742 |0.859| 8.0 |0.183/1.042| 900 | 230 |35.72|1.34 | 0.895 
2500 | 174. 669 | 0.772} 10.0 |0.207|0.979| 846 | 238 | 41.53| 1.39 | 0,863 

4 


5 
2600 | 175.9 | 646 | 0.748 |10.4 | 0.212 |0.960| 829 | 242 |42.57|1.40 | 0.854 


Supercharged diesel engine 


600 | 57.9| 922 |1.067| 2.4 |0.117|1.184|1023 | 274 |15.86|1.25 | 0.895 
1000 | 103.6 | 990 |1.146| 4.0 |0.13611.282|1108 | 242 | 25.07 | 1.34 | 0.910 
1500 |159.8|1018 |1.178| 6.0 |0.160| 4.338] 1156 | 217 |34.68|1.46 | 0.914 
2000 |205.6| 982 |1.137| 8.0 |0.183|1.320|1140 | 209 |42.92|1.57 | 0.914 
2500 | 231.2] 884 |1.023|10.0 |0.207|1.230|1063 | 217 |50.1711.68 | 0.914 
2600 |233.0| 856 [0.991 |10.4 |0.212|1.203| 1039 | 220 |51.26 | 1.70 | 0.909 





The power at the computation points 
Nex = (N angln y) [0.87 + 1.13 nx/ny — (nxin yl] kW 
with an unsupercharged diesel engine V,, = (175.9 n,/2600) x 
x[0.87 - 1.13 n4/2600— (n,/2600?] kW; 
with a supercharged diesel engine N ex = (233.0 n,/2600) [0.87 — 
+ 1.13 n,/2600— (n4/2600?] kW. 
The effective torque 


T ex = Nex X 3 X 10*/(nn4) = 9554 Nox/nz N m 
The mean effective pressure 


x = Nex X 30 T/V ms = 30 x 4 x Nox/(10.852 ng) 
= 11.058 N ex/n MPa 
The mean piston speed 


Up,m = S$n4/3 X 104 = 120/30 000 = 0.004 n, m/s 


The mean pressure of mechanical losses 
Pmx = 0.089 + 0.0118 vp.m MPa 
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The mean indicated pressure 
Pix = Dex + Pmx MPa 
The indicated torque 
Tix = PixV, X 109/(nx) = 10.852 x 10? p;,/(3.14 x 4) 
= 864 pix N m 
The specific fuel consumption in diesel engines 
Bex = Zen 11.55—1.55 nz/ny + (n/n y)?! 


with an unsupercharged diesel engine g ¿x = 242 [1.55—1.55 n4/n y+ 
+ (nx/ny)*] gkW h); 
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Fig. 5.4. Speed characteristics of a diesel engine 
(a) unsupercharged; (b) supercharged 


with a supercharged diesel engine gex = 220 [1.55—1.55 ng/n y+ 
+ (n/n y)*] g/(kW h). 
The fuel consumption per hour 


Gye = 10 goxN ex kg/h 


The assumed excess air factor: 

with an unsupercharged diesel engine &, min = 0.86 4 y = 0.86 x 
X 1.4 = about 1.2; 

with a supercharged diesel engine %, min = 0.74 Gy = 0.74 x 
X 1.7 = 1.25. 
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Connecting points @, min and & y (Fig. 5.4a, b) with a straight line, 
we obtain the values of «4 for all computation points for unsuperchar- 
ged and supercharged diesel engines. 

The coefficient of admission 


Nys = Pex! o&x¥ ex/ (3600 pe) 


with an unsupercharged diesel engine y y. = 14.452 PoxAx8 ex! (3600 x 
x 1.189) = 0.00338 p exđxg ex; 

with a supercharged diesel engine y, = 14.452 p ex@xg ex/ (3600 x 
x 1.641) = 0.00245 p. 0.8 ex 

Following the computation data given in Table 5.3, we plot the 
external speed characteristics for unsupercharged diesel engines 
(Fig. 5.4a) and supercharged diesel engines (Fig. 5.46). 

The adaptability coefficient: 

with an  unsupercharged diesel engine k = T,max/T,y = 
= 769/646 = 1.19; 

with a supercharged diesel engine k = To max/T ¿y = 1018/856 = 
= 1.19, where the values of T ¿max are determined against the speed 
characteristic curves. 


Part Two 





KINEMATICS AND DYNAMICS 


Chapter 6 
KINEMATICS OF CRANK MECHANISM 
6.1. GENERAL 


In internal combustion engines the reciprocating motion and force 
of pistons and connecting rods are converted into rotary motion 
and torque of the crankshaft through the crank mechanism. 

The crank mechanism may be a central type in which the axes of 
the crankshaft and cylinders lie in one plane (Fig. 6.1a) or an offset 
(desaxe) type, when the axes of crankshaft and cylinders lie in 
different planes (Fig. 6.15). A desaxe mechanism may be obtained 
also on account of displacing the piston pin axis. 

In modern practice most popular with automobile and tractor 
engine is the central crank mechanism. For the main designations 
of such a mechanism, see Fig. 6.1a: s, — the current travel of the 
piston (A stands for the piston pin axis); q — crank angle (OB stands 
for the crank) counted off from the cylinder axis A'O in the crank- 
shaft rotation direction, clockwise (point O stands for the crankshaft 
axis, point B — for the crankpin axis, and point A’ is T.D.C.); 


Fig. 6.1. Diagrams of crank 
mechanisms 


(a) central type; (4) desaxe type 
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B — the angle through which the connecting rod axis (AB) diverges 
from the cylinder axis; o — angular velocity of crankshaft rota- 
tion; R = OB — radius of crank; S = 2R = A'A" — piston stroke 
(point A” stands for B.D.C.); Le. = AB — the connecting rod 
length; A = A/L,, — the ratio of the radius of crank to the connect- 


Fig. 6.2. Crank mechanism diagram used to 
determine a minimum length of the connect- 
ing rod 





ing rod length; R + L.p = A'O — the distance from the crank- 
shaft axis to T.D.C. 

In contrast to the designations for the central crank mechanism 
in the offset crank mechanism (Fig. 6.15) angle q of crank rotation 
is counted off from straight line CO parallel with the cylinder axis 
A'D and passing through the crankshaft axis, and S = A'A" Y 2R. 
The desaxe mechanism is evaluated in terms of relative offset 
k = a/R = 0.05 to 0.15 where a = OD is the cylinder axis offset 
from the crankshaft axis. 

Inertia forces in the engine are dependent upon the above-men- 
tioned dimensions and their relationships. 

It is established that with a decrease in A = R/L,, , (due to in- 
creasing L,.,) the inertia and normal forces grow less, but in this 
case, the engine height and mass grow larger. In view of this à = 0.25 
to 0.30 is adopted for automobile and tractor engines. 

Actual values of À for certain Soviet-made automobile and tractor 
engines are as follows: 


Engine MeM3-965 M3MA-412 BA3-2106 3HJI-130 M-20 CM/T-14 AM3-240 KamA3-740 


model: 
ho... 0.237 0.265 0.295 0.257 0.280 0.280 0.264 0.267 
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For engines having a small bore the ratio R/L,., is chosen so that 
the connecting rod does not strike the bottom edge of the cylinder. 

The minimum length of the connecting rod and the maximum per- 
missible value of A, so that the connecting rod does not strike the 
cylinder edge, are chosen as follows (Fig. 6.2). The crankshaft center 
point O is marked on the cylinder vertical axis. From this point the 
crankpin rotation circle is circumscribed at a radius R = $/2. 
Then, using the constructional dimensions of the crankshaft ele- 
ments (see Table 13.1), the crankpin circumference is drawn from 
point B (the center point of the crank in B.D.C.) at a radius of r, ,. 
Next, another circle showing the web or counter-weight extreme 
point rotation is circumscribed from center point O with radius r,: 


Engines without counterweights... rı =R+4 (1.15 to 1.25) rc. p 
Engines with counterweights . . . r(—R-L-(1.3 to 1.5) rc. p 


Departing down 6-8 mm from point C draw line A-A square with 
the cylinder axis to determine a minimum permissible approach of 
the piston edge to the crankshaft axis. Using the piston construc- 
tional size relations (see Table11.1), outline the piston upward from 
line A-A, including the piston pin center (point A”). 

The distance between points A" and B is a minimum connecting 
rod length Z.., min. This distance is used to define Ama, = R/L, , min- 

In order to prevent the connecting rod from striking the walls, 
its path is checked when the piston moves from T.D.C. to B.D.C. To 
this end, pattern the connecting rod outline by cutting it of tracing 
paper and move it over the drawing so that the small-end center of 
the connecting rod moves along the cylinder axis, while the big-end 
center moves along the circle having radius A to ascertain that the 
connecting rod does not strike the bottom edge of the cylinder which 
may be 10-15 mm above the skirt edge of the piston when it is in 
B.D.C. (line E-E). If the connecting rod strikes the cylinder bottom 
edge in motion, increase the connecting rod length or cut recesses in 
the cylinder walls to receive the connecting rod. The same diagram is 
used to draw the path of the outer points of the connecting rod big 
end to define the overall dimensions ofthe engine crankcase and 
location of the camshaft. The value of X taken preliminarily in plot- 
ting the indicator diagram remains true, provided À < Amax- 

The computation of the crank mechanism kinematics consists in 
defining the path, speed and acceleration of the piston. It is assumed 
that the crankshaft rotates at a constant angular velocity œ (in prac- 
tice œw is not constant because of continuously varying gas loads 
applied to the piston and strains in the crankshaft). This assumption 
allows us to consider all kinematic values as a function of the crank 
angle ¢ which is in proportion to time at w constant. 


9—0946 
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6.2. PISTON STROKE 


For an engine having a central crank mechanism. the piston tra- 
vel (m) versus the crank angle is 


s. — R | (1— cos q) + y — eos B) ] (6.1) 


The computations are more convenient when use is made of an 
expression in which the piston travel is a function only of angle q. 

For practical computations such an expression is obtained accurate 
enough, when substituting in formula (6.1) only two first terms for 
the values 

1 
2x4 





cos B — 1— 7- J^ sin? q — À*sin*q —... 


neglecting (due to the minute value) the terms above the second 
order: 


S= R [d cose) + 4 (1—cos 29) | (6.2) 


Table 6.1 





A, 
Values of (1 — cos q) + za — cos 2 q) at A of 


























p° q 
30.24 0.25 0.26 0.27 0.28 0.29 0.30 0.31 

0 | 0.6000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 360 
10 | 0.0188} 0.0190 | 0.0194 | 0.0193 | 0.0194 | 0.0196 | 0.0197 | 0.0199 | 350 
20 |0.0743 | 0.0749 | 0.0755 | 0.0764 | 0.0767 | 0.0773 | 0.0779 | 0.0784 | 340 
30 | 0.1640 | 0.1653 | 0.1665 | 0.1678 | 0.1690 | 0.4703 | 0.1715 | 0.1728 | 330 
40 | 0.2836 | 0.2857 | 0.2877 | 0.2898 | 0.2918 | 0.2939 | 0.2960 ¡0.2980 | 320 
50 | 0.4276 | 0.4306 | 0.4335 | 0.4364 | 0.4394 | 0.4423 | 0.4452 |0.4482 | 310 
60 | 0.5900 | 0.5938 | 0.5975 | 0.6043 | 0.6050 | 0.6088 | 0.6125 | 0.6163 | 300 
70 | 0.7640 | 0.7684 | 0.7728 | 0.7772 | 0.7816 | 0.7860 | 0.7905 | 0.7949 | 290 
80 | 0.9428 | 0.9476 | 0.9525 | 0.9573 | 0.9622 | 0.9670 | 0.9719 | 0.9767 | 280 
90 {4.1200 1.1250] 1.1300] 1.1355 | 1.1400 | 1.41450 | 1.1500 1.1580 | 270 
100 | 1.2900 | 1.2948 | 1.2997 | 1.3045 | 1.3094 | 1.34142} 1.3191 | 1.3239 | 260 
110 | 1.4480 | 1.4524 | 1.4568 | 1.4612 | 1.4656 | 1.4700 | 1.4745 1.4769 | 250 
120 |1.5900 | 1.5938 | 1.5975 | 1.6013 | 1.6050 | 1.6088 | 1.6125 | 1.6163 | 240 
130 |1.7132/1.7162|1.7191|1.7220|1.7250|1.7279|1.7308 | 1.7338 | 230 
140 |1.8156 | 1.8177 | 1.8197 | 1.8218] 1.8238 | 1.8259 | 1.8280 11.8300 | 220 
150 /1.89€0/1.8973|1.8985] 1.8998] 1.9010} 1.9023} 1.9035 | 1.9048 | 210 
160 | 1.9537 | 1.9543 | 1.9549 | 1.9555 | 1.9564 | 1.9567 | 1.9573 | 1.9578 | 200 
170 |1.9884 | 1.9886 | 1.9887 | 1.9889 | 1.9890 | 1.9892 | 1.9893 |1.9895 | 190 
180 | 2.0000 | 2.0000 | 2.0000 | 2.0000 | 2.0000 | 2.0000 | 2.0000 | 2.0000 | 180 





9x 
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It follows from equation (6.2) that at q = 90°, say = R (1 + 3:2) m, 
while at y = 180°, sigo = 2R m. The values of the multiplier enclo- 
sed by square brackets versus à and q are tabulated in Table 6.1. 

Using expression (6.2) and data of Table 6.1, the piston travel 
from T.D.C. to B.D.C. is analytically determined for a series of 
intermediate values of q (dependent on the accuracy required over 
each 10, 15, 20 or 30 degrees) and curve s = f (q) (Fig. 6.3a) is plotted. 

When the crank turns from T.D.C. to B.D.C., the piston travels 
under the influence of the connecting rod moving along the cylin- 
der axis and diverging from this axis. Due to the fact that the direc- 
tions of the piston travel through the first 1/4 (0-907) of a crankshaft 
revolution coincide, the piston covers more than half its stroke. 
The same follows from equation (6.2). When the crank travels 
through the second quarter of the crankshaft revolution (90-180^), 
the connecting rod travel directions do not coincide and the piston 
covers a shorter path, than during the first quarter. When plotting 
the piston travel graphically, this behaviour is accounted for by 
inserting the Brix correction 84/2 = R?/(2L, ,). 
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Fig. 6.3. Plotting curves of piston travel 


(a) by the analytical method (4 = 0.24); (b) by the Brix method (A = 0.20); (c) by adding 
movements of the first and second orders (A = 0.80) 
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Figure 6.3 b shows s — f (q) plotted by the method of F. A. Brix. 
The center of the circle having radius R is displaced towards B.D.C. 
by the value RA/2, and a radius-vector is drawn from the new center, 
over certain values of q (over each 30° in Fig. 6.35) until it crosses 
the circumference. The projections of cross points (1, 2, 3, ...) on the 
axis of the cylinders (the T.D.C. to B.D.C. line) give us the searched 
piston position versus given values of angle q. 

When the piston travel is considered as a sum of two harmonic 
movements of the first s,; = R (1 — cosq) and second  Syri= 
= (RMA4) (1 — cos 2q) orders, the graphical plotting of s = f (q) is 
accomplished as shown in Fig. 6.3 c. 

The piston travel (m) in an offset crank mechanism 
sx = R [(1 — cos q) + (4/4) 1 — cos 29) — kisin q) (6.3) 


6.3. PISTON SPEED 


When a piston travels, its speed (m/s) is a variable dependent only 
on the crank angle and ratio A = R/L,,, provided the crankshaft 
rotates at a constant speed: 

ds — dg ds 


Up ar ap = OR (sin 9 4- sin 29) (6.4) 


The values of the multiplier in parentheses in equation (6.4) 
versus À and q are tabulated below (Table 6.2). 

It follows from equation (6.4) that piston speed at dead centers 
(p = 0 and 180°) is equal to zero. At q = 90°, v, = Ro, and at 
p = 270°, v, = — Ho, i.e. the absolute values of piston speed at 
these points are equal to the circumferential velocity of the crankpin. 

The maximum piston speed is dependent (the other things being 
equal) on the value of A accounting for the final connecting rod length 
and is achieved at ọ < 90° (+v,) and p > 270° (—v,). With an 
increase in À, the maximum piston speed values grow and become 
shifted towards dead centers: 


Vp max & oRV 1M (6.5) 


Illustrated in Fig. 6.4a is a curve showing the piston speed versus q, 
which is analytically computed by formula (6.4). For plotting pis- 
ton speed curves graphically, see Figs. 6.4), c. 

In order to plot the piston speed curve in Fig. 6.4b use is made of 
the crank mechanism diagram. The values of piston speed for each 
angle ọ are determined on the axis square with the cylinder axis by 
the values of segments (01', 02’, 03', ...) cut by the connecting rod 
axis line and transferred to the vertical lines of the corresponding 
angles q. If that is the case ; 
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Table 6.2 
Values of (sin q + + sin 29) at A of 
qe q? 
& 0.24 | 0.23 | 0.26 | 0.27 | 0.28 | 0.29 | 0.30 | 0.34 | E 
o U 

0 | — | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 [0.0000 | — | 360 
10 | + | 0.2146 | 0.2164 | 0.2181 | 0.2198 | 0.2215 | 0.2232 | 0.2249 10.2266 | — | 350 
20 | 2-10.4191|0.4224| 0.4256 | 0.4288 | 0.4320 | 0.4352 | 0.4384 10.4416 | — | 340 
30 | + | 0.6039 | 0.6083 | 0.6126 | 0.6169 | 0.6212 | 0.6256 | 0.6299 [0.6342 | — | 330 
40 | + | 0.7610 | 0.7659 | 0.7708 | 0.7757 | 0.7807 | 0.7856 | 0.7905 |0.7954 | — | 320 
50 | + | 0.8842 | 0.8891 | 0.8940 | 0.8989 | 0.9039 | 0.9088 | 0.9137 |0.9186 | — | 310 
60 | + | 0.9699 | 0.9743 | 0.9786 | 0.9829 | 0.9872 | 0.9916 | 0.9959 4.0002| — | 300 
70 | +|1.0168 | 1.0201 | 1.0233 | 1.0265 | 1.0297 | 1.0329 | 1.0361 [1.0393 | — | 290 
80 | + | 1.0258 | 1.0276 | 1.0293 | 1.0310 | 1.0327 | 1.0344 | 1.0361 11.0378} — | 280 
90 | + | 1.0000 | 1.0000 | 1.0000 | 1.0000 | 1.0000 | 1.0000 | 1.0000 [1.0000 | — | 270 
100 | + | 0.9438 | 0.9420 | 0.9403 | 0.9386 | 0.9369 | 0.9352 | 0.9335 |0.9318 | — | 260 
410 | — | 0.8626 | 0.8593 | 0.8561 | 0.8529 | 0.8497 | 0.8465 | 0.8433 |0.8401 | — | 250 
120 | + 10.7621 | 0.7577 | 0.7534 | 0.7491 | 0.7448 | 0.7404 | 0.7361 |0.7318| — | 240 
130 | + | 0.6478 | 0.6429 | 0.6380 | 0.6331 | 0.6284 | 0.6232 | 0.6183 |0.6134 | — | 230 
140 | + | 0.5246 | 0.5197 | 0.5148 | 0.5099 | 0.5049 | 0.5000 | 0.4954 |0.4902 | — | 220 
150 | + | 0.3961 | 0.3917 | 0.3874 | 0.3834 | 0.3788 | 0.37441 0.3701 |0.3658 | — | 210 
160 | + | 0.2649 | 0.2616 | 0.2584 | 0.2552 | 0.2520 | 0.2488 | 0.2456 [0.2424 | — | 200 
170 | + | 0.1326 | 0.1308 | 0.1294 | 0.1274 | 0.1257 | 0.1240 | 0.1223 10.1206 | — | 190 
180 | + | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 | 0.0000 |0.0000 | — | 180 
v, = oR sin ( + B)/cosp (6.6) 
In Fig. 6.4c the piston speed curve is plotted by adding the speed 
harmonics of the first Up] = oRsing and second vjj; = OR (4/2) 


Sin 2@ orders. 
To compare engine speeds, use is often made in computations of 
the mean piston speed (m/s) 


Up.m = sn/30 = 2oR/n 


where s and R are in m, n in rpm and o in rad/s. 
The ratio of vp max to Up,m at A = 0.24 to 0.31 is 1.62 to 1.64: 


Up max/U p.m = (1/2) V1 ue A2 
The piston speed in an offset crank mechanism 


v,=0R (sin p++ sin 29 — kh cos P) (6.7) 


134 PART TWO. KINEMATICS AND DYNAMICS 


Vp. max 
Oo 










































Z 


N 





AT 8 
0 l NL BN]. o n od Ar ys lz 
|o? 5 MEN CHE NP, AET "s 


" UA ALA 
LA Ü 


-Vp ; a: 





Fig. 6.4. Plotting curves of piston speed 
(a) by the analytical method (4 = 0.24); (b) by the graphical method against the crank mecha- 
nism diagram (A = 0.30); (c) by the method of adding the speeds of the first and second orders 


(% = 0.80) 
6.4. PISTON ACCELERATION 


“ 


The piston acceleration (m/s*) is 


[xU p LL Up up. nd | 5, 
== Te = e^R (cos p+ cos 29) (6.8) 


The values of the multiplier in parentheses in formula (6.8) ver- 
sus A and q are tabulated below, Table 6.3. 
The maximum piston acceleration is achieved at ¢ = 0° 
Jmax = o*R (1 + A) (6.9) 
The minimum piston acceleration at: 
(a) A<0.25 at point q =180% jmin= — o?R (1 —A); 
(b) A>0.25 at point q = arccos ( — 1/44); (6.10) 
jmin = — 0?R [A+ 1/(84)]. 
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Table 6.8 





Values of (Cos q + 4 Cos 2) at 2 of | 














le z| al 
= 0.24 0.25 0.26 | 0.27 | 0.28 | 0.29 | 0.30 | 0.31 = 

0 | + | 1.2400 | 1.2500 | 1.2600 [9500 LER 1.2900 | 1.3600 4.3100| — | 360 
40 | 211.2103 | 4.2197 | 1.2291 | 1.2385 | 1.2479 | 1.2573 | 1.2667 (1.2761 | -- | 350 
90 |-- | 1.1235] 1.1312] 1.1389] 1.1465 | 1.1542 | 1.1618] 1.1695 |1.1772| — | 340 
30 | + | 0.9860} 0.9910 | 0.9960 | 1.0010 | 1.0060} 1.0110 | 1.0160 11.0210 | — | 330 
40 | + | 0.8077 | 0.8094 ! 0.81411 | 0.81429 | 0.8146 | 0.8163 | 0.8181 |0.8198 | — | 320 
50 | — | 0.6014 | 0.5994 | 0.5977 | 0.5959 | 0.5942 | 0.5925 | 0.5907 [0.5890 | — | 310 
60 | + | 0.3800 | 0.3750 | 0.3700 | 0.3650 | 0.3600 | 0.3550 | 0.3500 |0 .3450 | —- | 300 
70 | + | 0.1582 | 0.1505 | 0.4428] 0.1352 | 0.1275 | 0.1199 | 0.41122 |0. 1045 | 4- | 290 
80 | — 10.0519 | 0.0643 | 0.0707 | 0.0801 | 0.0895 | 0.0989 | 0.1083 |0.1177 | — | 280 
‘90 | — | 0.2400 | 0.2500 | 0.2600 | 0.2700 | 0.2800 | 0.2900 | 0.3000 [0.3100 | — | 270 
400 | — | 0.3991 | 0.4085 | 0.4179 | 0.4273 | 0.4367 | 0.4461 | 0.4555 |0.4649 | — | 260 
440 | -- | 0.5258 | 0.5335 | 0.5412 | 0.5488 | 0.5565 | 0.5644 | 0.5748 |0.5795| — | 250 
420 | — | 0.6200 | 0.6250 | 0.6300 | 0.6350 | 0.6400 | 0.6450 | 0.6500 [0.6550 | — | 240 
430 | -— | 0.6845 | 0.6862 | 0.6879 | 0.6897 | 0.6914 | 0.6931 | 0.6949 |0.6966 | — | 230 
140 | — | 0.7243 | 0.7226 | 0.7209 | 0.7191 | 0.7174 | 0.7157 | 0.7139 [0.7122 | -- | 220 
450 | — | 0.7460 | 0.7410 | 0.7360 | 0.7310 | 0.7260 | 0.7210 | 0.7160 10.7110 | — | 210 
160 | — | 0.7559 | 0.7482 | 0.7405 | 0.7329 | 0.7252 | 0.7176 | 0.7099 [0.70221 — | 200 
470 | — | 0.7593 | 0.7499 | 0.7405 | 0.7314 | 0.7217 | 0.7423 | 0.7029 |0.6935 | — | 190 
180 | — | 0.7600 | 0.7500 | 0.7400 | 0.7300 | 0.7200 | 0.7100 | 0.7000 [0.6900 | — | 180 


Using equation (6.8) and data of Table 6.3, we determine analy- 
tically the values of piston acceJeration for a series of angles 
within the range of q = 0-360° and plot curve j = f (q) (Fig. 6.04). 
Graphically the acceleration curve may be plotted by the method of 
tangent lines or by the method of adding harmonics of the first and 
second orders.: 

When plotting an acceleration curve by the method of tangent 
lines (Fig. 6.55), first plot curve j = f (sx) and then replot it into 
curve j — f (q). Then, lay off on segment AB — sat points A and B 
to a certain scale: j = o?R (1 + A) upward and j = — o?R (1 — A) 
downward. 

The obtained points £ and C are connected by a straight line. 
Then, the value of 39?R is laid off at point D where EC and AB 
intersect downward square with AB. The obtained point F is con- 
nected with points £ and C. Segments EF and CF are divided into 
an arbitrary but equal number of parts. The same points (a, b, c, d) 
on segments EF and CF are interconnected by straight lines aa, bb, 
cc, dd. The enveloping curve tangent to these straight lines repre- 


136 PART TWO. KINEMATICS AND DYNAMICS 

































g| HO — Uf 


Nie | 
NOK] pce 


` LL e Cy 
d |e 
tj 
eet LLL LLL 


MJ 


























aS 

va NI 2 
A 
PEA US [A o rdi 


[^ 





JT Jm 


Fig. 6.5. Plotting curves of piston acceleration 


(a) hy the analytical method (4 = 0.24); (b) by the method of a lines (A = 0.30); (c) by 
the method of adding the first and second harmonics (A = 0.60) 


sents the acceleration curve j = f (sx) versus the piston travel. Con- 
verting j = f (sx) into j = f (q) is accomplished by the method of 
F.A. Brix (Fig. 6.50). 

Plotting the curve j = f (q) (Fig. 6.9c) is made by adding acce- 
leration harmonics of the first j; = o?AHcosq and second jrr = 
= «e?*RA cos 24 orders. 

The piston acceleration in an offset crank mechanism 


j = WR (cos y + A cos 2g + ki sin q) (6.11) 
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Chapter 7 
DYNAMICS OF CRANK MECHANISM 


7.1. GENERAL 


The dynamic analysis of the crank mechanism consists in deter- 
mining overall forces and moments caused by pressure of gases and 
inertia forces which are used to design the main parts for strength 
and wear and also to determine the non-uniformity of torque 
and extent of nonuniformity in the engine run. During the opera- 
tion of an engine the crank mechanism parts are acted upon by gas 
pressure in the cylinder, inertia forces of the reciprocating masses, 
centrifugal forces, crankcase pressure exerted on the piston (which 
is about the atmospheric pressure), and gravity (gravity forces are 
generally ignored in the dynamic analysis). 

All forces acting in the engine are taken up by the useful resis- 
tance at the crankshaft, friction forces and engine supports. 

During each operating cycle (720° for four- and 360° for two- 
stroke engine), the forces acting in the crank mechanism continu- 
ously vary in value and direction. Therefore, to determine changes 
in these forces versus the crankshaft rotation angle, their values are 
determined for a number of crankshaft positions taken usually at 
10-30 degree intervals. The results of dynamic analysis are tabulated. 


7.2. GAS PRESSURE FORCES 


The gas pressure forces exerted on the piston area are replaced 
with one force acting along the cylinder axis and applied to the 
piston pin axis in order to make the dynamic analysis easier. It is 
determined for each moment of time (angle q) against an indicator 
diagram obtained on an actual engine or against an indicator dia- 
gram plotted on the basis of the heat analysis (usually at the rated 
power output and corresponding engine speed). 

Replotting an indicator diagram into a diagram developed along 
the crankshaft angle is generally accomplished by the method of 
Prof. F. A. Brix. To this end an auxiliary semicircle having radius 
R = S/2 is drawn under the indicator diagram (Fig. 7.1). Next, 
a Brix correction equal to RA/2 is laid off from the semicircle center 
(point O) towards the B.D.C. The semicircle is then divided into 
several parts by rays drawn from center O, while lines parallel with 
these rays are drawn from the Brix center (point O’). The points on 
the semicircle thus obtained correspond to certain angles ¢ (in 
Fig. 7.1 these points are spaced at 30^). Vertical lines are then drawn 
vertically from these points until they cross the indicator diagram 
lines. The pressure values thus obtained are laid off on the vertical 
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Fig. 7.1. Replotting (development) of an indicator diagram into coordinates 
pe 


of the corresponding angles q. The indicator diagram development is 
usually started from T.D.C. during the induction stroke. Note 
that in a nondeveloped diagram the pressure is counted from an 
absolute zero, while in a developed diagram an excess pressure over 
the piston Ap, = pg — Po is shown. Therefore, engine cylinder 
pressures below the atmospheric pressure will be shown in a develo- 
ped diagram as negative. The gas pressure forces directed towards 
the crankshaft axis are known as positive and those outwards it. 
negative. 
The piston pressure force (MN) 


Pg = (pg — po) Fy (7.1) 


where P, is the piston area, m*; p, and p, are the gas pressure at 
any moment of time and the atmospheric pressure, MPa. 

It follows from equation (7.1) that the gas pressure curve versus 
the crank angle will vary similarly to the gas pressure curve Ap,. 

To determine gas forces P , against the developed diagram of pres- 
sures Ap, the scale must be recomputed. If curve Ap, is plotted to 
the scale AZ, MPa per mm, then the scale of the same curve for P, 
Mill be wp = MpFp MN per mm. 
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7.3. REFERRING MASSES OF CRANK MECHANISM PARTS 


As to the type of motion the masses of the crank mechanism parts 
may be divided into reciprocating (the piston group and the con- 
necting rod small end), rotating (the crankshaft and the connecting 
rod big end), and those performing plane-parallel motion (the con- 
necting rod shank). 

To make the dynamic analysis, the actual crank mechanism is 
replaced with an equivalent system of concentrated masses. 


jsp gs 


(5) 





Fig. 7.2. System of concentrated masses dynamically equivalent to the crank 
mechanism 
(a) system of the crank mechanism referied to axes; (b) referring crank mass 


The mass of the piston group m, is concentrated at the piston pin 
axis at point A (Fig. 7.2a). The mass of the connecting rod group m, , 
is replaced by two masses one of which (m, r.p) is concentrated on 
the piston pin axis at point A, and the other (m, ,,) — on the 
crank axis, at point B. The values of these masses (kg) are: 


Mo.rep = (Le.r.e/Le.r) Mor 
Merc = (Ler, p! Le) Mor (7.2) 


where Le., is the connecting rod length; L,.,., is the distance from 
the big-end center to the connecting rod center of gravity: Le.r.p 
is the distance from the small-end center to the connecting rod 
center of gravity. 

In most of existing automobile and tractor engines M. ».p. = (0.2 
to 0.3) m, , and Mar. = (0.7 to 0.8) m... Mean values may be 
used in computations 


m = 0.213M4 y, Moric = 0.725m.., (7.3) 


C.T.p 
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The crank mass is replaced with two masses concentrated on the 
crank axis at point B (m,) and on the main bearing journal axis 
at point O (mj) (Fig. 7.25). The mass of the main bearing journal 
plus part of the webs that are symmetrical with regard to the axis 
of rotation is balanced. The mass (kg) concentrated at point B is 

m, = m, + 2m,p/R (7.4) 
where M, p is the mass of the crankpin with adjacent parts of the 
webs; m,, is the mass of the web middle part within the outline abcd 
having its center of gravity at radius p. 

In modern short-stroke engines the value of m,, is small compared 
with m,» and may be neglected in most cases. The values of m,.p 
and also m,,, if necessary, are determined proceeding from the crank 
size and density of the crankshaft material. 

Therefore, the system of concentrated masses dynamically equi- 
valent to the crank mechanism consists of mass m; = my + m, rp 
concentrated at point A, which reciprocates, and mass Mp = m, + 
+ m,.,.. concentrated at point B, which rotates. In Vee engines with 
an articulated crank mechanism Mp y = m, + 2m, , e» 

When carrying out dynamic computations on an engine the values 
of mp and m, , are defined by the prototype data or are computed 
on the drawings. 

Roughly the values of mp, m. , and m, may be determined, using 
the structural masses m’ = m/F, (kg/m? or g/cm?) tabulated below 
(Table 7.1). 


Table 7.1 
Structural masses, kg/m2 


Carburettor 


Elements of crank mechanism ¡ Diesel engines 
ens, PO ts 
100 mm) 120 mm) 
Piston group (mp =mp/F p): 
piston of aluminum alloy 80-150 150-300 
piston of cast iron 150-250 250-400 
Connecting rod (m, ,=Mc.p/F p) 100-200 250-400 
Unbalanced parts of a crank throw w/o counter- 
weights (m; =me/F p): 
steel forged crankshaft with solid journals 
and pins 150-200 200-400 
cast iron crankshaft with hollow journals 
and pins 100-200 150-300 





When determining masses against Table 7.1, note that large values 
of m' correspond to engines having cylinders of large bores. Decreas- 
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ing S/B (stroke-bore ratio) decreases m;,, and me. Greater values 
of m; correspond to Vee engines having two connecting rods on the 
crankpin. 


1.4. INERTIAL FORCES 


Inertial forces acting in a crank mechanism, in compliance with 
the type of motion of the driven masses, fall into inertial forces of 
reciprocating masses P ; and 


inertial centrifugal forces (a) p; (5) B 
of rotating masses K p (Fig. El oe Ne 
7.32). 


The inertial force produ- 
ced by the reciprocating 
masses 


P;= —m ;j = — m Ro? 
X (cos p + Acos 29) 
(7.5) 


As the case is with pis- 
ton acceleration, force P; 
may be represented by the 
sum of inertial forces of 
primary P;, and secondary 
P;;, forces: 


P; = Pjr + Pjr Fig. 7.3. Action of forcesin the crank me- 
ras E chanism 
(m;Ro COS @ (a) inertial and gas forces; (b) total forces 
+mjRw% cos 29) (7.6) 





In equations (7.5) and (7.6) the minus sign shows that the inertial 
force is opposing the acceleration. The inertial forces of recipro- 
cating masses act along the cylinder axis and like the gas pressure 
forces are positive, if directed towards the crankshaft axis, and negat- 
ive, if they are directed from the crankshaft. 

The inertial force curve of reciprocating masses is plotted similarly 
to the piston acceleration curve (see Fig. 6.5). 

The P; computations must be made for the same crank positions 
{angles q) for which Ap, and P, were determined. 

The centrifugal inertial force of rotating masses 


Kp = —mpRo? (7.7) 


is constant in value (at w = const). It acts along the crank radius 
and is directed from the crankshaft axis. The centrifugal inertial 
force K p is a resultant of two forces: 
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the inertial force of the connecting rod rotating masses 


K ge.r = —m,, Ao? and (7.8) 
the inertial force of the crank rotating masses 
Kr c 7 —m Ro? (7.9) 
With Vee engines 
Krz = = Kp er Kp c.r. - Kn CARTAS (m, d Meret Me.r.e.r) Ro? 
(7.10) 


where K p .,,; and Kp ..;., are inertial forces of the rotating masses 
of the left and right connecting rods. 

In Vee engines which have two similar connecting rods fitted on 
one crankpin 


Knz = Kr PER 2Kp er = 07 (m, T2m,.,.) Ro? — — mgsfio* (7.11) 


7.9. TOTAL FORCES ACTING IN CRANK MECHANISM 


The total forces (kN) acting in the crank mechanism are deter- 
mined by algebraically adding the gas pressure forces to the forces 
of reciprocating masses: 

P = P; + P; (7.12) 

When making dynamic computations on engines, it is advisable 
to make use of specific forces referred to unit piston area, rather 
than full forces. Then the specific total forces (MPa) are determined 
by adding the excess pressure above the piston Ap, (MPa) and spe- 
cific inertial forces p; (MN/m? = MPa): 


Pp = Apg + Pj (7.13) 


p; = PjlFy = —(mjRw?/F,) (cos p + A cos 2q) (7.14) 

A curve of specific total forces P is plotted by means of diagrams 
Ap, =f (q) and p; = f (q) (see Fig. 7.1). When summing up these 
diagrams constructed to the same scale M,, the resultant diagram p 
will be plotted to the same scale. 

The total force P, as forces p , and pj, is directed along the cylinder 
axis and applied to the piston pin axis (Fig. 7.35). The action of 
force P is transferred to the cylinder walls perpendicular to its 
axis and to the connecting rod along its axis. 

Force V (kN) normal to the cylinder axis is called the normal force 
and is absorbed by the cylinder walls: 


N-—Ptanf (1.15) 


Normal force V is known as positive, if the torque it produces with 
regard to the crankshaft axis opposes the engine shaft rotation. 

Force S (kN) directed along the connecting rod acts upon it and 
is transmitted to the crank. It is known as positive, if compresses 


where 
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the connecting rod, and negative, if it stretches the rod: 
S = P (l;cos p) (7.16) 
Acting upon the crankpin, force S produces two component forces 


(Fig. 7.35): 
a force directed along the crank radius (kN) 


K = P cos (q + B)'cos P (7.17) 
and a force tangent to the crank radius circumference 
T = P sin (q + B)'cos p (7.18) 


Force K is known as positive, when it compresses the crank throw 
webs. 

Force T is taken as positive, if the torque produced by it coincides 
with the crankshaft rotation direction. 

The numerical values of the trigonometrical functions included 
in equations (7.15) through (7.18) for various À and q are given in 
Tables 7.2 through 7.5. Using the data resulting from the solution 

















Table 7.2 
Values of tan f at A of 
9? | eit 
= 0.24 0.25 0.26 | 0:97 0.28 | 0.29 | 0.30 | 0.31 = 

0 40 0 0 0 0 0 0 0 — | 360 
40 | +| 0.042 | 0.043 | 0.045 | 0.047 | 0.049 | 0.050 | 0.052 | 0.054 | — | 350 
20 | - | 0.082 | 0.086 | 0.089 | 0.093 | 0.096 | 0.100 | 0.103 | 0.106 | — | 340 
30 |+] 0.121 | 0.126 | 0.131 | 0.136 | 0.141 | 0.146 | 0.151 | 0.156 | — | 330 
40 | —1 0.156 | 0.162 | 0.169 | 0.176 | 0.182 | 0.189 | 0.196 | 0.202 | — | 320 
50 | + | 0.186 | 0.194 | 0.202 | 0.210 | 0.218 | 0.226 | 0.234 | 0.243 | — | 310 
60 |-| 0.211 | 0.220 | 0.230 | 0.239 | 0.248 | 0.257 | 0.267 | 0.276 | — | 300 
70 | 4- | 0.230 | 0.240 | 0.250 | 0.260 | 0.270 | 0.280 | 0.291 | 0.301 | — | 290 
80 | -- | 0.241 | 0.252 | 0.263 | 0.273 | 0.284 | 0.295 | 0.306 | 0.316 | — | 280 
90 | +] 0.245 | 0.256 | 0.267 | 0.278 | 0.289 | 0.300 | 0.311 | 0.322 | — | 270 
100 | —-| 0.241 | 0.252 | 0.263 | 0.273 | 0.284 | 0.295 | 0.306 | 0.316 | — | 260 
110 |+| 0.230 | 0.240 | 0.250 | 0.260 | 0.270 | 0.280 | 0.291 | 0.301 | — | 250 
120 |+| 0.241 | 0.220 | 0.230 | 0.239 | 0.248 | 0.257 | 0.267 | 0.276 | — | 240 
130 | = | 0.486 | 0.194 | 0.202 | 0.210 | 0.218 | 0.226 | 0.234 | 0.243 | — | 230 
140 | 2- | 0.156 | 0.162 | 0.169 | 0.176 | 0.182 | 0.189 | 0.196 | 0.202 | — | 220 
450 | -- | 0.421 | 0.126 | 0.131 | 0.136 | 0.141 | 0.140 | 0.151 | 0.156 | — | 210 
160 || 0.082 | 0.086 | 0.089 | 0.093 | 0.096 | 0.100 | 0.103 | 0.106 | — | 200 
170 | -—- | 0.042 | 0.043 | 0.045 | 0.047 | 0.049 | 0.030 | 0.052 | 0.054 | — | 190 
180 | --1 0 0 0 0 0 0 0 0 — | 180 
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Table 7.8 
Values of 1/cos f at A of 
ela a} o 
& | 0.24 | 0.25 | 0.26 0.27 0.28 0.29 | 0.30 | 0.31 = 
n Nn 

0|—]1 1 1 1 1 4 1 1 +| 360 
10 |+| 1.001 | 1.001 | 1.001 | 1.001 | 1.001 | 1.004 | 1.001 | 1.001 | +| 350 
20 |---| 1.003 | 1.004 | 1.004 | 1.004 | 1.005 | 1.005 | 1.005 | 1.006 | 4- | 340 
30 | —| 1.007 | 1.008 | 1.009 | 1.009 | 1.010 | 1.011 | 1.011 | 1.012 | +I 330 
40 | | 1.012 | 1.013 | 1.014 | 1.015 | 1.016 | 1.018 | 1.019 | 1.020 | +] 320 
50 | —| 1.017 | 1.019 | 1.020 | 1.022 | 1.024 | 1.025 | 1.027 | 1.029 | +] 310 
60 | — | 1.022 | 1.024 | 1.026 | 1.028 | 1.030 | 1.032 | 1.035 | 1.037 | +] 300 
70 | —} 1.026 | 1.028 | 1.031 | 1.033 | 1.036 | 1.039 | 1.041 | 1.044 | + | 290 
80 |— | 1.029 | 1.031 | 1.034 | 1.037 | 1.040 | 1.043 | 1.046 | 1.049 | + | 280 
90 | — | 1.030 | 1.032 | 1.035 | 1.038 | 1.041 | 1.044 | 1.047 | 1.050 | +] 270 
100 | +] 1.029 | 1.031 | 1.034 | 1.037 | 1.040 | 1.043 | 1.046 | 1.049 | + | 260 
110 | +] 1.026 | 1.028 | 1.034 | 1.033 | 1.036 | 1.039 | 1.044 | 1.044 |+| 250 
120 |= | 1.022 | 1.024 | 1.026 | 1.028 | 1.030 | 1.032 | 1.035 | 1.037 1-1-| 240 
130 | -i- | 1.017 | 1.019 | 1.020 | 1.022 | 1.024 | 1.025 | 1.027 | 1.029 | -- | 230 
140 | ~| 1.012 | 1:013 | 1.014 | 1.015 | 1.016 | 1.018 | 1.019 | 1.020 | +| 220 
150 |+| 1.007 | 1.008 | 1.009 | 4.009 | 1.010 | 1.014 | 1.011 | 1.012 | + | 210 
160 | +| 1.003 | 1.004 | 1.004 | 1.004 | 1.005 | 1.005 | 1.005 | 1.006 | + | 200 
170 | 4-1 1.001 | 1.001 | 1.001 | 1.004 | 1.004 | 1.004 | 1.004 | 1.001 |+ | 190 
180 | +| 1 1 1 1 1 1 1 j + | 180 





of these equations we plot curves of changes of full forces N, S, K 
and 7 (Fig. 7.4) or specific forces p y. ps, px, and pr (see Fig. 9.2). 
Graphically T mis determined by the area enclosed under curve T: 


Tm = (f, — Ef.) Mp/OB (7.19) 


where Xf, and Xf, are positive and negative areas, respectively, en- 
closed under curve 7, mm?; Mp is the scale of full forces, MN per 
mm; OB is the length of the diagram base line, mm (Fig. 7.4). 

The accuracy of computations and construction of the curve of 
force 7 is checked by the equation 


Tm = 2piF pl (10) (7.20) 


where Tm is the mean value of the tangential force per cycle, MN; 
pi is the mean indicated pressure, MPa; Fp is the piston area, m*; 
t is the number of cycle events. 
The torsional moment (torque) of one cylinder (MN m) is deter- 
mined by the value of 7 
Me = TR (7.21) 
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Fig. 7.4. Plotting forces P, N, S, K and 7 Fig. 7.5. Plotting a curve of 
against crank angle total torque in a  four-cy- 
linder four-stroke engine 


The curve of 7 versus q is at the same time the curve of changes 
in M e, but to the scale M y = MpR MN m per mm. 

In order to plot a curve of total torsional moment M, of a multi- 
cylinder engine, graphically sum up the curves of torques of each 
cylinder by shifting one curve relative to another through the crank 
angle between igniting flashes. Since the values and nature of chan- 
ges in the torques to the crankshaft angle are the same for all the 
engine cylinders and differ only in angle intervals equal to the angle 
intervals between igniting flashes in individual cylinders, the torque 
current of one cylinder will be enough to compute the overall torque 
of an engine. 
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Tabie 7.4 
| E Values of cos (q + B)/cos B at A of = 
ge 7 te > Be] q? 
& | 0.24 | 0.25 | 0.26 | 0.27 | 0.28 | 0.29 | 0.30 | 0.31 = 
0 |-7r|1 1 1 1 1 1 1 1 + | 360 
10 | + | 0.978 | 0.977 | 0.977 | 0.977 | 0.976 | 0.976 | 0.975 | 0.975] + | 350 
20 | + | 0.912 | 0.910 | 0.909 | 0.908 | 0.907 | 0.906 | 0.905 | 0.903| + į 340 
30 | +] 0.806 | 0.803 | 0.801 | 0.798 | 0.795 | 0.793 | 0.790 | 0.788 | + | 330 
40 | -- | 0.666 | 0.662 | 0.657 | 0.653 | 0.649 | 0.645 | 0.640 | 0.636 | -- | 320 
50 | 2-| 0.500 | 0.494 | 0.488 | 0.482 | 0.476 | 0.469 | 0.463 | 0.457 | + | 310 
60 |+| 0.317 | 0.309 | 0.301 | 0.293 | 0.285 | 0.277 | 9.269 | 0.261|-- | 300 
70 |+| 0.126 | 0.117 | 0.107 | 0.098 | 0.088 | 0.078 | 0.069 | 0.059 | -+ | 290 
80 |—| 0.064 | 0.075 | 0.085 | 0.095 | 0.106 | 0.117 | 0.127 | 0.138 | — | 280 
90 | —| 0.245 | 0.256 | 0.267 | 0.278 | 0.289 | 0.300 | 0.311 | 0.322| — | 270 
100 | —| 0.411 | 0.422 | 0.432 | 0.443 | 0.453 | 0.464 | 0.475 | 0.485| — | 260 
110 | —| 0.558 | 0.568 | 0.577 | 0.586 | 0.596 | 0.606 | 0.615 | 0.625| — | 250 
120 | —| 0.683 | 0.691 | 0.699 | 0.707 | 0.715 | 0.723 | 0.731 | 0.739 | — | 240 


130 | — | 0.785 | 0.792 | 0.798 | 0.804 | 0.810 | 0.816 | 0.822 | 0.829 | — | 230 
140 | —| 0.866 | 0.870 | 0.875 | 0.879 | 0.883 | 0.887 | 0.892 | 0.896 | — | 220 
150 | — | 0.926 | 0.929 | 0.931 | 0.934 | 0.937 | 0.939 | 0.942 | 0.944 — | 210 
160 | — | 0.968 | 0.969 | 0.970 | 0.971 | 0.973 | 0.974 | 0.975 | 0.976 | — | 200 
170 | — | 0.992 | 0.992 | 0.993 | 0.993 | 0.993 | 0.994 | 0.994 | 0.994, — | 190 
180 |—| 1 1 1 1 1 1 1 1 — | 180 





With an engine having equal intervals between igniting flashes, 
the total torque will regularly change (i is the number of cylinders): 


In a four-stroke engine over ........ 0— 720? ji 
In a two-stroke engine over . . . . . . . .. 0 — 360? /i 


When graphically plotting curve M; (Fig. 7.5), curve Mie of 
a cylinder is divided into a number of segments that equals 7207/0 
(for four-stroke engines). All the curve segments are brought together 
and summed up. The resultant curve shows the total torque versus 
the crankshaft angle. 

The mean value of the total torque M;.,, (MN m) is determined 
by the area enclosed between curve M+ and line OA: 


M tm n (F4 P Fo) My,/OA (7.22) 


where F, and F, are the positive and negative areas, respectively, 
enclosed between curve M, and line OA and equivalent to the work 
performed by the total torque (at i > 6 no negative area is, as a rule, 
present), mm?; My, is the torque scale, MN m in 1 mm; OA is the 
interval between igniting flashes in the diagram (Fig. 7.5), mm. 
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Table 7.5 
- Values of sin (q + B)/cos B at X of A 

P 2| o24 | 825.1 [9.267 00:27 | 0.28 | 0.29 | 0.30 | 0.31 =| P 
01-210 0 0 0 0 0 0 0 — | 360 
10 | + | 0.215 | 0.216 | 0.218 | 0.220 | 0.221 | 0.223 | 0.225 | 0.227 | — | 350 
20 |- | 0.419 | 0.423 | 0.426 | 0.429 | 0.432 | 0.436 | 0.439 | 0.4421 — | 340 
30 | + | 0.605 | 0.609 | 0.613 | 0.618 | 0.622 | 0.627 | 0.631 | 0.636 | — | 330 
40 |+| 0.762 1 0.767 | 0.772 | 0.777 | 0.782 | 0.788 | 0.793 | 0.7981 — | 320 
50 |+ | 0.886 | 0.891 | 0.896 | 0.901 | 0.906 | 0.912 | 0.917 | 0.922| — | 310 
60 |- | 0.972 | 0.976 | 0.981 | 0.985 | 0.990 | 0.995 | 0.999 | 1.004 | — | 300 
70 |+| 1.018 | 1.022 | 1.025 | 1.029 | 1.032 | 1.035 | 1.039 | 1.043| — | 290 
80 I+ | 1.027 | 1.029 | 1.030 | 1.032 | 1.034 | 1.036 | 1.038 | 1.040 | — | 280 
90 |—[4 1 1 1 1 1 1 1 — | 270 
100 | | 0.943 | 0.941 | 0.939 | 0.937 | 0.936 | 0.934 | 0.932 | 0.930] — | 260 
110 |+ | 0.861 | 0.858 | 0.854 | 0.851 | 0.847 | 0.844 | 0.840 | 0.837 | — | 250 
120 | +- | 0.760 | 0.756 | 0.751 | 0.747 | 0.742 | 0.737 | 0.733 | 0.728 | — | 240 
130 |+ | 0.646 | 0.644 | 0.636 | 0.631 | 0.626 | 0.620 | 0.615 | 0.610 | — | 230 
140 | -- | 0.524 | 0.519 | 0.513 | 0.508 | 0.503 | 0.498 | 0.493 | 0.488| — | 220 
450 | + | 0.395 | 0.391 | 0.387 | 0.382 | 0.378 | 0.373 | 0.369 | 0.364 | — | 210 
160 |+| 0.265 | 0.261 | 0.258 | 0.255 | 0.252 | 0.248 | 0.245 | 0.242| — | 200 
170 | +] 0.133 | 0.131 | 0.129 | 0.127 | 0.126 | 0.124 | 0.122 | 0.121| — | 190 
180 |+] 0 0 0 0 0 0 0 0 — | 180 





Torque M , represents an engine mean indicated torque. The 
actual effective torque at the engine crankshaft 


M, = Mi mm (7.23) 


where nm is the mechanical efficiency of the engine. 


1.6. FORCES ACTING ON CRANKPINS 


The forces acting upon the crankpins of row and Vee engines are 
determined analytically or by graphical plotting. 

Row engines. The analytical resulting force acting on the crankpin 
of a row (in-line) engine (Fig. 7.62) is 


Rep =V T?+ Pe (7.24) 


where P, = K + Kp, is the force acting on the crankpin by the 
crank, N. 
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The direction of resulting force Re p in various positions of the 
crankshaft is determined by angle tp enclosed between vector Rep 
and the crank axis. Angle y is found from the relation 


tan y = 7/P, (7.25) 


Resulting force A, acting upon the crankpin may be obtained 
by vectorial addition of force P, acting by the crank and tangential 
force T, or by vectorial addition of summed-up force S acting by the 





Fig. 7.6. Forces loading 
(a) crankpin; (b) crankshaft throw 


connecting rod and centrifugal force K p ¿of the connecting rod rotat- 
ing masses (see Fig. 7.6a). 

Force A, is plotted graphically according to the crank angle 
in the form of a polar diagram (Fig. 7.75) with the pole at point O. p, 

When considering force R. p as the sum of forces T and P., a polar 
diagram is constructed as follows (Fig. 7.7a). 

Positive forces T are laid off from diagram pole point O, on the 
axis of abscissas rightwise and negative forces P, — on the axis of 
ordinates upward. Resulting force P y for a corresponding crankshaft 
angle is determined graphically as a vector sum of forces T and P.. 
Figure 7.74 shows forces H,, plotted for angles q, = 0, q, = 30 
and q,4 — 390 degrees. Forces for other positions of the crankshaft 
are plotted in a similar way. 

To obtain a polar diagram, the ends of resulting forces FH, are 
connected, as the angles grow, with a smooth curve. 

The polar diagram of the crankpin load in Fig. 7.75, c is construct- 
ed by vectorial addition of forces S and Kp e. In Fig. 7.76 forces S 
are determined by vectorial addition of forces T and K, e.g. S = 


= V T? + K?. We also see in it how the vector of force S,3 corres- 
ponding to angle q,4— 390° of crank angle is constructed. Forces S 
first computed analytically are added in Fig. 7.7c to force Kg... 

Constructing a polar diagram of the crankpin load (Fig. 7.7c) by 
vectorial addition of total force S acting along the connecting rod 
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axis to inertial centrifugal force Kp e acting along the crank is 
accomplished as follows. 

A circle having a radius taken to the adopted scale and equal to 
the crank radius is drawn from point O representing the center of 
a main journal assumed stationary. Another circle having a radius 
equal to the connecting rod length taken to the same scale is drawn 
from point O' representing the center of the crankpin at T.D.C. 
The circle with center O is divided into equal parts (generally 12 
or 24). Rays are drawn from center O through the division points 
until they cross the circle drawn from point O'. These rays represent 
relative positions of the engine cylinder axis that rotates. The cylin- 
der is assumed to be rotating at an angular velocity equal in value 
to, but opposing the angular velocity of the crankshaft. Connecting 
the point to the ends of the drawn rays, we obtain segments O'7", 
O'2", etc. These segments are relative positions of the connecting 
rod axis at certain crankshaft angles. Then vector forces S (Fig. 7.7c 
shows forces $,4 at q,4 = 390° and $,4 at q,4 = 690°) are laid off 
from point O' in the directions of the connecting rod axis to a certain 
scale M, with taking into account the signs of the vectors of forces S, 
and the vector ends are connected with a smooth line. The obtained 
curve is known as a polar diagram of forces S having its pole at point 
O”. 

In order to find resulting force Re.p pole O” must be displaced ver- 
tically by the value of force Kpr e (Kg ¿ is constant in value and 
direction) taken to the same scale Mp. The obtained point O, is 
known as the pole of polar diagram of resulting forces A, acting 
upon the crankpin. 

To vectorially add forces S and K pg ¿to each other for any position 
of the crank (position 23, for example), we have only to draw vector 


0.23 from pole O,. This vector being the sum of vectors OO — Kg. 


and 0'23 = S,, corresponds in value and direction to the searched 
force A, 23 

Therefore, the vectors connecting the origin point of coordinates 
(pole O.) to the points on the outline of the polar diagram of forces S 
express in value and direction the forces acting on the crankpin at 
certain angles of crankshaft. 

To obtain resulting force Rin = Rep + Kg, (see Fig. 7.60) 
acting on the crankshaft throw and bending the crankpin, pole O, 
must be displaced vertically (see Fig. 7.7) by the value of the inertial 
centrifugal force of crank rotating masses Kp, = —m,Rw’ to 
point Oes. Figure 7.75, c shows the plotting of resulting forces Rin 
for angle q,4 = 390°. Analytically the force (Fig. 7.65) 


Rin, = Vy T? K}, tn (1.26) 
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where Kpn =P. tKre=K+Kprer t Kre=K +Kpr is 
the force acting upon the crankshaft throw along the crank (Fig. 7.7b 
shows the plotting of force Rini at q, = 30°). 

To determine the mean resulting force per cycle R..p. and also 
its maximum Re.p max and minimum RA,» mn values, the polar 
diagram is reconstructed into Cartesian coordinates as a function 
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Fig. 7.8. Diagram of crankpin load in Cartesian coordinates 


of the crankshaft revolution (Fig. 7.8). To this end, crank angles are 
laid off on the axis of abscissas for each position of the crankshaft, 
and the values of resulting force R. taken from the polar diagram, 
on the axis of ordinates. When plotting the diagram, all values of 
RH, are taken as positive. The mean value of resulting R. p.m is 
found by computing the area under curve RH, = f (q). 

Vee engines. When determining resulting forces acting on a crank- 
pin of a Vee engine, due consideration should be given for the manner 
in which the connecting rods are jointed to the crankshaft. 

For Vee engines having articulated connecting rods (only one con- 
necting rod being jointed to the crankpin) resulting force R.., y 
acting on the crankpin is determined by vectorial addition of total 
forces T y and P, y transmitted from the left to the right connecting 
rod (Fig. 7.9): 


Forces T y and P,y are determined by the table method with 
allowance for the firing order of the engine 


Pap TE (7.28) 
Por = Patt Par = Ki F Keer t K+ Éner 
=Kz+ Krez (7.29) 
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Crankshaft angles in Vee engines are counted off from the position 
of the first crank corresponding to T.D.C. in the left-hand cylinder 
as viewed from the crankshaft nose when the crankshaft rotates in 
the clockwise direction. 

If the intervals between power strokes in the right- and left-hand 
cylinders on different cranks are equal, then the total forces deter- 
mined for the first crank may be used for the other cranks. 

Right 
Left cylinder, 





Fig. 7.9. Forces acting on 
crankpin of the crankshaft 
in a Vee-engine 


For Vee engines with similar connecting rods located alongside 
on one crankpin, resulting forces A^, ,, ; and Re.p.r acting on the cor- 
responding portions of the crankpin are determined separately in 
the same way as the case is with a row-type engine. However, for 
rough determination of resulting force Ry, y acting on the crankshaft 
throw, we first compute conventional force R. , x acting on the crank- 
pin of an articulated crank mechanism. Force R, , y is determined, 
neglecting the displacement of the connecting rods, in a similar way 
as with an engine having articulated connecting rods. If that is the 
case 


Ri $— Hs x T Kp c (7.30) 


Polar diagrams of loads on the crankpin and crankshaft throw of 
Vee engines are plotted in the same way as for row engines. 


7.7. FORCES ACTING ON MAIN JOURNALS 


Resulting force Rm.; acting on the main bearing journal 
(Fig. 7.10a, b) is determined by vectorial addition of forces equal, 
but opposite in direction to the forces transmitted from two adjacent 
throws: 


Rm. = Rin, it Ringe (7.31) 
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where Rini = —Rin,ile/L and tj; = —Ringspls/L are the 
forces transmitted from the ith and (i + 1)th throws, respectively, 
to the main journal located between these throws; /, and /, are the 
crankshaft axial distances between the centers of the adjacent main 
journal and crankpin; L is the distance between the centers of adja- 
cent main bearing journals. 
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Fig. 7.10. Main bearing journal 
(a) crankshaft diagram; (5) diagram of forces loading a main bearing journal 


With symmetrical throws Rir, ¿ = —0.5R,; Riran = 
= —0.9R;;, (i41) then 


Rog = —0.5(Rin, i + Rinas) (7.32) 


A polar diagram of forces R,,.; is plotted by means of two polar 
diagrams of the loads on the adjacent crankpins whose poles O,, 
are brought into coincidence at one point (Fig. 7.11). Graphically 
the points of the polar diagram showing the load on the main journal 
for certain angles of the crankshaft are determined by vectorial 
addition of forces R;; in pairs of both diagrams concurrently acting 
on the crankshaft throw in compliance with the engine firing order. 
Each of the resultant vectors represents double force Rm.; with 
a reverse sign. Connecting the ends of resulting vectors with a smooth 
curve, as the crankshaft angles grow, gives us the polar diagram. 

To determine resulting force A, ; applied to the main journal at 
a given crank angle of the ith cylinder by means of this diagram, the 
diagram scale must be reduced to half the scale of the polar diagrams 
showing the load on the crankpins, and the vectors must be directed 
from the curve towards pole O... 

Figure 7.11 illustrates the construction of a polar diagram of the 
load on the second main journal of an in-line six-cylinder, four-stroke 
engine having firing order 1-5-3-6-2-4. 
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The resulting force acting on the main journal may be computed 
analytically 


Rms = Y T+ R: (7.33) 


where 7 ¿and K, are the sums of force projections Rin, ¿and Rt, ü+» 
respectively, on axes 7 and K of the ith crank. | 


0; 24 
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Fig. 7.11. Polar diagram of 

load on the second journal 

7 2554 of an in-line six-cylinder 
Gq =720~480=240° four-stroke engine 


T, and K,, are determined as follows (see Fig. 7.10b). The pro- 
jections of force Ri, ; = —0.5H,,. ; to axes T and K of the ith crank 
will be 


T; = — 0.57, 
Kp, th, i 5 —O.5K p, in, 4 


Similarly the projections of force Ri» (+1) to axes T and K of the 
(i + 1)th crank are 


Puce up. 
Kp, mr = — 0.9K p than 
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Next, determine projections Ti}; and K5,;4 i41) on axes T and K 
of the ith crank: 


Tar T Tii cos Ye = — 0.57 ¡4 COS Yo 

Tai = Tii sin y, = — 0.97144 sin y, 
Kp, ths1yr = — Kp, tui+1) Sin ye = 0.5K p, in (ip SIN Yo 
Kp, initiyK = Kp, inqi+1) COS Y. = — 0.5K p, inq) COS Ye 


where y, is the angle between the cranks of the ith and (i + 1)th 
cylinders. 


Summing up all projections on axes 7 and K of the ith crank, res- 
pectively, we obtain: 


T, —Ti-- Tüziyr d Kp, inti tr 
= —0.5 (T; 4- Tin cos yc — K p, tha+ Sin y.) 





/ , t 7.34 
K.= Kp, th, ic Tüsok t Kp, th(i4-1)K ( 
= —0.5 (Kp, tn, i + Ti, Sin Ye + Kp, tn(141) COS Ye) 
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Fig. 7.12. Diagram of load on main journal 
(a) without allowance for counterweights;(b) crankshaft with counterweights 


When determining T, and K, for different angles of crankshaft, 
it is convenient to make the table form (Table 7.6). 

Table 7.6 is composed against the crank angle of cylinder 1 from 
the beginning of the cycle. 

Rotation angles q, and q;+, and their associated forces are de- 
termined with taking into account the angular displacement of the 
firing order. With the angle between cranks y, = 0, 90, 180°, etc. 
the table becomes much simpler (see Table 9.6). 

Values of T, and K, taken for different angles of crankshaft are 
then used to plot a polar diagram of resultant forces R,, acting 
on the main bearing journal in coordinates 7 and K of the ith cylin- 
der. The diagram is plotted in the same way as the polar diagram of 
the load on the crankpin. 

Determination of resultant forces R ,, ; acting on the main bearing 
journals of Vee engines and plotting of polar diagrams for these 
forces are accomplished in the same way as for in-line engines, but 
with allowance for the fact that each throw is acted upon by total 
forces from two cylinders (see Sec. 7.6). Reconstruction of the polar 
diagram of forces Rm.; (Fig. 7.11) into Cartesian coordinates Ry; = 
= — ọ (Fig. 7.12a) and determination of R,;,, Rm. max, and 
Rm.j. mn against the diagram are carried out in the same way as 
the case is with reconstruction of the diagram for forces Rep- 
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7.8. CRANKSHAFT JOURNALS AND PINS WEAR 


Polar diagrams of loads on the craukshaft pins and journals may 
be used to plot diagrams of wear suffered by the crankpins and jour- 
nals. These diagrams make it possible to determine most and least 
loaded portions of the crankpins and main journals in order to pro- 
perly locate a lubricating hole. More than that. the diagrams form 
a pictorial notation of wear over the entire circumference, supposiug 
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Fig. 7.13. Diagram of crankpin wear 


that wear is in proportion to the forces acting on the crankpin or 
journal. 

A wear diagram of a crankpin (Fig. 7.13) is plotted, using the 
polar diagram shown in Fig. 7.7b, as follows. A circle is drawn to 
illustrate the crankpin to any scale. Then, the circle is divided by 
rays 0.1, 0,2, etc. into 12 or 18 equal segments. Further plotting is 
performed, proceeding on the assumption that the effect of each vec- 
tor of force R,.»,; covers 60 degrees in both directions over the crank- 
pin circumference from the point at which the force is applied. 
Therefore, to determine the amount of force (wear) acting along each 
ray (ray 0,17, for example) take the following steps: 

(a) transfer the ray from the wear diagram to the polar diagram, 
in parallel to itself; 

(b) referring to the polar diagram, determine the segment on the 
crankpin (60? on each side of ray 0,11) within which the acting forces 

e.p.i produce load (wear) in the direction of ray O,J1; 
(c) determine the value of each force F^, , ¿ acting within the seg- 
ment of ray O,I1 (three forces altogether are acting within the seg- 


158 PART TWO. KINEMATICS AND DYNAMICS 


ment of ray 0.11: R5, Re.py, and Ro pis) and compute the result- 
QE PUE of Rep zi ep zi = Repi + Ro pr =P Ro.p15) for ray 

C , 

(d) lay off the resultant value of AR.» y; to the chosen scale on the 
wear diagram along ray 0,11, proceeding from the circle towards the 
center; 

(e) determine in the same way the resultant values of the forces 
acting within the segments of each ray (for example, all forces 
Repi except Ropig are acting within the segment of ray Od, 
there is no acting force in the segments of rays O,4 and O,5); 

(f) lay off on each ray lengths corresponding in the scale chosen 
to the resultant values of forces Ap,, +; and connect the ends of the 
lengths with a smooth curve characteristic of crankpin wear; 

(g) transfer to the wear diagram the limiting tangents to the 
polar diagram O.A and O.B and, drawing rays O.A' and O.B’ at 60° 
from these tangents, determine the boundary points (4” and B”) 
of the crankpin wear curve. The axis of a lubricating hole usually 
is located between these points. 

To make computations of resultant values of R..p x; easier, a table 
is worked out (see Table 9.5) which covers the values of forces Re.p,i 
acting along each ray and their sum. 

A wear diagram for a main bearing journal is constructed in a 
similar way. 


Chapter 8 


ENGINE BALANCING 
8.1. GENERAL 


The forces and moments acting in the crank mechanism continu- 
ously vary and, if not balanced, cause engine vibration and shocks 
transmitted to the automobile or tractor frame. 

Unbalanced forces and moments include: 

(a) inertial forces of reciprocating masses P; = P;, + Pjr" 
and centrifugal inertial forces of rotating masses Kg; 

(b) longitudinal moments M; = Mir + Mirr and M p occurring 
in multicylinder engines due to unbalanced forces P; and Kp in 
individual cylinders; 

(c) torque M , and stalling torque M, = —M ; equal to but oppos- 
ing the former and absorbed by the engine supports. 


* In balancing engines an analysis is usually made only of inertial primary 
and secondary forces. 
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An engine is recognized as balanced, if in steady operation the 
forces and couples (moments) acting on its supports are constant in 
value and direction. 

Piston engines, however, cannot be completely balanced, insofar 
as torque 4, is always a periodical function of the crankshaft angle 
and, therefore, the value of stalling torque M, isa variable at all 
times. 

The requirements for balancing an engine having any number of 
cylinders (provided the masses of moving parts are in balance and 
the working processes flow identically in all the cylinders, and also 
when the crankshaft is in static and dynamic balance) are as follows: 

(a) resultant inertial primary forces and their couples are equal 
to zero: ZP;; = 0and Mj; = 0; 

(b) resultant inertial secondary forces and their couples are equal 
to zero: EPj;;; = 0 and EM;,, = 0; 

(c) resultant centrifugal inertial forces and their couples are 
equal to zero: XK R = 0 and EM pg = 0. 

Thus, the solution of engine balancing problem consists in balanc- 
ing the most appreciable forces and their couples. 

Balancing primary and secondary inertial forces is achieved by 
selecting a certain number of cylinders, their arrangement and choos- 
ing a proper crank scheme of the crankshaft. Thus, for example, the 
primary and secondary inertial forces and couples are completely 
balanced in six- and eight-cylinder in-line engines. 

If inertial forces in an engine under design cannot be fully balanced 
by choosing a proper number of cylinders and their arrangement, 
then they can be balanced by counterweights fitted on auxiliary 
shafts mechanically coupled to the crankshaft. 

In in-line engines the primary and secondary inertial forces can- 
not be balanced by fitting counterweights on the crankshaft. By 
properly choosing the mass of a counterweight the effect of the 
primary inertial force can be partially transferred from one plane 
to another, thus reducing a maximum unbalance in one plane. 

Centrifugal inertial forces of rotating masses can be in practice 
balanced in an engine with any number of cylinders by fitting counter- 
weights on the crankshaft. 

In most of multicylinder engines the resultant inertial forces are 
balanced without any counterweights on account of a proper number 
and arrangement of crankshaft throws. However, even balanced 
crankshafts are often furnished with counterweights with a view to 
reducing and distributing more evenly load R m.j on the main journals 
d bearings, and also to reducing the moments bending the crank- 
snalt. 

When counterweights are fitted on the extensions of the crankshaft 
webs, the resultant force acting on the main journal 


Ri j=Rm. ¡+ Rew (8.1) 
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where Rew is the inertial force of a counterweight. 

To obtain a polar diagram of force R , pole O,, of the polar dia- 
gram of force A, ; (see Fig. 7.11) must be moved over the angle bise- 
ctrix at Reo; = Rew Gir, between the cranks by the value Rew 
= Rew, i + Rew ci +1) taken to the diagram scale. The obtained point 
O. will be the pole of the polar diagram for force A27; 

A decrease in the mean load on a main journal due to the use of 
counterweights can be seen in the developed diagram of the resultant 
forces acting upon the main journal (see Fig. 7.120). 


8.2. BALANCING ENGINES OF DIFFERENT TYPES 


Single-cylinder engines (Types V/I-1, /1-20, Y H/I-5). In a single- 
cylinder engine unbalanced forces are P;;, Pirr and Kp (Figs. 8.1 
and 8.2). 

There are no unbalanced moments, e.g. Mj; — 0, 3Mj;; =0 
and 3M, — 0 

To balance the centrifugal inertial forces of rotating masses K p 
(Fig. 8.1), two similar counterweights are fitted on the web exten- 





Fig. 8.1. Diagram of balancing cent- Fig. 8.2. Diagram of transferring 

rifugal inertial forces in a single-cy- the action of the primary inertial 

linder engine force in a single-cylinder engine 
from a vertical to a horizontal 
plane 


sions. Their centers of gravity are at distance p from the crankshaft 
axis. Force Kp is fully balanced, provided 


2m. ROO? = mpRw? 
on account of selecting My and p. 


Because of structural reasons, in single-cylinder engines the second- 
ary inertial force is not balanced as a rule and the effect of unbalanced 
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primary inertial force is partially (usually 0.5P,,) transferred from 
a vertical to a horizontal plane (Fig. 8.2) by fitting counterweights. 
Referring to the figure, the vertical component of the counterweight 
inertial force Rew y decreases force P;,, but additional horizontal 
force Rew, n occurs in the engine. 

The mass of counterweights (kg) is 


2Mew,y = 0.5m,¡R/o (8.2) 
Thus, the total mass of each counterweight in a single-cylinder 
engine will be 


E (mp+0.5m)) (8.3) 


Mew = MewR + Moy, j= 2p 


Double-cylinder engines (Types /1-16, Y]]-2, YHJI-7 and YHJI-10). 
Now we shall consider a double-cylinder in-line engine having its 





Fig. 8.3. Diagram of inertial for- Fig. 8.4. Diagram of inertial for- 
ces acting in a double-cylinder ces acting in a  double-cylinder 
in-line engine with cranks direc- in-line engine with cranks at 180° 


ted similarly 


cranks directed similarly (Fig. 8.3). The engine firing order is 7-2. 
Intervals between the ignition flashes are equal to 360^. The engine 
crankshaft has its cranks directed to the same side. 

With the adopted arrangement of the cranks, forces P;;, Pjrr 
and Kg will be similar in each cylinder. The resultants of these forces 
for cylinder 1 and 2 are, respectively: 


ZP,,; -2P,, = 2m,Ra? cos q; 
2Pj11 = 2P,11 = 2m,Ro% cos 29; Z Kg = 2Kg = 2m Ro? 
There are no unbalanced couples, as the acting forces and their 
arms are similar: ZM;,; = 0, ZMj;,; = 0 and ZMg =0 
A double-cylinder engine is balanced in the same way as the single- 
cylinder engine. 
11—0948 
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A double-cylinder engine with cranks at 180° (Fig. 8.4). The engine 
firing order is /-2. Firing intervals alternate at 180 and 540 degrees. 

With the crank arrangement adopted, the primary inertial forces 
are balanced at any position of the crankshaft: ZP;; = 0. 

In the plane of the axes of the cylinders these forces produce an 
unbalanced pair with a moment 


LAMM yr = P, ya 
where a is the distance between the axes of cylinders. 
By means of counterweights the mass of which 
Meow, j = m,Ra/(p;b) 


the effect of moment 2 M ;r may be transferred into a horizontal plane 
(b is the distance between the counterweights). 


Fig. 8.5. Diagram of inertial 
forces acting in a four-cylin- 
der in-line engine 





Therefore, counterweights transfer the primary inertial moment 
from a vertical to a horizontal plane, rather than balance it. 

Secondary inertial forces P;,;, for cylinder 1 and 2 are equal and 
unidirectional. The resultant of these forces 


XP = 2m;Rw*r cos 29 


Force ZP;,; , may be balanced by counterweights fitted on auxiliary 
shafts. The moment of the secondary inertial forces is equal to zero: 
2:M,,;; = 0. The centrifugal inertial forces from the first and second 
cylinders are mutually cancelled: XK, = 0. 

A free moment produced by the centrifugal inertial forces ÈM p 
= K pa. This moment is balanced by counterweights, the mass of 
which is 

Meur = m pRal(ppb) 


Four-cylinder in-line engine with cranks at 180”, The firing order 
is 1-2-4-3 or 1-3-4-2. Firing is at intervals of 180°. The crankshaft 
has its cranks arranged at 180°. This arrangement of cranks (Fig. 8.5) 
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is used in engines: M-24, BA3-2101, BA3-2103, M3MA-412, M3MA- 
407, JESO, 71-35, M-37, 11-48, 4-54, CMJI-14, HJIM-46, etc. 
With this arrangement of cranks, the primary inertial forces and 
their moments are mutually balanced: 3P,, = 0 and X.M;, = 0. 
For all the cylinders the secondary inertial forces are equal and 


unidirectional. Their resultant 
EP, = 4Pjr1 = 4m;Ro*d cos 29 
The secondary inertial forces can be balanced only by means of 


auxiliary shafts. The total moment of these forces is equal to zero: 





1; 6 ol 
e 
| 


2;5 3;4 


Fig. 8.6. Diagram of inertial forces acting in a six-cylinder in-line engine 


2M;11 = 0. The centrifugal inertial forces for all the cylinders are 
equal and opposite in pairs. The resultant of these forces and the 
moment are equal to zero: Kg = 0 and EM, = 0. 

Certain engines (an example is M3MA-407) have crankshafts fur- 
nished with counterweights to reduce the centrifugal forces affecting 
the main bearings. 

Six-cylinder engines. A six-cylinder in-line engine (Fig. 8.6). 
The firing order is 1-5-3-6-2-4 or 1-4-2-6-3-5. Firing is at intervals of 
120°. The cranks are arranged at 120°. This arrangement is used in 
engines: 3MA-164, 3M A-120, 3A3-51, 3A3-12, URAL-5M, 71-6, 
6K/IM-50. 

The six-cylinder in-line engine is completely balanced: 


XP, =0 and SM; =0 
Lpjrr = O and 2ZM;;;—0 
XK,—0 and XM,-0 


Six-cylinder in-line engines are built up with seven- and four- 
bearing crankshafts. 


11* 
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The diagram of a seven-bearing crankshaft of a 311A-164 engine 
without counterweights is shown in Fig. 8.6. Some engines 
(3M A-123D, 343-51, for example) have crankshafts furnished with 
counterweights to eliminate the load on the main bearings caused 
by the centrifugal forces. 

A Vee siz-cylinder engine with 90? V-angle and three paired cranks 
at 120° (Fig. 8.7). The firing order of the engine is 11-1r-21-2r-31-3r. 
Firing intervals are of 90 and 150°. The crankshaft has its cranks at 
120°. This arrangement of cranks is utilized in HM3-236 engines. 


Left Right 
bank bank 





Fig. 8.7. Diagram of inertial forces acting in a six-cylinder Vee-type engine 


For each engine section which includes two cylinders (left-hand 
and right-hand), the resultant of the primary inertial forces is a con- 
stant value always directed along the crank radius. The resultant of 
the primary inertial forces for the entire engine is equal to zero: 
ZP,;yg-— 0. The total moment of the primary inertial forces acts 
in a rotating plane at 30° with regard to the first crank plane and is 


ZMiz- y3 Pira —1. 132m ,Ro*a 

The resultant of the secondary inertial forces for each section is 
always directed horizontally perpendicular to the crankshaft axis 
(see Fig. 8.7). The sum of these equal forces is zero: 

2Pjrrz ES P' yrrs + POr + P" 113 — 0 

The total moment of the secondary inertial forces acts in a hori- 

zontal plane: 
XMjuz-Vy2 m;Ro?ha (1.5 cos 29 + 0.866 sin 24) 
The centrifugal inertial forces are mutually balanced: 2K, = 0. 


The total moment from the centrifugal forces acts in the same plane 
as moment 24M ,rs does: 


EMpz=V 3 Kpsa= 1.732 (m, + 2m,.,..) Ro?a 
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Moments X M;r y and X Mg s are balanced by means of counter- 
weights fitted on the extensions of the crankshaft webs, while mo- 
ment X. M;;, x is balanced by fitting counterweights on two auxiliary 
shafts. 

A Vee-type six-cylinder engine with 60° V-angle of cylinders and siz 
cranks arranged at 60° (Fig. 8.8). The engine firing order is 11-1r-21- 
2r-3l-8r. The firing is at uniform intervals of 120”. This arrangement 
of cylinders is utilized in the TA3-24-16 engine. 


Left bank Right bank 





Fig. 8.8. Diagram of a six-cylinder Vee-type engine having a Vee-angle of 60? 


For each engine section which includes two cylinders (left-hand 
and right-hand) the resultants of the primary and secondary inertial 
forces are equal in value and the resultants of the primary and second- 
ary inertial forces for the entire engine are equal to zero: 2P;; = 0 
and XP;,;, = 0. The resultant of the centrifugal forces is also equal 
to zero: Kp = 0. 

The total moment of the primary inertial forces acts in a rotating 
plane coincident with the plane of the first left and third right cranks: 


EM;, = 1.5m,Ro%a 


The total moment of the secondary inertial forces acts in the plane 
rotating at angular velocity 2% in the direction opposite to the crank- 
shaft rotation: 

3M;1r 1.5m;Ro?Àa 


The total moment of the centrifugal forces acts in the same plane 
as moment 2:M;,; does: 


X Mg = mpRo? [(2a + b) + 1.732 (a — b)) 


Balancing moments 2 M;; and 2M, is accomplished by means of 
counterweights fitted on the extensions of two outer webs of the 
crankshaft, while moment XM;rr is balanced by counterweights 
on an auxiliary shaft rotating at a speed of 2o. 
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Eight-cylinder engine. An eight-cylinder in-line engine (Fig. 8.9). 
The engine firing order is /-6-2-5-S-8-7-4. Firing is at 90° intervals. 
The crankshaft has eight cranks arranged in two planes square with 
each other. This arrangement is utilized in the 3ITA-110 engines. 

The engine is completely balanced: 


ZP,;;—0 and ZM;; = 0; 2P,, =06 and 3M; = O; 
ZIK, =0 and 2M, =0 


Counterweights are used in some engines to eliminate loads of the 
crankshaft due to local centrifugal forces. 





Fig. 8.9. Diagram of inertial forces acting in an eight-cylinder in-line engine 


An eight-cylinder Vee-type engine. The engine firing order is 
11-1r-41-21-2r-31-3r-4r. The firing intervals are 90°. The V-angle of 
the cylinders is 90°. The crankshaft has its cranks arranged in two 
planes square with each other (Fig. 8.10). This arrangement is utilized 
in engines AM3-238, 3MA-111, 3MA-130, 3MA-375, 3A3-13, 
3A3-41, 3A3-66. 

In the engines of the type under consideration the primary inertial 
forces are mutually balanced: 3P,, = 0. The total moment of these 
forces acts in a rotating plane which is at 18°26’ to the plane of the 
first crank: 


EMj =V 10 m;Ho'?a 


The resultants of the secondary inertial forces for each engine 
section are always directed horizontally normal to the crankshaft 
axis (see Fig. 8.10). The sum of these resultants is zero: 2P;;; = 0. 

The total moment of the secondary inertial forces is also equal 
to zero: EM;r,; = 0. The centrifugal inertial forces for all sections 
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are equal and oppose in pairs each other. The resultant of these 
forces TKp = 0 


The total moment X Mp of the centrifugal forces acts in the same 
plane as the resultant moment of primary inertial forces 2 My: 


EM, — V T0 Kpa — V 10 (m, + 2m...) Roa 


Balancing the moments È M;; and E Mp is by means of counter- 
weights fitted on the extensions of the crankshaft webs (see Fig. 8.10) 


Left bank Right bank 





Fig. 8.10. Diagram of inertial forces acting in an eight-cylinder Vee-type engine 


or by fitting two counterweights at the ends of the crankshaft in the 
plane of moment action, e.g. at 18°26’ (see Fig. 9.15). 
It is obvious that 


XMj + EM¿=aRo? Y 10 (m; +m, + 2m..,..) 


The mass of each common counterweight mounted at the crank- 
shaft end 


Mews = aR V 10 (m; 4- m, T 2Me.r.c)/ (0b) 


where p is the distance from the center of gravity of the common 
counterweight to the axis of the crankshaft; b is the distance between 
the centers of gravity of the counterweights. 


8.3. UNIFORMITY OF ENGINE TORQUE AND RUN 


When determining summary forces acting in an engine, it has been 
found out that the torque M+ represents a periodic function of the 
crankshaft angle. Nonuniformity of total torque variation is due to 
specific features of the working process in the engine and kinematic 
features of its crank mechanism. 

The uniformity of the indicated torque of an engine is usually 
assessed through the use of the torque nonuniformity ratio: 


u = (M,nax — M; min) M tom (8.4) 
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where Mimaz, Mimm and Mim are the maximum, minimum and 
mean indicated torques, respectively. 

With one and the same engine the value of u is dependent on its 
performance. Therefore, for comparative assessment of various engines 
the torque nonuniformity ratio is determined for the rated power 
operation. 

For engines having cylinders of the same size, ratio y decreases 
with an increase in the number of cylinders. This is well shown by 
curve = f (o) (Fig. 8.11). 








Fig. 8.41. Curves of torques 
in four-stroke engines having 
different number of similar 
cylinders (ignition intervals 
are 9 = 720/i) 

(a) single-cylinder, i =: 1; (b) 
double-cylinder, i = 2; (c) four- 
cylinder, i = 4;(d) six-cylinder 
i= 6; (e) eight-cylinder, i = 8 











The indicated torque of an engine, M ; (N m), at all times is balan- 
ced by the total resisting torque M, and inertial forces moment Jo 
of all moving masses of the engine referred to the crankshaft axis. 
This relationship is expressed by the expression 


M, = M, + Jodoldt (8.5) 


where dw/dt is the angular acceleration of the crankshaft, rad/s?. 

For steady-state engine operation M, = Mm. Graphically this 
means that line M, m plotted on the total torque diagram (Fig. 8.12) 
determines also the resisting torque value. Heferring to the figure, 
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M ,. crosses the torque curve, forming positive (F,) and negative 
(F4) plateaus. The plateaus above the resisting torque line are pro- 
portional to the torque surplus work absorbed by the moving parts 
of the engine. The excess of work is used for increasing the kinetic 
energy and thus the speed of 
moving masses. In the case of 
work lack energy is given off 
by the moving parts causing 
crankshaft deceleration. 

The quantity of torque surp- 
lus work L,is determined by 
area Fi: 


L, =F,MyMo — (8.6) 


where F, is the area above 
straight line Mim obtained 
by area computation or other 
method, mm’; M r is the tor- 
que scale, N m per mm; Mọ = 
4n/(i-ac)is the scale of the 
crankshaft angle, rad per mm 
(segment ac in mm; i is the Fig, 8.12. Change in the torque and an- 
number of cylinders). gular velocity of crankshaft in steady 
The torque surplus work can operation of engine 

be obtained analytically from 

equation (8.5) in the form of an increment in the kinetic energy of ro- 
tating masses because of a change in the angular velocity of the 
crankshaft from Omax to Om: 





J 9 9 Q coro i - 
L.— = (Omax uA Omin) E Jo EL E (Omax m Omin) (8.7) 


It can be seen that the changes in the crankshaft angular velocity 
are caused by a deviation of the instantaneous value of W, from the 
torque mean value Mim = M,. At M, > M, the angular accelerat- 
ion of the crankshaft is positive and its angular velocity increases. 
If M,< M,, then the opposite takes place, the angular velocity 
P the crankshaft decreases. With 17, = M, equation (8.5) takes the 

orm: 


J, dw/dt = 0 


If that is the case dw/dt = 0 and the shaft angular velocity œ 
= Omax OF © = Omni. 

A variation in the angular velocity under steady-state operating. 
conditions of the engine due to the nonuniformity of torque is eva- 
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luated in terms of the run nonuniformity ratio 
ô = (Omax — Omin)/Om (8.8) 


If we assume, that the mean angular velocity (rad/s) 
Om = © = (Omax T Gmin)/2 (8.9) 
then equation (8.7) may be written in the form 
6 = L,/(J o?) (8.10) 


Substituting the value of mean angular velocity o, = w = nn/30 
in equation (8.10), we obtain 


ô = 900L,/[J, (any! (8.11) 
The run nonuniformity ratio 6 is 
Automobile engines . .......-.-..... a 0.01-0.02 
Tractor engines « « x» xo» x0 e a ew ox o 0.003-0.010 


It follows from equation (8.11), that at L, — const an increase 
in the engine speed and moment of inertia of rotating masses leads 
to a decrease in the run nonuniformity ratio. 

When the run nonuniformity ratio was determined, it was supposed 
that the crankshaft was absolutely rigid. In fact, the crankshaft and 
the mechanisms coupled to it feature flexibility and are affected by 
torsional vibrations. In that connection, the computed value of run 
nonuniformity ratio will be somewhat different from the actual value. 

When computing a newly designed engine, the moment of inertia 
(kg m?) of the engine moving masses can be determined from for- 
mula (8.10), if the value of 6 is assumed: 


Ja = LJ(5o*) (8.12) 


Actual values of inertia moment for certain automobile and trac- 
tor engines are as follows: 


Type 

of engine . . .MeM3-965 M3MA-407 M-21 3MJI-130 HM3-236 JJ-35 J1-54 
‘Moment of 

inertia Jy, kg m? 0.076 0.147 0.274 0.610; 2.450 2.260 2.260 


8,4, DESIGN OF FLYWHEEL 


The primary purpose of a flywheel is to provide uniform engine 
speed and to provide for a source of energy when the vehicle starts off. 

For automobile engines generally operating far underloaded, 
tvpical is easy speeding-up of the car. In view of this. the flywhee! 
of an automobile engine is, as a rule, of a minimum size. 
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In tractor engines the kinetic energy of the flywheel must provide 
for starting off and overcoming short-time overloads, for which reason 
the flywheels of tractor engines are larger and heavier as compared 
with automobile engine flywheels. 

Designing a flywheel consists in determining inertia moment J; 
of the flywheel, flywheel moment m;D;,, basic dimensions and maxi- 
mum peripheral velocity. 

It may be assumed the inertia moment of the flywheel together 
with the clutch is from 80 to 90 percent of engine moment of iner- 
tia J, for an automobile engine and from 75 to 90 percent of it, for 
a tractor engine. 

The flywheel moment (kg m?) is 


m,D& = 4J; (8.13) 


where m; is the flywheel mass, kg; Dm is the flywheel mean dia- 
meter, m. 

The value of the flywheel moment is used to make the choice of 
the main dimensions of the flywheel, following mainly the structural 
reasons. Thus, the flywheel diameter is chosen taking into account 
the engine overall dimensions, arrangement of the clutch unit, etc. 
For rough computations we may assume D,, = (2 to 3) S, where S 
is the piston stroke, m. 

As dictated by strength, the outer diameter of the flywheel D, 
must be chosen to provide permissible peripheral velocities. 

The peripheral velocity at the flywheel outline 


v; = xD;n/60 (8.14) 


where n is the engine speed, rpm. 
The peripheral velocity is: 


For cast-iron flywheels .......... vg <25 to 30 m/s 
For steel flywheels . ........... vg <40 to 45 m/s 
Chapter 9 


ANALYSIS OF ENGINE KINEMATICS 
AND DYNAMICS 
9.1. DESIGN OF AN IN-LINE CARBURETTOR ENGINE 


Examples of kinematic and dynamic analysis set forth below are 
given for the engine used in Chapter 4 for the heat analysis and in 
Chapter 5, for the speed characteristic analysis. In view of this all 
source data for computing the kinematics and dynamics of an in-line 
carburettor engine are accordingly taken from Sections 4.2 and 5.3. 
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Kinematies 


The choice of ratio A and length of connecting rod L... In order 
to reduce the engine height without considerably increasing inertial 
and normal forces, the ratio of the crank radius to the connec- 
ting-rod length has been preliminary assumed in the heat analysis 
as A= 0.285. Under these conditions L., = Rà = 39/0.285 
— 136.8 mm. 

Having constructed a kinematic diagram of the crank mechanism 
(see Fig. 6.2), ascertain that the values of L, , and X previously adopt- 
ed allow the connecting rod to move without striking the bottom 
edge of the cylinder. Therefore, the values of L., and A require 
no recomputations. 

The piston travel 


CE [a — cos q) — 4. (1 — cos 29) | 





= 39 |a — cos q) p (1 — cos 29) | mm 


The computation of s, is carried out analytically every 10 degrees 
of the crankshaft angle. The values for [(1 — cos q) + = (1 — 
— cos 2q)] at different p are taken from Table 6.1 as mean quantities 
between the values at A = 0.28 and 0.29 and entered into column 2 
of computation Table 9.1 (to reduce the size of the table, the values 
are given at intervals of 30°). 





Table 9.1 
solas 5 ps emes uox pte mh epi ll 
qr 008 2¢)]| mm x sin 2¢) cos 2@) 

0 0.0000 0.0 0.0000 0.0 [—71.2850| +17 209 
30 -40.1697 6.61 +0.6234 444.2 | -1-4.0085| -13 506 
60 +0. 6069 23.7 +0.9894 4-22.6 | 4+-0.3575 +4 788 
90 --1.1425 44.6 -1.0000 22.9 |--0.2850 —3 817 

120 + 1.6069 62.7 +0.7426 +17.0 | —0.6425 —8 605 
150 +1.9017 14.2 +0.3766 —8.6 ,—0.7235 —9 689 
180 + 2.0000 78.0 0.0000 0.0 | —0.7150 —9 576 
210 +1.9017 74.2 —0.3766 —8.6 |—0.7235 —9 689 
240 +1.6069 62.7 —0.7426 —17.0 |—0.6425 —8 605 
210 +1.1425 44.6 —1.0000 —22.9 | —0.2850 —3 817 
300 +0.6069 23.7 —0.9894 —22.6 |--0.3575 ——4 788 
330 -L0.1697 6.6| —0.6234 —14.2 |--1.0085| -L13 506 
360 -0.0000 0.0 0.0000 0.0 (—1.2850| +417 209 


CH. 9. ANALYSIS OF ENGINE KINEMATICS AND DYNAMICS 173 


The angular velocity of crankshaft revolution 
o = an:30 = 3.14 x 5600/30 = 586 rad/s 
The piston speed 


0.255 
2 





Up= oH (sin Q E sin 29} = 386 x 0.039 (sing + sin 20) m/s 
The values for [sin y + (0.285;/2) sin 2¢] are taken from Table 6.2 
and entered into column 4 of Table 9.1. Column 5 of this table inclu- 
des the computed values of r;. 
The piston acceleration 


j = œR (cos q + 4 cos 29) 
= 586? x 0.039 (cos q + 0.285 cos 2¢) m/s? 


Values for (cos ¢ + 0.285 cos 2¢) are taken from Table 6.3 and 
entered into column 6, the computed values of j are entered into 
column 7. 

The data in Table 9.1 are used to plot the curves (Fig. 9.1) of s, 
to scale M, = 2 mm per mm, v; to scale M, = 1 m/s per mm, and 
j to scale M; — 500 m/s* per mm. The crankshaft angle scale is 
M,=3 per mm. 

At j = 0, Vp = + Umax and on the curve s, it is the point of in- 
flection. 


Dinamies 


Gas pressure force. The indicator diagram obtained in the heat 
analysis (see Fig. 3.14) is developed by the crank angle (Fig. 9.2a) 
following the Brix method. The Brix correction is 


RMQM,) = 39 x 0.285/(2 x 1) = 5.56 mm 


where M, is the piston travel scale on the indicator diagram. 

The scales of the developed diagram: pressures and specific forces 
My = 0.00 MPa per mm; full forces Mp = MpFp = 0.05 X 
X 0.004776 = 0.000239 MN per mm, or Mp = 239 N per mm; 
crank angle M, — 3” per mm, or 


Mg = An/OB = 4 x 3.14/240 = 0.0523 rad per mm 


where OB is the length of the developed indicator diagram, mm. 
Values of Ap, are determined against the developed diagram every 
10 degrees of the crank angle and entered in column 2 of summary 
Table 9.2 of the dynamic analysis (in the table values are given 
every 30° and the point at @ = 370°). 
Masses of the parts of the crank mechanism. By Table 7.1 and 
taking into account the cylinder bore, S/B ratio, in-line arrangement 
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Point of inflection 
1689 270 





360 cp? 





















































0/ | |360c* 
B Se IM | 80 
MNAE AA 


Fig. 9.1. Piston path, speed and acceleration of a carburettor engine 


of cylinders and fairly high value of p,, we determine: 
mass of the piston group (for a piston of aluminum alloy we assum- 
ed mj = 100 kg/m?) 


m, = mF, = 100 x 0.004776 = 0.478 kg 


mass of the connecting rod (for a steel forged connecting rod we 
assumed m;, = 150 kg/m?) 


Mer = mi,,F, = 150 x 0.004776 = 0.716 kg 


mass of unbalanced parts of one crankshaft throw without counter- 
weights (for a cast-iron crankshaft we assumed mip = 140 kg/m?) 


m, = mi Fy, = 140 x 0.004776 = 0.669 kg 
The mass of a connecting rod concentrated at the axis of the 
piston pin 
Me.r.p = 0.210m,,, = 0.275 x 0.716 = 0.197 kg 
The mass of a connecting rod concentrated at the crank axis 
Mer. = 0.725m,,, = 0.725 x 0.716 = 0.519 kg 
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Reciprocating masses 

m; = Mp + Me.r.p = 0.418 + 0.197 = 0.675 kg 
Rotating masses 

Mp = Min — Mor. . = 0.669 + 0.519 = 1.188 kg 


Specific and full forces of inertia. Transfer values of j from 
Table 9.1 into column 3 of Table 9.2 and determine the values of 
specific inertial forces of reciprocating masses (column 4): 


p; = —jm,/F, = —j0.675 x 1078/0.004776 = —j141 x 10-* MPa 
The centrifugal inertial force of rotating masses 
Kp = —mpRw? = —1.188 x 0.039 x 586? x 1073 = —15.910 kN 


The centrifugal inertial forces of connecting rod rotating masses 
KR er = —Mcr. ¿Ro? = —0.519 x 0.039 x 586? x 10-3 
= —6.950 kN 
The centrifugal inertial force of the crank rotating masses 
Kg e = —m,Ho? = —0.669 x 0.039 x 586? x 1073 = —8.960 kN 


Specific total forces. The specific force (in MPa) concentrated on 
‘the axis of the piston pin (column 5): p = Ap, + pj. 

The specific rated force (in MPa) py — p tan B. The values of 
tan are determined for à = 0.285 against Table 7.2 and entered 
in column 6, while the values of py in column 7. 

The specific force (MPa) acting along the connecting rod (co- 
lumn 9): p, = p (1/cos p). 

The specific force (MPa) acting along the crank radius (column 11): 
Pe = p cos (q + f)/cos p. 

The specific (column 13) and full (column 14) tangential forces 
(MPa and kN) 


Pr = p sin (q + f)/cos B and T = prFp = p40.004776 x 10? 


Using data in Table 9.2, plot curves of specific forces pj, p, ps, 
Pn: Do Pr versus the crankshaft angle q (Fig. 9.2). 
The mean value of the tangential force per cycle: 
according to the data of heat analysis 
2x 108 2 x 108 — 
according to the area enclosed between curve py and axis of abscis- 
sas (Fig. 9.2d) 


SF, —2F 1980 — 1160 
Pin = =p M~ — 3419  0-05=0.171 MPa, and 
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Fig. 9.2. Dynamic analysis of a carburettor engine 

(a) development of the indicator diagram and plotting curves of specific forces p j and p; 
(b) plotting curves of specific forces pg and Py: (c) the same for specific forces De: (d) the same 
for specific forces Pr: (e) plotting Mt 


Tm = Pr, Pp = 0.171 x 0.004776 x 10% = 816 N 


An error A = (812 — 816) 100/812 = 0.5% 
12—0946 
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Torques. The torque of a cylinder (column 15) 
Mic = Tg = T x 0.039 x 10° N m 


The torque variation period of a four-stroke engine with equal 
firing intervals 


9 = 720/i = 720/4 = 180° 


The values of torques of all four cylinders of the engine are sum- 
med up by the table method (Table 9.3) for every 10° of the crankshaft 














Table 9.3 
Cylinders 
1 2 3 4 

q^ ia eagles. Pg aa X M,Nm 

cran cran cran cran 

angle Me; angle Mie angle Mic angle tee? 

ee h [3 Nm pe N m po m 

0 0 0 180 0 360 0 | 540 0 0 


10 | 10 | —132.4 | 190 | --28.0 | 370 | --125.5 | 550] —29.8| —64.7 
20 | 20 | —203.2 | 200 | —65.2 | 380 | +161.3 | 560 | --67.1 | —174.2 
30 | 30 | —223.3| 210 | —94.6 | 390 | +176.6 | 570 | —97.4 | —238.7 
40 | 40 | —209.7 | 220 | —123.0 | 400 | --156.6 | 580 | —126.8 | —302.9 
50 | 50 | —174.3 | 230 | —154.7 | 410 | +128.6 | 590 | —155.7 | —306.1 
60 | 60 | —127.6 | 240 | —165.2 | 420 | -+124.8 | 600 | —169.7 | —337.7 
70 | 70} —65.2| 250 | —159.4 | 430 | +142.6 | 610 | —165.9 | —247.9 
80, 80, +19.6 | 260 | —139.8 | 440 | --185.5 | 620 | —146.3| —81.0 
90 | 90 | +97.4 | 270 | —103.9 | 450 | +234.3 | 630 | —103.5 | +124.3 
100 | 100 | +140.7 | 280 | —36.3 | 460 | +248.9 | 640] —39.1 | 314.2 
110 | 110 | +160.3 | 290 | --32.6 | 470 | +244.2 | 650 | +61.5 | +498.6 
120 | 120 | --165.2 | 300 | +97.0 | 480 | +229.3 | 660 | 121.4 | 4-612.9 
130 | 130 | +152.9 | 310 | +123.0 | 490 | +190.1 | 670 | +183.6 | +649.6 
140 | 140 | —-127.7 | 320 | --138.0 | 500 | +147.3 | 680 | +-208.8 | +621.8 
150 | 150 | +94.6 | 330 | +137.8 | 510 | +115.3 } 690 | +219.6 | +567.3 
160 | 160 | +63.4 | 340 | 120.2 | 520 | 376.4 | 700 | 201.3 | +461.3 
170 | 170 | +29.8 | 350 | +74.8 |} 530 | -+30.8 | 710 | +139.8 | 4-272.2 
180 | 180 0 360 0 540 0 720 0 0 


angle, and the data thus obtained are used to plot a curve M, 
(Fig. 9.2e) to scale Mm = 10 N m per mm. 
The mean torque of an engine: 


according to the data of heat analysis 


Mm = M; = Menm = 103.1/0.8141 = 126.6 N m 
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according to the area enclosed under curve M; (Fig. 9.26) 


F B 
Ms m= : My = 60 10— 127.3 Nm 
(. 126.6 — 127.3 "v 
An error A= 366 —100- 0.0676. 


F,— 


|. 1370 — 606 


The maximum and minimum torques (Fig. 9.2e) 


M, max ^^ 650 N m; 


Mimn = —360 N m 


Forces acting on crankpin. To compute the resultant force acting 
on the crankpin of an in-line engine, Table 9.4 is compiled into which 
the values of force 7 are transferred from Table .2. 








Table 9.4 
Full forces, kN 
po 
T K | Pe Rep | Kp th | Rih 

0 0 —11.501 | —18.451 18.451 —21 .411 27.411 
30 -—5.726 —1.219. | —14.229 15.200 —23.189 23.820 
60 --3.272 —0.927 —7.877 8.590 —16.837 17.050 
90 -j-2.498 —0.736 —7.686 8.050 —16.646 16.830 
120 +4.236 —4.112 | —11.062 11.850 — 20.022 20.490 
190 4-2.426 —6.051 | —13.001 13.240 — 24.961 22.080 
180 0 —6.376 | —13.326 13.326 — 22.286 22.286 
210 —2.426 —6.051 | —13.001 13.240 — 21.961 22.080 
240 — 4.236 —-4.112 | —11.062 11.820 — 20.022 20.460 
270 — 2.665 —0.788 —7.738 8.180 — 16.698 16.920 
300 +2 .488 —0.707 —7.657 8.040 —16.617 16.860 
330 +3.534 —4,489 | —11.439 11.910 — 20.399 20.610 
360 0 —2.402 —9.352 9.352 —18.312 18.312 
370 +3.219 | +14.156 +7 .206 0.645 —1.754 3.660 
390 +4.528 +5.750 —1.200 4.650 —10.160 11.140 
420 +3 .200 --0.907 —6.043 6.880 —15.003 15.370 
450 +6.008 —1.772 —8.722 10.720 —17.682 18.710 
480 4-5.879 —9.712 | —12.662 13.890 —21 .622 22.420 
010 --2.956 —7.374 | —14.324 14.590 — 23.284 23.460 
540 0 —7.164 | —14.114 14.114 —23.074 23.312 
570 —2.498 —6.233 | —13.183 13.430 — 22.143 22.230 
600 —4.301 —4.227 | —11.177 11.960 — 20.137 20.560 
630 —2.655 —0.783 —7.733 7.850 —16.693 16.880 
660 +3.114 —0.884 —7.834 8.280 —16. 794 17.090 
690 +5.631 —7.150 | —14.100 15.350 —23.060 23.740 
120 0 —11.501 | —18.451 18.451 —27.411 21.411 


E AE cg —— AE TS. A 
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Fig. 9.3. Forces loading the crankpin 
(a) polar diagram; (b) diagram of load on a crankpin in Cartesian coordinates 


The total force acting on the crankpin along the crank radius 
P. = K + Kp, = (K — 6.95) kN 


where K = p.Fp = p.:0.004776 x 10% kN. 

The resultant force R. p loading the crankpin is computed gra- 
phically by summing up the vectors of forces T and P, in plotting 
a polar diagram (Fig. 9.3a). The scale of forces in the polar diagram 
for summary forces Mp is 0.1 kN per mm. The values of Rep for 
various values of ọ are entered in Table 9.4 and then they are used 
to plot an R¿p diagram in Cartesian coordinates (Fig. 9.35). 

By the developed diagram of R¿, we determine 


Regp.m = FeM p/OB = 26 640 x 0.1/240 = 11.100 kN 
Rep max = 18.451 kN; Rep mia = 0.645 kN 


where OB is the length of the diagram, mm; F is the area under 
curve Rep, mm’, 

A diagram of crankpin wear (Fig. 9.4) is plotted against the polar 
diagram (Fig. 9.3a). The sum of forces R,.»,; acting along each ray 
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(1 to 12) of the wear diagram is determined against Table 9.5 (values 
of Rp, ; in the Table are in kN). Using the data in Table 9.5, lay 
off values of total forces XR,» ; along each ray, inward from the 
circumference, to the scale Mp — 50 kN per mm (Fig. 9.4). Forces 
XR,,y,,; have no effect along rays 4 and 5, and exert load along rays 
6, 7 and 8 only within the interval 360° < q < 390°. 





Fig. 9.4. Diagram of crankpin 
wear in a carburettor ¡engine 


The location of an oil hole (q, = 68°) is determined against the 
wear diagram. 

Forces loading the crankshaft throw. The total force acting on 
the crankshaft throw along the crank radius 


Kopin = Pe + Kg , = P, — 8.960 kN 


The resultant force loading the crankshaft throw, Rin = Rep 


+ Kpn is determined against diagram R¿ , (Fig. 9.3a). The vectors 
drawn from pole O, towards the corresponding points on the polar 
diagram to scale Mp = 0.1 kN per mm express forces R+, whose 
values versus « are entered in Table 9.4. 

Forces loading main journals. The crankshaft of the engine under 
design is fully supported with its cranks at 180° (y. = 180°) 
(Fig. 9.5a). The crank order is 7-3-4-2. Therefore, when the first 
crank is at angle q, = 0° the third crank is in the position y 
= 0 (720) — 180 = 540°, the fourth crank, at q, = 0 (720) — 360 
= 360° and the second crank, at q, = 0 (720) — 540 = 180°. 

The force loading the first main journal is Rm. = —0.0R im 
(see Table 9.6, columns 2 and 4). Force Rm.jı versus q is shown in the 
polar diagram R+, (see Fig. 9.3a), that is turned through 180° and 
Is to scale Mp = 0.5Mp = 0.5 x 0.1 = 0.05 KN per mm. For the 
polar diagram R,,,;, thus replotted, see Fig. 9.5b. 


Table 9.5 





Values of Re. p, p kN, for rays 














ae 1 2 4 | 4 | 5 6 | 7 | 8 9 | 10 | 11 12 

Re. po 18.454 18.451 18.4551 [If ceil eo las s E" 18.451 18.451 
Fe. pao 15.250 15.250 15.950 «sm ek ee eet e = = = 15.250 
Re. peo 8.550 8.550 8.550 SE SE mn er n AES = = 8.550 
Re. pao 8.050 8.050 — eA E m = E 8.050 8.050 
Re. piao 11.850 11.850 — ed tese aser = = 11.850 11.850 
Re. pisa 13.240 13.240 = mx diese ces hace (ee = = 13.240 13.240 
Hesir 13.326 13.326 13:326 V aha ss = = 13.326 2 
Repair 13.240 13.240 13.240 A mss SP ses na is = ES — E 
Ropo 11.820 11.820 14:820: (=|= Dues dedo s8 = = 2 
Re pave 8.180 8.180 8.480 m dete e |! ae = = .180 
Re. pgoo 8.040 8.040 es E er AN] [O mm = E 8.040 8.040 
Re. p330 11.910 11.910 — ec x eu um ae MN 11.910 11.910 
Re. pseo 9.352 9.352 9.352 ss E t] edes = - 9.352 9.352 
Fic. paso Es — — Eas ree A stis 650 4.650 4.650 4.650 
Re. Pazo 6.880 6.880 =s SS ee fee e = = 6.880 6.880 
He. paso 10.720 — — spese ek pee O = 10.720 10.720 10.720 

c. P480 13.890 13.890 a "poa pu E = 13.890 d 
Re.ps1o 14.590 14.590 ss E E A A SR = E 14.590 14.590 
Re poso 14.114 14.114 14.14144 leslies | == aa | <= ee 2c 14.114 14.414 
Re pero 13.430 13.430 13.430 = Ep si m = = 13.430 
Renate 11.960 11.960 11.9880 Le em dresden = EM = 11.960 


CH. 9. ANALYSIS OF ENGINE KINEMATICS AND DYNAMICS 183 














A c b60( 300, 


PN PS 
0 PISS 510(150) 
i EN 63071 
2 NE Te 
9030 APS 

630(270) a Y 

5 60 (420) a 


N 240(600) (120) 


















120(480 MA. 600 (240) 
480 (120) X Y 
600330 & >< 

150(510) 


Fig. 9.5. Forces loading the main journals 


(a) diagram of crankshaft and crank order of the engine; (b) forces loading the 1st (5th) Jour- 
nal; (c) forces loading the 2nd (4th) journal; (d) forces loading the 3rd journal 


The force loading the second main journal 
Hm.j2 =V The + Kip 
where T in2 = —0.5(T, =- T,cos Ve(1-2) — Kp, th2 sin Voc 1-2)) — — 0.5 (T, 
+ T, cos 180 — Kp, tho sin 180) = —0.5 (T, —T,). 
Kinz = —0.5 (Kp, wnt + T sin Ye1-2) + Kp, in2 COS Ye(1-2)) 


=— 0.5 (Kp, ni HT sin 180+ Kp, th2 cos 180)— — 0.5 (Kp tn1— Kp, in2) 


For the computation of force Rm.j., see Table 9.6 (columns 5 
through 12). 
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Main Crank 1 Main journal 2 
Journai 1 
p° 

Rm. ji Riny KN | Ti, kN Ep thy Tinos EN | Kino, kN Em ja! 
0| 13.706 | 0| 27.411 0 —27.411 0 +2.563| 2.503 
30 | 11.910 | 30} 23.820 | —5.726 | —23.189| --1.650 | +0.614 1.761 
60 8.525 60| 17.050 | —3.272 | —16.837| —0.482 | —1.593| 1.664 
90 8.415 | 90| 16.830 | --2.498 | —16.646| —2.582 | —0.026| 2.583 
120 | 10.245 |120| 20.490 | +4.236 | —20.022| —0.874 | +4.703] 1.914 
150 | 11.040 |150| 20.080 | 42.426 | —21.961 | +0.554 | 40.781 0.957 
180 | 11.143 |180| 22.286 0 — 22.286 0 +1.987| 1.987 
190 | 11.110 |190| 22.220 | —0.780 | —22.260| +2.000 | +10.253| 10.440 
210 | 11.040 | 210} 22.080 | —2.426 | —21.961| +3.477 | +5.901| 6.849 
240 | 10.230 |240| 20.460 | —4.236 | —20.022| +3.718 | +2.510| 4.485 
270 8.460 |270| 16.920 | —2.665 | —16.698| --4.337 | --0.492| 4.364 
300 8.430 |300| 16.860 | -2.488 | —16.617] +1.696 | —2.503] 3.023 
330 | 10.305 |330| 20.610 | +3.534 | —20.399| —0.289 | —1.443| 1.708 
360 9.156 |360| 18.312 | 0 —18.312 0 —2.381 | 2.381 
370 1.830 |370| 3.660 | --3.249 | —1.754| —2.050 | —10.533] 10.720 
390 5.570 |390| 11.140 | +-4.528 | —10.160| —3.513 | —5.992| 6.947 
420 7.685 |420| 15.370 | +3.200 | —15.003| —3.776 | —2.567| 4.567 
490 9.355 |450| 18.710 | +6.008 | —17.682 | —4.332 | +0.495| 4.360 
480 | 11.210 |480| 22.420 | 4-5.879 | —21.622| —1.340 | +2.414| 2.761 
510 | 11.730 1510, 23.460 | +2.956 | —23.284] --1.338 | 4-0.112 1.343 
540 | 11.656 |540| 23.312 0 < | —23.074 0 —2.169| 2.169 
990 | 11.480 |550| 22.760 | —0.880 | —22.820| —0.720 | —2.030| 2.154 
970 | 11.115 |570| 22.230 | —2.498 | —22.143| —1.614 | —0.523 1.696 
600 | 10.280 | 600] 20.560 | —4.351 | —20.137 | +0.540 | 4-1.650 1.736 
630 8.440 |630| 16.880 | —2.655 | —16.693| +2.577 | +0.024| 2.577 
660 8.545 | 660} 17.080 | +3.200 | —16.794| --0.518 | —1.614| 1.695 
690 | 11.870 |690| 23.740 | -+5.632 | —23.060| —1.603 | --0.550| 1.695 
720 | 13.706 | 720) 27.411 0 —27.411 0 +2.563| 2.563 


The force loading the third main journal 
Rm, j3= Pra + Kihs 


where Ting = — 0.5 (T; + T; cos Ve(2-3) — Ky, tha SIN Y e(o-3)) is Yc(1-2) 
= — 0.5 (Ta + T, cos 0 — Kp, ing Sin 0) cos 180 = 0.5 (T, + 
King = —0.5 (Ky, ue + Ty sin Yeto-3) + Ky. tha COS Ye(o-3)) COS x (1-2) 
3 sin 0 + Kp. tng cos 0) cos 180 = Ô. 5 


= —0.5(K 


+ Kp, ths): 


p.tha t T 


T3) 


K y, th2 
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Crank 2 


T2, kN 


—2.426 
—4.236 
—2.665 
+2 .488 


43.534 


+3.219 
+4.528 
+3 .200 
+6 .008 
+5.879 
+2 .956 


— 0.880 
—2 .498 
—4.351 
— 2.655 
-F3.200 
-F 3.6231 


—2 .320 

—9.726 

—3.272 

-F2.498 

+4.236 

+2.426 
0 





K DNI 
p.th2» | Tipa, KN 
kN tha 


—22.286 
—21 .961 
— 20.022 
—16.698 
—16.617 
—20.399 
—18.312 
—1.754 
—10.160 
—15.003 
—17.682 
—21.622 
—23.284 
—23.074 
—22.820 
—22.143 
—20.137 
—16.693 
—16.794 
— 23.060 
—21 .411 
— 26.880 
— 23.189 
—16.837 
— 16.646 
—20.022 
—-21 .961 
—22.286 


—2 . 462 
—4.294 
— 2.660 
+2 .844 
+4.583 


+0.450 
—0 .599 
—0.036 
+4.253 
+5.058 
+2.694 


—0.830 
—2.462 
—4 294 
—2.660 
+2 .844 
-4.583 


+0.450 

—0.599 

—0.036 

+4.253 

+5.058 

+2 .691 
0 





King kN 


— 22.680 
—22 .052 
—20.080 
—16.696 
—16.706 
—21.730 
—22 .862 
-—14.317 
—16.675 
—15.920 
—17.164 
—20.822 
— 22.623 
— 22.680 
—22.540 
—22.052 
—20.080 
—16.696 
—16.706 
—21 .730 
— 22.862 
—14.317 
—16.675 
—15.920 
—11.164 
— 20.822 
—22.623 
— 22.680 





Main journal 3 


Bin. ja 
KN 


22 .680 
22.190 
20.530 
16.900 
16.950 
22.200 
22 .862 
14.330 
16.680 
15.025 
17.680 
21.484 
22.780 
22.680 
22.998 
22.190 
20.530 
16.900 
16.950 
22.200 
22.862 
14.330 


15.925 
17.680 
21.484 
22.780 
22.680 


o 
G3 


540 
910 
600 
630 
660 
690 
120 

10 

30 

60 

90 
120 
150 
180 
190 
210 
240 
210 
300 
330 
360 
370 
390 
420 
450 
480 
510 
540 








185 
Table 9.6 
Crank 3 
Ta, EN | Ép,ing: 
kN 
0 — 23.074. 
—2.498 | —22.143: 
—4.351 | —20.137 
—2.655 | —16.693 
+3.200 | —16.794 
+5.631 | —23.060: 
0 —27 .441 
—2.820 | —26.880 
—5.726 | —23.189 
—3.272 | —16.837 
+2.498 | —16.646 
+4.234 | —20.022 
--2.426 | —21.961 
0 — 22.286 
—0.780 | —22.260: 
—2.426 | —21.961 
—4,236 | —20.022 
—2.665 | —16.698. 
+2.488 | —16.617 
-F3.534 | —20. 399 
0 —18.312 
+3.219 —1.754 
+4.528 | —10.160 
+3.200 | —15.003 
--6.008 | —17.682 
+-5.879 | —21.622 
+2.956 | —23.284 
0 — 23.074 





For the computation of force Rm,j;3, see Table 9.6 (columns 11 
through 18). 
Using data in Table 9.6, we plot polar diagrams of the loads on 
the second and third main journals (Fig. 9.5c, d) to scale Mp = 
— 0.1 kN per mm. 
According to the crank order and arrangement of the cranks, the 
loads on the 4th and 5th main journals are equal to the loads on the 
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Fig. 9.6. Diagrams of loads on the main journals of a carburettor engine in 
Cartesian coordinates 


2nd and 1st journals, but are turned through 360° (Fig. 9.50, c with 
q given in parentheses). 

Diagrams of Rm; Rm.jo, and Rm. js are replotted in Cartesian 
coordinates and shown in Fig. 9.6. Determined against these dia- 
grams are: 


for the 1st (5th) main journal 
Rm.jimean = FM g/OB = 35 460 x 0.1/360 = 9.85 kN 


where F, is the area under curve Rm j1, mm’; OB is the diagram length 
mm. 
Rm.ji max — 13.706 kN; Fg. ji min = 1.83 kN 


for the 2nd (4th) main journal 
Rm.jomean = FM g/OB = 10 800 x 0.1/360 = 3.0 kN 


where F, is the area under curve R,, j;2, mm’. 


Rm.jo max = 10.77 kN; Rm jamin = 0.90 kN 
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for the 3rd main journal 
Rm.ja mean = F3M p/OB = 70 380 x 0.1/360 = 19.55 kN 
where F; is the area under curve AR, ;, mm?. 
R m.j3 max = 23.20 kN; R m.j min = 14.33 kN 


Comparing diagrams Ry, 31, Rm.jo and Rm.j3 we see that the 3rd 
main journal is under a maximum load, while the 2nd and 4th jour- 
nals bear a minimum load. 

Referring to the polar diagram (see Fig. 9.5d), plot a wear dia- 
gram for the most loaded journal 3 (Fig. 9.7a). The sum of forces 





Fig. 9.7. Main journal wear diagrams 
(a) uncounterweighted; (b) counterweishtcd 


2Rm. jsi acting along each ray of the wear diagram (1 through 12) 
is determined by means of Table 9.7 (the values of XA, jg; in the 
Table are in kN). Using the data of this table, plot a wear curve to 
scale Mp = 50 kN per mm. 


Balancing 


The centrifugal inertial forces of the engine under design and 
their moments (couples) are completely balanced: 2Kp = 0; 
2M, =0 

The primary inertial forces and their moments are also balanced: 
ZP;;—0; IM; =0 

The secondary inertial forces for all cylinders are directed uni- 
formly: 

XP; = 4Pj 77 = Amjlio?À cos 29 

Balancing the secondary inertial forces in the engine under design 

is not expeditious, as the use of a two-shaft system with counter- 


188 PART TWO. KINEMATICS AND DYNAMICS 
































Table 9.7 
Values of Rm.ig in KN for rays 
‘a 
1 | 2 | 3 4 5 6 7 | 8 9 110 11 | 12 

O [22.68 | 22.68 22.68 | lali lll 22.68 | 22.68 
30 22.19 | 22.19 29:19. d ele res | eet pem]. ^ es 22.19 
60 20.53 | 20.53 20-58 | hes estet ep: ens | e — 20.53 
90 16.90 | 16.90 16.90 === pe ee = 16.90 
120 16.95 | 16.95 exc redes eme det entem 16.95 | 16.95 
150 22.20 | 22.20 msc Pel (bare beg PEO A A 22.20 | 22.20 
180 22.86 | 22.86 22.86 lo LA == 4010986 | 22.86 
210 16.68 | 16.68 416.68 ope lees Pe laos = 16.68 
240 15.93 | 15.93 15.98 == eue = 15.93 
270 17.68 | 17.68 ct ems beetle E ees 17.68 | 17.68 
300 21.48 | 21.48 a deoa esses ed eee 21.48 | 21.48 
330 22.78 | 22.78 Ex Des ee eb 22.78 | 22.78 
360 22.68 | 22.68 29. 68. ies esas cest eoe cene 22.68 | 22.68 
390 22.19 | 22.19 22:49: 9 esee es pee = 22.19 
420 20.53 | 20.53 20.53 [ees esee Lese p aa 20.53 
450 46.90 | 16.90 16.90 |e es ee Es [o es - 16.90 
480 16.95 | 16.95 = expel e lees 36:95 1 16.95 
510 22.20 | 22.20 zm ed ee ee enc epa — | 22.20 | 22.20 
540 22.86 | 22.86 22.86 | s Tempe des —| 22.86 | 22.86 
510 16.68 | 16.68 16.68 | zem | es e s = 16.68 
600 15.93 | 15.93 15:93: == ali lle as = 15.93 
630 17.68 | 17.68 zs eene o | 17.68 | 17.68 
660 21.48 | 21.48 — is Lez 21.48 | 21.48 
690 22.78 | 22.78 a specs ee e en 22.78 | 22.78 
ERm. jsi 1477.72 [477.72 | 275.54 |-|-|-|-|- |-|- s 477.72 














weights to balance EP;;; would make the engine construction too 
complicated. 

Because of the "mirror" arrangement of the cylinders, the moments 
of the secondary inertial forces are completely balanced: 2M j;, = 0. 

In order to relief the 3rd main journal of local inertial forces, it 
is advisable to fit counterweights on the extensions of the webs 
adjacent to it. The center of gravity and mass of the counterweight 
may be determined as follows: 

(a) it is advisable to move pole O. of the polar diagram of F^, js 
(Fig. 9.5d) to the center of the diagram at the expense of the counter- 
weights inertial force. Therefore, the counterweights should load 
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the journal with a force 


where hz is the distance from pole "M of the iue diagram Rm.j3 
to center O,w3 of diagram Ree., mm; 

(b) the counterweights Should not increase the overall dimensions 
of the engine. It is advisable to assume p = 20 mm; 

(c) since each counterweight is mounted only on one web of the 
throw, the dimensions of the crank have to be found to determine 
the inertial force and mass of the counterweight. First, we assume 
that 1 = 94 mm and l, = 70 mm (see Fig. 9.5a). Then, the inertial 
force of one counterweight 


Poy = —0.5P ey3l/l, = —0.5 (—19.5) 94/70 = 13.09 kN 
(d) mass of each counterweight 
Mew = Poy! (po?) = 13.09 x 10%/(0.02 x 586?) = 1.906 kg 


Figure 9.7b shows a wear diagram of the 3rd main journal after 
fitting counterweights. The wear diagram is plotted against the data 
of Table 9.8 to scale Mp = 10 kN per mm. This diagram is used to 
determine the direction of the oil hole axis (q, = 35^). 

In order to balance the centrifugal forces P .,, of the counterweights 
arranged on the extensions of the webs adjacent to the 3rd main 
journal and to mitigate loadings on the 1st and 5th journals, it is 
advisable to arrange counterweights also on the extensions of the 
webs adjacent to the íst and 5th journals, Pewi = P ews = 0.5P,,,. 

For the displacement of the centers of polar diagrams due to the 
arrangement of counterweights in proportion to the reaction of coun- 
terweights JP;,,5,,— 0.5Pey3 = —9.75 kN, see Fig. 9.55 (his 
= 97.5 mm). 

The developed diagrams of forces Rev ig = Rm. A T Pos and 
Has Ra gno) + Pew) are represented in Fig. 9.6. The dia- 
grams are used to determine: 

for the 1st (5th) main bearing journ 


Rin 465) mean = Fi(5)M p/OB= 8490 x 0.1/360 = 2.36 kN 
Rin. 315) max= 9.10 kN; Rm. 51(5) min= 0.15 kN 
for the 3rd main bearing journal 
m. 33 mean = F3 M g/OB = 15010 x 0.1/360 = 4.17 kN 
Rm. 33 max 9.00 kN; Rm. j3 min 5 0.40 kN 


where Fig) and F$" are the areas under curves Rm. jis) and 
cw . 
Rn. j3 mm?, respectively. 
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Table 9.8 
Values of RY jg in kN for rays 
. 1 2 | 3 4 5 6 7 8 9 10 11 12 
0 3.20) 3.20| 3.20); — — — — — — — | 3.20| 3.20 
30 5.55| 5.55| 5.55] 5.55| — — — — — — - — 
60 — | 4.35| 4.35| 4.35) 4.35) — — — = — = — 
90 — — — | 3.80) 3.90| 3.90) 3.901 — = — -— — 
120 — — — — — — | 4.00| 4.00| 4.00) 4.00) — — 
450 — — — — — — — | 5.05} 5.05) 5.05) 5.05 
480 3.35] 3.35) 3.35) — — 3.30] 3.35 
210 — — — — | 2.90) 2.901 2.901 2.90) — = = 
240 — — — — 3.65| 3.65| 3.65| 3.65) — zx has = 
270 — — — — — 4.90| 4.90| 4.90) — — 
300 — — — — — — — 5.201 5.20} 5.20| 5.20 
330 4.05] — — — — — — — 4.051 4.05| 4.05 
360 3.20| 3.20) 3.20) — — — — — — — | 3.20| 3.20 
390 5.55| 5.55| 5.55] 5.55) — — — — —- —|—1-— 
420 — | 4.35| 4.35| 4.35) 4.35) — —(—|—:|—|-—l!-— 
490 — — | — | 3.90} 3.90| 3.90| 3.90) — — = | — = 
480 -- == |-— — | — | 4.00| 4.00) 4.001 4.00) — | — 
510 — -— —|—|—|—|-— 9.05| 5.05| 5.05) 5.05 
940 3.35| 3.35] 3.35) — | — | — — | — | ~ | — | 3.35) 3.35 
570 — — -~ — |2.90| 2.90| 2.90| 2.90} — | — — — 
600 -- — — — | 3.65| 3.65| 3.65| 3.65| — — € — 
630 — — — — = | — — | 4.90| 4.90) 4.90) — — 
660 — — — — — — — -- | 5.20) 5.20| 5.20| 5.20 
690 4.05) — — — => — — — — | 4,05| 4.05] 4.05 
Rin jai 32.30/32.90 3.00 fp. 20.90/28 . 90 0.980 E 























Uniformity of Torque and Engine Run 
The torque uniformity is 
u = (M tmas — Mimin)/Mi.m = [650 — (—360)]/127.3 = 7.93 
The surplus work of torque 
E, = Fan MuMg = 840 x 10 x 0.0523 = 439.3 J 


where /,,, is the area under the straight line of the mean torque (see 

Fig. 9.2e), mm?; M, = 4n/(iOA) = 4 x 3.14/(4 x 60) = 0.0523 rad 

per mm, which is the scale of the crankshaft angle in diagram M ,. 
The engine run uniformity is assumed as 6 — 0.01. 
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The inertial moment of the engine moving masses referred to the 
crankshaft axis 


Jo = L,/(6w*) = 439.3/(0.01 x 586?) = 0.128 kg m? 
9.2. DESIGN OF V-TYPE FOUR-STROKE DIESEL ENGINE 


The examples of kinematic and dynamic computation set forth 
below are given for the same diesel engine, for which an example of 
heat analysis is given in Chapter 4, and a speed characteristic com- 
putation is quoted in Chapter 5. In view of this all source data for 
the kinematic and dynamic analyses of a Vee-type four-stroke super- 
charged diesel engine are taken from Sections 4.3%and 5.4, respecti- 
vely. 


Kinematics 


The choice of A and connecting rod length L,,. With a view to 
reduce the engine height and taking into account the experience of 
the diesel engine engineering in this country, let A remain equal to 
0.270 as the case was in the heat analysis. According to this 


Le., = R/X = 60/0.270 = 222 mm 
The piston travel. The piston motion versus the crankshaft angle 


is plotted graphically (Fig. 9.8a) to scale M, = 2 mm per mm and 
M , = 2° per mm for every 30°. The correction of Brix is 


RAIM) = 60 x 0.270/(2 x 2) = 4.05 mm 


The angular velocity of the crankshaft revolution 
w = nn/30 = 3.14 x 2600/30 = 272.1 rad/s 


The piston speed. The piston speed versus the crankshaft angle 
is plotted graphically (Fig. 9.85) to scale M, = 0.4 m/s, mm: 


oR/M, = 272.1 x 0.06/0.4 = 40.8 mm 
ORA/(M ,2) = 272.1 x 0.06 x 0.270/(0.4 x 2)=5.5 mm 


+ Vp max is about oA y 1 -42— 272.1 x 0.06 Y 1-- 0.272 
— 16.9 m/s 


The piston acceleration. The piston acceleration versus the crank- 
shaft angle is plotted graphically (Fig. 9.8c) to scale M; — 100 m/s? 
per mm: 


o?R/M; = 272.1? x 0.06/100 = 44.4 mm 
w?RA/M; = 212.1? x 0.06 x 0.270/100 = 12.0 mm 
Imax = PR (1 + X) = 272.1? x 0.06 (1 + 0.27) = 5642 m/s? 
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Fig. 9.8. Diesel engine piston path (a), speed (b) and acceleration (c) versus 
crank angle 


jmin= — OR (A +37) = 272.1? x 0.06 (0.27 taxor) 


= 3256 m/s? 


Values of Sx, Vp and j versus q obtained on the basis of the plotted 
curves are entered in Table 9.9. 

At j = 0, vp = -EUpmax = +16.9 m/s, while inflection point s 
corresponds to the crank turn through 76 and 284". 


Dynamics 


Gas pressure forces. The indicator diagram (see Fig. 3.15) obtained 
in the heat analysis is developed by the crank angle (Fig. 9.9) in 
compliance with the Brix method. 
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Fig. 9.9. Developing a diesel engine indicator diagram against crank angle, 
and plotting total specific force p 














Table 9.9 
q? | s, mm Up, m/s j, m/s? | q^ | s, mm tp. m/s j, m/s2 
| 

0 0 0 -:- 5640 | 210 113.9 —6.3 —3250 

30 19.0 -—40.1 +4450 | 240 95.9 —12.2 — 2820 

60 35.9 --16.0 -;-1620 ! 270 67.8 —16.3 — 1200 

90 67.8 --16.3 —1200 300 35.9 —16.0 4-1620 

120 95.9 —12.2 —2820 330 10.0 | —10.1 +4450 

150 113.9 —6.3 — 3250 360 0 0 +9640 
180 420.0 0 —3240 


The scales of the developed diagram are as follows: piston stroke 
s = 1.0 mm per mm, pressures Mp = 0.08 MPa per mm; forces 
p = MyQ,F, = 0.08 x 0.0113 = 0.0009 MN per mm or Mp = 
0.9 kN per mm, and crank revolution angle M , = 3° per mm, or 


My = 4n/OB = 4 X 3.14/240 = 0.0523 rad per mm 


where OB is the length of the developed indicator diagram, mm. 
The Brix correction 


RAIM) = 60 x 0.270/(9 x 1.5) = 5.4 mm 


The values of Apg = Pg — po are then determined against the 
developed indicator diagram for every 30? and entered in Table 9.10. 


I SE 


13—0946 
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Table 9.10 





Ap , D: ^p , 
J 
E MPa MPa 


MPa 





çe j, m/s p, PMa q? j, m/s| Pj. MPa p, MPa 
































| 
O | 0.062:2-5640| —1.933 | —1.871 | 380 |7.880 --5040| —1.727 E 153 


30 | 0.059/4-4450| —1.525 | —1.466 | 390 |6.060|+4450| —1.525 | 4.535 
60 | 0.059|-i-1620| —0.555 | —0.496 || 420 |2.030 |--1620| —0.555 1.479 
90 | 0.059,—1200| +-0.411 | +0.470 | 450 |0.930 |—1200| --0.411 1.341 


120 | 0.059|—2820| +0.966 | +1.025 | 480 [0.560 |—2820) --0.966 1.528 
150 | 0.059|—3250| +1.114 | 2-1.173 || 510 |0.390|—3250| ——1.114 | —1.504 
180 | 0.059/—3240| =-1.110 | —-1.169 | 540 | 0.220 |—3240} --1.110 | --1.330 
210 | 0.080|—3250| —1.114 | -+1.194 | 570 |0.140,—3250| —1.114 | —1.254 
240 | 0.130|—2820| --0.966 | +1.096 | 600 |0.062,—2820| 0.966 | —1.028 
270 | 0.240|—1200| --0.411 | +0.651 | 630 |0.062,—1200| -- 0.411 | —0.473 
300 | 0.690|--1620| —0.555 | 40.135 | 660 |0.062,--1620| —0.555 | —0.493 
330 | 2.310|--4450| —1.525 | 40.785 | 690 | 0.062 |+-4450| —1.525 | —1.463 
360 | 8.569|2-5640| — 1.933 | +-6.636 | 720 |0.062[4-5640| —1.933 | —1.871 
370 |11.207|--5430| —1.861 | 4-9.346 


| 
| 


Masses of the parts of the crank mechanism. Referring to Table 7.1 
and taking into account the cylinder bore, stroke-bore ratio, Vee- 
type arrangement of the cylinders and a fairly high value of p,. 
we determine: 

mass of the piston group (with a piston of aluminum alloy mp 
— 260 kg/m?) 

m, = myFy, = 260 x 0.0113 = 2.94 kg 


mass of the connecting rod (me, = 300 kg/m?) 
Me.r = Me.rFp = 300 x 0.0113 = 3.39 kg 


mass of unbalanced parts of one crankshaft throw with no counter- 
weights (mi, = 320 kg/m? for a steel forged crankshaft) 


Min = mgF, = 320 x 0.0113 = 3.62 kg 
mass of connecting rod concentrated on the piston pin axis 
Merp = 0.275m,, = 0.275 x 3.39 = 0.932 kg 
mass of connecting rod concentrated on the crank axis 
Mere = 0.725me,, = 0.725 x 3.39 = 2.458 kg 
reciprocating masses 
m; = Mp + Me.r.p = 2.94 + 0.932 = 3.872 kg 
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rotating masses 
May = Min F Mer. = 3.62 + 2 x 2.458 = 8.536 kg 
Full and specific forces of inertia. Inertial forces of reciprocating 
masses are determined by the acceleration curve (see Fig. 9.8c and 
Table 9.9): 
full forces P; = —jm; x 107? = —j x 3.872 x 10-3 kN 
specific forces p; = P;/Fp = P; x 1073/0.0113 MPa 
The values of p; are entered in Table 9.10. 


The centrifugal inertial force of rotating masses of one connecting 
rod used in a cylinder 


Kpa ar = —Mer.efwl0-? = —2.458 x 0.06 x 272.1? x 10-2 
— —10.9 kN 


The centrifugal inertial force of crank rotating masses 
Kpr àe —m,HRo40-* = —3.62 x 0.06 x 272.1? x 10-3 
— — 16.1 kN 

The centrifugal inertial force of rotating masses which loads the 

crank 
Kgg-—Kg,.-2Kg.,- —16.1 + 2 (—10.9) = —37.9 kN 

Specific total forees. The specific total force (in MPa) concentrated 

on the piston pin axis (Fig. 9.9 and Table 9.10) 
p = Ap, + pj 


Specific forces Py, Ps, Pe and py are determined analytically. 
The computations of the values of these forces for various angles @ 
are tabulated (Table 9.11). 

Curves showing specific forces py, Ps, p, and py versus q are 
represented in Fig. 9.10, where M, = 0.08 MPa per mm and M , = 3* 
per mm. 

The mean value of specific tangential force per cycle: 

according to the heat analysis 


Pr = 2pi/(nv) = 2 X 1.203/(3.14 x 4) = 0.192 MPa 
according to the area under curve Pr 
Pr, = (XF,— EF.) M,/OB = (1350 — 770) 0.08/240 = 0.193 MPa 
an error A = (0.193 — 0.192) 100/0.192 = 0.52%. 
Torques. The torque of one cylinder 
Mice = TR =T x 0.06 kN m 


p, MPa 


+1.504 


+0.473 
—0. 493 


tan B 


-+0.136 
-|-0. 239 
0.278 
--0.239 
-1-0.136 


—-0.136 
—0.239 
—0.278 
— 0.239 
—0.136 


-|-0.047 
-1-0.093 
-F0.136 
-- 0.239 
+0.278 
--0.239 
Drops: 


— 0.136 
— 0.239 
— 0.278 
— 0.239 


"038 |-1-0.6 


009 (14. 


Py, MPa So 
0 1 
— 0.199 | 1.009 
--0,119 |1.028 
+-0.131 |1.038 
-F-0.245 | 1.028 
-+0.160 | 1.009 
0 1 
—0.162 | 1.009 
— 0.2062 | 1.028 
—0.181 |1 
—0.032 |1.028 
— 0.107 11.009 
0 1 
-|-0.439 | 1.004 j- 
+0.572 |1.004 
+0.617 | 1.009 
+0.353 | 1.028 
40.373 | 1.038 
+0.365 | 1.028 
+0.205 | 1 
0 1 
—0.171 |1.009 
— 0.246 | 1.028 
—-0.134 | 1.038 
+0.118 | 1.028 





cos (p + B) 


cos p 


+1 
— 0.798 
--0.293 
—0.278 
—0.707 
— 0.934 


—0.934 
— 0.707 
--0.278 
-| 0.293 
.798 


0 
1 
0.977 
-|.0.908 
0. 
0.293 
0.278 


— 0.701 
— 0.924 


—0.934 


— 0.278 
-+0.293 


Pe, MPa 


—1.871 
— 1.170 
—0.145 
—0.131 
—0.725 
—1.096 
—1.169 
—1.115 
—0.775 
—0.181 
+0.040 
--0.626 
- 6.636 
--9.131 
--5.587 
--3.619 
+0.432 
—0.373 
—1.079 
—1.405 
— 1.330 
—-1.171 
—0.727 


— 0.144 


DT, 
MPa 


.979 


.479 
—0.768 
--0.473 
1-0 .486 


Table 9.11 
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Fig. 9.10. Curves of change in specific forces py, Ps, Pc» PT 





The cylinder torque versus q is expressed by curve pr (Fig. 9.10 
and Table 9.11), but to the scale 


My = M,F,R = 0.08 x 0.0113 x 0.06 x 10? 
= 0.0542 kN m per mm, or My = 54.2 N m per mm 
The torque variation period of a four-stroke diesel engine with 


equal firing intervals 
0 = 720/i = 720/8 = 90° 


The values of torques of all the eight engine cylinders are summed 
up by the table method (Table 9.12) for every 10° of the crankshaft. 
Using the data obtained, we plot curve M , (Fig. 9.11) to scale My 
— 25 N m per mm and M, — 1^ per mm. 

The mean torque of an engine: 

according to the data obtained from the heat analysis 


M, mean = M; = M, (1/1m) = 856.2/0.824 = 1039 N m 
by the area F located under curve M , (Fig. 9.11): 
M, mean = FuMy/OA = 3745 x 25/90 = 1040 N m 
an error A = (1040 — 1039) 100/1023 = 0.10%. 
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Table 9.12 
PSN Ep ee i "I o EE C RN CC 
z ist ond 3rd 4th 
9 E 4 E R 
e e > S S3 
Se É 9g E 9g = a z $c 
es 5 =z 5 zz 5 S z 5 Sz 
0 0 0 90 4-315 180 0 270 —440 
10 10 —400 100 -+445 190 — 105 280 — 270 
20 20 — 560 110 — 525 200 — 215 290 — 190 
30 30 —-610 120 +520 210 —310 300 —90 
40 40 — 610 130 4-490 220 —395 310 —150 
50 50 —510 140 + 360 230 —485 320 —215 
60 60 — 330 150 +300 240 —555 330 —330 
70 70 —145 160 +175 250 — 605 340 —320 
80 80 +4110 170 +80 260 —580 350 255 
90 90 +315 180 0 270 — 440) 360 0 


Table 9.12 (continued) 


EQ M ———— ————————————————————————————————— 


2 Cylinders 

a 

2 5th 6th 7th 8th 

E > $ 9 > Mi, 
e E. a E S 2 5 4 $ Nm 
F S <E S ZB 5 SE S UH 

9 5 az 5 az 5 S z 5 az 

0 360 0 450 | +910 940 0 630 — 320 465 
40 370 | +4390 460 | +890 550 — 120 640 —170 1660 


20 380 | +4790 470 | +860 | 560 — 260 650 +100 | 2050 
30 390 | --1900 480 | +770 | 570 — 325 660 +330 | 2185 
40 400 | +1420 490 | +680 | 580 — 380 670 +480 | 1495 
90 | 410 | +4130 900 | 4-535 | 590 —450 680 +580 885 
60 420 -r 985 910 | +390 | 600 —520 690 +615 999 
70 430 - 890 920 | 4-260 | 610 — 915 700 +515 299 
80 440 + 880 530 | +4110 | 620 — 445 710 -+270 170 
90 450 +910 540 0 | 630 —320 720 0 465 
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The maximum and minimum values of engine torque (Fig. 9.11): 


M imaz = 2200 N m; M timin = 160 N m. 


Forces loading crankpins (one connecting rod). The polar diagram 
of force S (Fig. 9.12) loading the crankpin is plotted by adding the 
vectors of forces K and T (see Table 9.11). The scale of the polar 
diagram Mp is 0.5 kN per mm. 

The diagram of force S with its 
center at point O, (00, = K reM p 
— —10.9/0.5 — —21.8 mm) isa 
polar diagram of load R, p exer- 
ted to a crankpin due to the ac- 


/ 
tion of one connecting rod. D, A 
The values of force Rep for E” ee 


various q are taken from the po- 
lar diagram (Fig. 9.12) and en- 
tered in Table 9.11 to be used 
then in plotting diagram of R,.p 
in Cartesian coordinates (Fig. 
9.13). The scales of the developed 
diagram are: M p = 1 kN per mm 
and M, = 3 degrees per mm. Fig. 9.11. Total torque of a diesel en- 
According to the developed gine 
diagram of R.., we determine 


Ron mean = MpFIOB = 1 x 5500/240 = 22.9 kN 























10 20 30 40 50 60 70 80 q? 


Hip wax = 95.2 kN; Hp min ^-^ 6.5 kN 


Using the polar diagram (see Fig. 9.12), a crankpin wear diagram 
(Fig. 9.14) is plotted. The sum of forces At, p, ; acting along each ray 
of the wear diagram (from Z through 12) is determined by means of 
Table 9.13 (the values of R¿p ; in the table are in kN). Then, we 
determine the position of the oil hole axis (y, = 90°) against the 
wear diagram (Mp, = 40 kN per mm). 

Conventional forces loading crankpins (two adjacent connecting 
rods). The crankshaft of the engine under design is fully supported 
and has its cranks arranged in vertical and horizontal planes 
(Fig. 9.15). The crank order of the engine is 11-1r-41-21-2r-31-3r-4r. 
Firing intervals are uniform, every 720/8 — 90*. 

Because of the firing order, the 1st, 2nd and 3rd crankpins are 
simultaneously loaded by the forces from the left and right connecting 
rods, the forces being shifted through 90? with regard to each other. 
The 4th crankpin is under effect of the forces produced by the left 
and right connecting rods, the forces being shifted through 450°. 
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+K 






Fig. 9.12. Polar diagram of loading a 
crankpin of a diesel engine 


The total tangential forces 
loading the crankpins that are 
produced by two adjacent 
connecting rods 


Ti fiL, 


The total forces acting on 
the crankpins along the crank 
radius from two adjacent con- 
necting rods 


Ky=K,+K, 


The conventional total for- 
ces loading the crankpins are 
plotted on condition that the 
angles in all cylinders are 
counted starting with 0°. For- 
ces T y and K y are compu- 
ted by the table method 
(Table 9.14). The data thus 
obtained are used to plot con- 
ventional polar diagrams of 
total forces S» = Sı + S, 
loading the íst (2nd, 3rd) (Fig. 
9.162) and 4th (Fig. 9.165) 
crankpins, the forces being 
produced by each pair of ad- 
jacent connecting rods. The 
diagrams are to scale Mp = 
= 0.0 kN per mm. 

The diagrams of forces 
S x12, and S, with the 
centers at points O4(, 3, and 
Oc Osea O c1(2,3) = Q0 = 
= 2K, ¿Mp = 2(—10.9)/0.5 
= —43.6 mm) are polar diag- 
rams of conventionalloads on 
the 1st, 2nd and 3rd crank- 
pins —Ro p x1(2,3, and on the 
4th crankpin A, x. 

The values of Rep 12,3) 
and A, ya for various q read 
on the polar diagrams (Fig. 


9.16) are then entered in Table 9.14 (columns 12 and 16). |They are 
then used to plot diagrams Zt, zi(5,3, and Re.p z, in Cartesian coor- 
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Table 9.18 


e ncc —————————————— E 
Values of Rep, ip kN, for rays 
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dinates (Fig. 9.17). The scales of the developed diagram are: Mp = 
—1 kN per mm and M, = 3° per mm. 
Determined against the developed diagrams are: 


Ro. pxi(2,3) mean =F 12, 3)M pj OB = 9390 x 1/240— 39.1 kN 
Re. p31(2,3) max = 94.5 kN; Ro. p21(2,3) min = 9.6 kN 
Re. p24 mean = F,M p, OB = 9600 x 1/240 = 40.0 kN 


Re, pX4 max — 83.5 kN; Re. p24 min = 8.0 kN 
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Forces loading crankshaft throws. The total forces acting on the 
crankshaft throws along the crank radius 


Kp, iz Kx —-2Kgc Krin = Kg--21.84- 16.1 — (Kx 4-37.9) kN 


The polar diagrams of forces H,,zj55, and Rep y, with the 
centers at points O41, and Oy (Ocio sy X Otnice,3) = On tna 























Fig. 9.13. Diagram of loading a crankpin of a diesel engine in Cartesian coor- 
dinates 


= Kp n/M p = —16.1/0.5 = —32.2 mm) are polar diagrams of 
the loads on the crankshaft throws R¢ynsyo.3) and Rih z, (see 
Fig. 9.16), respectively. The values of Rep si(2 3) and Rin x, for 


Fig. 9.14. Diagram of diesel engine 
crankpin wear 





various q are entered in Table 9.15 (columns 4, 19, 22). 
Forces loading main bearing journals. The forces acting on the 
1st and 5th journals 


Hs; n= —0.5R tp, Xl and Rm.j z5 — —0.5R in X4 


Forces Rm.j zı and Rm.j ss versus @ show the polar diagrams of 
Rin zı and Rin z, (see Fig. 9.16a and b), respectively, the diagrams 
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being turned through 180° and made to scale Mp = 0.25 kN per mm. 
The values of these forces for various angles « are tabulated (see 
Table 9.15, columns 2 and 23). 


Left bank gp Right bank 





Fig. 9.15. Diagram of the crankshaft of a Vee-type diesel engine 


The forces loading the 2nd and 3rd journals are oriented with 
regard to the first crank 


3 2 2 . pe 
Rm. 2:5] T5 =Kihse and Rm. jz3 e Tia + Kins3 
where 


Tinsg=Tsit+Tsor+ Kp, tazer = —0.5 (T31 + T 32 c0s 90° 
— Kp, thz2 Sin 90°) = —0.5T y, +0.5Kp, thse; Kinse= Kp, thS1 
+ Tak + Kp, trsex= — 0.9 (Kp, inzi + Tz» sin 90°+ Kp, iz cos 907) 
= —0.9Kp, thsi —0.T z2; Tings = Tzord- Kp, thor +T ssr 
+ Ko, inzar— —0.5(T 32 cos 90° — Kp, iz» sin 90° + T yg cos 270° 
— Kp, nza Sin 270°) 2 0.5 Ks, thug —0.9Kp, inza; Kinza = Kp, tnsox 
+ Tsok-F- Kp, inzak - Tyak — — 0.9 (Kp, tase cos 90° -+ T x5 sin 90° 
+ Kp, th=3 COS 270° + T y3 sin 270°) = —0.57 52+ 0.5733; Kp, 1hS2 
= Kyo+ Krs —(K53— 31.9) kN; Kp, tnz3 = Kxs + KRI 
= (Ky, — 37.9) kN. 


According to the engine firing order, the forces loading the 2nd 
crank are shifted relative to the forces loading the 1st crank for 270* 
el the crankshaft angle, and the forces acting on the 3rd crank, 
or 450°. 


For computed forces Tiryo, Kinyo, Tenga and Kin ys, see 
Table 9.15, while the polar diagrams of R m.j yo and Rm.j z3 plotted 
by vectorial addition of corresponding vectors Tinz and Kinz 


are shown in Figs. 9.18 and 9.19. The diagram scale is My 
= 0.5 kN per mm. 
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Table 9.14 


crankpins 4th right cylinder 4th crankpin 
e 

a js z x S a E < Š a 
A E E xU e e hos s de = 
MOM les eRe A A ee a 
—5.3 | 44.7 | 270 Sod | —7.4 45.0 0 | adr 45.5 
—4.7 | 36.8 | 300 +0.5 | —1.5 | 140.8 | 30 | —12.7 |—11.7| 36.4 
+4.7 | 86.8 | 330 +7.1 | —5.5| 6.7| 60 2-5.5 | —11.0| 19.6 
--5.3 | 44.8 | 360 | --75.0 0 |64.4| 90 | --73.5 | —5.3 51.7 
4.4} 45.5 | 370 | +103.2 | +-23.2 | 95.2 | 100 | --99.6 | +30.9| 83.4 
—4.2 45.4 | 380 | —63.1|—29.8 | 60.2 | 110 | +57.4 | —38.5 | 52.0 
—1.5 | 43.4 | 390 | --40.9 | +31.7 | 33.8 | 120 | -+32.7 |-1-40.4| 41.7 
—0.4 | 35.8 | 420 —4.9 | -+46.4 | 17.5 | 150 —7.5 | —21.5| 36.4 
+5.3 | 36.8 | 450 —4.2 | 415.2 | 24.5 | 180 | —47.4 | —15.2| 41.8 
+3.5 | 42.8 | 480 | —12.2 | +12.9 | 26.4 | 240 | —24.8 | +7.7| 47.0 
—4.2 | 43.4 | 510 | —15.9| —6.5| 27.5 | 240 | —24.7 | —2.8| 46.5 
—7.4 | 37.7 | 540 | —15.0 0 |25.9 270 | —17.1 | —7.4| 39.5 
—6.7 | 34.5 | 570 | —13.2| —5.4 | 24.7 | 300 | —12.7 | —6.9| 35.0 
—14.8 | 27.9 | 600 —8.2 | —8.7 | 21.0 | 330 —1.1 |—14.2| 26.9 
—7.4 | 51.5 | 630 —1.5 | —5.3 | 13.5 | 360 | -+73.5 | —5.3| 51.7 
+19.0 | 82.8 | 640 —0.2 | —2.5 | 11.4 | 370 | 4-403.0 | +20.7| 83.5 
+27.4 | 49.5 | 650 —0.2] +2.0 | 11.3: 380 | +62.9 |--31.8| 51.6 
+30.2 | 35.8 | 660 | —1.6 | +5.5 | 13.7 | 390 | +39.3 | -37.2| 44.0 
+40.9 | 44.5 | 690 | —413.2 | 19.2 | 26.1 | 420 —8.3 | 4-26.6| 40.3 
+45.2 | 51.4 | 720 | —21.1 O |32.0| 450 | —25.3 | +15.2] 49.5 
| +38.2 | 84.5 | 10 | —20.1| —6.3| 31.6 | 460 | —25.9 | --8.7 | 50.0 
+43.3 | 53.4 | 20 | —17.3| —9.9 | 29.9 | 470 | —27.1 | --3.6| 48.6 
+44.6 | 45.0 | 30 | —13.2 | —10.2 | 26.1 | 480 | —25.4 | +2,7| 47.0 
+22.9 | 40.0 | 60 —1.6| —5.5 | 13.8 | 540 | —17.5 | —1.0| 39.0 
-45.2 | 43.7 | 90 —1.5| +5.3 | 43.5 | 540 | -46.5 | +5.3] 38.5 
+7.5 | 47.6 | 120 —8.2| +8.7 | 21.0] 570 | —21.4 | -+-3.3] 43.1 
—2.21 46.0 | 150 | —12.4 | -+5.41 | 23.9 | 600 | —20.6 | —3.6| 42.4 
—5.3 | 38.5 | 180 | —13.2 0 | 24.41 630 | —14.7 | —5.3| 36.8 
+0.1 | 36.4 | 240 | —12.6| —5.2 | 24.3 | 660 | —14.2 | +0.3] 35.9 
—1.5 | 43.0 | 240 —8.8| —9.3 | 24.7 | 690 | —22.0 | +0.9| 43.6 
—5.3 | 44.7 | 270 —2.1 | —7.4|15.0| 720 | —23.2 | —7.4] 45.5 
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0|30.60| 0| 61.2 |--30.25 | —2.65 |+19.10 -22.65| 29.7 |450|2-16.45 | —7. 
10:29.50| 10! 59.0 |+29.20] —3.60 --33.35 |--10.10| 35.0 460|2-29.75 |—19. 
20|27.85| 20| 55.7 |--27.45| —3.45 --11.15| +5.80] 12.8 |470| +7.70|—21. 
30| 26.60] 30| 53.2 |--26.35| +2.35| —2.25| --4.05| 4.7 |480| —4.601—22. 
60126.65| 60| 53.3 |--26.35| —2.35 |—26.80|4-14.90 | 30.5 1510|—24.45 |—11. 
90| 30.60] 90 61.2 |--30.25| —2.65|—31.20|--22.65| 38.5 1540|—28.55| —7. 
400 | 31.05 1100] 62.1 |+30.80| —0.70|—30.40 |+24.56| 39.0 |550.—29.70| —6. 
110130.80 110; 61.6 |+ 30.60! --0.60/-30.15|+25.60| 39.5 1560|—30.75| —5. 
120|29.75 420! 99.5 |429.65| -0.75 |—30.90 |--25.90 | 40.1 |570|—31.65| —3.75 
150| 26.15 |150| 52.3 |- 25.95| —0.20|—30.80 |--27.05| 40.8 1600|—31.00| +4. 
180 | 26.60 [180| 93.2 j- 26.30] —2.65|—29.85|--28.95| 41.5 |630/—27.20] +2.6 
190 | 27.50 |190| 55.0 |--27.20| —3.00|—29.60|-:-20.15| 41.4 |640/—26.60} --1.95 
200 | 27.90|200| 55.8 |-:-28.45| —2.80|—29.201—29.45| 41.3 1650|—206.40 | —1.00 
240 | 29.65 |210| 59.3 |-:-29.35| —1.75|—28.101--29.30| 41.0 |660,—26.35 | —0.05 
240 | 20.80 1240| 59.6 |: 29,55 | —2.101—27.55 |--28.80] 40.0 |690|—29.65 | —0.75 
270 | 27.00 {270} 94.0 |.126.80| —3.701—26.55|-1-29.45| 39.5 |7201—30.25 | —-2.65 
300 | 25.45 |300| 90.9 1.25.00! —-3.351—23.00|--27.35| 35.5 | 30|—26.35 | --2. 
330| 21.301330, 42.6 |: 40,80 | -.7.40—18.951--17.45| 25.7 | 60/—26.35! —2.35 
360 | 17.65 1360) 35.3 |_17.50] +-3.70|— 26.55 |— 20.15 | 30.9 90.—30.25| —2.65 
370 | 33.35 |370| 66.7 |-.32.30| —9.50|—40.30|—33.00 | 52.0 100 —30.80| —0.70 
380 | 18.30 |380| 36.6 |--12.60 |—13.70 |—44.30 |—12.00| 45.7 410/,—30.601 +0.60 
390|15.20/390| 30.4 | —1.75|—15.10 |—44.75| —1.00| 44.5 |120|—29.65 | +0.75 
420 | 14.25 |420| 28.5 |-:42.95| —5.45|—31.40 3-13.15 | 33.8 |150/—25.95| +0.20 
450 | 17.85 |450| 35.7 |_16.45| —7.60|—33.90 |—19.10| 38.8 /180/—26.30| —2.65 
460 | 35.00 |460| 70.0 1..29.75|—19.70 |—47.05 |—32.75 | 97.2 490.—27.35| —3.00 
410| 22.90 1470) 45.8 | 7.70 |—21.65|—50.35 |—10.30| 91.2 1200|—28.70 | —2.60 
480 | 22.85 |480| 45.7 | +4.60/—22.30/—51.65| +2.85{ 91.5 [210|—29.35 | —1. 
510] 27.20|510) 54.4 |..24.45|—11.45 |—41.00 |--26.55 | 48.5 |240|—29.55 | 4-2. 
540 | 29.70 |540| 59.4 |--28.55| —7.60|—34.40 |--32.25, 47.0 |270 —26.80| —3. 
570132.051570| 64.1 |-+ 341.65} —3.75|—28.75|4-35.00! 45.2 13001 —25.00| +3. 
600 | 31.25 |600| 62.5 |4-34.00) 7-1.10|—18.70 |--38.40 42.5 |330|—19.850| +7.40 
630 | 27.50 |630| 55.0 |--27.20| --2.65 |+-20.15/+30.90| 36.9 1360|2-17.50 | 4-3. 
640 | 26.85 |640| 53.7 |--26.60| --1.95|--34.25 |--17.10| 38.5 |370.--32.30| —9. 
650 | 26.50 |650| 53.0 |--26.40 | +1.00 |--13.60 |--12.70 | 18.8 |380|+-12.60|-13. 
660 | 26.55 |660| 53.1 !--26.35| —0.05| +1.70 |4-11.25 | 11.5 1390| 4-1.75|—15. 
690 | 29.85 1690] 59.7 |--29.65| —0.75|-13.70|--24.20| 27.9 |420/—12.95} —5. 
720 | 30.60 |720| 61.2 1-2-30.25| —2.65 |3-19.10 |--22.65 | 29.7 |450|4-16.45 | —7. 
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-L48.25|—11.30| 44.8 |270|+26.80| —3.70| 54.0 | 43.0 | 540 | 55.2 | 27.60 
--55.80|—22.70| 60.2 |280|--26.05| --3.60| 53.0 | 43.0 | 550} 57.0 | 28.50 
--33.55|—25.15| 42.0 |290|--25.55| —3.50| 52.0 | 43.0 | 560 | 59.0 | 29.50 
4-20.4|—25.65| 32.6 |300]--25.00| —3.35| 50.9 | 43.0 | 570 | 60.0 | 30.00 
—4.65]—18.85| 19.3 330|-.19.80 —7.40 42.6 | 41.3 | 600] 59.0 | 29.50 
—46.05|—11.30| 47.5 1360|—17.50| —3.70 35.3 | 36.0 | 630 | 53.4 | 26.70 
—62.00| +3.20| 62.1 |370,—32.30| +-9.50 66.7 | 37.4 | 640 | 51.4 | 25.70 
—43.35| +8.70) 44.2 |380|—12.60|2-13.70| 36.6 | 18.0 | 650} 51.0 | 25.00 
—33.40)+14.35] 35.2 |390| —1.75/+15.10| 30.4 | 13.1 | 660 | 52.5 | 26.25 
—18.05| --6.55| 19.3 420|--12.95| —5.45| 28.5 | 28.3 | 690 | 60.3 | 30.15 
—43.65|--10.25| 44.8 |450/—16.45] --7.60| 35.7 | 29.9 | 720) 61.9 | 30.95 
—56.351+21.65| 60.1 |460/—29.75!--19.70} 70.0 | 35.5 10 | 59.0 | 29.50 
—34.10|--22.65. 41.0 |470| —7.70/+21.65| 45.8 | 14.1 20 | 56.5 | 28.25 
—24.75|-22.25| 31.0 480 -+4.60/4-22. 30| 45.7 3.5 30 | 52.4 | 26.20 
—5.20|--10.70| 11.9 55101 24.45|J-11.45| 54.4 | 19.8 60 | 34.5 | 17.25 
—4.70|--10.25| 10.3 |540|--28.55| —7.60| 59.4 | 40.1 90 | 35.3 | 17.65 
4-5.30| --6.10| 9.5 [570|—31.65| -:-3.75) 64.1 | 52.1 | 120| 40.8 | 20.40 
--4.65| —3.45| 5.8 [600|- 34.C0| —1.10| 62.5 | 50.0 | 150] 50.7 | 25.35 
—3.05| —5.30| 6.0 163027.20| —2.65| 55.0 | 46.5 | 180} 57.8 | 28.90 
—4.20| —2.65| 5.0 1640526.60| —1.95| 53.7 | 45.5 1190 | 60.5 | 30.25 
—4.20| —0.40| 4.0 [650|--26.40| —-1.00| 53.0 | 44.5 | 200} 62.0 | 31.00 
—3.30| - 0.80) 3.2 [66012-26.35| —-0.05| 53.1 | 43.5 | 240 | 63.7 | 31.85 
-F3.70| +0.95| 3.9 |690|--29.65| -; 0.75] 59.7 | 42.0 | 240 | 63.4 | 34.55 
4-3.95| —5.30| 6.5 1720|2-30.25| —2.65| 64.2 | 40.6 | 270] 56.0 | 28.00 
+1.85| —6.60| 7.0 | 40/+29.20} —3.60| 59.0 | 39.5 | 280] 54.5 | 27.25 
1.25] —6.05, 6.5 | 2001--27.45| —3.45| 55.7 | 38.0 | 290 | 53.2 | 26.60 
—3.00) —4.10] 5.0 | 30.-26.35| —2.35| 53.2 | 36.4 | 300) 51.5 | 25.75 
—3.20 --4.45| 5.4 | 60|2-26.35| 2-2.35| 53.3 | 26.4 | 330 | 42.0 | 21.00 
+3.45] +6.35| 7.3 | 90—-30.25| +-2.65| 64.2 | 34.4 | 360] 35.3 | 17.65 
+4.65| --2.60| 5.5 |120/+29.65| —0.75| 59.5 | 48.4 | 390 | 37.3 | 18.65 
76.15] +7.20) 9.5 M50|--25.95| —0.20| 52.3 | 46.0 | 420| 54.0 | 27.00 
+43.80| +6.35] 44.4 480|--26.30| —2.65| 53.2 | 44.8 | 490| 65.5 | 32.75 
+59.50| —6.50| 59.8 490|--27.20| —3.00| 55.0 | 44.4 | 460 | 67.0 | 33.50 
+41 .05/—10.90} 42.4 |2002-28.45| --2.80| 55.8 | 48.2 | 4701 66.8 | 33.40 
+31 .10|—43.35| 33.8 210|--29.35| +1.75| 59.3 | 43.3 | 480] 63.8 | 31.90 
-F16.60| —7.55| 15.8 |240--29.55| —2.10| 59.6 | 42.9 | 510| 55.9 | 27.95 
-F43.25|—11.30| 44.8 |270|+-26.80| —3.70| 54.0 | 43.0 | 940 | 55.2 | 27.60 
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Fig. 9.16. Conventional polar diagrams of loading the crankpins and crankshaft 
throw of a Vee-type engine 


The force loading the 4th main journal 
Rm. jz = — 0.9 (Baza + Rinsa) 

The polar diagram of the load on the 4th main journal (Fig. 9.20) 
is plotted by taking the graphical sum of polar diagrams of Rin z3 
and Rin x, turned through 180°. The diagram scale is Ry; y. — 
— Mg — 0.25 kN per mm. 

Diagrams of Rmi zl: Rm.j X2: Rm.j 23) Rm. j Ei and Rm.j z5 replot- 
ted in Cartesian coordinates are shown in Fig. 9.21. The diagrams 
are to scales M gR = 1 kN per mm and M , = 3^ per mm. Determined 
against these diagrams are: 

for the 1st main journal 

Rm.jximean = F¡M p/OB = 6320 x 1.0/240 = 26.3 kN 


Rm. jZ1max e90.0 kN; Rm. jimin =2.6 kN 
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Fig. 9.17. Conventional diagrams of loading the crankpins of a Vee-type engine 
in Cartesian coordinates 


for the 2nd main journal 
Rm. ¡22 mean = F4M p/OB = 8860 x 1.0/240 = 37.0 kN 
Rm. jzomax = 97.2 kN; Rm. PS 4.7kN 
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Fig. 9.18. Polar diagram of loading the 2nd main journal of a diesel engine 
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Fig. 9.19. Polar diagram of loading the 3rd main journal of a diesel engine 
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Fig. 9.20. Plotting a polar diagram of loading the 4th main journal of a diesel 
engine 


for the 3rd main journal 


Rm.jx3mean = F3M p/OB = 4540 x 1.0/240 = 18.9 kN 
R nei Z3max — 62.1 kN; R m.j y3 min = 2.9 kN 


for the 4th main journal 
Rm j zamean = FM g/OB = 9000 x 1.0/240 = 37.5 kN 
Hyg 24 max 98.2 KN; Rj min = 3.5 kN 
for the 5th main bearing journal 
Rm.j Esmean = F5M g/OB = 6340 x 1.0/240 = 26.4 kN 


Rm. £5 maxz = 34.1 kN; Rm.j 25 min = 2-3 kN 
14* 
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Fig. 9.21. Diagrams of loading the main journals of a diesel engine in Cartesian 
coordinates 
(a) ist journal: (5) 2nd journal; (c) 3rd journal; (d) 4th journal; (e) 5th journal 


Comparing diagrams Rm.jzm Hmj;is Rmjzs, Rm.jx and 
Rm.j zs We see that the maximum load is on the 4th main journal 
and minimum, on the 3rd journal. 


Balancing 


The centrifugal inertial forces of the engine under design are com- 
pletely balanced: 23Kp = 0. 
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The total moment of the centrifugal forces acts in a rotating plane 
that is at 18°26’ with regard to the plane of the first crank (see 
Fig. 9.15), its value being 


LM p =V 10 (Min + 2Me.».c) Roa 


The primary inertial forces are mutually balanced: XP;, = 

The total moment of the primary inertial forces acts in the same 
plane as the resultant moment of the centrifugal forces (see 
Fig. 9.15), its value being 


ZM; =V 10 m; Raa 


The secondary inertial forces and their moments are completely 
balanced: ZP;;, = 0; 2Mj;; = 0. 

Moments £M ;; and ZM p are balanced by arranging two counter- 
weights at the crankshaft ends in the plane in which the moments 
act, i.e. at 18°26’ (see Fig. 9.15). 

The total moments ZM;, and NM» act in one plane, therefore 


EMj-4-EMg-aBe?yf 10(m; + min -- 24. p.e) 


The mass of each counterweight is determined from the equality 
of the moments 


m, x00?b = 3M;,+ IM, 


The distance between the center of gravity of the common counter- 
weight to the crankshaft axis is assumed as o = 125 mm. 

The distance between the centers of gravity of common counter- 
weights is 6 = 720 mm. 

The crankpin center-to-center distance is a = 160 mm. 

The mass of the common counterweight 


Meys=aR V 10 (m; + Min- 2mMe, p.c) (00) 
= 160 x 60 x Y 10 (3.872 + 3.62 — 2 x 2.458)/(125 x 720) 
— 4.185 kg 

Arrangement of counterweights at the ends of the engine crank- 
shaft with a view to balancing total moments EM;, and ZMmg 
results in additional centrifugal forces of inertia due to the masses 
E A that load the 1st and 5th journals of the crank- 
salt. 

The resultant forces affecting the 1st and 5th main journals of 
the crankshaft are determined by plotting a polar diagram in a way 
similar to that assumed in determining the load on the 2nd, 3rd 
and 4th main journals. 
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Uniformity of Torque and Engine Run 
The torque uniformity 
u = (Mimay — M min)/ Mim = (2200 — 160)/1040 = 1.96 
The surplus work of the torque 
Ls = FimMyMg = 1175 x 25 x 0.0174 = 511 J 


where PF; is the area under the straight line of mean torque (see 
Fig. 9.11), mm?; Mọ = 4n/(iOA) = 4 x 3.14/(8 x 90) = 0.0174 rad 
per mm is the crankshaft angle scale in the diagram of M+. 

The engine run uniformity is assumed as 6 = 0.01. 

The inertial moment of the engine moving masses referred to the 
crankshaft axis 


Jo = L.(80?) = 511/(0.01 x 272.12) = 0.69 kg m? 


Part Three 





DESIGN OF PRINCIPAL PARTS 


Chapter 10 


PREREQUISITE FOR DESIGN 
AND DESIGN CONDITIONS 


10.1. GENERAL 


The computations of engine parts with a view to determining 
stresses and strains occurring in an operating engine are performed 
by formulas dealing with strength of materials and machine parts. 
Until now most of the computation expressions utilized give us 
only rough values of stresses. 

The discrepancy between the computed and actual data is ac- 
counted for by various causes. The main causes are: absence of an 
actual pattern of stresses in the material of the part under design; 
use of approximate design diagrams showing action of forces and 
points of their application; presence of alternating loads difficult to 
take into account and impossibility of determining their actual 
values; difficulty in determining the operating conditions for many 
engine parts and their heat stresses; effects of elastic vibrations that 
not lend themselve to accurate analysis; and the impossibility of 
accurately determining the influence of surface condition, quality 
of finish (machining and thermal treatment), part size and the 
like on the intensity of stresses arising. 

In view of this the utilized techniques of surveying allow us to 
obtain stresses and strains that are nothing more than conventional 
values characteristic only of relative stress level of the part under 
design. 

Forces caused by gas pressure in the cylinders and inertia of 
reciprocating and rotating masses, and also loading produced by 
elastic vibrations and heat stresses are the main loads on the engine 
parts. 

The loading caused by gas pressure continuously varies during 
the working cycle and reaches its maximum within a comparatively 
small portion of the piston stroke. Loading due to inertial forces 
varies periodically and sometimes reaches in high-speed engines 
the values exceeding the load due to gas pressure. The above loads 
are sources of various elastic oscillations dangerous during reso- 
nance. 
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Forces because of heat stresses resulting from heat liberation due 
to combustion of mixture and friction affect the strength of mate- 
rials and cause extra stresses in mating parts when they are diffe- 
rently heated and have different linear (or volumetric) expansion. 


10.2. DESIGN CONDITIONS 


Changes in the basic loads acting on the engine parts are depen- 
dent on the operating conditions of the engine. Generally. the en- 
gine parts are designed for most severe operating conditions. 





Fig. 10.1. Choice of design operating conditions 
(a) carburettor engine: (b) supercharged diesel engine 


With carburettor engines (Fig. 10.1a) the basic designed operat- 
ing conditions include the following data: 

(1) maximum torque M, max at the engine speed n4; —(0.4 to 0.6) X 
X ny, when the gas pressure reaches its maximum p;mgax, While 
the inertial forces are comparatively small; 

(2) nominal output power NV, y at speed n y, when all analyses of 
parts are made with taking into account the joint effect of gas and 
inertia loadings; 

(3 maximum speed in idling Rimax = (1.05 to 1.20) ny, when 
inertial forces reach their maximum, while the gas pressure is small 
or even equal to zero*. 

With high-speed diesel engine (Fig. 10.15), we take the following 
design operating conditions: 

(1) nominal power output N.y at engine speed ny, when the 
pressure reaches its maximum P, max, while the parts are designed 
to challenge the joint effect of gas and inertial loads; 


* When the engine is operating with the use of a speed control or an idling 
speed control stop screw. 
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(2 maximum speed in idling Rimax = (1.04 to 1.07) ny at 
which inertial forces reach their maximum*. 

When designing the parts of a carburettor engine maximum gas 
pressure Pzmax is determined by the heat analysis made for the 
maximum torque operation, or is assumed as approximately equal 
to the designed (without considering the diagram rounding-off fac- 
tor) maximum combustion pressure p, obtained from the heat ana- 
lysis for the nominal power operation. Inertial forces in the maximum 
torque computations are neglected. 

When making nominal power operation computations. we assume 
that gas force P, acts together with the maximum inertial force at 
T.D.C. The value of a maximum gas force is determined by the heat 
analysis for the nominal power operation taking into account the 
rounding-off factor of the indicator diagram. 

The gas pressure is neglected in making the maximum speed com- 
putations for idling operation. 


10.3. DESIGN OF PARTS WORRING UNDER ALTERNATING LOADS 


In practice all parts of automobile and tractor engines, even 
under steady-state conditions, operate at alternating loads. The 
influence of maximum loads, and also their variations in time on 
the service life of automobile and tractor engine parts materially 
increases with an increase in the engine speed and compression 
ratio. In this connection a number of engine parts of importance are 
designed to meet the requirements for the static strength against 
the action of maximum force and fatigue strength due to the effect 
of continuously varying loads. 

The fatigue strength of parts is dependent on variation of a load 
causing symmetric, asymmetric or pulsating stresses in the part 
under design; on fatigue limits o_,, 0_,, and t_, (for bending, push- 
pull and torsional stresses, respectively) and yield strength o, and 
Ty of the part material; on part shape, size, machining and thermal 
treatment, and case-hardening. 

Depending upon the variation of the acting load, the stresses 
occurring in the part vary following a symmetric, asymmetric or 
pulsating cycles. Each cycle is characterized by maximum Oma, and 
minimum Omin stresses, mean stress Om, cycle amplitude 0,. and cyc- 
le asymmetry coefficient r. For the relationship between the above- 
mentioned characteristics for the cycles, see Table 10.1. 

Under static loads ultimate strength o, or yield strength 6, is 
assumed to be the limit stress. The ultimate strength is ulilized 
in design of parts made of brittle material. With plastic materials 
the dangerous stress is indicated by the yield strength. 


Á 


* When the engine is operating with a governor. 
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Under alternating loads the dangerous stress is indicated by fati- 
gue limit 9, (0, = 6, for a symmetric cycle and 0, = 0, fora pul- 
sating cycle), or yield strength o,. In design parts the associated 
limit is dependent on the stress cycle asymmetry. 

When a part is subjected to normal or tangential stresses that 
meet the condition 


O,/Om > (Bo a A o)/(A =. po) or To/Tm > (Pr "A o), (1 = Bx) 


(10.1) 
the computations are made by the fatigue limit. 
When a part is under stresses satisfying the condition 
04/0 m < (Bo E a o)/(1 AE po) or TalTm < (Br == otr) (1 A px) 10 
(10.2) 


the computations are made by the yield limit. 
Where 6, and f is the ratio of the fatigue limit due to bending 
or torsional stress to the yield limit: 


Bo = 0. ,/0, and Pr = t_,/T, (10.3) 


where «a, and o are the coefficients of reducing an asymmetric 
cycle to the aquidangerous symmetric cycle under normal and tan- 
gential stresses, respectively. 

For the values of a, and o in steels having different ultimate 
strengths, see Table 10.2. With cast iron æ= (0.2 to 0.7); a= 
= (0.5 to 0.7). 


Table 10.2 

roe ee Bending «, Push-pull &g Torsion a, 
350-450 0.06-0.10 0.06-0.08 0 
450-600 0.08-0.13 0.07-0.10 0 

600-800 0.12-0.18 0.09-0.14 0-0.08 

800-1000 0.16-0.22 0.12-0.17 0.06-0.10 

1000-1200 0.20-0.24 0.16-0.20 0.08-0.16 

1200-1400 0.22-0.25 0.16-0.23 0.10-0.18 

1400-1600 0.25-0.30 0.23-0.25 0.18-0.20 





When there are no data to solve equations (10.1) and (10.2) the 
part safety factor is determined either by the fatigue limit or by 
the yield limit. Of the two values thus obtained the part strength 
is evaluated in terms of a smaller coefficient. 

To roughly evaluate the fatigue limits under an alternating load, 
use is made of empirical relationships: 

for steels o , = 0.400,; 0 ¡p =0.280,; 1.) = 0.22t,; 0_¡p= 
= (0.7-0.8) 0_,; v, = (0.4-0.7) o_;; 
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for cast iron o0 , = (0.3-0.5)0,: 0.,, = (0.6-0.7) 0. ; 
= (0.7-0.9) & 4; ty = (0.2-0.6) o,; 


for nonferrous metals o , = (0.24-0.50) o,. 
For the basic mechanical properties of steel and cast iron, see 
Tables 10.3, 10.4 and 10.5. 


T. 1 — 











Table 10.3 
Mechanical properties of alloyed steels, MPa 
Steel grade O, | oy 0.1 9 ip Ty | 1.1 
20X 650-850 400-600 310-380 230 360 230 
30X 700-900 600-800 360 260 420 220 
30NMA 950 750 470 — = — 
35X 950 790 — — — — 
35XMA 950 800 — — — — 
38XA 950 800 — — — — 
40X 790-1050 650-950 320-480 240-340 | — | 210-260 
40XH 1000-1450 800-1300 460-600 320-420 | 390 240 
49X 850-1050 700-950 400-500 — — — 
JOXH 1100 850 550 — — — 
12XH3A 950-1400 700-1100 420-640 270-320 | 400 | 220-300 
18XH24A 1100 850 — — -- — 
18XHBA 1150-1400 850-1200 540-620 360-400 | 550 | 300-360 
25NHMA 1150 — — — — — 
20XH3A 950-1450 850-1100 430-650 310 — 240-310 
29XHBA 1100-1150 950-1050 460-540 310-360 | 600 | 280-310 
30NI'CA 1100 850 910-540 500-530 — | 220-245 
37XHBA 1150-1600 1000-1400 020-700 — — 320-400 
40NHMA 1150-1700 850-1600 550-700 — 100 | 300-400 


Neglecting the part shape, size and surface finish, the safety fac- 
tor of engine parts is determined from the expressions: 
when computing by the fatigue limit 


Ry = O_(Oq n A ¿O m) (10.4) 
ng = T_T EN A: Tm) (10.5) 
when computing by the yield limit 
Nyo = Oy/(0, + Om) (10.6) 
ny, = Ty (Ta + Tm) (10.7) 


The effect of the part shape. size and surface finish on the fatigue 
strength is allowed for as follows: 


Table 10.4 


Mechanical properties of carbon steels, MPA 


6-1 921p 











t, | Ty 


10 320-420 180 160 120-150 | 140 80-120 
15 350-450 200 170 120-160 | 140 85-130 
20 400-500 240 170-220 | 120-160 | 160 100-130 
205 480-580 480 250 180 170 g0 
25 430-550 240 190 -= zi E 
30 480-600 280 200-270 | 170-210 | 170 110-140 
35 520-650 300 220-300 | 170-220 | 190 130-180 
35r2 | 680-830 370 260 190 240 160 
40 570-700 | 310-400 | 230-320 | 180-240| — 140-190 
40T 640-760 360 250 180 210 150 
45 600-750 340 250-340 | 190-250 | 220 150-200 
45T2 | 700-920 420 310-400 240 260 180-220 
50 630-800 350 270-350 | 200-260]  — 160-210 
50T 650-850 370 290-360 - = = 
60r 670-870 340 250-320 210 250 170 
65 750-1000 380 270-360 | 220-260 | 260 170-210 
65T 820-920 400 300 220 260 180 





(1) by stress concentration factors: theoretical «., and effective 
ko (k,) accounting for local stress increases due to changes in the 
part shape (holes, grooves, fillets, threads, etc.); 

(2) by scale coefficient e, accounting for the influence of the ab- 
Solute dimensions of a body on the fatigue limit; 

(3) by coefficient of surface sensitivity &,, accounting for the 
effect of the surface condition of the part on the yield limit. 

By the theoretical stress concentration factor is meant the ratio 
of the highest local stress to the nominal stress under static loading, 
neglecting the effect of concentration 


beg = O max/Cnom (10.8) 


The values of «,, for a number of most often encountered stress 
concentrators are given in Table 10.6. 

The influence of the specimen material as well as the geometry 
of the stress concentrator on the ultimate strength is accounted 
for by effective stress concentration factor k,. Under variable stres- 
‘Ses 

ka esu gt. (10.9) 
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Table 10.5 

Cast iron o o o T C „ (con- 

grade u ittu u,b id 9-1 ta ventional) 

Mechanical properties of grey cast irons, MPa 
CUu15-32 150 650 320 240 70 90 — 
C24 -40 210 750 400 280 100 80 — 
CU24-44 240 850 440 300 120 100 — 
CU28-48 280 4000 480 350 140 110 — 
C432 -52 320 1100 920 390 140 110 — 
CWu35-56 390 1200 960 400 450 115 — 
C 438-60 380 1300 600 460 150 115 = 
Mechanical properties of high-duty cast irons, MPa 
B445-0 450 — 700 — — — 390 
B445-5 450 — 700 — — — 330 
BU40-10 400 — 700 — — — 300 
BU50-1.5 500 — 900 — — — 380 
BU60-2 600 — 1100 — — — 420 
Mechanical properties of malleable cast irons, MPa 

K 430-6 300 — 490 — — — 190 
K 433-8 330 — 930 — — — 210 
K 435-10 330 — 570 — — — 220 
KH37-12 370 — 580 — — — 230 
K445-6 450 — 700 — — — 280 
K4U50-4 50 — 800 — — — 320 
K460-3 60 — 950 — — — 380 


where c. , and 0“, stand for the fatigue 

in a symmetric cycle and with a stress 
The relationship between factors a., 

following approximate relationship: 


kg — 1 t 9 Geo 


limit of a smooth specimen 
concentrator, respectively. 
and k, is expressed by the 


— 1) (10.10) 


where q is the coefficient of material sensitivity to stress concen- 


tration (it varies within the limits O 
The value of q is dependent mainly 


Grey cast iron . « . sc. 
High-duty and malleable cast iron . . 
Structural steels ........... 
High-duty alloyed steels ....... 


Besides, coefficient q may be determi 
ing curves in Fig. 10.2. 


q< 1). i 
on the material properties: 


A S A as about 1 


ned against the correspond- 
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Table 10.6 
A A A O ARE 


Type of stress concentrator Xeo 





Semicircular groove having the following ratio of the radius 
to the diameter of the rod 
0.1 
0.5 
1.0 
2.0 
Fillet having the following ratio of the radius to the dia- 
meter of the rod 
0.0625 
0.125 
0.25 
0.5 
Square shoulder 
Cute V-shape groove (thread) 
Holes having the ratio of the hole diameter to the rod dia- 
meter from 0.1 to 0.33 2 
Machining marks on the part surface 1 


e a x p 
RI cc 


cr AG 
D m i ust 
. O Oo O Q 


c 


1 
KN 
IT 


.0-3. 
2-1. 


A~ O 


When a part has no abrupt dimensional changes and is properly 
finished in machining, the only factor causing stress concentra- 











Fig. 10.2. Coefficient of steel stress 
concentration sensitivity 400 600 800 1000  12000,,MPa 


tions is the quality of the material internal structure. Then, the 
effective concentration factor 


ky = 1.2 + 1.8 x 104 (0, — 400) (10.41) 


Where 0, is the ultimate strength, MPa. 
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The relationship between factors k, and A, can be expressed by 
the experimental data 


k, = (0.4 to 0.6) ky (10.12) 


When designing engine parts the effect of local stresses must be 
minimized to add to the fatigue strength. This is obtained by in- 
creasing the fillet radii in inside corners of the part, by locating 
the holes in zones of low stresses, etc. 

By the scale factor £, is meant the ratio of the ultimate strength of 
a specimen of diameter d to the ultimate strength of a standard 
specimen (d,, = 10 mm). For the values of factor e, for structural 
steels and high-duty cast irons, see Table 10.7. 























Table 10.7 
Part dimensions, mm 
Scale 
factors) ox 0-15 15-20 20-30 30-40 40-50 50-100 | 100-200 
Eso 1 141-0.95]0.95-0.90/0.90-0.85/0.85-0.80/0.80-0.7510.75-0.6510.65-0.55 
Est 1 |1-0.94/0.94-0.88/0.88-0.83|0,83-0.78|0.78-0.72/0.72-0.60/0.60-0.50 


* For parts less than 10 mm in size Esg and Eşq May reach 1.1-1.2 (Esg being £g in 
push-pull and bending stresses, while Est is e, in torsional stress). 

















Table 10.8 
Surface finish or E me Surface finish or £g... TE 
surface hardening sso Sst surface hardening S80 SST 
! 
Polishing without sur- Shot blasting 1.1-2.0 
face hardening 1 ! Rolling 1.4-2.2 
Grinding without surface Carburization 1.2-2.5 
hardening 0.97-0.85 || Hardening 1.2-2.8 
Finish turning without Nitriding 1.2-3.0 
surface hardening 0.94-0.80 
Rough turning without 
surface hardening 0.88-0.60 
With no finishing and 
surface hardening 0.76-0.50 


Note. In the case of surface hardening the type of preliminary machining has no 


effect on the values of Esso and Bos The values of Esso and Ee increase with an in- 


crease in stress concentration facior hg and with a decrease in the part size. 
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By the surface sensitivity factor £,, is meant the ratio of the fatigue 
limit of a specimen having a prescribed surface finish to the fatigue 
limit of a similar specimen having a polished surface. For the values 
of factor Esso Y Esst for various surface finishes, see Table 10.8. 

To increase the fatigue strength, a high surface finish is recom- 
mended, especially near the concentrators. The parts of importance 
operating under severe conditions of cyclic stresses are usually 
ground and polished and sometimes mechanically hardened or heat 
treated. 

With consideration for the effect of stress concentrations, dimen- 
sions and quality of surface finish, the cycle maximum stress (MPa) 


Omax = Oak gl (Es€ss) + Om (10.13) 
or 


Tmax = Taky/(Es&ss) + Tm (10.14) 


and the safety factor: 
when computing by the fatigue limit 


Ng = 94/(8g,¢ + Zom) (10.15) 
n= guts ET Ot) (10.16) 


when computing by the yield limit 


Nyo = Oy Oo, e + Om) (10.17) 
Nyrt = Tyl (Ta, e + Tm) (10.18) 


where 0, c = O,k;/(e,£,,) and Ta, ¢ = Takıl (Es£ss). 
When in a complicated stress state the total safety factor of the 
part jointly affected by tangential and normal stresses 


n= ngn,/V në 4- n2 (10.19) 


where n, and n, are particular safety factors. 

To determine a minimum total safety factor, the minimum values 
of n, and n, should be substituted in formula (10.19). Temperature 
increase affects the fatigue strength in that the yield limit usually 
drops in smooth specimens and specimens with concentrators. 

The value of a permissible safety factor is dependent on the mate- 
rial quality, strain type, operating conditions, construction, acting 
loads, and other factors. The strength and safety of a structure under 
design and amount of material used are dependent on proper defin- 
ing of the permissible stress. 


15—0946 
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Chapter 11 
DESIGN OF PISTON ASSEMBLY 
11.1. PISTON 


Of all components of the piston assembly the most stressed ele- 
ment is the piston (Fig. 11.1) upon which the highest gas, inertial 
and heat loads are exerted, therefore, the requirements imposed on 
its material are high. Pistons of automobile and tractor engines are 
mainly fabricated of aluminium alloys and seldom of cast iron. 








(LL 
3 he 
4 


T Sail 










AX A 






VE 
- Fig. 11.1. Piston diagram 


For the basic constructional relations of the piston element di- 
mensions, see Table 11.1. 

The value of the piston top portion A, is chosen with a view to 
providing a uniform pressure of the piston bearing surface along 
the cylinder height and the strength of the bosses affected by the 
oil holes. This condition is satisfied at 


(hy — h.) > d,/2 


where A, is the piston crown height. 

Distance 6 between the boss end faces is dependent on the method 
of fixing the piston pin and is usually 2-3 mm longer than the length 
of the connecting rod small end /. ,. The real values of the piston 
elements designed are taken by prototypes with regard to the rela- 
tionships given in Table 11.1. 

The checking computations of the piston elements are accompli- 
shed with neglecting varying loads which are accounted for in 


CH. 11. DESIGN OF PISTON ASSEMBLY 


227 


Table 11.1 


aui a au 


Description 


Carburettor 
engines 


Diesel engines 


Piston crown thickness 6 (0.05-0.10) D (0.12-0.20) D 
Piston height H (0.8-1.3) D (1.0-1.7) D 
Height of piston top part hı (0.45-0.75) D (0.6-1.0) D 
Piston skirt height hs (0.6-0.8) D (0.6-1.1) D 
Boss diameter d, (0.3-0.5) D (0.3-0.5) D 
Distance between boss end faces b (0.3-0.5) D (0.8-0.5) D 
Thickness of skirt wall ôs, mm 1.5-4.5 2.0-5.0 
Thickness of piston crown wall s (0.05-0.10) D (0.05-0.10) D 
Distance to the first piston groove e (0.06-0.12) D (0.11-0.20) D 
Thickness of the first piston ring (0.03-0.05) D (0.04-0.07) D 


land hy 

Radial thickness of piston ring t 
compression ring 
oil control ring 


(0.040-0.045) D 
(0.038-0.043) D 


(0.040-0.045) D 
(0.038-0.043) D 


Piston ring width a, mm 2-4 3-5 
Difference between free gap and 

compressed gap of piston ring A, (2.5-4.0) (3.2-4.0) t 
Radial clearance of ring in piston 

groove At, mm 

compression ring 0.70-0.95 0.70-0.95 

oil control ring 0.9-1.1 0.9-1.1 
Piston inner diameter di D—2 TUS 
Number of oil holes in piston nj 6-12 6-12 
Oil passage diameter d, (0.3-0.5) a (0.3-0.5) a 
Pin outer diameter dp (0.22-0.28) D (0.30-0.38) D 


Pin inner diameter dj 
Pin length lp 


(0.65-0.75) dp 


(0.50-0.70) dp 


retained pin (0.88-0.93) D (0.88-0.9.) D 

floating pin (0.78-0.88) D (0.80-0.90) D 
Connecting rod bushing length /,., 

retained pin (0.28-0.32) D (0.28-0.32) D 

floating pin (0.33-0.45) D (0.33-0.45) D 





defining the appropriate permissible stresses. Designed are the 
n head, crown wall, top ring land, bearing surface and piston 
skir 

The piston crown is designed for bending by maximum gas forces 
Pzmax as uniformly loaded round plate freely supported by a cy- 
linder. With carburettor engines a maximum gas pressure occurs 
when operating at the maximum torque. In diesel engines a maxi- 
15% 
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mum gas pressure takes place usually when operating at maximum 
power. 
The bending stress in MPa in the piston crown 


O, = M,/W, = Pzmax (r;/6)? (11.1) 


where M; = (1/3) Pzmax ri is the bending moment, MN m; W,= 
= (1/3) r;6? is the moment of resistance to bending of a flat crown, 
m?; Pzmax= Pz is the maximum combustion pressure, MPa; r;— 
= [D/2 — (s + t + At)] is the crown inner radius, m. 

When the piston crown has no stiffening ribs, permissible values 
of bending stresses [05] in MPa lie within the limits: 


Pistons of aluminum alloys .........-..-... 20-25 
Cast iron pistons ...... Voy A cR UM Md dco doc esc a SEU SD 


With stiffening ribs values of [c;] rise: 


Piston of aluminum alloys ...... e.. ooo o o 50-150 
Cast iron pistons . . .... ....... ...... 80-200 


In addition to the gas pressure the piston crown is subjected to 
heat stresses due to the difference between the temperatures of the 
internal and external surfaces. The heat stresses of cooled cast 


iron pistons (MPa) 
8, = aEg0/(2004 ,) (11.2) 


where a = 11 x 10 is the coefficient of linear expansion of cast 
iron, 1/deg; E = (1.0 to 1.2) 10° is the cast iron modulus of elasti- 
city, MPa; q is the specific heat load, W/m?; 6 is the crown thick- 
ness, cm; A, is equal to 58 and stands for the thermal conductivity 
ofgcast iron, W/(m K). 

With four-stroke engines it approximates 


q = 11.63 (6000 + 26n) p, (11.3) 


where n is the engine speed, rpm (for carburettor engines n = n; 

and for diesel engines n = ny); p; is the mean indicated pressure, 

MPa (with carburettor engines at n; and with diesel engines at n y). 
The total stress (in MPa) in a cooled crown of cast iron 


O + ="0; + O5 = Pzmax (r;/6)* + a.Eq6/2004 » (11.4) 


It follows from equation (11.4) that with a decrease in the piston 
crown thickness the heat stresses decrease and gas pressure stresses 
increase. The permissible total stresses in cast-iron piston crowns 
of automobile and tractor engines lie within the limits [o ;] = 150 
to 250 MPa. 
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Heat stresses in cooled aluminum pistons are usually determined 
by temperature measurements during experimental surveys. The 
piston crown weakened in the section z-z (Fig. 11.1) by oil return 
holes is tested for compression and rupture. 

The compression stress (in MPa) 


Ocom = P marl Fax (11.5) 


where P ¿max = Pzf'p is the maximum gas pressure exerted on the 
piston crown, MN; F,._. is the z-z cross-sectional area, m?: 


Pus = (1/4) (d — di) — n, F' (11.6) 


where d; = D — 2 (t + At) is the piston diameter as measured by 
the groove bottom, m; F' = [(d, — d;)/2] d, is the area of the 
longitudinal section of the oil passage, m°. 

The permissible compression stresses [0.5m] = 30 to 40 MPa for 
pistons of aluminum alloys and [0.om] = 60 to 80 MPa for cast 
iron pistons. 

The rupture stress in section z-x (in MPa) 


o, = PjlFax (11.7) 


The inertial force of reciprocating masses (in MN) is determined 
for the maximum engine speed in idling 


P; = Mz-xzRofamax (1 + A) (11.8) 


where m,_, is the piston crown mass with rings located above section 
plane z-z (Fig. 11.1) as determined by the dimensions or m,_, is 
about (0.4 to 0.6) mp, kg; mp is the mass of the piston group, kg; 
R is the crank radius, m; Wigmax = Mid max/90 is the maximum 
angular velocity in engine idling, rad/s; A = R/L,., is the ratio of 
the crank radius to the connecting rod length. 
Permissible rupture stresses [o,] = 4 to 10 MPa for pistons of 

aluminum alloys and [o,] = 8 to 20 MPa for cast iron pistons. 

With hopped-up engines having a high compression ratio the 
thickness of the top ring land (k, in Fig. 11.1) is computed to pre- 
vent shear and bending damage due to maximum gas forces p ; max. 
The land is designed as a circular strip clamped along the circum- 
ference of the base of a groove having diameter d, = D — 2 (t + At) 
and uniformly loaded over the area of the circular strip F¿.¿= 
= n (D? — d2)/4 by force Py œ 0.9pzmazx X Fes: 

The shear stress of the ring land (in MPa) 


v = 0.0314), max D/h; (14.9) 


where D and h, are the cylinder diameter and thickness of the top 
ring land, mm. | 
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The bending stress of the ring land 


0, = 0.0045p , max (D/h ? (11.10) 
The combined stress by the third theory of strength 
0; =V 03 + 4r? (41.11) 


Permissible stresses O y (in MPa) in the top ring lands including 
material heat stresses are within the limits 


Pistons of aluminum alloys . .......... 30-40 
Pistons of cast iron e. 4 4 9 o9 o3 ow ow es. 60-80 


Maximum specific pressures (in MPa) exerted by the piston skirt 
over its height k, and entire piston height H on the cylinder wall 
are determined from the equations, respectively: 


qi = N max/(^,D) (11.12) 
q = Nmax/(HD) (11.13) 


where Nmax is the maximum normal force acting on the cylinder 
wall, when the engine is operating at maximum power, and is de- 
termined by the data of dynamic analysis. 

For modern automobile and tractor engines g, = 0.3 to 1.0 and 
Y, = 0.2 to 0.7 MPa. 

To prevent piston seizure during the engine operation, the di- 
mensions of crown D, and skirt D, diameters are determined pro- 
ceeding from the presence of required clearances A, and A, between 
the cylinder walls and the piston in a cold state. According to sta- 
tistic data A, = (0.006 to 0.008) D and A, = (0.001 to 0.002) D 
for aluminum pistons with slotted skirts and A, — (0.004 to 0.006) D 
and A, = (0.001 to 0.002) D for cast iron pistons. With A, and A, 
defined, determine D, = D — A, and D, = D — A, 

Whether D, and D, are correct is checked by the formulae 


A = D + aei (Tar — Tòl — Da li + ap (Te — Tol (4144) 
and 
As =D + Qeyl (Teyi — Tl — D, [1 + Ap (T, — T) (11.15) 


where A; and Á; are the diameter clearances in a hot state between 
the cylinder wall and piston crown and between the cylinder wall 
and piston skirt, respectively, mm; «,,; and a are the coefficients 
of linear expansion of the cylinder and piston materials. For cast 
iron Gy, = Ap = 11 x 10-95 1/K and for aluminum alloys «,,;— 
= a, = 22 x 10-5 1/K; Toy: T, and T, are the temperatures of 
the cylinder walls, piston crown and skirt, respectively, in the 
operating state. 
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In the case of water cooling T.y; = 383 to 388, T, = 473 to 723 
and 7, = 403 to 473 K, while with air-cooled engines T eyi = 443 
to 463, T, = 573 to 873 and T, = 483 to 613 K; 7, = 293 K is the 
initial temperature of the cylinder and piston. 

In case of negative values of A; and A; (interference) the piston 
must be rejected. If that is the case, increase A, and A, and decrease 
D, and D, respectively, or provide skirt slotting. In normal piston 
operation A; = (0.002 to 0.0025) D and A; = (0.0005 to 0.0015) D. 

Design of carburettor engine piston. The following has been ob- 
tained on the basis of data of heat, speed characteristic and dynamic 
analyses: cylinder D — 78 mm, piston stroke S — 78 mm, actual 
maximum pressure of combustion p,, = 6.195 MPa at ny = 3200 
rpm, piston area Fp = 47.76 cm?, maximum rated force Ngay — 
= 0.0044 MN at p = 370°, mass of piston group mp = 0.478 kg, 
engine speed in idling nig max = 6000 rpm and A = 0.285. 

In compliance with similar existing engines, bearing in mind the 
associated relations given in Table 11.1 we assume: piston crown 
thickness 6 = 7.5 mm, piston height /7 = 88 mm, piston skirt 
height k, = 58 mm, ring radial thickness ¿ = 3.5 mm, ring radial 
clearance in the piston groove At = 0.8 mm, piston crown wall 
thickness s = 5 mm, top ring land height A, = 3.5 mm, number 
and diameter of oil passages in the piston n; = 10 and dj = 1 mm 
(Fig. 11.1). The piston is of aluminum alloy, a, = 22 x 10-5 1/K; 
the cylinder liner is of cast iron, a,,,; = 11 x 10-5 1/K. 

The bending stress in the piston crown 


Sp = Pza (ri/6)? = 6.195 (29.7/7.5)? = 97.1 MPa 


where r; = D/2 — (s + t + At) = 18/2 — (5 + 3.5 + 0.8)= 
= 29.7 mm. 


The piston crown must be reinforced by stiffening ribs. 
The compression stress at section r-z 


Ocom = P Fs. = 0.0296/0.00096 = 30.8 MPa 


where Pza = p,,F, = 6.195 x 47.76 x 10-* = 0.0296 MN; F,.,— 

= (1/4) (d? — di) — njF’ = [(3.14/4) (69.4? — 59.42) — 10 x 5] x 

X 10-9 = 0.00096 m?; d; =D — 2 (t + At) = 78 — 2 (3.5+0.8)= 

= 69.4 mm; F’ = (d, — dj) d,/2 = (69.4 — 59.4) 1/2 =5 mm’. 
The rupture stress at section z-z is: 


the maximum angular velocity in idling 


Oigmax = MMigmax/30 = 3.14 x 6000/30 = 628 rad/s 


the mass of the piston crown with rings arranged above section 
z-r 


mos = 0.5m, = 0.5 X 0.478 = 0.239 kg 
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the maximum rupture force 
P; = my. HRoiamag(1 + A) = 0.239 x 0.039 x 628? (1-+-0.285)10-§ 
— 0.0047 MN 
the rupture stress 
0, = P;/Fx-x = 0.0047/0.00096 = 4.9 MPa 


The stress in the top ring land: 

shear stress 

= 0.0314p,,D/h, = 0.0314 x 6.195 x 78/3.5 = 4.34 MPa 

bending stress 

op = 0.0045p,, (D/h y? = 0.0045 x 6.195 (78/3.5)? = 13.88 MPa 

combined stress 

0; — Y 034+ 42 = y 13.882 + 4 x 4.342 — 16.4 MPa 

Piston specific pressure exerted on the cylinder wall: 
qı = Nmax/(4,D) = 0.0044/(0.058 x 0.078) = 0.97 MPa 
qa = Nmax/(1D) = 0.0044/(0.088 x 0.078) = 0.64 MPa. 


The piston crown and skirt diameters 
D, =D — A, = 18 — 0.55 = 77.45 mm 
D, = D — A, = 78 — 0.156 = 77.844 mm 


where A, = 0.007D = 0.007 x 78 = 0.55 mm; A, = 0.002D= 
= 0.002 x 78 = 0.156 mm. 
Diameter clearances in a hot state 


A¿=D [1 EE Acyl (Peyi—T 0)) == D, [4 sr Ap (T, A T )] 


= 78 [1 + 11 x 10-5 (383 — 293)] — 77.45 [1 + 22 
x 10-5 (593 — 293)] = 0.116 mm 

A; =D l1 + oui (Ts — Toi — D, M1 + Op (T, — Tl 
= 78 [1 + 11 x 10-9 (383 — 293)] — 77.844 [1 + 22 
x 10-9 (413 — 293)] = 0.035 mm 


where T.y; = 383 K, T, = 593 K, and T, = 413 K are taken for 
a water-cooled engine. 

Design of diesel engine piston. On the basis of obtained data 
(heat, speed characteristic and dynamic analyses) cylinder dia- 
meter D — 120 mm, piston stroke $ — 120 mm, maximum pressure 
of combustion p, = 11.307 MPa at ny = 2600 rpm, piston area 
Fp = 113 cm?, maximum rated force Nmax = 0.00697 MN at q= 
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= 390”, piston group mass mp = 2.94 kg, engine speed nig max 
= 2700 rpm, and A = 0.270. 

In compliance with similar existing engines and the relations: 
given in Table 11.1, we assume: piston height H = 120 mm, piston 
skirt height k, = 80 mm, ring radial thickness ¿ = 5.2 mm, ring 
radial clearance in the piston groove At = 0.8 mm, piston crown 
wall thickness s — 12 mm, thickness of the top ring land h, — 6 mm, 
number and diameter of the oil passages in the piston n, — 10 
and d, = 2 mm (Fig. 11.1). The piston is of aluminum alloy, ap 
= 22 x 10-5 1/K; the cylinder liner is of cast iron, «y; = 14 
x 10-5 1/K. 

The compression stress in section z-z: 


section area z-x 
FX = (n/4) (d; — di) — njF' = [(3.14/4) (108? — 84?)—10 x 20] 
x 10-9 = 0.0034 m? 


where d, = D — 2 (t + At) = 120 — 2 (5.2 + 0.8) = 108 mm; 
d; =D — 2 (s + t + At) = 120 — 2 (12 + 5.2 + 0.8) = 84 mm; 
F' = d, (d; — d;)/2 = 2 (108 — 88)/2 = 20 mm?. 
the maximum compression force 
P ¿max = PzFp = 11.307 X 113 x 10-4 = 0.128 MN 
the compression stress 
Ozom = Pimax!Fx-x = 0.128/0.0034 = 37.6 MPa 
The rupture stress at section z-z: 
the maximum angular velocity in idling 
O;gmax = Mid max /30 = 3.14 x 2700/80 = 283 rad/s 


the mass of the piston crown with the rings arranged above sec- 
tion xz-x 
ma, = 0.6mp = 0.6 x 2.94 = 1.764 kg 


the maximum rupture force 


P; = MywROdimay (4 + A) = 1.764 x 0.06 x 283? 
x (1 + 0.27) 10-5 = 0.0108 MN 


the rupture stress 
0, = P;F,_, = 0.0108/0.0034 = 3.18 MPa 


The stress in the top ring land: 
shear stress 
t = 0.0314p,D/h, = 0.0314 x 11.307 x 120/6 = 7.1 MPa 
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bending stress 


0, = 0.0045p, (D/hy? = 0.0045 x 11.307 (120/6)? = 20.4 MPa 
combined stress 
Os =V oj + 41? = V 20.42 - 4 x 7.12 = 24.9 MPa 
Specific piston pressures exerted on the cylinder wall: 
qı = Nmax/ (keD) = 0.00697/(0.08 x 0.12) = 0.73 MPa 
Qo = Nmax/(HD) = 0.00697/(0.12 x 0.12) = 0.484 MPa 


The piston crown and skirt diameters 


D, — D — A, = 120 — 0.72 = 119.28 mm 
D, =D — A, = 120 — 0.24 = 119.76 mm 
where A, = 0.006D = 0.006 x 120 = 0.72 mm; A, =0.002D = 


= 0.002 x 120 = 0.24 mm. 
The diameter clearances in a hot state: 


MSD iat al Diebus rod 

120 [1 + 11 x 10-9 (388 — 293)] — 119.28 [1 + 22 x 10-$ 
(493 — 296)] = 0.3 mm 

D [1 + Qeyr (Teyi — T) — D, l1 + ap (T, — To) 

— 120 [1 + 11 x 10- (388 — 293)] — 119.76 [1 + 22 x 10-8 
x (428 — 293)] = 0.06 mm 


where 7,,; = 388, T, = 493 and T, = 428 K are taken for a water- 


cooled engine. 


Ix 


A; 


11.2. PISTON RINGS 


Piston rings operate at high temperatures and considerable vary- 
ing loads. They are fabricated from cast iron or alloy cast iron. 
Hopped-up engines employ compression rings made of alloyed 
steels. 

The basic constructional parameters of piston rings are: the ratio 
of the cylinder diameter to the ring radial thickness, D/t; the ratio 
of the difference between the ring lock gaps in free and working state 
to the ring thickness A,/é; ring width a. For the constructional para- 
meters of piston rings utilized in carburettor and diesel engines, 
see Table 11.1. 

The design of piston rings includes: (a) determining theaverage 
ring pressure on the cylinder wall, which should properly seal the 
combustion chamber without materially increasing the engine power 
consumed to overcome the wall friction of the rings; (b) plotting 
à curve of piston ring circumferential pressure; (c) determining 


CH. 11. DESIGN OF PISTON ASSEMBLY 235 


the bending stresses occurring in the section plane opposite tothe 

piston-ring lock when fitting the ring over the piston and in the 

operating state; (d) defining mounting clearances in the ring lock. 
The average wall pressure of a ring (in MPa) 


Ao/t 
Pav — 0.1528 ay (11.16) 


where E is the modulus of elasticity of the ring material (E = 1 
x 105 MPa for grey cast iron, E = 1.2 x 10° MPa for alloy cast 
iron and E = (2 to 2.3) 10* MPa for steel) 


Fig. 11.2. Compression ring pressure 
diagram of a carburettor engine 





The average radial pressure pz, (in MPa) is: 


For compression rings 
For oil control rings . . . . .. ne 0.2-0.4 


When we reduce the engine speed and increase the cylinder dia- 
meter, the value of p,, must be closer to the lower limit. To provide 
good running-in of a ring and reliable seal, wall pressure p of a 


ring must follow the curve (Fig. 11.2) plotted against the following 
data: 


Angle y, degrees . . . . . .. . 0 30 60 90 120 150 180 
Ratio Dp/Pap-Hpe ooo a 1.05 4,05 1.14 0.90 0.45 0.67 2.85 


A considerable increase in the pressure near the ring joint gap 
(Fig. 11.2) makes for uniform circumferential wear of the ring. 

The ring bending stress in MPa is: 

in the operating state 


op, = 2.61p,v (Dit — 1) (11.17) 
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when slipping it over a piston 

__ 4E (1—0.1144,/1) 
2" m (D/t—1.4) (D/t) 
where m is a factor dependent on the method used to slip a ring 
over a piston (in the design it is taken equal to 1.57). 

The ring bending permissible stresses are within [o,] = 220 to 
490 MPa. The lower limit is for engines having cylinders of large 
diameters. Generally, 0,2 > Op, by 10 to 30%. 

The butting clearance (in mm) between the ring ends in a cold 
state 


A, AT A, + 1D la, (T, — To) — Rey (Teyi = To) (11.19) 


where A; is the minimum permissible ring joint gap in operation of 
the engine (A,= 0.06 to 0.10 mm); a, and o,,, are the coefficients 
of linear expansion of the ring and cylinder linear materials; 7,, Teyi 
and 7, are the ring and cylinder wall temperatures in the operating 
state, respectively, and the initial temperature 7, = 293 K; in 
the case of water cooling T,,; = 383 to 388; T, = 473 to 573 K; 
with air-cooled engines Tey: = 443 to 463 and T, = 523 to 723 K. 

Design of a piston ring for carburettor engine. Tbe data required 
for the design are given in Sec. 11.1. The ring material is grey cast 
iron, E = 1.0 x 105 MPa. 

The average wall pressure of the ring 


Ag/t _ 
Pav = 0.152F Whip Dip = 0.152 x 4 x 105 
EE A — 0.212 MPa 


(78/8.5 — 1)? (78/3.5) 
where A, = 3t = 3 X 3.5 = 10.5 mm. 
The ring circumferential pressure against the cylinder walls (in 
MPa) 
P = Pavbr 
The values of u, for various angles y are given above. 


The results of computing p and also p, for various angles p are 
given below: 


Y, degrees >... 0 30 60 90 120 190 180 
Mp 2 ee eo 22. 1,05 1.05 31.14 0.90 0.45 0.67 2.85 
P, MPa ...,., 0.223 0.223 0,242 0.191 0.0955 0.142 0.604 


These data are used to plot wall pressures of the ring (Fig. 11.2). 
The ring bending stress in the operating condition 

05, = 2.01p,, (D/t — 1)? = 2.61 x 0.212 (78/3.5 — 1)? = 251 MPa 
The bending stress when slipping a ring over a piston 


LIAE (4—04144,/0)— 4x1 x 105 (1—0.114 x 10.5/3.5) _ a77 y 
e= a (D/E—1 A) (DIN ^ 1578/3514 (8/35) 791! MPa 
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The butting clearance between the ring ends 


A; Ay + nD la, (T, — To) — ey, (Teyi — T4) 
— 0.08 + 3.14 x 78 [11 x 10-5 (493 — 293) — 11 
x 10-5 (383 — 293)] = 0.352 mm 


where A, — 0.086 mm, To, = 
383, T, = 493, and T, =293K. 
Design of a piston ring for diesel 
engine. For the data necessary to 
the design, see Sec. 11.1. The ring 
is of cast iron, E = 1 x 105 MPa. 
The average wall pressure of the 
ring 
Da, = 0.192E 


i 


Ao/t = 
(D/t— 1) (D/t) 
= 0.152 x 1 x 10° 
15.6/5.2 = 
(120/5.3—1) (120/5.2) — 
=0.186 MPa 
where A= 3t = 3X5.2 = 15.6 mm. 


Fig. 11.3. Compression ring pres- 
sure diagram of a diesel engine 


X 





The circumferential wall ring pressure (in MPa) 
D = Par 


The results of computing p and also p, for various angles p are 
listed below 


y, degrees .... 0 30 60 90 120 150 180 
Wee ae ae ee ae 1.05 1.05 41.14 0.90 0.45 0.67 2.85 
By MPa vu. 0.195 0.195 0.212 0.167 0.0837 0.125 0.53 


These data are used to plot a curve of the ring pressure against the 
cylinder wall (Fig. 11.3). 
The bending stress of the ring in operation 


95, = 2.61p,, (D/t — 1)? = 2.61 x 0.186 (120/5.2 — 1)? 
= 235 MPa 


The bending stress in slipping the ring over a piston 


— AE (1—0.144,/)) _ 4x 1x 10 (A—0.114 x 15.6/5.2) _ 
52 ^m (D/t—1.4) (D/t) — 1.57 (420/5.3 —4.4) (120/5.2) 337 MPa 
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The butting clearance between the ring ends 
A, = A, + aD la, (T, — Ty) — ey: (Teyi — To)! = 0.08 
-- 3.14 x 120 [11 x 1078 (498 — 293) — 11 x 1078 
x (388 — 293)] = 0.536 mm 


where A; = 0.08 mm, Tey: = 388, T, = 498 and T, = 293 K. 


11.3. PISTON PIN 


During the engine operation the piston pin is subjected to the 
effect of alternating loads resulting in stresses of bending, shear, 
bearing and ovalization. Because of this high strength and toughness 
requirements are imposed on the materials used to fabricate piston 
pins. These requirements are satisfied by case-hardened low-carbon 
and alloyed steels. 

The basic dimensions of piston pins (see Fig. 11.1) are taken by 
the statistical data in Table 11.1, or by the data of prototypes with 
subsequent check computations. 

The piston pin analysis includes determination of the pin specific 
pressures on the small end bushing and on bosses, and also the 
stresses caused by bending, shear and ovalization. 

Maximum stresses in the piston pins of carburettor engines occur 
when engines are operating at a maximum torque. With diesel 
engines maximum stresses in the piston pins take place when operat- 
ing under rated conditions. 

The computed force (in MN) acting on the piston pin 


P = Pimax Fy- EP; (11.20) 


For carburettor engines: p; max is the maximum gas pressure when 
operating at the maximum torque (in MPa); k = 0.76 to 0.86 is the 
factor accounting for the mass of a piston pin; P; = —mypo;R (1+4) 
x 1076 is the inertial force of the piston assembly at n = n;, MN. 

For diesel engines: Pz may is the maximum gas pressure in rated 
condition, MPa; k = 0.68 to 0.81 is the factor accounting for the 
mass of the piston pin; P; = —mypoiR (1 + 1)1075 is the inertial 
force of the piston assembly at n = ny, MN. 

The specific pressure exerted by the piston pin (in MPa) on the 
small end bushing 

der = Pl(dpls) (11.21) 


where dp is the outer diameter of the pin, m; lẹ is the length of the 
pin bearing surface at the small end, m. 
The specific pressure exerted by a floating piston pin on the bosses 


q, = Pild, (lp — )] (11.22) 
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where lp is the overall length of the pin, m; b is the distance between 
the boss end faces, m; (lp — b) is the length of the pin bearing surface 
in the bosses, m. 

In modern automobile and tractor engines g,,, = 20 to 60 and 
qa = 15 to 90 MPa. The lower limits are for tractor engines. The 
bending stress (in MPa) in the piston pin, provided the loading is 
distributed over the pin length according to the curve shown in 
Fig. 11.1, is 


Oy = P (ly + 2b — 1.51,)/11.2 (1 — at) dg] (11.23) 


where a = d;,/d, is the ratio of the pin inner diameter to pin outer 


diameter. 
In automobile and tractor engines [o,] = 100 to 250 MPa. 





Fig. 11.4. Piston pin design diagram 
(a) load distribution; (b) graphic representation of stresses 


Tangential stresses (in MPa) due to the pin shear in the section 
planes between the bosses and the connecting rod small end are 


t = 0.85P (1 + a + a?)/[1 — at) d] (11.24) 


With automobile and tractor engines [t] = 60 to 250 MPa. The 
lower limits refer to tractor engines and the upper limits are for 
piston pins made of alloyed steel. 

_Because of the nonuniform distribution of forces applied to the 
piston pin (the loading is taken as sinusoidally distributed over 
the pin surface, Fig. 11.4a), the piston pin is strained in operation 
in its cross section (ovalisation). The stresses occurring in this dif- 
fer in value and with the pin length and section. 

. The maximum ovalization of the piston pin (a maximum increase 
in its horizontal diameter Ad, max, mm) takes place in its middle, 


240 PART THREE. DESIGN OF PRINCIPAL PARTS 


most strained portion: 
Ad 1.35P ( 10 


pmax “= -Eip lia 





) [0.1 — (a --0.4)3] (11.25) 


where E is the modulus of elasticity of the pin material (Ep 
= (2.0 to 2.3) 105 MPa for steel). 

The value of Ad, max should not exceed 0.02 to 0.05 mm. 

The stresses occurring during pin ovalization on the external and 
internal surfaces (Fig. 11.4b) are to be determined for a horizontal 
(points J and 2 at » = 0°) and a vertical (points 3 and 4 at p = 90°) 
planes by the formulae: 

. the stresses on the pin external surface in a horizontal plane 
(point Z at y = 0°) 
7 E 
4 15P [Gig tero (ita) 1 ] 


«0*7 lpdp (1— a)? 1—a 
x [0.1 — (x — 0.4)3] MPa (11.26) 


the stresses on the pin external surface in a vertical plane (point 3 
at y = 90°) 


15P (24a) (1+2) , 0.636 
Caso = — Indy: [0.174 or jt 1] 
x [0.1 — (a — 0.4)5] MPa (11.27) 


the stresses on the pin internal surface in a horizontal plane 
(point 2, p = 0°) 


aL. SP. | 2m) Uta) 1 1 
e drm | 0.19; Gata t rd 
x [0.1 — (a. — 0.4)5] MPa (11.28) 


the stresses on the pin internal surface in a vertical plane (point 4 
at y = 90°) | 
|. 15P (413-22) (1+0) 0.636 * 
Vis” = lpdy [ 0.174 (1—«j«a  i—a | 


x [0.1 — (æ —0.4)9] MPa (11.29) 


The maximum ovalization stress occurs on the pin internal surface 
in a horizontal plane. This stress computed by formula (11.28) 
must not exceed 300-350 MPa. 

Design of a piston pin for carburettor engine. The basic data for 
the design are given in Sec. 11.1. Besides, we assume: actual maxi- 
mum pressure of combustion p, max = Pza = 6.195 MPa at n, = 
— 3200 rpm (from the computation of the speed characteristic), 
pin external diameter dp = 22 mm, pin internal diameter din 
= 15 mm, pin length lp = 68 mm, small end bushing length 1, 
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— 28 mm, distance between the boss end faces b — 32 mm. The 
piston pin is of steel, grade 15X, E = 2 x 105 MPa. The piston 
pin is à floating type. 

The design force loading the piston pin is: 

gas force 

P, max = Pz max Pp = 6.195 x 47.76 x 10-* = 0.0296 MN 

inertial force 
P, = —mpoiR (1 + A) 107% = —0.478 x 335? x 0.039 

x (1 + 0.285) 1078 = —0.00269 MN 


where œ; = mnn,/20 = 3.14 x 3200/30 = 335 rad/s; 
design force 


P = P; max + AP, = 0.0296 — 0.82 x 0.00269 = 0.0274 MN 


The specific pressure exerted by the piston pin on the small end 
bushing 
si P = 0O04 = 
der = Ipi, = 0.022 x 0.008 = 44.9 MPa 
The specific pressure exerted by the pin on the bosses 
0.0274 
dp dp(lp—5) ^ 0.022 (0.068—0.032) = 34.6 MPa 
The bending stress in the pin middle section plane 
_ P (lp--2b—1.5ip) 
9 12 (1— a2) dj 
. 0.0274 (0.068 -+ 2 X 0.032 —1.5 Xx 0.028) — y 
= 1.2 (1 — 0.6824) 0.0223 = 246.1 MPa 
where a = d;,/d, = 15/22 = 0.682. 
The tangential shear stresses in the section planes between the 
bosses and the small end 
.. 0.85P (1+a-+a?) _ 0.85 x 0.0274 (1+ 0.682 + 0.6822) — 
T7 ü—eSd) ~ 4—0.682:) 0.0222 = 152 MPa 


The maximum increase in the pin horizontal diameter in ovali- 
zation 


1.35P /1 3 
Ady max — pp — ( T.) [0.1 — (a — 0.4)3] 


1—« 








1.35 x 0.0274 /1-+-0.682\ 3 
= es (rcgem) 10-1—(0.682—0.4)9] 108 


— 0.0313 mm 
The ovalization stress on the pin external surface: 
in a horizontal plane (points Z, sp = 0°) 


|. 15P (24- a) (14 - a) 1 Hm ee 3 
Car = 3 [019 — aoe] [0.1 — (æ — 0.4)3] 


16—0946 


242 PART THREE. DESIGN OF PRINCIPAL PARTS 


_ 1.5 X 0.0274 0. 49 t0. .682) (14-0.682) — 1 ] 
= 500 | (14 — 0.682)? ^ 1— 0.682 


x [0.1 — (0.682 — 0.4)3] = 114 MPa 


in a vertical plane (points 3, p= 90°) 


15P fo. 174 22 2m (ire), 2 





O599* = — lpdp ( a)? 1—a 
15 x 0.0274 
X [0.1 — (a — 0.4)8] = — "568 0.022 


) (2+0.682) (10.682) , 0.636 
^ | (0.174 (1— 0.682)? + 1—0.682 


x [0.1 — (0.682 — 0.4)3] = — 208.5 MPa 


The ovalization stresses on the pin internal surface: 
in a horizontal plane (points 2, p = 0°) 


7 15P (1420) (1-a), 4 
Oige = ETE Po. doa ay OS 1—a« ] 
15 x 0.0274 
x [0.1 — (a —0.4)3] = — 0.068 x 0.022 


(14-2 x 0.682) (1-1- 0.682) 1 
x [o. 19 (1— 0.682)? 0.682 + 03) 


x [0.1 — (0.682 — 0.4)?] — — 300 MPa 


in a vertical plane (points 4, «p = 90°) 
ud: 5P. [o. 174 420 Udo) d 


— a)? x 1—% 
15 x 0.0274 
«qo. 1— (a — 0. i 0. E 022 


de 2 x 0.682) (1-+0.682) — 0.636 - 
x [0.174 7 —0.682)7% 0.682 — -ie | 


x eed c E -=171 MPa 








fay 





Design of a piston pin for diesel engine. The basic data for the 
design are given in Sec. 11.1. Besides, we assume: pin external 
diameter d, = 45 mm, pin internal diameter d;, = 27 mm, pin 
length ¿p = 100 mm, small end bushing length 7, = 46 mm, distance 
between the boss end faces b = 51 mm. The piston pin is of steel, 
grade 12XH3A, £ = 2.2 x 10° MPa. The pin is a floating type. 

The design force loading the piston pin is: 


gas force 
Pimax = Pzmax Fp = 11.307 x 113 x 10- = 0.128 MN 
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inertial force 
P, = —mpw*R (4 + A) = —2.94 x 272? x 0.06 (1 + 0.27) 
= —0.0166 MN 


where œ = nn y/30 = 3.14 x 2600/30 = 272 rad/s; 
design force 


P = Pz¿maxr + KP, = 0.128 — 0.72 x 0.0166 = 0.116 MN 
The specific pressure exerted by the piston pin on the small end 
bushing is 
qe. = Pl doler) = 0.116/(0.045 x 0.046) = 56 MPa 
The specific pressure exerted by the piston pin on the bosses 
gp = Pi[dp (lp — b)] = 0.116/[0.045 (0.1 — 0.051)] = 52.6 MPa 
The bending stress in the pin middle section plane 


P (lp +2b—1.5l,. y) 
1.2 (1— a) d$ 
— 0.116 (0.1--2 x 0.051 —1.5— 0.046) 
1.2 (1— 0.65) 0.0455 


where a = dj,/dy = 27/45 = 0.6. 
Tangential shear stresses in the section planes between the bosses 
and the connecting rod small end 


Op = 


— 161 MPa 


...0.85P (1+a+a?) 0.85 x 0.116 (1-1- 0.6 + 0.62) 


(1 — o4) di (1—0.650.02: —— 7-109 MPa 


The maximum ovalization increase in the pin diameter 





4.35P /1 3 
Ad, max EI e ) [0.1 — (a — 0.4)3] 
4.35x0.116.— (14-0.6 
=3 2001 (1-05) [0-1 (0-6 — 0.47] 105 


= 0.042 mm 


The ovalization stress on the pin external surface: 
in a horizontal plane (points 1, yw = 0°) 





15P (2+0a) (+a) : mM 
Tao = Tp [ o. i9 e — qos J10.1 (a. — 0.4)3] 
_ 15x 0.116 ero. 6) E 6) 1 
— 0.1X 0.045 | 0. 194 —0.6)2 Bm) 


x [0.1 — (0.6— D: — 87 MPa 


16* 
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in a vertical plane (points 3, p= 90?) 











15P 2+a) (1+a) , 0.636 
Sasa = ~ Lr. [ 0.174 VEU qs ] [0.1 — (a — 0.4)3] 
n 15x 0.116 (2+ 0.6) {tie 6) 0.636 
= — 94Xx034 | 0.174 4—0.6) +754 | 


x [0.4 — (0.6 — 0.4)3] = on MPa 


The ovalization stress on the pin internal surface: 
in a horizontal plane (points 2, wp — 0^) 





SP 1--2 1 1 
01 == [019 2622 4 [04 (€ 9:7] 
n (1+2 x 0.6) (140.6) 1 
—0.1X0.045 | 0. 19 (1—0.6)20.6 de ae | 


x [0.1 — (0.6 — 0.4)3] = — 337 MPa 
in a vertical plane (points 4, p= 90°) 


im 8? To, 474 1420) (140) ED 





O ¿gor = a) lpd (1 — 0)? a 1—a 
15 x 0.116 





(1--2 x 0.6) (4-0. 6) 0.636 
x [0. 114 — (1—0.6)3 0.6 NT 


x [0.1 — (0.6 — 0.4)3] = 170.5 MPa 


Chapter 12 
DESIGN OF CONNECTING ROD ASSEMBLY 


12.1. CONNECTING ROD SMALL END 


Autómobile and tractor engines employ a variety of connecting 
rods depending mostly on the type of the engine and arrangement 
of the cylinders. The design elements of the connecting rod assembly 
are: the big and small ends, connecting rod shank, and connecting 
rod bolts. For the design diagram of a connecting rod, see Fig. 12.1. 

During the engine operation the connecting rod is subject to the 
effect of alternating gas and inertial forces and sometimes these 
forces produce impact loads. Therefore, connecting rods are fabri- 
cated of carbon or alloyed steels highly resistant to fatigue. Con- 
necting rods of carburettor engines are made of steel, grades 40, 
45, 45T'2 and those of diesel engines of a steel having higher limits 
of strength and yield, grades 40X, 18X HBA and 49XHMA. For the 
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Fig. 12.1. Design diagram of connecting-rod assembly 


mechanical characteristics of steels see Tables 10.3 and 10.4. In 
order to increase the fatigue strength, connecting rods, after press 
forming, undergo machining and thermal treatment such as polish- 
ing, shot blasting, normalizing, hardening and tempering. 

The values of basic constructional parameters of the connecting 
rod small end are given in Table 12.1. 

The small end (Fig. 12.1) is designed: 

(a) to provide enough fatigue strength at section /-7 when loaded 
by inertial forces (neglecting a bushing pressed in) attaining their 
n num with the engine operating at maximum speed under no 
oad; 

(b) to stand to stresses occurring in the small end because of a 
bushing pressed in; 

(c) to provide enough fatigue strength at section A-A (where the 
shank terminates in the small end) to withstand the gas and inertial 
forces and the bushing pressed in. The computations are made for 
engine operation in which the amplitude of the total force varia- 
tions is maximum. 

Section I-I of the small end is loaded in operation at n = ng 
with the alternating inertial force due to the masses of piston as- 
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Table 12.1 
Description Carburettor engines Diesel engines 
Inner diameter of small end d 
w/o bushing d z dp d æ dp 
with bushing (1.10-1.25) dp (1.10-1.25) dp 
Outer diameter of end d, (1.25-1.65) dp (1.3-1.7) dp 
Length of small end ls.e 
retained pin (0.28-0.32) B (0.28-0.32) B 
floating pin (0.33-0.45) B (0.33-0.45) B 
Minimum radial thickness of end 
wall Ae (0.16-0.27) dp (0.16-0.27) dp 


Radial thickness of bushing wall s; | (0.055-0.085) dp | (0.070-0.085) dp 


sembly mp and top part of the small end, m,., (above section T-I) 
P; mE —(my + Ms. e) Oídmax A (cos 9 + À cos 2) (12.1) 


The value of m,, is determined by the dimensions of the top 
portion of the small end and specific gravity of the connecting rod 
material or roughly is taken as lying within 6 to 9% of the con- 
necting rod weight. 

Force P, loads section J-J to maximum Omax = (Mp + Ms, ¿) 
XO masR (1 + A)/(2h.1,.-) and minimum Omin = 0 stress, as 
at P; > 0 the inertial force is directed towards the crankshaft axis 
and does not load section /-/. Therefore, stresses in section /-/ 
vary following a pulsing cyce. 

The safety factor is determined by the formulae given in section 
10.3 and is 2.5 to 5 for automobile and tractor engines. 

Stresses in the small end caused by a pressed-in bushing and due 
to different coefficients of expansion pertaining to the bushing and 
small end materials are given in terms of a total interference (in mm) 


MERE EUN (12.2) 


where A is the interference of a bronze bushing in mm. 

The maximum value is used in the computations in compliance 
with the fit of the bushing; A, is a temperature-caused interference 
in mm: 


A, d (a, — ae) AT (12.3) 


where d is the inner diameter of the small end in mm; a, = 1.8 
X 1075 4/K is the thermal coefficient of expansion of a bronze bush- 
ing; a, = 1.0 x 10-5 1/K is the thermal coefficient of expansion 
of the steel small end; AT = 100 to 120 K is an average temperature 
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to which the small end and bushing are heated during the engine 
operation. ! 

The specific pressure (in MPa) on the joint surface between the 
bushing and small end caused by the total interference 


Ay 


[aya a) +o, (^ ao (Pap) 
[ Ec.r Eb 


p= (12.4) 


where de, d and dp are the outer and inner diameters of the small 
end and the inner diameter of the bushing, respectively, mm; u = 0.3 
is Poisson's ratio; E., = 2.2 X 10% is the elasticity modulus of 
the steel connecting rod, MPa; E, = 1.15 x 10% is the elasticity 
modulus of the bronze bushing, MPa. 

The stresses caused by the total interference on the external and 
internal surfaces of the small end are determined by the Lame 
equations: 

2d? 


=P =p (12.5) 
,_ di 
=P gr (12.6) 


The values of o; and o; may reach 100-150 MPa. Note that in 
the case of a floating bushing stresses due to the total interference 
are equal to zero. 

In operation at n — n, or n -- ny, section A-A is loaded by 
alternating forces P = P, -+ P; and a constant force due to the 
effect of a driven-in bushing. 

The small-end extending total force attains its maximum with 
the piston at T.D.C. at the beginning of induction.This force is 
n nen neglecting the gas forces that are minute at this moment 
oi time 


Pip = —m,Rw? (1 +A) (12.7) 


where m, is the mass of the piston assembly, kg; w is the angular 
velocity (o = nn y/30 rad/s when computed for the operation at 
n = ny and œ = mn,/30 rad/s when operating at n = ny). 

On the basis of experimental and computation data it is assumed 
that the radial pressure caused by force P;, is uniformly distributed 
over the internal surface of the top half of the small end (Fig. 12.2a). 

In compliance with the design diagram (Fig. 12.2a) it is assumed 
that the bottom half of the small end supported by a rigid shank 
suffers no strain and the action of the right-hand part (not shown) 
of the small end is replaced with normal force N;, (in N) and bend- 
ing moment Mj, (N m). 
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Roughly 
Njo = — Pjy,p (0.572 — 0.00089, m) (12.8) 
M yy = —P y pTm (0.000339. — 0.0297) (12.9) 


where Pem is an embedding angle, degrees; rm = (d, -- d)/4 is the 
mean radius of the small end, m. 


Fig. 12.2. Distribution of loads 
on the connecting-rod small 
end 

(a) in pull; (b) in push 





In segment 7 lying within the range of connecting rod angle change 
Pc.r, from O to 90° 


Ny = Njo COS Per — 0.5Pj p (1 — cos (Pe. >) (12.10) 
Mj, = Mio + Njom A — cos Per) + 0.5P, ptm (1 — cos q..;) 
(12.11) 


In segment 2 lying within the range of connecting rod angle change 
from 90^ to embedding angle Pem 


Nja = Njo cos Per — 0.5P;, p (sin Per — cos Per) (12.12) 


Mio = Mio + Njom (1 — cos Qer) + 0.5P; prm (sin (Pc, —C0S Po. r) 
(12.13) 
For dangerous section A-A at @¢., = Cem the values of normal force 
and bending moment are computed by formulae (12.12) and (12.13). 
Stresses in the small end on the external and internal fibers are 
determined by the values of Vj, and Mj, 
Neglecting the stress caused by the press-fitted bushing, the 
stresses (in MPa) in section A-A of the small end are: 
on the external fiber 


zn 200 rm E he po] 404 
05; m | 2M gen Re (2rm + he) + N ivem | hehe (12.14) 
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on the internal fiber 


6rm + Aie 10-6 
ou-| —2Migem arg + Nicem | TR (12.15) 


where h, = (d, — d)/2 is the thickness of the small end wall, m: 
1, e is the length of the small'end, m. 

"When there is a bushing driven in the small end, they are strained 
together. As a result, part of normal force N iG em in proportion to 
coefficient K is transferred to the small end rather than all the force. 
The effect of the bushing. that decreases the bending moment M 


is neglected. 
The coefficient 
K=E.,F JE. Fe + E p) (12.16) 


where F, = (d, — d) lse and F, = (d — dp) ls.e are wall cross- 
sectional areas of the small end and bushing, respectively. 
Including coefficient K, the stresses are 


ITem’ 


low.  _8tmthe _ EE X E 
Oa; Ps [ 2M ics he (2rm the) + Nien | ls. ehe (12.1 1) 
T. 6rmthe  , l 10-5 
9;;— | — 2M jgem n=)" KNicen | ar (12.18) 


The total force (in N) compressing the small end attains its ma- 
ximum value after T.D.C. (10-20° of the crank angle) at the beginn- 
ing of expansion 


Prom = (P za T. Po) Fs s Pip ae (Pza — po) Fp T mpRo? 
X (cos p + A cos 2q) (12.19) 


where p,, is the maximum combustion pressure defined against 
the rounded-off indicator diagram; P; p is the inertial force of the 
piston assembly mass at q corresponding to the crank angle at pza- 

Neglecting the displacement of the maximum gas force relative 
to T.D.C., we roughly find 


P com — (Pza = Po) Fp = Mp Ro’ (1 + A) (12.20) 


. The radial pressure due to compression force P,,4 against the 
internal surface of the small end lower half is taken as cosine, as 
ls shown in the design diagram (Fig. 12.25). 

In any section over segments J and 2 


Neomi = Poom E? cos Qo. p (12.21) 


com Poom 


M coms Poom” m | pte + Fo (1— cos Qe. y) ] (12.22) 


. PoomTm c 
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- N sin e. ins è 1 
N coma = Pon | em + (Adern sin Pe.r — 108 Pe. | 


- Pcom 2 
(12.23) 
Me m Ne m 
M come E Fent | ome EDT (4 — COS Qe, r) 


- (Hg Gr sing, Leose.,) | (1224 


a 


[n equations (12.23) and (12.24) the values of angle Qe., are sub- 
stituted in the ratio @,,,/m in radians,while the values of N «omo/P com 
and Mom o/(P comm), depending on the angle p.m, are determined 
from Table 12.2. 


Table 12.2 


Angle of embedding Pam degrecs 





Parameters 
DE 105 | 110 115 | 120 | 125 | 130 
Nino 0.0001/0.0005 [0.0009 [0.0018 |0.0030 [0.0060 [0.0083 
Memo UP eomFn) O  10.00010/0.00025|0 000600 .00110]0 .00180/0 .00300 


To make the computations of a bending moment and normal force 
easier, given in Table 12.3 are the values of trigonometrical rela- 
tions as a function of angle ¢,.,. 





Table 12.3 
Angle of embedding fom degrees 
f (Sem) 
100 | 105 | 110 | 115 | 120 | 125 | 130 

COS Pem —0.1736|—0.2588|—0.3420|—0.4226|—0.5000|—0 .5736| —0.6428 
1 — 208 Pem 1.1736| 1.2588| 1.3420| 1.4226| 1.5000! 1.5736| 1.6428 
sin Poem — 
— COS em 1.1584| 41.2247) 1.2817| 1.3289| 1.3660) 1.3928| 1.4088 
Sin Gem 
tes 
— fem sinx 

TL 

7. Pem — 


—1lcosqen 0.0011] 0.0020} 0.0047| 0.0086} 0.0130} 0.0235) 0.0304 
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The values of normal force N com g, and bending moment M com gem 
for critical section A-A (qc. = Pem) are determined by formu- 
lae (12.23) and (12.24). 

The stresses of the total compression force at section A-A: 

on the external fiber 


6rm + he ; 1 x 10-6 E 
00,com=| 2M comton ig ors Fij EEN com | iei (12-25) 


on the internal fiber 


1 x 1078 


rm +A ; : 
9, cen =| — 2M — S ——À + KN domes | lo che 


com¢em ho Orn — he) (12.26) 
where K is the coefficient accounting for the use of a driven-in 
bronze bushing [see formula (12.16)]. 

The safety factor of the small end in section A-A is determined by 
the equations given in Sec. 10.3. The total stresses caused in this 
section by gas and inertial forces and a driven-in bushing vary 
asymmetrically, and the minimum safety factor is possessed by 
the external fiber, for which 


Omax = 0% + Gay (12.27) 


Omin = Oa + Oa, com (12.28) 


The safety factor of the small ends varies within 2.5 to 5.0. An 
increase in the safety factor and decrease in the stresses of external 
fiber are obtained on account of decreasing the embedding angle 
to Pem = 90” and increasing the radius of the shank-to-small end 
joining. 

Design of a small end of carburettor engine. Referring to the 
thermal and dynamic analyses gives us combustion pressure pza 
= 9.902 MPa at n = ny = 5600 rpm with q = 370°; mass of the 
piston assembly m, = 0.478 kg; mass of the connecting rod assembly 
Mer = 0.716 kg; maximum engine speed in idling nig max = 
= 6000 rpm; piston stroke S = 78 mm; piston area F, = 47.76 cm’; 
A = 0.285. From the design of the piston assembly, we have piston 
pin diameter dp = 22 mm; length of the small end 7, e = 28 mm. 
From data in Table 12.1 we assume: the outer diameter of the small 
end is d, — 30.4 mm; the inner diameter of the small end d — 
= 24.4 mm; the radial thickness of the small end A, = (d, — d)/2 
= (30.4 — 24.4/2 = 3 mm; the radial thickness of the bushing 
wall s, = (d — d,)/2 = (24.4 — 22)/2 = 1.2 mm. 

The connecting rod is of carbon steel, grade 45[2; E.., = 2.2 
X 105 MPa, a, — 1 x 10-5 1/K. The bushing is of bronze; E» 
= 1.15 x 103 MPa; a, = 1.8 x 10-5 1/K. 
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According to Tables 10.2 and 10.4, the properties of carbon steel, 
grade 4512, are: 

ultimate strength o,, = 800 MPa; 

fatigue limit in bending o., = 350 MPa and in push-pull o_,, 
— 210 MPa; 

yield limit o, = 420 MPa; 

cycle reduction coefficients are a, = 0.17 for bending and a, 
= 0.12 for push-pull. 

From formulae (10.1), (10.2), (10.3) we determine: 

in bending 


0-1 350 


B " Boa 0.833==0.17 
ira 455 = 0-833 and * a 


—1—0.833 =3.97 


in push T 





-- O-1p a Po Ag 0.5—0.12 "a = 
B, = SP = = 05 and HFS =g 0.16 


For, design of section /-/ (see Fig. 12.1): 
pulsating cycle maximum stress 
o _ (mp4 ms, e) id maxA (141) 
max” 9h ol 
ers. e 
_ (0.478 4-0.043) 628? x 0.039 (1 + 0.283) 10-5 
2 x 0.003 x 0.028 
= 60.91MPa 


where Ms e = 0.06m,., = 0.06 x 0.716 = 0.043 kg is the mass 
of the small end part above section l-I; 

Oidmax = Midmax /30 = 3.14 x 6000/30 = 628 rad/s 

average stress and amplitude of stresses 


Omo = Sap= Omax /2 = 60.91/2 = 30.455 MPa 
Gacy = Oa, Ko/(€s&ss) = 30.455 x 1.272/(0.86 x 0.9) = 50 MPa 


where kg = 1.24- 1.8 x 10% (0, — 400) = 1.2-- 1.8 x 10- 
x (800 — 400) — 1.272 is the effective factor of stress concentra- 
tion (the small end has no abrupt dimensional changes and stress 
concentration mainly depends on the qualitative structure of the 
metal); e, — 0.86 is a scale factor determined from Table 10.7 (the 
maximum dimension of section J-J is 28 mm); e,, = 0.9 is a surface 
sensitivity factor determined from Table 10.8 (the final turning 
finish of the small end internal surface). 
AS 0¢,c,/Om, = 90/30.455 = 1.64 > (Ba — «(1 — Bo) = 0.76 

fan the safety factor at section I-J is determined by the fatigue 
imit: 


No = Op/(Se,c, + LgaGm,) = 210/(50-4-0.12 x 30.455) —3.9 
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The stresses due to a pressed-in bushing are: 
the total interference 


where A = 0.04 mm is the fit interference of a bronze bush- 
ing; A; d (a — a.) AT = 24.4 (1.8 x 10-5 — 1.0 x 1075) 110 
= 0.0215 mm is the temperature interference; AT = 110 K is 
the average heating of the small end and bushing; 
the specific pressure on the contact surface between the bushing 
and the small end 





As 
PS crqirsyBü-e s, qd rd-—p-ak 
d corr c Mc CR n aep 
0.0615 
2,4 | S A te | 


— 24.2 MPa 


where u = 0.3 is Poisson's ratio; 
the stress from the total interference on the small end internal 
surface 


oi = p (de + d*)/(d? — d) 
= 24.2 (80.4? + 24.4°)/(30.4? — 24.4?) = 111.8 MPa 


the stress due to the total interference on the external surface 
of the small end 


Og = p2d*/(dg — d?) = 24.2 x 2 x 24.4*/(30.4? — 24.4?) 


= 87.6 MPa 


The design for bending of section A-A (see Figs. 12.1 and 12.2) 
includes: 


the maximum force extending the small end at n = ny: 
Pjp = —MpRo? (1 + A) = —0.478 x 0.039 x 586? 
x (1 + 0.285) = —8230 N 
where © = any/30 = 3.14 x 5600/30 = 586 rad/s; 
the normal force and bending moment at section 0-0: 
Njo = — P,,p (0.572 — 0.00089 em) 
— (—8230) (0.572 — 0.0008 x 105) = 4016 N 
Mio = —P y rg (0.000339, — 0.0297) = —(— 8230) 
X 0. 0137 (0.00033 x 105 — 0.0297) = 0.56 N m 


where Pem = 105° is the embedding angle; Tm = (d, + d)/4 
= (30.4 + 24.4)/4 = 13.7 mm is the mean radius of the sil end; 
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the normal force and bending moment in the designed section 
caused by the tension force: 


Nicem = N jo cos Pem — 0.5P,. (sin Pem — COS Pem) 
= 4016 cos 105° — 0.5 (—8230) (sin 105° — cos 105°) 
= 4000 N 

Mi com = Mio + Njom (1 — COS Pem) + 0.9P y pro, 


X (sin Pem — COS Pem) = 0.56 + 4016 x 0.0137 
x (1 — cos 105°) + 0.5 (—8230) 0.0137 (sin 105°—cos 105°) 
= 0.75 N m 
the stress on the external fiber caused by the extension force 
" rm + he l 10-6 
P | 2M iven he (20m + he) B KN icen | ls. ehe 
6 x 0.0137 + 0.003 


—2 x 0.75 [rascar 


where K = Eek (E, Fe + EyF,) = 2.2 x 10° x 
x 168/(2.2 x 105 x 168 + 1.15 x 105 x 67.2) = 0.827; F, 
= (d, — d) l,, = (30.4 — 24. 4) 28 = 168 mm?; F, = (d—dp)ls.e 
— (24.4 — 22) 28 — 67.2 mm?; 
the total force compressing the small end 
Pom = (P za — Po) Fp D: mpRo? (cos q + A cos 2) 
— (5.502 — 0.1) 0.004776 x 106 — 0.478 x 0.039 
x 586? (cos 370° + 0.285 cos 740°) = 17 780 N 
the normal force and bending moment in the design section caused 
by the compressing force 


Neomo sin fem E 
N.omo = Pen | Ex ( 2 sin Pem 


em . Poom 


—Ż cos Gem) |= 17 780 (0.0005 + 0.002 = 44.5 N 


M como N como 
N = Y ECO CO (Aa A 
M come en D son m [ Permita Porn ( cos Pem) 


Sin Qem fem o: 1 7 
= (en m sin Pem— ~ cos Pem) ] — 47 780 x 0.0137 
x (0.0004 + 0.0005 x 1.2588 — 0.002) = — 0.31 Nm 


where Noomo/Peom = 0.0005 and Mecom o/(Pcom’em) = 9.0001 are 
determined from Table 12.2, and 


sin 1 
f (Pem) ES pem — dem sin Pem — q COS Pem 


= 0.002 and f iud = 1— cos Pem = 1.2588, from Table 12.3; 
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the stress on the external fiber caused by the compressing force 


= Orm -+ he BS y 105. 
Oa, com = | 2M oom Tem he (2rm -+ he) | EN com Fem | ls. ehe 

" 6 x 0.0137 + 0.003 

= [ 2 ( — 0.31) 5-593 (2 5: 0.0187 + 0.003) 


+0.827 x 44.5 | x TE — 6.45 MPa 


the maximum and minimum stresses of an asymmetric cycle 


Omax = Oa + 04,; = 87.6 + 56.2 = 143.8 MPa 
Omin == Oa + Oo, com = 87.6 — 6.45 = 81.15 MPa 


the mean stress and the stress amplitude 


Om = (Omas + Omin)/2 = (143.8 + 81.15)/2 = 112.48 MPa 
Oa = (Omax — Smin)/2 = (143.8 — 81.15)/2 = 31.33 MPa 
Og, c = Ogkg/(€sts,) = 91.33 x 1.272/(0.86 x 0.9) = 51.5 MPa 


As Og4/0& = 91.5/112.48 = 0.458 < (po — ag)/(t — Bo)=3.97, 
the safety factor at section A-A is determined by the yield limit 


nyo = Syl(Ga,c + Om) = 420/(51.5 + 112.48) = 2.56 


Design of a small end of a diesel engine connecting rod. The heat 
and dynamic analyses give us: maximum combustion pressure 
Pza 11.307 MPa at ny = 2600 rpm with q = 370; mass of 
piston assembly m, = 2.94 kg; mass of connecting rod assembly 
m,.r = 3.39 kg; maximum speed in idling nig max = 2700 rpm; 
piston stroke S = 120 mm; piston area F, = 113 cm?; 4 = 0.270. 
The design of the piston assembly gives us: diameter of piston pin 
d, = 45 mm; length of connecting rod small end /,, = 46 mm. 
Referring to Table 12.1 we assume: outer diameter of small end d, 
= 64 mm; internal diameter of small end d = 50 mm; radial thick- 
ness of small end wall h, = (d, — d)/2 = (64 — 50)/2 = 7 mm; 
radial thickness of bushing wall s; = (d — d,)/2 = (50 — 45/2 
= 2.5 mm. The connecting rod is of steel, grade 40X; E,, = 2.2 
x 105 MPa; o, — 1 x 10 1/K. The bushing is of bronze; E, 
= 1.15 x 105 MPa; a, = 1.8 x 107 1/K. 

From Tables 10.2, 10.4 for steel, grade 40X, we have: ultimate 
strength o; = 980 MPa, fatigue limits o., = 350 MPa in bending 
and o_,, = 300 MPa in push-pull, yield limit o, = 800 MPa, 
factor of cycle reduction a, = 0.21 in bending and Cig = 0.17 in 
extension. 

By formulae (10.1, 10.2, 10.3) we have: 


in bending 


Bo = o/o, = 350/800 = 0.438 and (B, — ~,)/(1 — Ba) 
— (0.438 — 0.24)/(1 — 0.438) = 0.406 
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in push-pull 

Bs = O4p/o, = 300/800 = 0.375 and (Bs — a,)/(1 — Po) 
= (0.375 — 0.17)/(1 — 0.375) = 0.328 
Design of section J-I (see Fig. 12.1): 


the maximum stress in pulsating cycle 
n (mp+mMg, e) Gi max R (1 TÀ) 1078 
Omax = Diels. e 
.. (2.94-+ 0.27) 2832 x 0.06 (4-+ 0.27) 108 __ 
= 2 x 0.007 x 0.046 = 30.9 MPa 
where ms, = 0.8m,.., = 0.08 x 3.39 = 0.27 kg is the mass of 
the small end part above section /-f. 


O;dmax = “Mia max /30= 3.14 x 2700/30 = 283 rad/s 
the mean stress and stress amplitude 
Omo = Uus = Omaz/2 = 30.3/2 = 15.15 MPa 
Oa,co = Oao¥ol(EsEss) = 19.15 x 1.3/(0.77 x 0.72) = 35.5 MPa 


where k, = 1.2 + 1.8 x 10- (0, — 400) = 1.2 + 1.8 x 10- 

x (980 — 400) = 1.3 is the effective factor of stress concentration 
(the small end has no abrupt dimensional changes); e, = 0.77 is 
the scale factor as per Table 10.7 (the maximum dimension of sec- 
tion J-J is 46 mm); £,, = 0.72 is the factor surface sensitivity as per 
Table 10.8 (rough turning). 

AS Ga co/0mo = 39.9/15.15 = 2.34 > (Bo — &o)/(1 — B.) —0.328, 
the safety factor at section J-J is determined by the fatigue limit 
hg = G_1p/(Og,co + %oFmo) = 300/(35.5 + 0.17 x 15.15) = 7.9 

The stress caused by a driven-in bushing is: 

the total interference 


A x = A + A, = 0.04 + 0.044 = 0.084 mm 


where A = 0.04 mm is the fit interference of a bronze bush- 
ing; A; = d (9, — ae) AT = 50 (1.8 x 1075 — 1.0 x 10-5) 110 
= 0.044 mm; AT = 110 K is the average temperature of heating 
the small end and bushing; 
the specific pressure on the contact surface between the bushing 
and small end 
As 


ERE ONU NE^ ] 
iF ke 
AA, AA 

i 2.2 x 10% Es 1.15 x 105 


— 16.73 MPa 
where u = 0.3 is Poisson's ratio; 
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the stress caused by the total interference on the small end exter- 
nal surface 
o. = p2d'/(d; — d?) = 16.73 x 2 x 50?/(64? — 50?) = 52.4 MPa 

the stress caused by the total interference on the small end inter- 
nal suríace 

of = p (di + d*)/(dd — d?) = 16.73 x (64 + 50?)/(64? — 502) 

= 69.1 MPa 
The bending computation of section A-A (see Figs. 12.1 and 12.2): 


the maximum force extending the end at n = ny 
Pip = — MpRo? (1 + 4) = —2.94 x 0.06 x 272? (1 + 0.27) 
"oz —16 580 N 
where œ = nny/30 = 3.14 x 2600/30 = 272 rad/s; 
the normal force and bending moment at section O-O 
N jo = —Pjy,p (0.572 — 0.00089 em) 
= —(—16 580) (0.572 — 0.0008 x 110) = 8025 N 
Mj; = —P;,prm (0.000339 em — 0.0297) = —(—16 580) 
x 0.0285 (0.00033 x 110 — 0.0297) = 3.12 N m 
where Q,m = 110° is the embedding angle; 
rm = (d, + d)/4 = (64 + 50)/4 = 28.5 mm 
the normal force and bending moment in the design section cau- 
sed by the extension force 
N Joem = Njo COS Pem — 0.5P; p (sin Pem — COS Pem) 


= 8025 cos 110° — 0.5 (—16 580) (sin 110° — cos 110°) 
= 7880 N 


Mg, ,, = Mio + Niom (1 — COS Pem) + 0.5P y pr em 
X (sin Pem — COS Pem) = 3.12 + 8025 x 0.0285 
x (4 — cos 110°) + 0.5 (—16 580) x 0.0285 
X (sin 110° — cos 110°) = 7.12 Nm 
the stress on the external fiber caused by an extension force 


= } 6rm+he . 10-6 
Ga, J- | 2M ios, he (rm Fha) Crm Fh ) + KN ipon pum che 
EX 6 x 0.0285 + 0.007 
=|2 me 0.007 (2 x 0.0285 + 0.007) 
40-5 
-+ 0.842 + 7880 | Dog 39 2 MPa 


MI K=E PNE. Fo + EF) = 2.2 x 105 x 
x 644/(2.2 x 105 x 644 i 1.15 x 10% x 230) = 0.842. 
F, = (d, — d) lj, = (64 — 50) 46 = 644 mm? 
F, = (d — dp) z (50 — 45) 46 = 230 mm? 
17—0946 
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the total force compressing the small end 
Peom = (Pza — Po) Fp — myHo* (cos p + A cos 24) 
= (11.307 — 0.1) 0.0113 x 109 — 2.94 + 0.06 x 272? 
X (cos 370? + 0.27 cos 740°) = 110 470 N 


the normal force and bending moment at the design section caused 
by the compressing force 


N , { sing © ; 
T como i em em 
N comQem T Prom | "c (= Moro SIN Qem 


Peom 


— — 008 Pem } | = 110 470 (0.0009 + 0.0047) = 619 N 





M N 
M com Gem 77 Pomtm | como. | some (1—-cos Pem) 


-PeomTm Peom 
sin @ @ , 1 
TY (fen — fem sin Pem — 7 COS Gem) | 


= 110 470 x 0.0285 (0.00025 + 0.0009 x 1.342 
— 0.0047) = —10.2 Nm 
where Ncomo/Peom = 0.0009 and Mecom o(Peomrm) = 0.00025 are 


determined from Table 12.2, and f (Pem) = sin fem — Gem y 


X sin Pem — È CoS Pem=0.0047 and f (Pem) — 1 — cos Pem=1.342, 


from Table 12.3; 
the stress on the external fiber caused by a compressing force 


6rmth 
Sa, com ^ | 2M com Ven Tae Drm E A) F EN com pem | 


1078 


107 6x 0.0285 +. 0.007 40.842 x 619] 
s.ehe ) 


m [2 (— 10.2) 07 (2 x 0.0285-1- 0.007 


NP 
0.046 0.007 “9: 2 


the maximum and minimum stress of an asymmetric cycle 


Omax = Oa + Op, y = 92.4 + 38.2 = 90.6 MPa 
Omin = Oa + Ga com = 92.4 — 23.5 = 28.9 MPa 
the mean stress and stress amplitude 
Om = (Omax + Omin)/2 = (90.6 + 28.9)/2 = 59.75 MPa 
0, = (Omax — Omin)/2 = (90.6 — 28.9)/2 = 30.85 MPa 
Og.¢ = Ogkg/(Es&ss) = 30.85 x 1.3/(0.77 x 0.72) = 72.3 MPa 
Since 07 c/0m = 72.3/59.75 = 1.21 > (Bo — a,)/(1 — Po) 


= 0.406, the safety factor in section A-A is di und by the 
fatigue limit 


ng = O24/(Og.¢ + &oFm) = 320/172.3 + 0.24 x 59.75) = 4.12 


x 
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12.2. CONNECTING ROD BIG END 


The table below gives the designed dimensions of the connecting 
rod big end. 





Tabie 12.4 
Dimensions of big end Variation limits 
Crank pin diameter de.p (0.56-0.75) B 
Shell wall thickness ts» 
thin-walled (0.03-0.05) de. p 
thick-walled 0.1 de.p 
Distance between connecting-rod bolts cy | (1.30-1.75) de. p 
Big end length 7p. , (0.45-0.95) de. p 


The precise computation of a big end is rather difficult because 
constructional factors cannot be fully taken into account. The 
rough design of a big end consists in determining the bending stress 
at middle section //-/7 of the big end bearing cap caused by inertial 
forces P; , (in MN) which attain their maximum at the beginning 
of induction (y = 0°) when the engine is operating at the maximum 
speed under no load: 


P,, = — O idmax R [mp + Mer,p) (1 + A) F (Mer c E m.)] 1075 
(12.29) 


where m, is the mass of the piston assembly, kg; Me, p and Mer e 
are the masses of connecting rod assembly that are reciprocating 
and rotating, respectively, kg; m, ~ (0.20 to 0.28) m., is the 
gs of the big end, kg; m., is the mass of the connecting rod assem - 
bly, kg. 

The bending stress of the big end bearing cover (in MPa) including 
the joined strain of the bearing shells 


0.023c, , 0.4 
o= Pr ERME Fr | std) 
where c, is the distance between the connecting rod bolts,m; Js 
= lot and J = l, (0.5c, — r,)? is the design section inertial moment 
of the shell and cap, respectively, mt; W, = 1, (0.5c, — r,)?/6 is 
the resisting moment of the cap design section neglecting the stiffen- 
ing ribs, m3, r, = 0.5 (dep + 2t,) is the inner radius of the big end, 
m; d, y is the crank pin diameter, m; £, is the shell wall thickness, m; 
Fi = l, X 0.5 (cy — dep) is the total area of the cap and shell 
In the design section, m?. 
The value of o, varies within the limits of 100-300 MPa. 


17% 
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Design of a big end of connecting rod for carburettor engine. 
Referring to the dynamic analysis and design of a connecting rod 
small end, we have the following: crank radius R = 0.039 m; mass 
of the piston assembly mp = 0.478 kg; mass of the connecting rod 
assembly Mer = Mer p + Mer e = 0.197 + 0.519 = 0.716 kg; an- 
gular velocity Oia mae = 628 rad/s; A = 0.285. From Table 12.4 
we assume: crank pin diameter dep = 48 mm; shell wall thickness 
i, = 2 mm; distance between the connecting rod bolts c, = 62 mm; 
big end length /, = 26 mm. 

The maximum inertial force 


Pie ys — oid max R [ (my + Wiens) (1 + A) -+ Mis T m.)] 1078 
— —(628)? x 0.039 [(0.478 + 0.197) (1 + 0.285) 
+ (0.519 — 0.179)] 10-68 = —0.0186 MN 


where m, = 0.25m, , = 0.25 x 0.716 = 0.179 kg. 
The resisting moment of the design section 


W, = 1, (0.5¢, — r;)?/6 = 0.026 (0.5 x 0.062 — 0.026)?/6 
1.08 x 10-7 m3 


where r, = 0.5 (dep + 2t,) = 0.5 (48 + 2 x 2) = 26 mm is the 
inner radius of the connecting rod big end. 
The shell and cap inertia moments 
J, = 14) = 26 x 2? x 10 = 208 x 107% mi 
J = 1, (0.5¢, — rj)? x 10-1? = 26 (0.5 x 62 — 26)? 10-1? 
3250 x 107? mi 


The bending stress of the cap and shell 


| 


Il 


2 0.023ep 0.4 
0, = P;,, [AULA t Fe) 
0.023 x 0.062 
= 0.0186 ANA LT 


cow | 273 MPa 
where F, = 1.0.5 (cy — dep) = 26 x 0.5 (62 — 48 x 1079) 
— 0.000182 m 

Design of a ‘connecting rod big end of diesel engine. From the 
dynamic analysis and design of the connecting rod small end we 
have: crank radius R=0.06 m; mass of the piston assembly m, = 
= 2.04 kg; mass of the connecting rod assembly m,.,=0.932+ 
+ 2.458 = 3.39 kg; @jgmax = 283 rad/s; à = 0.27. Referring to 
Table 12.4, we assume: crank pin diameter dep = 80 mm; shell 
wall thickness t, = 3.0 mm; distance between connecting rod bolts 
cs = 106 mm; big end length le = 33 mm. 
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The maximum inertial force 
P E gos —ig max R [(mp T Mer,p) (1 aI A) ur (Mer, c ES m.)] 10° 
= —(283)? x 0.06 [(2.49 + 0.932) (1 + 0.27) 
+ (2.458 — 0.848)] 10-6 = —0.0286 MN 
where m, = 0.25m,., = 0.25 x 3.39 = 0.848 kg. 
The resisting moment of the design section 
W, = le (0.5ca — r,/6 = 33 (0.5 x 106 — 43)? x 1079/6 
= 5.50 x 10-7 m? 
where r; = 0.5 (dep + 2t,) = 0.5 (80 + 2 x 3) = 43 mm is the 
inner radius of the connecting rod big end. 
The inertia moments of the shell and cap 
J, — 18 = 33 x 3* x 10-1? = 891 x 101 mi 
J = 1, (0.5c, — rj)? = 33 (0.5 x 106 — 43)% x 10-12 = 33 000 
x 10-12 ms 


The bending stress of the cap and shell 
= 0.023c; 0-4 j 
o= Par | ET Wy + F, | = 00286 


0.023 x 0.106 
X [aran tamos | = 150 IMPs 


where F, = 1,0.5 (cy — de.p) = 33 x 0.5 (106 — 80) 10-5 
= 0.000429 m. 





12.3. CONNECTING ROD SHANK 


In addition to length Le., = R/A, the basic designed parameters 
of the connecting rod shank include the dimensions of its middle 
section B-B (see Fig. 12.1). For the values of these parameters used 
in Soviet-made automobile and tractor engines, see Table 12.5. 








Table 12.5 
Festina oa S EIE Carburettor engines Diesel engines 
Ash min (0.50-0.55) de (0.50-0.55) de 
Ash (1.2-1.4) hsh min (1.2-1.4) hsh min 
bsh (0.50-0.60) hsh (0.55-0.75) hsp 


Ash £z tsp (2.5-4.0) mm (4.0-7.5) mm 
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The connecting rod shank is designed for fatigue strength at 
middle section B-B under the effect of sign alternating total forces 
(gas and inertial forces) occurring when the engine is operating at 
n =n, or n = n, Generally, the computations are made for 
operation at a maximum power. The safety factor for the section 
is determined in the plane in which the connecting rod is rocking 
and in a perpendicular plane. The connecting rod is equally strong 
in both planes if n, = n, 

The force compressing the connecting rod attains its maximum at 
the beginning of power stroke at p,, and is defined by the results 
of the dynamic analysis or by the formula 
Pom = P¿+Pj = (Fp (Pza — po) — mjRo? (cos p + Acos 29)] 1076 

x [0*9 (12.31) 
where m; — = my +0. 210m, , is the mass of reciprocating parts of 
the crank gear (it is conventionally taken that the middle section 
B-B is in the connecting rod center of gravity). 

The tension force acting on the connecting rod attains its maxi- 
mum at the beginning of induction (at T.D.C.) and is also defined 
by the results of the dynamic analysis or by the formula 


P, = P; + P, = Ip¿Pp — m,Ro? (1 + 3) 10-5. (12.32) 


where p, is the pressure of residual gases. 

Compressing forces Poom in section B-B produce maximum stres- 
ses of compression and longitudinal bending (in MPa): 

in the plane of connecting rod rocking 


Ümax x — KP unita (12.33) 


Li, 
e i om. r Jx 
for the effect of longitudinal bending of the connecting rod in its 
rocking plane; o, = o, is the connecting rod limit of elasticity. 
MPa; L,,.—H/X is the connecting rod length, m; Jy = [5,4h3, — 
— (bs, — agp) (Asn — 2t,,1/12 is the inertia moment at section 
B-B relative to axis z-r perpendicular to the connecting rod rocking 
plane, m+; Fmid = Asnbsn == (bsn = Ash) (Ash = dt sn) is the area of 
the connecting rod middle section, m?; 

in the plane perpendicular to the rocking plane 


Omax y = KyPoom/F mia (12.34) 
== Oe LiF mit 

where K, = 1 TOES "a 
the effect of the connecting rod bowing (longitudinal bending) in 
a plane perpendicular to the rod rocking plane; Lı = Le.r — (d+ d,)/2 
is the rod shank length between the small and big ends, m; Jy= 


= [knn — (hsp — 2tsn) (Os, — a,,)3]/12 is the inertia moment at 
section B-B relative to axis y-y. 


where K, 





Fria is the coefficient accounting 








is the coefficient accounting for 
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With modern automobile and tractor engines stresses Omax x 
and Omax y (MPa) must not exceed: 


Carbon steels 4.4 4 a 9 « 4 yemas... o vivos 160-250 
Alloyed steels <<. «mara a SS 200-350 


A minimum stress occurring at section B-B due to tension force 
P, is defined in the rod rocking plane and in a perpendicular plane: 
Omin = Py/F mia (12.35) 

Safety factors of the connecting rod shank in the rocking plane 
n, and in a perpendicular plane n, are defined by the equations 
given in Sec. 10.3. When defining n, and ny, we assume that stress 
concentration factors kę are dependent only on the connecting rod 
material. With connecting rods for automobile and tractor engines 
the values of n, and n, must not be below 1.5. 

Design of a connecting rod shank for carburettor engine. From 
the dynamic analysis we have: Pim =P, + P, = 14 505 N 
æ 0.0145 MN at q = 370; P,-— P, + P, = —11 500 N 
= —0.0115 MN at g=0°; Ler = 136.8 mm. According to 
Table 12.5 (see Fig. 12.1) we assume: h,, = 23 mm; b,, = 16 mm; 
Ash = 3.2 mm; fsp = 3.4 mm. From the design of the small and big 
ends we have: d = 24.4 mm, d, = 52 mm; the strength characte- 
ristics of the connecting rod material are those of steel, grade 45T2. 

The area and inertia moments of design section B-B are: 


Fria = hsnbsn pS (bs irs Ash) (hsp PES 2; 1) 
= 23 x 16 — (16 — 3.2) (28 — 2 x 3.4) = 160.6 mm? 
160.6 x 1078 m? 


J = [bh — (bsn — asn) (Msn — 21,4)31/12 
= [16 x 23? — (16 — 3.2) (23 — 2 x 3.4)3]/12 
= 11 687 mm! z 116.9 x 10-1? mi 
Jy == [hs nbsh an (hs E 2t sn) (Osh Es asn)°]/12 
= [23 x 163 — (23 — 2 x 3.4) (16 — 3.2)3]/12 
= 5020 mm* = 502 x 10-! mi 


I 


The maximum stress due to a compressing force: 
in the connecting rod rocking plane 


Omarx = KxPeom/Fmig = 1.095 x 0.0145/(160.0 x 10-9) 
— 99 MPa 


c Ev. 800 
where K,—1-E- J.P mam 1  gmxiixd0 ^ 
136 .8* 


X 11687 160.6 = 1.095, Oe — Op = 800 MPa; 
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in a p perpendicular to the rod rocking plane 

KyP comlFmia = 1.029 x 0.0145/(160.6 x 10-9) —93 MPa 
L? 800 98.6? 

where K yide 7, Ema = 1+ 353210 X 255020 

x 160.6 = 1.029; £, = Le.r — (d + d)/2 = 136.8 — (24.4 + 52)/2 = 

= 98.6 mm. 


The minimum stress caused by a tension force 
Omin = Pi/F mia = —0.0115/160.6 x 10-95 = —71.6 MPa 


The mean stress and cycle amplitudes 


Omx = (Omax x + 0min)/2 = (99 — 71.6)/2 = 13.7 MPa 

= (Omax y + Omin)/2 = (93 — 71.6)/2 = 10.7 MPa 

Oax = (Omax x — Omin)/2 = (99 + 71.6)/2 = 85.3 MPa 

Soy = (Omax y — Omin)/2 = (93 + 71.6)/2 = 82.3 MPa 

Oa,c,x = Og xk o/(EsEss) = 85.3 X 1.272/(0.88 x 1.3) = 94.8 MPa 
07,09 = Oa yko/(esess) = 82.3 X 1.272/(0.88 x 1.3) = 91.5 MPa 


where ko = 1.2 + 1.8 x 10% (0, — 400) = 1.2 + 1.8 x 10= x 
x (800 — 400) = 1.272; e, = 0.88 is determined against 
Table 10.7 (the maximum section dimension of the connecting rod 
shank is 23 mm); £ss = 1.3 is determined against Table 10.8 with 
consideration for the surface hardening of the connecting rod shank 
byshot blasting. 


As face — PEs e = 0.76 (see the design of the 
mx x 
small end of a carburettor engine connecting rod) and o,,, am 


= 01.5/10.7 > 0.76, the safety factors at section B-B are determine 
by the fatigue limit: 

Nox = Oipl(05,,,« + Asma) = 210/(94.80 + 0.12 x 13.7) = 2.18 
Noy = Opl(Ge,c,y + Z 50g) = 210/(91.5 + 0.12 x 10.7) = 2.26 


Design of a connecting rod shank for uy engine. From the dy- 
namic analysis we have: P.om = P, + P; = 105.6 kN = 0.1056 MN 
E g = 370°; P,— P, + Py = foa. 14 kN = —0.02114 MN at 

= 0°; connecting rod length L,, = 222 mm. According to Tab- 
Ie 42. 5 we assume (see Fig. 12.1): h,, = 40 mm; b,, = 30 mm; 
Ash = 7 mm; t;n = 7 mm. 

From the design of small and big ends we have: d = 50 mm; d, 
= 86 mm; the strength characteristics of the connecting rod mate- 
rial is as for steel, grade 40X. 

The area and inertia moments of design section B-B are: 


Pmia = PE Asnbsp = (bsn — Ash) (hs s) 20,4) = — 40 x 30 — (30 a 7) 
x (40 — 2 x 7) = 602 mm? = 60.2 x 10-5 m? 


Omaxy = 
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v = [bs nhan E (bsn ia ash) (Asn => 21,,)3]/12 

[30 x 403 — (30 — 7) (40 — 2 x 7)3]A2 
= 123 800 mm* zz 124 x 107? mt 

Jy = IMsndin — (Msn — 2t54) (bsn — a,54)10/2 
— [40 x 302 — (40 — 2 x 7) (30 — 791/42 
= 63 700 mm* = 63.7 x 10% m* 


I 


The maximum stresses caused by a compression force are: 


in the connecting rod rocking plane 
= KsPoom/Fmia = 1.108 x 0.1056/(60.2 x 1075) = 194 MPa 


Gg... Lev 980 222? 
where K¿=1 +p, J, Pmia= 1432.27 X 123800 
x 602=1.108; o, =o, = 980 MPa; 
in a plane perpendicular to the connecting rod rocking plane 
Omaxy = KyPcom!F mia = 1.025 x 0.1056/(60.2 x 1073) = 180 MPa 
h K.=1 e |. Hop faan HEU. eua UIDES E 
where Ay=1 bug a, ‘mid =" IATA 40575 4x 63 700 
x 602 =1.025; L,=L,.,—(d+d,)/2 = 222 — (50+ 86)/2 = 154 mm. 
The minimum stress caused by a tension force 
Omin = Pi/F mig = —0.02114/(60.2 x 10-5) = —35 MPa 
The mean stresses and cycle amplitudes: 
Omx = (Omax x + Omm)/2 = (194 — 35)/2 = 79.5 MPa 
Omy = (Omax y + Omin)/2 = (180 — 35)/2 = 72.5 MPa 
Sax = (Omax x — Omin)/2 = (194 + 35)/2 = 114.5 MPa 
Cay = (Omax y — Omin)/2 = (180 + 35)/2 = 107.5 MPa 
Os cux = Og xk o/(€s&5s) = 114.5 x 1.3/(0.8 x 1.3) = 143 MPa 
Os, c,y = Og, yk of (Es€ss) = 107.5 X 1.3/(0.8 x 1.3) = 134 MPa 
where ko = 1.2 + 1.8 x 10-4 (0, — 400) = 1.24-1.8 x 107* x 
X (980 — 400) = 1.3; e, — 0.8as determined from Table 10.7 
(the maximum section dimension of the connecting rod is 40 mm); 
€ss = 1.3 as determined against Table 10.8 including the surface 
hardening of the rod shank by shot blasting. 


As funr. TB. 4.8 > fo — 0.328 (see the design 
max . — po 

of the connecting rod small end for diesel engine) and Oa c, y/Omy = 

= 134/72.5 > 0.328, the safety factors at section B-B are determined 


y the fatigue limit: 
Nox = O1p!(Ga,c,2 + Qo0mx) = 300/(143 x 0.17 x 79.5) = 1.92 
Noy = Opl (Oa, cy + %oOmy) 2C0/(134 x 0.17 x 72.5) = 2.05 


Omax x 
x 








ll 
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12.4. CONNECTING ROD BOLTS 


In four-stroke engines the big end bolts are subject to stretching 
due to the inertial forces of the translationally moving masses of 
the piston and connecting rod and rotating masses located above 
the big end parting plane. The values of these inertial forces are 
determined by formula (12.29). Besides, the bolts are stretched due 
to tightening. 

The connecting rod bolts must feature high strength and reliabi- 
lity. They are made of steel, grades 35X, 40X, 35XMA, and 37XH3A. 
If bolts are to be tightened with heavy efforts, they are made of 
alloyed steel, grades 18XHBA, 20XH3A, 40XH, and 40XHMA, of 
higher yield limits. 

In the engine operation, inertial forces P; , tend to rupture the 
bolts. In view of this the bolts must be tigntened to such an extent 
that the tight joint is not disturbed by these forces. 

The tightening load (in MN) 


Pi = (2 to 3) Pts (12.36) 


where i, is the number of connecting rod bolts. 
The total force stretching the bolt 


Py =P XP, vip (12.37) 
where y is the coefficient of the principal load of a threaded joint: 
X oe KorMK y 5d Ke) (12.38) 


where K,, is the yielding of the connecting rod parts tigatenəd 
together; K, is the yielding of the bolt. 

According to experimental data, coefficient y varies within the 
limits of 0.15 to 0.25. The value of y generally decreases with a d2- 
crease in the diameter of the connecting rod bolt. 

The maximum and minimum stresses occurring in the bolt are 
determined in the section by the thread bottom diameter: 


Omax = AP,/(ndj) (12.39) 
Omin ~ AP , il (db) (12.40) 


where d, = d — 1.4t is the bolt thread bottom diam» ter, mm; d is 
the nominal diameter of the bolt, mm; £ is the thread pitch, mm. 

The safety factors of the bolt are determined by the formula 
given in Sec. 10.3, stress concentration factor kg, by formula (10.10) 
with allowance for the type of concentrator and material proper- 
ties. For connecting rod bolts the safety factors must not be less 
than 2. 

Design of a connecting rol bolt for carbarattor eazias. Frou 
the design of the connasting rol biz eal we have: taz maximum 
inertial force tending to rupture the big eal aal coaasstiaz rod 
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bolts: P;, = 0.0186 MN. We assume: bolt nominal diameter 
d = 11 mm; thread pitch t = 1 mm; number of bolts i, = 2. The 
material is steel, grade 40X. 

Referring to Tables 10.2 and 10.3, we determine the following 
properties of the alloyed steel, grade 40X: 

ultimate strength o, = 980 MPa; yield limit o, = 800 MPa 
and fatigue limit due to push-pull o_,, = 300 MPa; 

cycle reduction factor at push-pull a, = 0.17. 

According to formulae (10.1), (10.2), (10.3) we have 


By = O4p/0, = 300/800 = 0.375; (Bo — «.)/(1 — p.) 
= (0.375 — 0.17)/(1 — 0.375) = 0.328 


The tightening load 
P,.; = (2 to 3) P,,,/iy = 2 X 0.0186/2 = 0.0186 MN 


The total force stretching the bolt 
Py = Pii + yxP;,rp/ip = 0.0186 + 0.2 x 0.0186/2 = 0.0205 MN 


where y = 0.2. 
The maximum and minimum stresses occurring in the bolt 


Omax = 4Ps//(nd?) = 4 x 0.0205/(3.14 x 0.00962) = 283 MPa 
Omin = 4P}.)/(ad?) = 4 x 0.0186/(3.14 x 0.00962) = 257 MPa 


where d, = d — 1.4t = 11 — 1.4 x 1.0 = 9.6 mm = 0.0096 m. 
The mean stress and cycle amplitudes 


Om = (Omax + Onal A = (283 + 257)/2 = 270 MPa 
Oa = (Omax — Omin)/2 = (283 — 257)/2 = 13 MPa 
O5. c = Oak g/(€sEss) = 13 x 3.43/(0.99 x 0.82) = 54.9 MPa 


where £g = 1 + q (%es — 1) = 1 + 0.81 (4 — 1) = 3.43; a, 5 = 4.0 
is determined from Table 10.6; q = 0.81 is determined by Fig. 10.2 
at o, = 980 MPa and «,, = 4.0; e, = 0.99 is determined from 
Table 10.7 at d — 11 mm; e,, — 0.82 is determined from Table 10.8 
(rough turning). 

Since Sae — 75 _ 9.203 < 92—7« — 0.328, the safety factor of 
the bolt is determined by the yield limit: 


= dGy/(Gs,. + Om) = 800/(54.9 + 270) = 2.46 


Design of a connecting rod bolt for diesel engine. From the design 
of the connecting rod big end we have: maximum inertial force 
rupturing the big end and connecting rod bolts P;,, = 0.0286 MN. 

hen we assume: bolt nominal diameter d = 14 mm, thread pitch 
AID mm, number of bolts ij — 2. The material is steel, grade 


Ryo 
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Using Tables 10.2 and 10.3, we determine the following properties 
of the steel, grade 40XH: 

ultimate strength o, = 1300 MPa, yield limit o, = 1150 MPa 
and fatigue limit at push-pull o_,, = 380 MPa; 

cycle reduction factor at push-pull a, = 0.2. 

By formulae (10.1), (10.2), (10.3) we determine 


Bo = O1p/0y = 380/1150 = 0.33; (Bs — a,)/(1 — Po) = 
= (0.33 — 0.2)/(1 — 0. 33) = 0. 194 
The tightening load 
Pi, = (2-3) Pj, r/ia = 2.5 x 0.0286/2 = 0.03575 MN 
The total force stretching the bolt 
Py = Pap + yP;,r/iy = 0.03575 + 0.2 x 0.0286/2 = 0.0386 MN 
where y = 0.2. 
The maximum and minimum stresses occurring in the bolt: 
Oma; = Apy/(ndi) = 4 x 0.0386/(3.14 x 0.0119?) = 347 MPa 
Omio = 4P i. i/(nd;) = 4 x 0.03575/(3.14 x 0.0119?) = 322 MPa 
where d, = d — 1.4t = 14 — 1.4 x 1.5 = 11.9 mm = 0.0119 m. 
The mean stress and cycle amplitudes 
Om = (Omax + Omin)/2 = (347 + 322)/2 = 334.5 MPa 
Og = (Omax — Omin)/2 = (347 — 322)/2 = 12.5 MPa 
Gs. c = Oak o/(Esess) = 12.5 X 4.2/(0.96 x 0.82) = 66.7 MPa 
where kg = 1+ q (a. — 1) = 141 (4.2 — 1) = 4.3; a, = 4.2 
is determined from Table 10.6; q = 1 is determined by Fig. 10.2 
at 0, = 1300 MPa and «,, = 4.2; €, = 0.96 is determined from 
Table 10.7 atd = 14 mm; e,, = 0.82 is determined against Table 10.8 
(rough turning). 
Ca. e 66 


Since = qui T — 0.199 > IE — 0.194, the safety factor 
of the bolt is determined by the fatigue limit 
No = 011/04 e + Ag0m) = 380/(66.7 + 0.2 x 334.5) = 2.84 


i 











Chapter 13 
DESIGN OF CRANKSHAFT 
13.1. GENERAL 


The crankshaft is a most complicated and strained engine part 
subjected to cyclic loads due to gas pressure, inertial forces and 
their couples. The effect of these forces and their moments cause 
considerable stresses of torsion, bending and tension-compression 
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Fig. 13.1. Design diagrams of crankshaft 
(a), (b) single-span and (c), (d) two-span 


in the crankshaft material. Apart of this, periodically varying 
moments cause torsional vibration of the shaft with resultant addi- 
tional torsional stresses. 

Therefore, for the most complicated and severe operating condi- 
tions of the crankshaft, high and diverse requirements are imposed 
on the materials utilized for fabricating crankshafts. The crankshaft 
material has to feature high strength and toughness, high resistance 
to wear and fatigue stresses, resistance to impact loads, and hard- 
ness. Such properties are possessed by properly machined carbon 
and alloyed steels and also high-duty cast iron. Crankshafts of the 
Soviet-made automobile and tractor engines are made of steels 
40, 45, 4512, 50, of special cast iron, and those for augmented engines, 
of high-alloy steels, grades 18XHBA, 40XHMA and others. 

The intricate shape of the crankshaft, a variety of forces and mo- 
ments loading it, changes in which are dependent on the rigidity 
of the crankshaft and its bearings, and some other causes do not 
allow the crankshaft strength to be computed precisely. In view 
of this, various approximate methods are used which allow us to 
obtain conventional stresses and safety factors for individual elem- 
ents of a crankshaft. The most popular design diagram of a crank- 
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shaft is a diagram of a simply supported beam with one (Fig. 13.1 a 
and b) and two (Fig. 13.1 c and d) spans between the supports. 

When designing a crankshaft, we assume that: 

a crank (or two cranks) are freely supported by supports; 

the supports and force points are in the center planes of the crank- 
pins and journals; 

the entire span (one or two) between the supports represents an 
ideally rigid beam. 

The crankshaft is generally designed for the nominal operation 
(n = ny), taking into account the action of the following forces 
and moments (Fig. 13.1 b): 

(1) Ky ,, = K + Kg — K + Kg c, + Kr e are the forces act- 
ing on the crankshaft throw by the crank, neglecting counterweights, 
where (see Secs. 7.4, 7.5, 7.6) K = P cos (q + f)/cos f is the total 
force directed along the crank radius; Kp ——mgRo? is the centri- 
fugal inertial force of rotating masses; Kp er = —m.,,.HRHo? is 
the inertial force of rotating masses of the connecting rod; K gre = 
= —m,Rw? is the inertial force of rotating masses of the crank; 

(2) Z ; = Kp tn + 2P,, and is the total force acting in the 
crank plane, where (see Chapter 9) Pey = +Meypo? is the centr- 
ifugal inertial fcrce of the counterweight located on the web exten- 
sion; 

(3) T is the tangential force acting perpendicularly with the 
crank plane; 

(4) Za = Kp in + Pc, are the support reactions to the total 
forces acting in the crank plane, where Kp tn = —0.5K, 4, and 
Bei = = 

(5) 7’ = —0.57 are the support reactions to the tangential force 
acting in a plane perpendicular to the crank; 

(6) Mm.j i is the accumulated (running on) torque transmitted 
to the design throw from the crankshaft nose; 

(7) Mie = TR is the torque produced by the tangential force; 

(8)M, ro = Mm. ji + Mic is the diminishing (running off) 
torque transmitted by the design throw to the next throw. 

The basic design relations of the crankshaft elements needed 
for checking are given in Table 13.1. 

The dimensions of the crankpins and main journals are chosen, 
bearing in mind the required shaft strength and rigidity and permis- 
sible values of unit area pressures exerted on the bearings. Reducing 
the length of crankpins and journals and increasing their diameter 
add to the crankshaft rigidity and decrease the overall dimensions 
and weight of the engine. Crankpin-and-journal overlapping 
(dm.; + dep > 2H) also adds to the rigidity of the crankshaft and 
strength of the webs. 

In order to avoid heavy concentrations of stresses, the crankshaft 
fillet radius should not be less than 2 to 3 mm. In practical design 
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Table 13.1 

AAA 

Engines | B | de, p/B lc, p/ B* dm. j/B Im. j/B** 
ASESORA PAS RO AA. re DE 
Carburettor engi- 

nes 

: 0.45-0.60: 
in- 1.20-1.28 | 0.60-0.70 | 0.45-0. .60-0. E 
in-line 45-0.65 | 0.60-0.80 0.74-0.84 
Vee-type with 

connecting 

rods attached 

to one crank- 

l 0.50-0.70 

pin 1.25-1.35 | 0.56-0.66 | 0.8-4.0 | 0.63-0.75 0700.88 
Diesel engines 
Fl 0.45-0.60 
in-line 1.25-1.30 | 0.64-0.75 | 0.7-1.0 | 0.70-0.90 0.75-0.85 
Vee-type with 

connecting 

rods attached 

to one crank- 

0.50-0.65 

pin 1.47-1.55 | 0.65-0.72 | 0.8-1.0 | 0.70-0.75 0.65-0.86- 


* B(D) is the engine cylinder bore (diameter); le.p is the full length of a crank-- 
pin including fillets. 
** The data are for the intermediate and outer (or center) main journals. 





it is taken from 0.035 to 0.080 of the journal of crankpin diameter, 
respectively. Maximum stress concentrations occur when the fillets 
of crankpins and journals are in one plane. 

According to the statistical data, the web width of crankshafts in 
automobile and tractor engines varies within (1.0-1.25) B for car- 
burettor engines; and (1.05-1.30) B for diesel engines, while the web 
thickness, within (0.20-0.22) B and (0.24-0.27) B, respectively. 


13.2. UNIT AREA PRESSURES ON CRANKPINS AND JOURNALS 


The value of unit area pressure on the working surface of a crankpin 
or a main journal determines the conditions under which the bearing 
operates and its service life in the long run. With the bearings in 
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operation measures are taken to prevent the lubricating oil film 
from being squeezed out, damage to the whitemetal and premature 
wear of the crankshaft journals and crankpins. The design of crank- 
shaft journals and crankpins is made on the basis of the action of aver- 
age and maximum resultants of all forces loading the crankpins and 
journals. 

The maximum (Rm. max and Ro p max) and mean (Ry. j.m and 
Rop.m) values of resulting forces are determined from the developed 
diagrams of the loads on the crankpins and journals. For the con- 
struction of such diagrams, see Secs. 7.6, 7.7, and Sec. 7.9 when use 
is made of counterweights. 

The mean unit area pressure (in MPa) is: 

on the crankpin 

Kop.m = Rep. m/ (de. ple. p) (13.1) 


on the main journal 
Em. i.m = Rmej.m!(dm.jlm.j) or 
Kim = RW am (m, ¿li 1) (13.2) 


where F5, 5, Am.j.m are the resultant forces acting on the crankpin 
and journal, respectively, MN; A74 is the resultant force acting 
on the main journal when use is made of counterweights, MN; de.p 
and d, ; are the diameters of the crankpin and main journal, respec- 
tively, m; l.p and lm.; are the working width of the crankpin and 
main journal shells, respectively, m. 

The value of the mean unit area pressure attains the following 
values: 


Carburettor engines . X6 ws a ene bue I PISCIS 4-12 MPa 
Diesel engines 46 a AC xo ew o 6-16 MPa 


The maximum pressure on the crankpins and journals is deter- 
mined by the similar formulae due to the action of maximum resultant 
forces Ro. p max: Rm. j max Or Rm’. j max: The values of maximum unit 
area pressures on crankpins and journals kmax (in MPa) vary within 
the following limits: 


In-line carburettor engines . ............. 7-20 
Vee-type carburettor engines . . . . . . got Re e^ de 18-28 
Diesel énglnes a 2 / eg ovo Ov wo SS ee MN 20-42 


13.3. DESIGN OF JOURNALS AND CRANKPINS 


Design of main journals. The main bearing journals are com- 
puted only for torsion. The maximum and minimum twisting moments 
are determined by plotting diagrams (see Fig. 13.4) or compiling 
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tables (Table 13.2) of accumulated moments reaching in sequence 


Table 18.2 
q^ Mm. je Mm. j3 Mm. j,i Mm j (i1) 








individual journals. To compile such a table use is made of the dyn- 
amic analysis data. 

The order of determining accumulated (running-on) moments for 
in-line and Vee engines is shown in Fig. 13.2a and b. 

The running-on moments and torques of individual cylinders are 
algebraically summed up following the engine firing order starting 
with the first cylinder. 





Mmj1=0 Mm jo - Mic u* Mm. j3 o M ja + 





+M +M mjs “m ja * 
+M t.c.L2 ÜLc.r2 2 
tcri Mici2 Mtec.r2 tMi 0.14 +Micr4” 
Mots Mtery “Me 


Fig. 13.2. Determination of torques accumulated on main journals 
(a) in-line engine; (b) Vee-type engine 
18—0946 
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The maximum and minimum tangential stresses (in MPa) of the 
journal alternating cycle are: 


Tmax — Mm. ,¡i max/ Wem j (13.3) 
Tmin m M m.j,i min! Wim. (13.4) 


where Wim; = a d, j [4 — (224)'] is the journal moment resist- 
ing to torsion, m?; d,, ; and 5,,; are the journal outer and inner 
diameters, respectively, m. 

With Tmax and Tmin known, we determine the safety factor of the 
main bearing journal by the formulae given in Sec. 10.3. An effective 
factor of stress concentration for the design is taken with allowance 
for an oil hole in the main journal. For rough computations we may 
assume 4L,/(&,,8,,,) = 2.5. 

The safety factors of the main bearing journals have the following 


values: 


Carburettor engines... ............. 2s 3-5 
Unsupercharged diesel engines . ............. 4-5 
Supercharged diesel engines . . ............ 2-4 


Design of crankpins. Crankpins are computed to determine their 
bending and torsion stresses. Torsion of a crankpin occurs under the 
effect of a running-on moment M , ;. Its bending is caused by bend- 
ing moments acting in the crank plane M , and in a perpendicular 
plane M r. Since the maximum values of twisting and bending mo- 
ments do not coincide in time, the crankpin safety factors to met 
twisting and bending stresses are determined separately and then 
added together to define the total safety margin. 

The twisting moment acting on the ith crankpin is: 

for one-span crankshaft (see Fig. 13.1a and b) 


Moni = M m.5.i = TiR 


for two-span crankshaft (see Fig. 13.1c and d) 
M ep, = Mm. i — Tu 


To determine the most loaded crankpin, a diagram is plotted 
(see Fig. 13.5) or a table is compiled (Table 13.3} showing accum- 
ulated moments for each crankpin. | 

The associated values of M,,;,; are transferred into Table 13.3 
from Table 13.2 covering accumulated moments, while values of 
Ti or Ts; are determined against Table 9.6 or 9.15 involved in 
the dynamic analysis. 

The values of maximum Mep imax and minimum M, y; min 
twisting moments for the most loaded crankpin are determined from 
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Table 13.3 
T URP ISERNIA C | c CNRC LM IC St ll d 
q HU 2nd crankpin ith crankpin 
A | | 
M = 
== M = C. Dp. zt 
: 1 p 7 Ce p2 v^. = — 
< pir | Mm. jo | T la a Mm. yi] TIR | 7 Mns ji 
1 m.j2 ^2 — TİR 
1 





0 
30 
and so on 





data of Table 13.3. The extremum of the cycle tangential stresses 
(in MPa) are 
Tmax ~ M cpi max/ WA c.p (13.5) 


Tmin = Mop mini Weep (13.6) 


where W...p = = de. p [4 —(22)"] is the moment resisting to 
A C. 
crankpin torsion, m?; d, , and 6, , are the outer and inner diameters 
of the crankpin, respectively, m. 
The safety factor n, is determined in the same way as in the 
case of the main journal, bearing in mind the presence of stress con- 
centration due to an oil hole. 


Crankpin bending moments are usually determined by a table 
method (Table 13.4). 



































Table 13.4 
p° T’ Mr Mr sin 96 Kp, th Z5 zi M, Mz cos Po Moo 
0 
30 
and so 
on 





The bending moment (N m) acting on the crankpin in a plane per- 
pendicular to the crank plane 


My =T'l/2 (13.7) 


Where l = (ly; + lep + 2h) is the center-to-center distance of the 
Main journals, m. 


18% 
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The bending moment (N m) acting on the crankpin in the crank 
plane 
M, = Z5l/2 + P aya (13.8) 


where a = 0.5 (lap +h), m; Za = Kpint Pow, Pa. 

The values of 7’ and Kpn are determined against Table 9.6 of 
the dynamic analysis and entered in Table 13.4. 

The total bending moment 


M,=V M} + MZ (13.9) 


Since the most severe stresses in a crankpin occur at the lip of 
oil hole, the general practice is to determine the bending moment 
acting in the oil hole axis plane: 


My, = Mr sin Po — Mz cos Po (13.10) 


where q, is the angle between the axes of the crank and oil hole 
usually located in the center of the least loaded surface of the crankpin. 
Angle q, is usually determined against wear diagrams. 

Positive moment Mo, generally causes compression at the lip 
of an oil hole. Tension is caused in this case by negative moment Mo. 

The maximum and minimum values of Mo, are determined against 
Table 13.4 or by agraphica! method directly against the polar diagram 
of the load on the crankpin (see Fig. 7.7b) as follows. From point 
O. draw O,C parallel with the oil hole axis. Two perpendiculars 
to segment O.C that are tangent to extreme points a’ and a” of the 


polar diagram cut off segments O.D and O.E which to the diagram force 
scale are equal to the extremum values of the projections of resultant 


forces Rear and Rear to the line O,C. Therefore, O.D— T, X 
X sin P.—Kp car cos q;— Rea = Rog, max and O,E=T,» sin q, — 
— Kpcar COS Qo = Re gr = Row min: The moments bending the 
crankpin (neglecting inertial forces of the counterweights) are 





M — eGo max d = NK T t sin PK, th, a” COS Po 
PO 2 2 2 
] i 
x y = M10 sin Po — M ca’ COS Po (13.11) 
Roo) min l 
On min 
Moo min — — - 5 9 
e -T sin Pot Kk, th. a” COS Po EN 
2 2 


= M rar sin @,— Me, cosq, (13.12) 
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l é l T , ” 
where M po: (a”) == > Ta (a”) == 3 ( -— and Me, a'(a”) = 
l S i K,, th, a’ (a”) 
=> Kp, th, a’ (a) 77 797 E ; 


When use is made of counterweights, moment ,. must be added 
to the moment occurring due to counterweight inertial force Pey 
and due to its reaction Piw. 

By the values of M, max and M, min thus obtained determine 


the extremum values of the bending stresses in the crankpin: 
Omax — M y max!/Woep and Omin = Mo min! W oc.p (13.13) 


where W,,, = 0.9Wzc.p- 

Bending safety factor n ¿ and total safety factor n, p of the crankpin 
are determined by the formulae given in Sec. 10.3. 

Safety factor nep 


Automobile engines ................. 2.0-3.0 
Tractor engines 4559 4€ 354 0x» 1€ a EC a eS 3.0-3.5 


The methods of designing the crankpin for a Vee-type engine with 
two connecting rods attached near each other to one crankpin (see 
Fig. 13.1d) are similar to the above methods. In some cases the crank- 
pin computations are made for three sections, i.e. by oil holes and by 
center section of the crankpin (see Sec. 13.6). 


13.4. DESIGN OF CRANKWEBS 


The crankshaft webs are loaded by complex alternating stresses: 
tangential due to torsion and normal due to bending and push-pull. 
Maximum stresses occur where the crankpin fillet joins a crankweb 
(section A-A, Fig. 13.10). 

Tangential torsion stresses are caused by a twisting moment 


Mu = T-0.5 (Im. + h) (13.14) 


The values of Thar and Thin are determined in Table 13.4 or by 
curve T (see Fig. 7.4). The maximum and minimum tangential stres- 
ses are determined by the formulae:; 


Tmax ~ M ¿max Wow and Tmin = M iw min’ Wiw (13.15) 


where W,,, = Úbh? is the moment resisting to twisting the rectan- 
gular section of the web. The value of factor Y is chosen, depending 
on the ratio of width b of the web design section to its thickness h: 


bh..... «4 15 4.75 20 25 3.0 4.0 5.0 10.0 oo 
9 ...... 0.208 0.231 0.239 0.246 0.258 0.267 0.282 0.292 0.312 0.333 
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The torsion safety factor n, of the web and factors kų, €s and €s, 
are determined by the formulae given in Sec. 10.3. In rough computa- 
tions k,/(£,£,,) = 2 at the fillets may be taken for section A-A. 

Normal bending and push-pull stresses are caused by bending 
moment M,.,,, N m (neglecting the bending causing minute stresses 
in a plane perpendicular to the crank 
plane) and push or pull force P,,, N: 


Mya, = 0.25 (K + Kg + 2Pow) lm. 
(13.16) 
Po, 0.5(K Kg) — (43.17) 


; Extreme values of K are deter- 

015 020 0.25 030 rp/h mined from the dynamic analysis table 

(Kg andP,, are constant), and ma- 

Fig. 13.3. kg/(e,e,,) versusrp;/h ximum and minimum normal stresses 
are determined by the equations 


O zmax = M bas max Wow + Pumas Tu (13.18) 
O *min = Mow min! W ow En Py min! Py (13.19) 


where W,,, = bh?'6 is the moment of web resistance to the bending 
effect; F,, = bh is the area of design section A-A of the web. 

When determining the web safety factor at normal stresses n; 
the factor of stress concentration in the fillets is defined from the ta- 
bles and graphs given in Chapter X or is taken depending on the ratio 
of the radius of the crankpin-to-web fillet to the web thickness. 
Figure 13.3 shows £k /(e,£,,) versus r;;;//h. The total safety margin 
n, is determined by formula (19.19): 


kc 





Automobile engines . . . . . . . . . . not less than 2.0 
Tractor engines . ce xs, WN eS HS Sw Bois 3.0- 


13.5. DESIGN OF IN-LINE ENGINE CRANKSHAFT 


Referring to the data of the dynamic analysis, we have: a fully 
supported crankshaft (see Fig. 9.5a) with symmetrical throws and 
asymmetrically arranged counterweights (see Fig. 13.1a); inertial 
force of the counterweight located on the web extension Pew = 
= 13.09 kN; reaction on the support left to the counterweight Piu = 
= —9.75 kN; centrifugal inertial force of rotating masses 
Kg = —15.91 kN; crank radius R = 39 mm. With allowance for 
the relationships set forth in Sec. 13.1 and survey of existing engines, 
we assume the following basic dimensions of the crankshaft (see 
Fig. 13.1a and b): (1) the main bearing journal has outer diameter 
dm; = 00 mm, length /,., = 28 mm; (2) the crankpin has outer 
diameter d, ; = 48 mm, length lep = 28 mm; (3) web design section 
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Ack has waki = 70-mun, thickness de 48 mum The aa 
is of cast iron, grade BH 40-10. E oo ae 
From Table 10.5 and the relationships given in Se^ ~*~’ 
determine: 
ultimate strength o, = 400 MPa and yield limit (co 
— 300 MPa and T, = 160 MPa; 
gue limits (endurance) at bending o., = 150 MPa; E 
stresses 0,5 = 120 MPa and at twisting t., = 115 M, twisting 
cycle reduction factor at bending a, = 0.4 and : 
= 0.6. 
d formulae (10.1), (10.2), (10.3) we determine: 
at bending 


nventional) 


| 004 150 — Bo—%g  0.5—0.4 0.2 
Pog A . ao ^ 





at twisting 


a.  0.749—0.6 — 0.42 
B. 1--0.719 — 





p=- = 13 — 0.719 and $= 


Ty 4 


The unit area pressure on the surface 
of crankpins 


kep.m = Raps (de plp) = 11400 x 10-8/(4822X 10-517 19-2 pe 


Kepmax= Re.pmax (de. ple.p) = 18 451  10-8/(48 x 22 x 1078) 

where Roy m = 11 100 N and Rep max = 18 451 N are k wr 
and maximum loads on the crankpin, respectively, (Sekin width 
lp A lep — Oyj, = 28 — 2 X 3 = 22 mm is the worse, voual 
of the crankpin bearing shell; r;;; is the fillet radius ” q 

to 3 mm; 


of main bearing journals 


km.j.m = Rigo (dos sl 5) = 4170 x 10-8/(50 x 22 x 10-8) = MN à 
kmj max = Rm.j max! (dg, jliZ.;) = 10770 x 10-8/(50 x 24 77 2 — 
=9.8 MPa 

on the 3rd 


Where Rm jm = RS j5m = 4170 N is the mean load n 
Journal which is maximum (see Sec. 9.1); Rm jmax= eh made 
= 10 770 N is the maximum load on the 2nd journal Wb .. 99 mm 
mum (see Sec. 9.1); ls. A liig = rji = 28 —2 x: 
is the working width of the main bearing shell. wdi tor 
: bea ques 

The design of a main bearing journal. The accumula 6a] method 
twisting the main journals are computed by the graph! 9.2. those 
(Fig. 13.4). The values of M4, are taken from Tabli. 7 


: agine firin 
of t.c i are taken with due consideration for the ens A 8 
order 7-3-4-2. 
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The moment resisting to main journal twisting 
Wim.; = dm, /16 = 3.14 x 50% x 1079/16 = 24.5 x 10-8 m? 


The maximum and minimum tangential stresses of sign-alternat- 
ing cycle for the most loaded main journal (No. 4) (Fig. 13.4) which 
is acted upon by the torque having maximum swing A/f,.; max 
are as follows: 

Tmax = Mg. max/Wim., = 527 X 1079/(24.5 x 1078) = 21.5 MPa 
Tmin = Maj min/ Wem.j = —485 x 1079/(24.5 x 1079) = —19.8 MPa 


The mean stress and stress amplitudes 

Tm = (Tmax + Tmin)/2 = (21.5 — 19.8)/2 = 0.85 MPa 

Ta = (Tmax — Tmyn)/2 = (21.5 + 19.8)/2 = 20.65 MPa 
Tac = Takq/(EsrEsst) = 20.65 x 1.1/(0.72 X 1.2) = 26.3 MPa 


where k, = 0.6 [1 + q («,, — 1)] = 0.6 [4 + 0.4 (3.0 — 1)] = 1.1 
is the stress concentration factor determined by formulae (10.10) 
and (10.12); g = 0.4 is the coefficient of material sensitivity to the 
stress concentration taken by the data in Sec. 10.3; des = 3.0 is 
the theoretical stress concentration factor determined from Table 10.6 
with consideration for an oil hole in the journal; ¢,, = 0.72 is the 
scale factor determined against Table 10.7 at d,,,,—50 mm; &s5,= 
— 1.2 is the surface sensitivity factor determined from Table 10.8 
with allowance for induction case-hardening to a depth of 2-3 mm. 


Since 22-* = 02 L 30.9 > == Bs = 0.42, the safety factor of 
Tm — Pr 


the main bearing journal is aM by the fatigue limit: 
n. = Tal (Ta e + &rTm) = 115/(26.3 + 0.6 x 0.85) = 4.3 
The design of a crankpin. The accumulated torques of crankpin 
torsion are determined graphically (Fig. 13.5). The values of M¿ ; 
are taken against the graphs (see Fig. 13.4) and 7’R = --0.5 Mirci 
for a one-span symmetrical shaft. 
The moment resisting to the crankpin torsion 
Wi, = (1/16) de, y = (3.14/16) 48% x 10 = 21.7 x 107 m? 
The maximum and minimum tangential stresses of sign-alternating 
cycle for the most loaded 4th crankpin (Fig. 13.5) 
Tmax = Mepmax!/Weep = 988 x 1079/(21.7 x 1079) = 27.1 MPa 
Tmin = M e.p min/Wrep = —420 x 1079/(21.7 x 1079) = —19.4 MPa 
The mean stress and stress amplitudes 
= (Tmax + Tmim)/2 = (27.1 — 19.4)/2 = 3.85 MPa 
fa = [mar Tam 2 = (174. +19.0/2:= 23.29 MPa 
Taj = Takilltats)= 20.20 X 1.1/(0.73 x 1.2) = 29.2. MPa 
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where k; = 1.1 and ess, = 1.2 are determined in the design of the 
main journal; £,, = 0.73 is the scale factor determined from Table 
10.7 at d¿ y = 48 mm. 
Since 22 =? = 7.6 > Pe ED — 0.42, the tangential stress 
Tm 


safety factor is determined by the fatigue limit: 





n, = Toy!(Tq,¢ + 0st) = 115/(29.2 + 0.6 x 0.85) = 3.87 


The computation of the moments bending the crankpin is given 
in Table 13.5 in which the value of Kp m =—0.5K ptn and 7; = 





Table 13.5 
o 
o > E 
; M = ; “oy |0.046z3,| M 3 5 
of TN | yh | aa mN 5 yu x2 | S. : 
EE EE s 
az Iz] 3 
0 0 0 O | 2-13 706 | +3956 |+182.0| +483] —181| —181 


30 | +2863 | +131.7| +422 | -+-11 595 | --1845 | +84.9 | —386 | —145| —23 
60 | +1636 | +75.3| +70 | +8419 | 1331 | —61.2| +240| —90| —20 
90 | —1249 | —57.5, —53 | +8323 | —1427 | —65.6|—235| —88| —141 
120 | —2448| —97.4| —90 | 410011 | —261 | +12.0 | --343| —117| —207 
150 | —4213 | —55.8| —52 |+10981 | +1231 | +56.6|-+358| — 134| —186 
180 0 0 0 | 4-11 143 | +1393 | +64.1 | +365| —137| —137 
210 | +390 | +47.9| --17 |--10981 |-+1231 | 4-56.6|--358| —134| —117 
240 | +2118 | +97.4| +90 |-+10014 | —261 | --12.0| 2 343| —417|. —27 
270 | +4333 | +61.3| +57 | +8349 | —1401 | —64.4| -237| —89; —32 
300 | —4244 | —57.2| —53 | +8309 | —1441 | —66.3|--235| —88| —144 
330 | —1767 | —81.3| —75 |+10200 | +450 | 4-20.7 | --322| —121| —196 
360 0 0 0| 4-9156 | —594 | —27.3| +274] —103] —103 
390 | —2264 | —104.1| —97 | +5080 | —4670 |-214.8| +86} —32| —129 
420 | —1600 | —73.6| —68 | +7502 | —2248 |—103.4] +198] —74| —142 
450 | —3004 | —138.2| —128 | --8841 | —909 | —41.8|--259| —97| —225 
480 | —2940 | —135.2| —125 |--10811 |+1061 | +48.8] +350 | —131| —256 
910 | —1478 | —68.0| —63 | +11 642 | +1892 | --87.0| —-388| —145| —208 
540 0 0 0 | +14 537 | +1787 | 4-82.2| +383 | —143| —143 
970 | +1249 | +57.5| +53 |+41072 | 21-1322 | +60.8| +362| —136| -83 
600 | +2176 | +1400.1| +93 |--10069 | +319 | +14.7 | +316 | —118] —25 
630 | +1328 | +61.1| +57 | +8347 | —1403 | —64.5| +237| —89| —22 
660 | —1600 | —73.6| —68 | +8397 | —1353 | —62.2|+239] —90| —158 
690 | —2816 | —129.5| —120 | +11 530 | +1780 | --81.9 | +383] — 143| —263 
720 0 0 0 | +43706 | -+-3956 |4-182.0 | +483 | —181| —181 


ted c ERU A AR NOE IER MM MEN CEN ERRARE 
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= —0.57, are taken from Table 9.6: 


My = T,l/2 = TQ0.5 (l.p + Im. + 2h) 

= T:0.5 (28 + 28 + 2 x 18) 107? = 0.046 Ti N m 

fo = 68? (see Fig. 9.10); Zs = Kp e + Pin = Kp e — 9750 N 
(Mz = Z;l/2 + Pe, a = 0.0462; + 13090 x 0.023 
= 0.046 Z« + 301 Nm 
a = 0.5 (lep +h) = 0.5 (28 + 18) 107? = 0.023 m 
Mo, = Mr sin q, — M; cos g, 
The maximum and minimum normal stresses of asymmetric cycle 
on the crankpin 


Omax = M yo max’ W sep = —20 x 10-9/(10.85 x 1078) = —1.8 MPa 
omin = Moo ma Woep=—263 x 108/(10.85 x 10-9) —23.6 MPa 


where Woop = 0.5W rep = 0.5 x 21.7 X 1079 = 10.85 x 1079 m? 
The mean stress and stress amplitude 
Om = (Omax + Omin)/2 = (—1.8 — 23.6)/2 = —12.7 MPa 
Oa = (Omax — Omin)/2 = (—1.8 + 23.6)/2 = 10.9 MPa 


k 1.8 
Ta, o= Sas, 7710.9 dGéxi12 7249 MPa 

where kg = 1+ q (4.6 — 1) = 1 + 0.4 (3.0 — 1) = 1.8; q = 0.4; 
deg = 3.0 and Esso = £,,4 = 1.2 are determined in the design of 
the main bearing journal; e,, = 0.76 is the scale factor determined 
from Table 10.7 at d.p = 48 mm. 

The normal stress safety factor of crankpin is determined by the 
fatigue limit (at Om < 0): 

0.4 — 150 = 

Oa, cF @o0m  21.5+0.4 (— 12.7) =9.13 
The total safety factor of the crankpin 


e. p Bor / V. nz + ni =9.13 x 3.87/V 9.13? + 3.872 =3.56 


The design of a crankweb. The maximum and minimum moments 
twisting the crankweb 


Hg = 


n 


Miu, max = Tmax:0.d (Um. + h) 
= 2863 x 0.5 (28 + 18) 10-3 = 65.8 Nm 
M m.i min = Pin: 9.5 (Im. + h) 
= —3004 x 0.5 (28 + 18) 10-3 = —69.1 Nm 


where Tmax = 2863 N and Thin = —3004 N as determined against 
Table 13.5. 
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Fig. 13.4. Curves of torques accumulated on main bearing journals of a carbu- 
rettor engine 
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Fig. 13.5. Plotting curves of accumulated torques twisting crankpins in a car- 
burettor engine 


The maximum and minimum tangential stresses of the sign- 
alternating cycle of the crankweb 


Tmax ~ M iw: mar! Mas = 65.8 x 1078/(6.99 X 1078) = 9.41 MPa 
Tmin = Mi». min! Was = —69.1 x 10-9/(0.99 x 1075) = —9.89 MPa 
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where Wy, = ubh? = 0.284 x 76 x 18? x 10-9 = 6.99 x 10-9 m? 

is the resistance moment of design section A-A (see Fig. 13.10) 

of the crankweb (u = 0.284 is determined at b/h = 76/18 = 4.2). 
The mean stress and stress amplitudes 


tm = (Tmax + Tmin)/2 = (9.41 — 9.89)/2 = —0.48 MPa 
Ta = (Tmax — Tmin)/2 = (9.41 + 9.89)/2 = 9.65 MPa 
Tao = Talte/(Esefssx) = 9.65 X 0.70/(0.64 x 0.75) = 14.1 MPa 


where k, = 0.6 [1 + q (@eo — 1)] = 0.6 [1 + 0.4 (1.4 — 1)] = 0.70 
is the stress concentration factor determined by formulae (10.10) 
and (10.12); q = 0.4 is the coefficient of material sensitivity to stress 
concentration, as taken by the data in Sec. 10.3; a., = 1.4 is the 
theoretical concentration factor determined against Table 10.6 includ- 
ing the stress concentration at the fillet (the fillet radius is 3 mm) 
at rh = 3/18 = 0.17; £s = 0.64 is the scale factor determined 
against Table 10.7 at b = 76 mm; es, = 0.70 is the surface sensit- 
ivity factor determined against Table 10.8 for a not finished crankweb. 
The tangential stress safety factor of the crankweb is determined by 

the fatigue limit (at tm < 0): 
T 115 


Ta ed Octm  14.1+P0.6 (— 0.48) =8.3 


Ny 


The maximum and minimum normal stresses of the crankweb 
O ymax ~ M $i max! W ow + Pu mas Tu 


= 124 x 10-9/(4.21 x 10-5) 
+ (—877 x 10-9)/(1368 x 10-9) = 28.8 MPa 
O min = Mow min! W ow + Ps min/ y 
= (—55.4 x 10-9)/(4.21 x 10-5) 
+ (—13 705 x 10-9)/(1368 x 10-6) = —23.2 MPa 
where M bw max = 0.25 [Kmax + Kp + 2 (—Pew)) ln. j = 
= 0.25 [14 156 — 15 910 + 2 x 9750] 28 x 10-3 = 124 N m; 
Py max = 0.5 (Kmax + Kg) = 0.5 (14 156 — 15 910) = —877 N; 
M yu min = 0.25 [Km + Kr + 2 (—Péew)] 15, = 0.25 (—11 501 — 
— 15 910 + 2 x 9750) 28 x 10-? = —55.4 N m; Pumin = 


= 0.5 (Kmin + Kg) = 0.5 (—11 501 — 15 910) = —13 705 N. The 
values of Kmax and Kj, are taken from Table 9.4. 
W ow = bh?/6 = 76 x 182 x 10-9/6 = 4.21 x 1076 m? 
Fp = bh = 76 x 18 x 10-@ = 1368 x 10-9 m? 
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The mean stress and stress amplitudes 
Om = (Omax + Omin)/2 = (28.8 — 23.2)/2 = 2.8 MPa 
Og = (Omax — Omnia = (28.8 + 23.2)/2 = 26.0 MPa 
Oae = (Ogk ol (Es c&ssa) = 26.0 x 1.16/(0.7 x 0.75) = 57.4 MPa 


where kg =14+ q(a., — 1) = 1 +0.4 (1.4 — 1) = 1.16; Ceo = 
= 1.4; q = 0.4 and Esso = €ssr = 0.75 are determined in comput- 
ing tangential stresses; ¢,, — 0.70 against Table 10.7 at b = 76 mm. 

Since 6, e/0m=57.4/2.8=20.5 > B,—0o,/1 — Po —0.2, the normal 
stress safety factorof the crankweb is determined by the fatigue limit: 


No = O0 4, (0,,. + 450m) = 150/(57.4 + 0.4 x 2.8) = 2.56 
The total safety factor of the crankweb 
ny = Noh, |V n3 4- ni = 2.56 x 8.3/V 2.562 x 8.32 = 2.45 


13.6. DESIGN OF V-TYPE ENGINE CRANKSHAFT 


On the basis of the dynamic analysis data we have: a crankshaft 
(see Fig. 9.15) with symmetrical throws (see Fig. 13.1d) and counter- 
weights fitted only at the shaft ends; the centrifugal inertial force 
of rotating masses Kp ,— Kg ¿+ 2Kp ¿r=—16.1+2 (—10.9) = 
= —37.9 kN; the crank radius R = 60.0 mm. 

Bearing in mind the relationships given in Sec. 13.1 and the analy- 
sis of existing engines, we assume the following basic dimensions 
of the crankshaft (see Fig. 13.15 and d): (1) the main journal has outer 
diameter dm.; = 90 mm, length /,; = 37 mm; (2) the crankpin 
has outer diameter dep = 80 mm, inner diameter 0,, = 30 mm, 
length /,, = 68 mm; (3) the design section (4-A) of crankweb 
has width b = 130 mm, thickness A = 26 mm; (4) the radius of 
fillets l'ril = 4 mm. 

The crankshaft is of steel, grade 50D. 

From Tables 10.2 and 10.4 for the 50I' carbon steel we determine: 

ultimate strength o, = 800 MPa and yield limit o, = 370 MPa 
and t, = 250 MPa; 

fatigue limit (endurance) at bending o., — 340 MPa, push-pull 
Op = 0.750 = 0.75 x 340 = 255 MPa, and at twisting T= 
= 0.53 o = 0.53 x 340 = 180 MPa; 

cycle reduction factor at bending a, = 0.18, torsion a, = 0.08 
and push-pull a, = 0.14. 

By formulae (10.1), (10.2), (10.3) we determine: 








at bending 
"20 0.1 _ 340 — Bo — «s fn! 0.919 —0.18 Ix 
Po = cy qo A cu 
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at push-pull 


Po = SAP — 225 — 0.689 and Sc == O68) Odd — 1.8 


1— 0.689 ~~ 





Oy 3 
at torsion 
23a. 180 9-7 Br—a, — 072—008 — 
Deu coy PAM oe AS 


The unit area pressure on: 


the crankpin 
Ec. p.m F Remm (ex les) 
= 22.9 x 10-3/(80 x 29 x 10-8) = 9.9 MPa 


kep max — Rep max’ (dente. p) 
= 95.2 x 10-3/(80 x 29 x 10-8) = 41.0 MPa 


where Rep m = 22.9 kN and Rep max = 95.2 kN are the mean 
and maximum loads on the crankpin, respectively (see Sec. 9.2); 
ley 7 (1/2) {lep — [2r + (2-3) mm]} = (1/2) [68 — (2x44-2) = 
— 20 mm is the working width of one crankpin bearing shell; 
the main journal 
km == Hasan! 3 m.3) 
= 37.5 x 1073/(90 x 27 x 10-9) = 15.4 MPa 
Em.j max — Rm.j max/ (ds. jl. 3) 


= 58.2 x 1073/(90 x 27 x 1078) = 24.0 MPa 


where Rm. jm = Rm.j zam = 97.9 kN and H,;,.;max—Hm.j umas = 
= 58.2 kN are the mean and maximum loads on the 4th most loaded 
journal, respectively (see Sec. 9.2); 15 ; & 14,,—12r;;;-- (2-3) mm] = 
= 37 — (2 X 4 + 2) = 27 mm is the working width of the main 
journal bearing shell. 

The design of a main journal. Running-on (accumulated) torques 
twisting the main bearing journals are given in Table 13.6 in which 
the values of tangential force 7 are taken from Table 9.11 and 
Fig. 9.10, Mm.j = UY, the values of M i.c. Li and M cri being 
taken with consideration for the engine firing order 411-1r-41-21- 
ér-3l-3r-4r and — Maj = Mimo + Mirci + Muerto: 

The main journal moment resisting to torsion 

Wom.y = nd$/16 = 3.14 x 903 x 10-9/16 = 143 x 1075 m? 

The maximum and minimum tangential stresses of sign-alternating 
cycle for the most loaded 3d journal (see Table 13.6) are as follows: 


Tmax = Mm. nax/W45.5 = 2960 x 1078/(143 x 10-9) = 20.7 MPa 
Tmin = Moss min/Wim.; = —1180 x 1079/(143 x 1075) = — 8.3 MPa 


The mean stress and stress amplitudes 
Um = (Tmax + Tmjn)/2 = (20.7 — 8.3)/2 = 6.2 MPa 


2nd main journal 


3rd main journal 














g E E E 

z z |z : "oz 

= ó E 9 D e $ e ò a 

: a : 43 £ : < - FE £ 
> "e = "e = E ^e = "Ss = S | 
0 0 0| 630 | —320] —320| 450 | +910] 360 of +590 
10 10 | —400| 640 | —170| —570| 460 | +890| 370 | 4-1390 | --1710 
20 20 | —560| 650 | +100] —460| 470 | +860] 380 | 1790 | +2190 
30 30 | —610| 660 | +-330| —280| 480 | +770] 390 | +1900] +2390 
40 40 | —610| 670 | --480| —130| 490 | +680] 400 | +1420} +1970 
50 50 | —510| 680 | +580] +70] 500 | +535} 410 | --1130 | +1735 
60 60 | —330| 690 | +615} +285| 510 | +390] 420 | --985 | +1660 
70 70 | —445| 700 | --515| +370] 520 | +260| 430 | -890 | 1520 
80 80 | --110| 710 | +270] +380} 530 | 4-110| 440 | +880} +1370 
90 90 | +315} 720 O| +345} 540 0} 450 | —910 | 4-1225 
120 | 120 | --520| 30| —610| —90| 570 | —325| 480 | +770} +335 
150 | 150} +300} 60| —330| .—30| 600, —520| 510 | +390] —160 
180 | 180 0| 90] —315| +315] 630 | —320| 540 0 —5| 
210 | 240 | —310| 120 | 4-520} +-210] 660 | +8330] 570 | —325| +245 
240 | 240 | —555| 450 | +300| —255| 690 | +615] 600 | —520| —160 
270 | 270 | —440| 180 0| —440| 720 0| 630 | —320| —760 
300 |300| -—90|210| —310| —400| 30] —610, 660 | .-330 —680 | 
330 | 330} —330| 240| —555| —885| 60 | —330| 6% | —615| —600! 
340 |340| —320| 250 | —605| —985| 70| —145| 700] +515] —555 
360 | 360 0| 270 | —440] —440] 90} +345} 720 0| —125 
370 | 370 | +1390} 280 | —270| +1120] 100 | --445| 10 | —400| +4165 
380 | 380 | -+-1790| 290 | —190 | +1600 | 110 | +525] 20| —560|--1565 
390 | 390 | 4.1900 | 300 —90 | -+4810 | 120 | +520} 30] —610|--1720 
420 | 420 | +985] 330 | —330| +655] 150 | +300] 60| —330| +625 
490 | 490| .L910| 360 0| +910] 180 0| 90) +315] +1225 
70 | 470 | -1860| 380 | +4790] +2650] 200 | —215| 110 | +525] +2960 
480 | 480 | +770] 390 | +1900] +2670] 210 | —310| 120 | 1-520 | +2880 
510 | 510 | +399} 420 | +985] +1375] 240 | —555| 150 | +300] +1120 
940 540 0| 450 | +910] +910] 270 | —440| 180 0| +470 
310 | 070 | —325| 480 | +770| +445| 300 | —90] 210 | —310| +45 
600 [600 | —s20| 510 | -390| —130] 330 | —330| 240 | —555| —1015 
610 | 610 | —515| 520 | +260] —255| 340 | —320| 250 | —605| —1180 
630 630 | ..320| 540 0| —320| 360 01270 | —440| —760 
660 [660 | +330|570 | —325|  .L5| 390 | +1900] 300!  —90| +1815 
690 | 690 | +615] 600| —520/ +95] 420| +985] 330 | —330| -750 
720 720 0| 630 | —320| —320| 490 | +940] 360 0| --590 





4th main journal 


—190 


—150 
—275 
— 330 
—320 
— 299 


+1900 
+985 
+910 
+770 
+390 


—325 
— 520 
—915 
— 320 
—170 
4-100 
+330 
+615 


— 560 
—610 
— 330 
+315 
+520 
--300 
+175 


—310 
— 955 
—440 


—215 
—310 
— 395 
— 485 
— 595 
— 605 
— 580 
—440 

—90 
— 330 


+4900 
+985 
+910 
+770 
+390 
+260 


— 120 
—260 
— 325 
—520 
— 320 
+100 
+330 
+615 


—610 
— 330 
—145 
+315 
+520 
+300 


430 


540 


Table 13.6 
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5th main journal 


480 
310 


560 
570 
600 
630 
660 
690 
700 
720 

30 


90 


+345 
4.445 
4525 
4520 
+450 
+360 
4300 
4475 

+80 


—310 
— 999 
—440 

—90 
— 330 


+4900 
+985 
1-890 
+910 
--890 
--860 
70 
4-890 


— 260 
—325 
— 920 
— 320 
--330 
--615 
+515 


—610 
—330 
+315 


+465 
+1660 
-+2050 
+2485 
-14495 
-+885 
4555 
1255 
4470 
-+465 
-+2185 
4-555 
+465 
+2185 
-555 
+465 
-+2185 


4-255 
+465 
--1660 
1.2050 
12185 
4555 


+2050 
42185 
4555 
-+465 
42185 
4-555 
+255 
+465 
+2185 
4555 
-+465 
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Ta = (Tmax — Tmin)/2 = (20.7 + 8.3/2 = 14.5 MPa 

Tajo = Talks (8,4855) = 14.5 X 1.45/(0.62 x 1.2) = 28.3 MPa 
where k; = 0.6 [1 + q (%.¿ — 1)] = 0.6 [+0.71 (3 — 1)] = 1.45 is 
the stress concentration factor determined by formulae (10.10) and 
(10.12); q = 0.71 is the coefficient of material sensitivity to stress 
concentration, that is determined by the curve of Fig. 10.2 at o,= 
= 800 MPa and «,, = 3; a,., = 3 is the theoretical stress concentra- 
tion factor determined from Table 10.6, taking into account an oil 
hole in the journal; e,, = 0.62 is the scale factor determined from 
Table 10.7 at dm.; = 90 mm; e,,, = 1.2 is the surface sensitivity 
factor determined from Table 10.8, taking into account induction 
hardening of the journals. 


Since == Es 2d > i Em m — 2.8, the safety factor of 
m 
the main journal is dpud by the fatigue limit: 

Ne = Va/(ts,c + A: Tm) = 180/(28.3 + 0.08 x 6.2) = 6.25 

The design of a crankpin. The running-on (accumulated) moments 
twisting the crankpins are given in Table 13.7 in which the values 
of Mm. 5 ma m ue Mj, are taken from Table 13.6, and 
Moni = Mm ji +o 5 (Mii + Micra) for a two-span sym- 
metric shaft. 

The moment resisting to twisting the crankpin 


Wre. roep [1— (52) ] 
== 808[ 1 — (3) | 107° = 98.5 x 107 m: 


The maximum and minimum tangential stresses of a sign-alternat- 
ing cycle for the most loaded 3d crankpin (see Table 13.7) are as 
follows: 


Tmax = Mepmax/Wic.p = 2740 x 1079/(98.5 x 1079) = 27.8 MPa 

Tmin = M c pmin/Wic.p = —1165 x 1079/(98.5 x 1079) = —11.8 MPa 

The mean stress and stress amplitudes 

m = (Tmax + Tmin)/2 = (27.8 — 11.8)/2 = 8.0 MPa 

Ta = (Tmax — Tmin)/2 = (27.8 + 11.8)/2 = 19.8 MPa 

Tape = Takr/(EstEsst) = 19.8 X 1.45/(0.65 x 0.87) = 50.8 MPa 
where k, = 1.45 is determined in the design of the main bearing 
journal; es, = 0.65 is the scale factor determined from Table 10.7 


at dep = 80 mm; e,,, = 0.87 is the factor of material surface sensi- 
tivity to stress concentration as determined from Table 10.8 for 


Table 13.7 


A A—————————————M—————————— 








crank- 2nd crankpin 3d crankpin 4th crankpin 

pin 

+ E E E 
p° zg S = = 

xz + + + 

vo. E E E E E g = = E 

RC O a TEEN (oe E O O E E 

a Rey Mese È Aly £ ls bs 

se g | oF y € | oB 5 E zE Š 

S + = oz = = sz = = ez = 
0| —160 | —320| +455| +135) +590| —220| +370| +150] +158] 4-308 
30 | —140 | —280|4-1335|--1055 {+2390} — 200 |--2190 | +1990] -98 |--2078 
60 | --143 | +285] +688] 4-973 |--1660| —443 |--1247| +775| —110| +665 
90 | +4158 | +3415] +455] 4-770 |2-1225| —220|--1005| +785| —160| +625 
120 | —45]| —90| +223] +133] +355] 4-905 |--1260 | -2165| | 2-10 |--2175 
450} —15| —30| —65| —95| —160| 4-328] --168| +495} +30] +525 
180 | 4-158 | +315} —160| +155]  —5| 4-455] —450| +905] —220| +685 
210 | +105 | +210| +3] +213} — 2152-1335 11.1550 | +2885] —350 |4-2535 
240 | —128 | —255| +48] —207| —160| +688] ——528| +4215| —330| +885 
270 | —220 | —440| —160! —600| —760| +455| —305| +4150] -+158| +308 
300 | —200 | —400| —140| —540| —680| +223] —457| —235 |4-1210| +975 
330 | —443 | —885| 1443| —742| —600| -65| —665| —730| +643] —87 
360 | —220 | —440| +158} —282| —125| —160| —285| —445| 4-455 --10 
370 | +4560 |--1120| -F23|--1143 |--1165| —145|4-1020| +875| +393 |-]-1268. 
380 | +800 |--1600| —18|--1582|--1565| —65 |--1500 | 41-1405 | +323 |--1728. 
390 | +905 |--1810] —45|41765|--1720| | 4-3|--1723 | --1725 | 4-230 |-+-1955 
420 | +328 | +655} —15| +640] +625| +48] +673) --720| —83| +637 
490 | +455 | +910} --158|--1068 |--1225| —160|.-1065| +905} —220| +685. 
470 | 4-1325 |--2650 | -+155 |+2805 |-2960| — 230 --2730 | +2500} —225 |+-2275 
480 | 4.1335 |--2670 | +4105 |4-2775 |--2880 | — 140 |--2740 | 21-2600 | —208 |+-2392 
310 | 41.688 |-1275| —128 |-- 1247 |--1120 | -4-143 [+1262 | +1405| —425| +980 
940 | +455 | 1910| —220| +6901 --470| 2-158! +628| +785| —160| +625: 
570 | +4293 | +445} —200| +225| --45| —45 0| —45]|4-1115 |+1070- 
600 | —65 | —430| —443| —573|—1015|  —15|—1030| —1045| +800| —245 
610 | 428 | —255| —463| —718]—1180] --15|—1165 | —1150| +703] —447 
630 | _460 | —320| —220| —540| —760| --158| —602| —445| --455| -10 
Bie +3 | +5] +905| +910|--1815| --105|--1920 | --2025| -+80|+2105 
790 +48 | +95| 4-328| +423| +750} —128| --622| --495| -+80] -525 

—160 | —320| +455| +135} +590| —220| +370] 4-150| +158| +308. 


19* 
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the inner surface of the journal (drilling) to which an oil hole is 
brought. 


Since = e — A = =6.3 > Br A —2.6, the tangential stress 


safety factor of the crankpin is determined by the fatigue limit: 
Ne = Tal Ta e + Tm) = 180/(50.8 + 0.08 x 8.0) = 3.50 
The moments bending a crankpin of a two-span crankshaft (see 
Fig. 13.1d): 
in the plane perpendicular to the throw plane for section I-7 
along the oil hole axis 
Mru-n = Tx (0.51 — c) = Tz (0.5 x 157 — 17) 107? 
= T;-0.0615 Nm 
for center section B-B 
Mx g-8)=T3:0.51=T3x 0.5 x 157 x 1073 = 0.0785 Ts N m 


wher T: - — (T, anap oat) = - (7, Mi e ES 
S p, 9930517] 10: — —(608T, + 3927,) N; b=Im. ¿+ le. 
42h — 37 4- 68-2 x 26 — 157 mm; c= l. ,/4 —68/4 — 17 mm. 


Since according to tbe analysis of the polar diagram (see Fig. 9.12) 
and wear diagram (see Fi». 9.14) it is advisable to make an oil hole 
‘on the crankpin in a horizontal plane (o = 90°), and therefore no 
computations are made in the throw plane for section /-/ and hence 
Mo = Mr ren 

for center section B-B 











M th B- B) 7 M u B- B+ M in Ri B- B) 


where M u B-B) = Ks-0.51 = Ky x 0.5 x 157 x 10 = 
23/0/0785) N ms Maus c Ais BI Au cores 18.05% 
x 0.5 x 157 — 10.9 x 17 = 1302 Nm; Arps = —0.5Kpnz = 
= —0.5 (—37.9) = 18.95 kN; 


for the computation of moments M, and M, = 


= V Mtiis-g + Mi(n-p, see Table 13.8 in which the values 
of Tu K, and K, are taken from Table 9.14. 

The maximum and minimum normal stresses in the crankpin are: 

in section 7-/ 


Omax = Ma max/Woen = 430 x 107*/(49.2 x 10-5) = 8.7 MPa 
Gmm = Mo min! Woe.p = — 1247 x 10-5/(49.2 x 10)-5 = —25.3 MPa 


Table 13.8 














a z Il < o - z A 

ra e- s Ts Ee JL SS ib s NA Rex 9 E 

& jaro) a fae] « ejes | 2 pa] a [sre] = | à, 8. = 

s dee. Gee Nee M. Ae ee E om AN Rat a NET. = s 5 

Ss || oil |] to] € [Xrz| sz] e DIG | <a] X Sz | 5z |3 
0 0 0 —5.3| —2078| --2078| 4-128| 4463] —21.1|—12830| —1.5 — 588 | 4-13 420 | +1053 |-+-2355 | 2360 
30 |—10.2| —6 202 | +5.5| 4-2 156 | 4-4046| -| 249| --318| —13.2| —8 026| —1.6 —627| +8653| -|-679 |-+-1981 | 2005 
60 | —5.5| —3 344 |-]-10.2| 4-3 998 —654| —40| —51| —1.6 -—-973| —13.2| —5174| -F-6147| -F483 4-1785 | 1786 
90 | -+5.3| —3 222 0 0 —3222| —198| —253| —1.5 —912| —21.1| --8271| -L-9183| -1-721 |-+2023 | 2037 
120 | +8.7| —5290|—10.2| —3 998| —1 292| —79| —101| —8.2| —4986| —13.2| —5174, 4-10160| -+798 |--2100 | 2102 
150 | +5.1| —3101| —5.2| —2 156 —945| --58| —74| —12.4| —7 539| —1.6 —627} -|-8166] 4-641 |4-1943 | 1944 
180 0 0 -F9.3| +2078] —2 078] —128| —163| —12.2| --8026| —1.5 —588} +8614] +676 |+1978 | 1984 
210 | —5.2| —3162| 4-8.7| -|-3 410 —248| --15| —19| —12.6| —7 661| —8.2| —3 214] -t-10 875| -+.854 |-I-2156 | 2156 
240 | —9.3] —5654| +5.1] -1-1999| +3655] 4-225| +287; —8.8| —5350| —12.4| —4 861| 4-10 210 | 4-801 |-1-2103 | 2122 
270 | —7.4| —4499| 0 0 | 14499] 1277| --353| -24| --1277| —13.2| —5174] 46451 | -I-506 |-|-1808 | 1842 
300 | —1.5 —912| —5.2| —2038| +2 950| +4184] --232| -F0.5| -F304| —12.6| —4939] +4635] +364 |4-1666 | 1682 
330 | —5.5| —3 344| —9.3| —3646| 4-6 990] -4-430 | --549| -i-7.1| +4317| —8.8| —3 450 —867 — 68 |-|-1234 | 1350 
360 0 0 —7.4| —2 901| +2901] +178] +204| --75.0|2-45600| —2.1 — 823 | —44 780 | —3515 |—2218 | 2223 
370 |+23.2|-+14 110] —4.2| —1646]—12 460] —766, —97814-103.2|--62 750] —0.7 —274 | — 62 480 | — 4905 | —3603 | 3733 
380 |--29.81]--18120| —2.4 —941 |—17 180 | —1057 |—1349 | +63.4 |-+-38 360 0 0| — 38 360 | —3011 |--1709 | 2477 
390 4-31.7 [4-192704 —1.5 — 588|—18 680 |--1149 | 1467 | -|.40.9|4-24870| -10.5] --196| —25070] —1968| —662 | 1609 
420 |+16.4] 4-9971| —5.5| —2156| —7 815| —487| —613| +4.9| +2979] -4-7.4| +2783] —5762| —452| 4-850 | 1048 
450 |-|-15.2 |. -4-9 242 0 0 —9 242] —568| —725| —4.2| —2 554] -+-75.0/+29 400 | —26 850 | —2108| — 806 | 1084 
460 |H-15.0| -{-9 120|+23.2] -|-9094|—18210|—1120|—1429| -—5.8| --3 526 |--103.2 |-|-40 450 | —36 920 | — 2898 | —1596 | 2142 
470 |--13.5| +8 208 1-29 8 +11 680 |— 19 890 |—1223|—1561| -—9.8| —5958| +63.1 |-|-24 740 | —18 780 | —1474| —172 | 1570 
480 |--12.9 | +-7 843 |-:-31.7 [4-12 430 | —20 270 | -1247|-1591 | —12.2| —7414| --40.9|2-16030| —8612| —676| 4-626 | 1710 
510 | -F6.5| +3 952 |--16.4| --6429|—10380| —638| —815| —15.9| —9667| +4.9] --1921| +7746; +608 |+-1910 | 2076 
540 0 0 +15.2| +5958} —5 958| —366| —468| —15.0| —9120| —4.2| —4 646 | 4-40 770] +845 |+-2147 | 2197 


i) 
| 
A 
-1 
00 
t 


570 | —5.4| —3 283 |-+12.9| +5057] —1774| —109| —139| —13.2| —8 026| —12. -4-12 810 | -|-1006 |--2308 | 2312 
600 | —8.7| —5290{ --6.5| +2548) +2 742| +169; +215; —8.2{ —4 986; —15.9| —6 233 4-11 220| -¡-881 |-]-2183 | 2193 
ean 1 —5 al -2901 4 S 42999.) 14081 ional —4 S1 50424 an at —RRRAL -LG 020. LL 888 LLARRR LAREDO 
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where Woop = 0.5W,,, = 0.5 x 98.5 x 1076 = 49.2 x 10-9 m3; 
in section B-B 


Omas = Momax/Woe.p = 3733 x 10-9/(49.2 x 10-9) = 75.9 MPa 
Omin = My min/Woep = 1048 x 1078/(49.2 x 10-5) = 21.3 MPa 


The mean stress and stress amplitudes are: 
section I-I 


Om = (Omax + Omin)/2 = (8.7 — 25.3/2 = —8.3 MPa 
Oa = (Omar — Omin)/2 = (8.7 + 25.3)/2 = 17.0 MPa 
e = OK ol(Eso8sso) = 17.0 x 2.42/(0.69 x 0.87) = 68.5 MPa 


Oa 


where ko = 1--q(a,g — 1) = 1 + 0.71 (3 — 1) = 2.42; the val- 
ues of q = 0.71 and «,, = 3 are determined in the design of the main 
bearing journal; €s = 0.69 is the scale factor determined from 
Table 10.7 at dep = 80 mm; e,,9 = 0.87 is the surface sensitivity 
factor determined from Table 10.8 for the journal inner surface (dril- 
ling) on which there is an oil hole; 

section B-B 


Om = (Omax + Omin)/2 = (75.9 + 21.3)/2 = 48.6 MPa 
0, = (Omax — Omin/2 = (75.9 — 24.3)/2 = 27.3 MPa 
Oae = Oakol(Eso£sso) = 27.3 x 2.42/(0.69 x 1.2) = 79.8 MPa 


where k, = 2.42; £,, = 0.69 (as the case is with section T-I); 
Esso = 1.2 (as the case is with the main journal). 

The normal stress safety factor of the crankpin is determined 
as follows: 

for section I-I by the fatigue limit (at Om < 0) 


0.1 340 


Oa, c l-XgOm ^ 68.5--0.18 (— 8.3) =9.07 


Ng = 


for section B-B by the yield limit, as 


Oae (79.8 — Po—%g __ 
Om 48.6 =e 1—Bo =e 
Ryo = Gyl(0s,, + Om) = 370/(79.8 + 48.6) = 2.88 
The total minimum safety factor of the crankpin for most loaded 
section B-B 


Ne, p = Nyoq/V nig + nz = 2.88 x 3.50/V 2.882 + 3.502 = 2.22 
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The design of a crankweb. The maximum and minimum moments 
twisting the crankweb 
M tw max Z Txma4:0.5 (Im. j -L h) 


= 6990 x 0.5(37 + 2640-3 = 220 N m 
M min = T3mn:0.59 (lm.y + A) = —20 210 x 0.5 (37 
+ 26)10-3 = —639 Nm 


The maximum and minimum tangential stresses of crankweb sign- 
alternating cycle 


Tmax = M t.w max/ We, = 220 x 1078/(25.66 x 10-5) = 8.6 MPa 
Tmin = M tu min! Wow = —639 x 10-5/(25.66 x 10-5) = —24.9 MPa 


where W,,, = bhk? = 0.292 x 130 x 26? x 10-? = 25.66 x 1078 is 
the crankweb moment of resistance, m?; 6 = 0.292 is determined by 
the data in Sec. 13.4 at b/h — 130/26 — 5.0. 

The mean stress and stress amplitudes 


Tm = (Tmax + Tmin)/2 = (8.6 — 24.9/2 = —8.15 MPa 
Ta = (Tmax — Tmin)/2 = (8.6 + 24.9)/2 = 16.75 MPa 
Ta,c = Take! (£58...) = 16.75 x 0.75/(0.57 x 0.7) = 31.5 MPa 
where k, = 0.6 [1 + q (a,., — 1)] = 0.6 [1 + 0.6 (1.4 — 1)] = 0.75 
is the stress concentration factor determined by formulae (10.10) 
and (10.12); q = 0.60 is the factor of material sensitivity to stress 
concentration as determined from the curve (see Fig. 10.2) at o, = 
= 800 MPa and a,, = 1.4; a., = 1.4 is the theoretical concentra- 
tion factor determined from Table 10.6 at rj;;//h = 4/26 = 0.15; 
€s1r = 0.57 is the scale factor determined from Table 10.7 at b = 
= 130 mm; £,,, = 0.7 is the surface sensitivity factor determined 
from Table 10.8 for unfinished web where it transforms into the fillet. 


The tangential stress safety factor of the crankweb is determined 
by the fatigue limit (at Tm < 0) 


Va = 180 
Ta cd Gum —O34.54-0.08(— 8.15) 
The maximum and minimum normal stresses of the crankweb 
Osmax = Mb. max’ W ow + Pw max/ Pu 
= 602 x 10-8/(14.6 x 10-9) + (32 550 x 10-9)/(8380 x 1078) 
— 50.9 MPa 
O smin = Mb. mn! Wow + Pw ma Fw 
= —601 x 10-§/(14.6 x 1078) 
+ (—32 500 x 10-9)/(3380 x 1079) = —50.8 MPa 


=5.84 


Nx = 


296 PART THREE. DESIGN OF PRINCIPAL PARTS 


where Mbwmar = 0.20 (K ymax + Kn y) lm.y = 0.25 (103 000 — 
— 37 900) x 37 x 1073 = 602 Nm; Mo. min = 0.29 (K smin + 
+ Kg.) ly = 0.25 (—27 100 — 37 900) x 37 x 1073 = 
= —601 Nm; B, mag = 0.5 (K ymax + Kg zx) = 0.5 (103 000 — 
— 37 900) = 32550 N; Po min = 0.5 (K z mn + Kr») = 
= 0.5 (—27 100 — 37 900) = —32 500 N; K ymax = 103 kN = 
= 103 000 N and A smin = — 27.1 kN = —27 100 N are taken 
from Table 9.14; Wu, = bh?/6 = 130 x 26? x 10°°/6 = 14.6 x 
x 1078 m? Fo = bh = 130 x 26 x 10-9 = 3380 x 1078 m?, 
The mean stress and stress amplitudes 
Om = (Omax + 0min)/2 = (50.9 — 50.8)/2 = 0.05 MPa 
Oa = (Omax — Omin)/2 = (50.9 + 50.8)/2 = 50.85 MPa 
Os. c = OakgllEscEssa) = 90.85 x 1.24/(0.62 x 0.7) = 145 MPa 
where ko = 1+ ¢(@.,—1) = 1 + 0.6(1.4 — 1) = 1.24; q = 0.6. 
Geo = 1.4 and Esso = &s5¢ = 0.7 are determined in computing tan- 


gential stresses; &,, = 0.62 is determined from Table 10.7 at b = 
= 130 mm. 


Se; c 145 
-— 0.05 





== = 2900 > Xx 2.—09.1, the normal stress 


safety "HN is determined by the fatigue limit 


ng = Ou! (Gaye + & o0) = 340/(145 + 0.18 x 0.05) = 2.34 


Since 


The total safety factor of the crankweb 
ny = ngn4l V. n3 + ni = 2.34 x 5.84/Y 2.342 + 5.842 = 2.17 


Chapter 14 


DESIGN OF ENGINE STRUCTURE 
14.1. CYLINDER BLOCK AND UPPER CRANKCASE 


In most modern automobile and tractor engines the cylinder 
block and crankcase are combined into a single unit, this generally 
being termed monoblock unit. The monoblock is the basic part, every 
other engine part is arranged inside the monoblock or attached to it. 
When the engine is operating the monoblock resists to considerable 
dynamic and heat loads. The method of transmitting gas pressure 
forces through the cylinder block elements determines thé power 
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scheme of the monoblock unit. Most popular with modern automobile 
and tractor engines are the following power schemes: a construction 
with a load-carrying cylinder block, with a load-carrying water- 
jacket block and with load-carrying studs. 

With a load-carrying cylinder block the gas pressure forces are 
transferred via the cylinder head to the cylinders and water jackets 
which comprise a single casting. The cylinder head is clamped to 
the monoblock structure by means of studs or setbolts screwed into 
the cylinder block. 

With a load-carrying water-jacket block the gas pressure forces 
extend axially only the water jacket, and the cylinder liners stand 
up only to the radial pressure of gasses. The cylinder heads are attached 
to the monoblock unit with the aid of studs screwed into the water- 
jacket block body. 

With an engine block structure having load-carrying studs, the 
gas pressure is transferred to the studs which tighten the cylinder 
head and the cylinder together. Generally, long studs are passed 
through the cylinder head and cylinder block and screwed into the 
upper crankcase. 

In air-cooled engines, use is made generally of two load-carrying 
structures comprising a cylinder head, cylinder and crankcase. These 
are structures with load-carrying studs and load-carrying cylinder. 

In the former structure the load-carrying studs clamp together 
the cylinder head and the cylinder, the studs being screwed into the 
crankcase. In the latter case, the cylinder is secured to the crankcase 
by means of short studs or bolts, while the cylinder head is screwed 
onto the cylinder or attached to it with the aid of short load-carrying 
studs. 

The monoblock structure must be of high strength and rigidity. 
The monoblock rigidity is improved on account of ribbing its bulk- 
heads, use of a tunnel crankcase, positioning the plane of the joint 
between the crankcase upper and lower parts below the parting plane 
of the main bearings, and other measures of this kind. 

The monoblock structure is generally made of cast iron, grade 
C444, C440, CU15-32 and C32 and also of aluminum alloys ACJIA 
and C3-26 (silumin). 

The structural features and dimensions of a monoblock unit 
are usually dictated by the engine application, operating conditions 
and output power. The bulkheads of a cast-iron cylinder block and 
walls of water jacket are generally not more than 4-7 mm thick, whilst 
the thickness of the bulkheads in the upper part of the crankcase lies 
within 5-8 mm. In an aluminum monoblock structure the wall thick- 
ness is 1-3 mm greater. 

One of the most important structural figures of the monoblock 
unit is the ratio of distance L, between the axes of adjacent cylinders 
to cylinder bore B. The value of L,/B is characteristic of the engine 


298 PART THREE. DESIGN OF PRINCIPAL PARTS 


compactness in length. It is dependent on the engine arrangement, 
construction and the length of main bearings, and also on the dimen- 
sions of crankpins,type of cylinder liners and other structural factors. 
Ratios of L/B for monoblock structures of various water- and air- 
cooled engines are given in Table 14.1. 


Table 14.1 


Carburettor 


Engine design engine 


Diesel engine 








In-line engine with dry liners, the main sliding | 1.20-1.24 — 
bearings being arranged every other two cylin- 
ders (two-span crankshaft) 

In-line engine with one-span crankshaft and sli- | 1.20-1.28 1.25-1.30 
ding bearings 


Vee-engine with connecting rods subsequently 1.33 1.47-1.55 
arranged on a crankpin and with sliding bea- 
rings 

Engines with roller bearings used as the main 1.30 1.30 
bearings 

Air-cooled engines 1.15-1.36 — 


The strength computation of the monoblock structure is very diff- 
icult with regard to determining acting forces due to its intricate 
configuration and is not given herein. 


14.2. CYLINDER LINERS 


The cylinder liners are the most loaded parts of an engine. They 
resist to the stresses due to the action of gas pressures, side pressure 
of the piston, and heat stresses. The severe conditions under which 
cylinder liners operate necessitate utilization of high-duty alloyed 
cast iron, grades CH 28-48 and CU 35-56 or nitrated steel, grade 
38XMIOA for their production. 

The basic design dimensions of cylinder liners are defined, bearing 
in mind the necessity of obtaining the required strength and rigidity 
preventing cylinder ovalization during engine assembly and opera- 
tion. Thickness 6, of a cast iron liner wall is generally defined by 
experimental data. 

The thickness of a liner wall chosen during the design is checked 
by the formula used for computing cylindrical vessels: 


ô; a= 0.5B (V (e; 4- 0.4p;)/(0; — 1.3p,) NE 1) (14.1) 


where B is the cylinder bore (diameter), mm; o, is the permissible 
extension stress (o; = 50-60 MPa for cast iron bushings, o, = 80-100 
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MPa for steel bushings); p; is the gas pressure at the end of combus- 
tion, MPa. 

In strength computations we define stresses only due to basic loads 
such as maximum gas pressure, and temperature gradient in the 
liner wall. 

The most dangerous load is the maximum combustion pressure 
Pzmax causing extension stress along the cylinder element and its 
circular section (Fig. 14.1). 

The extension stress O ¿x 
caused by gas pressure is 
determined by an appro- 
ximate relationship which 
does not include nonunifor- 
mity of stress distribution 
in the liner thickness: 


Cex = Pzmax2/(25;) (14.2) 





SSSNNNSSSSSSSSSSSESSN 


where p; ma, is the maxi- 
mum gas pressure conven- Fig, 14.1. Design diagram of a cylinder 
tionally referred to the liner 
piston at B.D.C., MPa; 
B is the cylinder bore, mm; 6; is the cylinder liner wall thick- 
ness, mm. 

The permissible stresses o,, for cast iron liners of cylinders vary 
from 30 to 60 MPa and for steel liners from 80 to 120 MPa. 

The extension stress at the liner circular section 


Oe. — Pz maxB/(40 ,) (14.3) 


The value of o;, is determined mainly for load-carrying liners 
of air-cooled engines in which cylinder element ruptures are less 
probable because of the walls reinforced by ribs. 

The stresses caused by normal force Nmax acting on the load- 
carrying liner (see Fig. 14.1) are usually determined in engines with 
separate cylinders applied at the center of the piston pin 

The bending moment of force Nmax 


My = Nmaxabl(a + b) (14.4) 


where Nmax is the maximum value of the normal force determined 
from the dynamic analysis, MN; a is the distance from the piston 
pin axis to T.D.C., mm; b is the distance from the piston pin axis 
to B.D.C., mm. 
The bending stress 
0) = Mí W (14.5) 


where W is the resistance moment of the liner transverse section, m3: 


W = 0.1 (D* — D*)/D, (14.6) 
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D, and D are the outer and inner diameters of the cylinder liner, m. 
The total stress due to extension and bending in the walls of a load- 
carrying cylinder 


Os = Ox + 05 (14.7) 


With cast-iron liners the value of o y should not exceed 60 MPa, 
and with steel liners 110 MPa. 

During engine operation, there occurs a substantial temperature 
difference between the outer and inner surfaces of the liner, that 
causes heat stresses 


c; = Ea,ATII2 (1 — u)] (14.8) 


where £ is the modulus of material elasticity, MPa (E = 2.2 x 105 
for steel and E = 1.0 x 10% for cast iron); «, is the coefficient of 
linear expansion (a, = 11 x 10-79 1/K for cast iron); AT is the 
temperature difference, K (according to experimental data AT — 100 
to 150 for the top portion of the liner); u is Poisson’s ratio (u = 0.25 
to 0.33 for steel, y = 0.25 to 0.27 for cast iron). 

The extension stresses on the liner outer surface are associated 
with the plus sign and the compression stress on the inner surface, 
with the minus sign. 

The total stresses due to the gas pressure and temperature dif- 
ference are: 

on the outer surface of the cylinder liner 


Os = Opx EE Ot (14.9) 


on the inner surface 
Os = Cox — Ot (14.10) 


The total stress o in a cast iron liner should not exceed 100 
to 130 MPa, and 180 to 200 MPa in a steel liner. 

The design of a cylinder liner for carburettor engine. On the basis 
of heat analysis we have: cylinder bore B = 78 mm, maximum com- 
bustion pressure p; max = Pza = 6.195 MPa at n = n, = 3200 rpm. 
The cylinder liner is made of cast iron: a, = 11 x 10-9 1/K: 
E = 1.0 x 10% MPa and u = 0.25. 

The thickness of cylinder liner wall is taken $, = 6 mm. 

The design thickness of the liner wall 


ôi. ¿=0.5B [V (o, -- 0.4p;)/(o, — 1.3p,) — 1] 


— 0.5 x 78 [V (60 + 0.4 x 6.195)/(60 — 1.3 x 6.195) — 1] = 3.74 mm 
where o, = 60 MPa is the permissible extension stress for cast iron. 

The liner wall thickness is chosen with certain safety margin, 
as Ô; > 6; d. 
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The extension stress in the liner due to the maximum gas pressure 

Oex = PzmaxB/(28:) = 6.195 x 78/(2 x 6) = 40.3 MPa 

The temperature stresses in the liner 

a, = (Ea, ATyI[2 (1 — u)) = (1.0 x 105 x 11 x 10-9 x 120)/ 

x[2 (1 — 0.25)] = 88 MPa 

where AT — 120 K is a temperature difference between the outer 
and inner surfaces of the liner. 

The total stresses in the liner caused by the gas pressure and 


temperature difference are: 
on the outer surface 


Os = Cex + 0, = 40.3 + 88 = 128.3 MPa 
on the inner surface 
Os = Oex — 0, = 40.3 — 88 = —47.7 MPa 
The design of a cylinder liner for diesel engine. From the heat 
analysis made we have: cylinder bore B = 120 mm, maximum 
pressure at the end of combustion p, = p, max = 11.307 MPa at 
n = ny = 2600 rpm, the cylinder liner is made of cast iron, a, = 11 
x 1078 1/K, E — 1.0 x 10% MPa and u = 0.25. 
The cylinder liner wall thickness is chosen 0, = 14 mm. 
The design thickness of the liner wall 
01. a= 0.5B1V (0, +0.4p,)/(0, — 1.3p;) — 1] 
— 0.5 x 120 [1 (60 + 0.4x 11.307)/(60 — 1.3 x 11.307) — 1] = 11.4 mm 


where o, — 60 MPa is the permissible extension stress for cast iron. 
The liner wall thickness is chosen with certain safety margin, 
as Ô; > 0, q. 
The extension stress in the liner due to maximum gas pressure 


Sex = PrmaxB/(26;) = 11.307 x 120/(2 x 14) = 48.5 MPa 
The temperature stresses in the liner 
9, = (Ea, AT)I2 (1 — u)) = (1.0 x 105 x 11 x 1079 
x 110)/[2 (1 — 0.25)] — 80.7 MPa 
where AT — 110 K is the temperature difference between the inner 


and outer surfaces of the liner. 


The total stresses in the liner caused by gas pressure and tempera- 
ture difference are: 
on the outer surface 


Oy = Oe + 0, = 48.5 + 80.7 = 129.2 MPa 
on the inner surface 
o"z = Oey — 0; = 48.5 — 80.7 — — 32.2 MPa 
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14.8. CYLINDER BLOCK HEAD 


The cylinder block head is a part of complicate configuration 
whose construction and principal dimensions are dependent on the 
size of the inlet and exhaust valves, spark plugs, fuel injectors, cyl- 
inders and shape of the combustion chamber. In the liquid-cooled 
automobile and tractor engines the cylinder heads are usually cast 
in one piece for one cylinder bank. In the air-cooled engines use is 
made of individual cylinder heads or heads joining two adjacent 
cylinders. 

The cylinder heads are operating under the effect of severe altern- 
ating loads and high temperatures causing drastic stresses. As a re- 
sult of intricate structural shapes dependent on various factors, and 
also because of the fact that not allthe 
forces acting upon the cylinder head can 
be exactly taken into account, the design 
of the head is to a certain extent arbi- 
trary. In this connection, experimental 
data are widely utilized in the practice 
of the engine building industries for 
designing cylinder heads and defining 
their principal dimensions. 

The material for manufacturing cylin- 
der heads must be of a high strength to 
stand either mechanical or heat loads. 
Fig. 14.2. Design diagram of These requirements are better met by 
the cylinder head of an air- aluminum alloys AOS and grey cast 

cooled engine irons CH15-32 and CH28-48 with alloy- 
ing additives. In air-cooled engines 
the cylinder heads are fabricated from alloys AC9, AJI5 and AKA. 

The cylinder block head must be rigid enough to prevent distortion 
of the valve seats and other parts of the cylinder head in the engine 
operation. The cylinder head rigidity is ensured on account of proper 
selection of the head basic dimensions. 

Thickness 6, of the head lower support wall and thickness 6; 
of water jacket walls for engines with a cylinder bore B to 150 mm 
can be determined by the following rough ratios: 





Carburettor engines ......... ôn =0.09 B mm 
Diesel engines ............ ôn — (1.5--0.09 B) mm 
All engines s. 43x» x Eus 6;=(2.210.03 B) mm 


When use is made of aluminum alloys, the wall thickness is accord- 
ingly increased by 2-3 mm. 

In air-cooled engines individual cylinder heads are computed to 
prevent rupture at section z-z (Fig. 14.2). 
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The rupture stress 
O, = P 1 max! x-x (14.11) 


where P,max = Pzmax1B;/4 is the design rupture force, MN; Fy-x 
= n (B2 — B;)/4 is the design sectional area, m”. 

Rupture stress c, varies within the limits 10 to 15 MPa. The 
low values of permissible stresses are because of high heat loads ap- 


pearing during the engine operation, which are not included in for- 
mula (14.11). 


14.4. CYLINDER HEAD STUDS 


The purpose of the studs is to join the head to the monoblock struc- 
ture (Fig. 14.3). They resist to the action of preloading forces, gas 
pressure and loads arising due to temperature differences and coeffi- 
cients of linear expansion of the cylinder 
head, monoblock and stud materials. The 
number of studs, their dimensions and 
preloading must provide reliable sealing of 
the joint between the cylinder head and the 
cylinder block under all operating condi- 
tions. 

The material for fabricating studs in car- 
burettor and diesel engines is carbon steels 
of high limit of elasticity and high alloy 
steels ({8XHMA, 18XHBA, 20XHBA, Fig. 14.3. Design dia- 
40XHMA and others). The use of materials gram of a stud 
with a high limit of elasticity makes for 
reduction of permanent set arising in engine operation, which ensu- 
res good seal of the cylinder head-to-cylinder block joint. 

In the nonworking state and in a cold engine the cylinder head 
studs are loaded by the force of preloading Pp; which by experimental 
data is taken in the form of the following approximate relationship: 


Ppi = m (1 =) P" z max (14.12) 


where m is the stud tightening coefficient; y is the coefficient of 
main load of a threaded joint; P¿max is the combustion gas force 
per stud, MN. 

The value of m varies within the limits of 1.5 to 2.0 and in- 
creases to 0 and more in a joint with gaskets. 

The main load coefficient of a threaded joint* 


y = Kg (Kg + K, + Ky) (14.13) 





——— 


i * This is for monoblock structures with a load-carrying cylinder block and. 
oad-carrying water-jacket block. 
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where K,, K, and K, stand for pliability of the gasket, stud and 
cylinder head, respectively. 

In automobile and tractor engines the value of y varies within 
the limits of 0.15 to 0.25. 

When the engine is operating, in addition to the preloading force 
the cylinder head studs resist the extension force of gas pressures 
attaining their maximum in combustion. 

The combustion gas pressure per stud 


P; max — Pz max cis (14.14) 


where Pmax is the maximum pressure of combustion, MPa; 
F. is the projection of the combustion chamber surface to a plane 
perpendicular to the cylinder axis, m?; i, is the number of studs 
per cylinder. 

For bottom valves F/F, = 1.7 to 2.2; for overhead valves 
F./Fp = 1.1 to 1.3, where Fp is the piston area. 

Preloading forces expand the studs and compress the parts being 
clamped together. During the engine operation the gas pressure 
force resulting from combustion adds to the expansion of the 
studs and compression of the cylinder head. 

With consideration for force AP, the total force expanding the 
stud 


P ex max = Pa — AP + Po max (14.15) 


Using the values of pliability of the stud and the parts being 
joined. equation (14.15) may be transformed to the form: 


5 ax — P p: 
or ema C NNNM | (14.16) 
Pex max =m (1— xy) P; max + XPz max 
The minimum force expanding the stud 
Pex min — Py | 
0 ; 14.17 
T Pex min = mM (1 — y) Pz max ( 


With a cylinder head and a monoblock structure made of allumi- 
num alloys, additional heat stresses appear in the steel studs when 
the engine is operating. These stresses occur with an increase in the 
temperature because of the difference in the coefficients of linear ex- 
pansion in the materials of studs and parts being clamped together. 
Heat strain of the parts adds to the pressure in the joint and to the 
stud load. 


The force expanding the stud 
P, = (xu, AT, — oS, AT,U/(K, + Ks) (14.18) 


where a, and a, is the coefficient of linear expansion of the head 
and stud materials, a, = 11 x 10-9 1/K for steel and a, = 22 
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x 1078 1/K for aluminum all/yS; AT, and AT, is an increase in 
the head and stud temperatur?: K (in liquid-cooled engine with 
steady heat condition, we may assume AT, = AT, = 70 to 80 K); 
1, is the cylinder head height, my; l; is the design length of the stud (it 
is assumed to be equal to the distance from the bottom face of the 
nut to the last thread turn screwed into the cylinder block), mm; 
K, and K, is the pliability yf the cylinder head and stud. 
With a stud having a uniform cross-sectional area 


K, = IMEF) (14.19) 


where 1, is the design length of the stud, mm; E is the modulus of 
elasticity of the stud material (E = 2.2 x 10° MPa for steel); 
F, is the cross sectional area of the stud, mm’. 

With the cylinder head 


K, + MEF») (14.20) 


where J, is the cylinderhead hejght, mm, Æ is the modulus of elastic- 
ity of the head material (E = 7-3 X 10* MPa for aluminum alloys); 
F, is the head cross-sectional area per stud, mm’. 

For the case under consideration the stud expanding force 


Pox max =P y +yP ¡max + Pt | 
, , 14.21 
E Pox max — m (4 — Y) Pz max + XPzmax + Pt ( 
The minimum expanding fofce 
P ox min =P +2 
, 14.22 
i Pexmin =M (4 7 X) Pz max + Pi ( ) 


Because of complex computations of force P,, it may be neglected 
in the preliminary analysis. 
The maximum and minimum Stresses in the stud are determined 
by the smallest section of the stem and by the thread bottom diam- 
eter (MPa): 
Omax = P mur [Fo and Omin = P ex min/F 9 
Omar = Pexmax/Foy and Omin = Pex min/F op 
where F, is the smallest crossvSectional area of the stud, m°; Fy, 
is the stud cross-sectional area taken by the thread bottom diame- 
ter, m?, 
The amplitudes and mean stresses of the cycle (MPa) 


6% = (Ghax — Omin)/2 and Om = (Omar + Omin)/2 
Oa = (Cmax — Omin)/2 and Om = (Omax + Smin)/2 


The stud safety factor is determined by the equations given in 
Sec. 10.3. The stress concentrayion factor (ks) is determined by for- 


20—0946 
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mula (10.10), taking into account the type of concentrator and ma- 
terial properties. The permissible safety factors vary within the 
limits: ng = 2.5 to 4.0 and n,, = 1.5 to 2.5. 

The design of a cylinder head stud for carburettor engine. On the 
basis of the heat analysis we have: cylinder bore B — 78 mm, piston 
area Fp = 0.004776 m?, maximum combustion pressure Jp, max 
= Pza = 6.195 MPa at n = ny = 3200 rpm. The number of studs 
per cylinder i, = 4, stud nominal diameter d = 12 mm, thread pitch 
t = 1 mm, stud thread bottom diameter d, = d — 1.4t = 12 — 1.4 
x 1 = 10.6 mm. The stud material is steel, grade 30X. 

Determined from Tables 10.2 and 10.3 for 30X alloy steel are: 

ultimate strength o, = 850 MPa, yield limit o, = 700 MPa 
and fatigue limit at push-pull o_,, = 260 MPa; 

cycle reduction factor at push-pull a, = 0.14. By formulae (10.1), 
(10.2), (10.3) we determine: 


Bo = 04,/c, = 260/700 = 0.372 


Bo—Gg  0.372—0.14 — 
[fe o 9-909 


The projection of the combustion chamber surface to a plane perpen- 
dicular to the cylinder axis with overhead valves: 
F, = 1.2F, = 1.2 x 0.004776 = 0.00573 m? 


The gas pressure force per stud 

Pimax = PzmaxfF eli, = 6.195 x 0.00573/4 = 0.00887 MN 
The preloading force 
Py; = m (1 — x) Pmax = 3 (1 — 0.2) 0.00887 = 0.0213 MN 


where m — 3is the stud tightening coefficient for joints with gaskets; 
y = 0.2 is the main load coefficient of the threaded joint. 
The total force expanding the stud, regardless force P, 


P oxmax = Ppi + XPi max = 0.0213 + 0.2 x 0.00887 = 0.02307 MN 


The minimum force expanding the stud 


The maximum and minimum stresses occurring in the stud 


__ Pexmax _ Pexmax __ 0.02307 re 
Omar = Fo  mdg/A ——3.145« 0.01062/4 — 261 MPa 

— Pegmin Penn 0028 gat MI 
Omin = Fon = md; 33.14 X 0.01067/4 = 241 MPa 


where Fy, = nd¿/4 is the stud cross-sectional area by the thread 
bottom diameter, m?. 
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The mean stress and cycle amplitude 
Om = (Omax + nm) 2 E (261 + 241)/2 = 251 MPa 


The value of 0, . = Ogko/(€s€ss) = 10 x 3.22/(0.98 x 0.82) 
where ko =14+ 4 (4.5 — 1) = 1 + 0.74 (4.0 — 1) = 3.22; ayy 
— 4.0 is determined from Table 10.6; q = 0.74 is taken from Fig. 10.2 
at o, = 850 MPa and a,, = 4.0; e, = 0.98 as found in Table 10.7 
at d = 12 mm; €s, = 0.82 as per Table 10.8 (rough turning). 

Since 22e. — 29 — 0.159 < Po—%o __ 0,369 the stud safety factor 
Om ^ 951 1— fs 
is determined by the yield limit: 


yo = Oy/(Ga,c + Om) = 700/(40 + 251) = 2.4 


The design of a cylinder head stud for diesel engine. On the basis 
of the heat analysis we have: cylinder bore B = 120 mm, piston 
area F, = 0.0113 m?, maximum pressure at the end of combustion 
Pz = Demax= 11.307 MPa at n y = 2600rpm, number of studs per cyl- 
inder i, = 4, stud nominal diameter d = 20 mm; thread pitch 
t = 1.5 mm, stud thread bottom diameter d, = d — 1.4t = 20 — 1.4 
x 1.5 = 17.9 mm, the stud is made of 18XHBA steel. 

Determined against Tables 10.2 and 10.3 for 18XHBA alloy steel 
are: 

ultimate strength o, = 1200 MPa, yield limit o, = 1000 MPa, 
fatigue limit at push-pull -ıp = 380 MPa; 

the cycle reduction factor at push-pull a, = 0.22. 

By formulae (10.1), (10.2), (10.3) we determine: 


Bo = Oyp/o, = 380/1000 = 0.38; (B; — o) (1 — Bo) 
= (0.38 — 0.22)/(1 — 0.38) = 0.258 
The projection of the combustion chamber surface to the plane 
perpendicular to the cylinder axis with overhead valves 
F. = 1.25F, = 1.25 x 0.0113 = 0.01413 m? 


The gas pressure force per stud 
Pi maz = PzmaxF e/is = 11.307 x 0.01413/4 = 0.0399 MN 


The preloading force 
Pp, = m (1 — y) Pimax = 3.5 (1 — 0.22) 0.0399 = 0.109 MN 
where m = 3.5 is the stud tightening coefficient for joints with 


gaskets; y — 0.22 is the main load coefficient of the threaded joint. 
The total force expanding the stud regardless force P, 


Poxmag = Ppi + XPimax = 0.109 + 0.22 x 0.0399 = 0.1178 MN 
20* 








n 


308 PART THREE. DESIGN OF PRINCIPAL PARTS 


The minimum force expanding the studs 
PP min == P a 0.109 MN 


The maximum and minimum stresses occurring in the stud 


— Pow wax. exmax 2-0 041178 0. | 
Omax Cm n dif 3-14 x 0.017977 == 468.3 MPa 
Pex min Pax min 0.109 
Sun Fu 7 Aadjá — 844x00179:/4 —433.3 MPa 


where Fae = ndé/4 is the stud cross-sectional area by the thread 
bottom diameter, m?. 
The mean stress and cycle amplitude 


Om = (Omax + Omin)/2 = (468.3 + 433.3)/2 = 450.8 MPa 
Og = (Omax — Omin)/2 = (468.3 — 433.3)/2 = 17.5 MPa 


The value 
Ca, = Oak o (eses) = 17.5 x 3.85/(0.9 x 0.82) = 91.3 MPa 


where kj —1--q(a,4 — 1) = 1 + 0.95 (4.0 — 1) = 3.85; Uco 
= 4.0 is determined from Table 10.6; q = 0.95 as per Fig. 10.2 
ato, = 1200 MPa and «,, = 4.0; e, = 0.9 as taken from Table 10.7 
at d — 20 mm; e,, — 0.82 is determined from Table 10.8 (rough 
turning). 

Since 0, ./Om = 91.3/450.8=0.2025 < (Bo — «,)/(1 — B o) —0.258, 
the stud safety factor is determined by the yield limit 


nyo = Syl(Sa,e + Om) = 1000/(91.3 + 450.8) = 1.84 


yo 


Chapter 15 
DESIGN OF VALVE GEAR 


15.1. GENERAL 


In the existing automobile and tractor engines the air-fuel mixture 
is let into the cylinder and the burned gases are let out by the valve 
gears available mainly in two types: a bottom valve gear and an 
overhead valve gear. Most of the modern engines are an overhead 
valve type. 

When designing a valve gear our best must be done to fully satisfy 
two opposing requirements: (1) to obtain maximum passages pro- 
viding good filling and cleaning the cylinder, and (2) to minimize the 
mass of the valve gear moving parts to reduce inertial stresses. 
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The design of a valve gear is started with determining passages in 
valve seat F, and throat F inr (Fig. 15.1). The passage area ina valve 
is determined, provided the incompressible gas flow is continuous, by 
a conventional average velocity in the 
seat section atthe maximum valve 
lift at the nominal engine speed: 


Ec. duy (XD 


where Upa, is the piston average 
speed, m/s; Fp is the piston area, cm’; 
i, is the number of similar valves; Win 
is the gas velocity in the valve passage Fig. 15.1. Design diagram of a 
section (with an intake valve it must valve flow section 

be equal to or less than the velocity 

taken in the heat analysis, when determining pressure losses at 
the inlet Ap,), m/s. 

The passage section in the throat should not limit the intake 
(exhaust) passage route capacity. Since the valve stem is threaded 
through the valve throat, its area is generally taken as F'¿,, = (1.1 
to 1.2) F». The throat diameter (in mm) is 


dinr =V AF ln XxX 10 (15.2) 


The maximum throat diameter is limited by the possibility of arran- 
ging the valves in the cylinder block head with cylinder bore B pre- 
scribed, design scheme of valve timing and type of combustion cham- 
ber. In view of this, the value of d, of the intake valve obtained by 
formula (15.2) should not exceed: 


dinr = (0.38 to 0.42) B with bottom valve engines; 
dtar = (0.35 to 0.52) B with overhead valve engines, including: 
dinr = (0.35 to 0.40) B for swirl-chamber and antechamber diesel 
engines; 
dinr = (0.38 to 0.42) B for direct-injection diesel engines; 
dinr = (0.42 to 0.46) B for wedge-section and lozenge-combustion 
chambers; 
dinr = (0.46 to 0.52) B for engines with hemispherical combustion 
chambers. 
The diameters of exhaust valves are generally 10 to 2096 less than 
dinr of intake valves. 
The passage section of a valve with conical seat (see Fig. 15.1) 
at current valve lift h, is 


F, = nh, (din, cos a + h, sin a cos? a) (15.3) 


where din, = d, is the throat diameter equal to the small diameter 
of the valve seat cone (at din, > d}, area F, is determined by the 
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formulae for two sections of valve lift), cm; « is the valve conical 
seat angle. In modern engines « = 45° for exhaust valves, a = 40° 
and sometimes a = 30° for inlet valves: 


F, = 2.T2din h, + 1.18h2 cm? at a = 30° (15.4) 
F, = 2.22d,,,h, — 144k? cm? at a = 45° (15.5) 


The maximum valve lift (in cm) with known values of F, and a is 
determined from equations (15.4) and (15.5): 


hy =V 7.4 din, + 4.12F,/2.12 — diy, at a = 30? (15.6) 
h, — V 4.93 dj, + 4.44F,/2.22 — din, at a = 45? (15.7) 


The maximum valve lift varies within A. max = (0.18 to 0.30) dinr 
in automobile engines and h, max = (0.16 to 0.24) din, in tractor 
engines. With angle a = 45° use is made of a higher value of A, max- 

The defined values of throat diameter and amount of valve lift 
are finally checked, as also the timing phases chosen in the heat anal- 
ysis, by conventional velocity win of flow determined by the integral 
passage area in the valve seat. 

t; 


As integral area (time-section) | F, dt is determined against the 


th 
valve lift diagram F, = F (t) within the time the valve takes to move 
from T.D.C. (or B.D.C.) to B.D.C. (or T.D.C.), oj, is found after 
the cam profile has been defined and the valve lift curve plotted. 


15.2. CAM PROFILE CONSTRUCTION 


Instantaneous opening and closing of a valve allow us to obtain 
a maximum time-section. However, even small masses of the valve 
gear parts lead to heavy inertial forces. In view of this, during the 
design of the valve gear, choice is made of such a cam profile that the 
cylinder can be properly filled, while the inertial forces involved are 
tolerable. 

The cam profile is usually constructed in compliance with the chosen 
law of profile formation in order to obtain cams relatively simple to 
manufacture. 

Modern tractor and automobile engines employ the following types 
of cams: convex, tangential, concave and harmonic. 

Figure 15.2 shows the most popular cams.These are a convex cam 
(Fig. 15.2a), the profile being formed by two arcs having radii r, and 
r, and a tangential cam (Fig. 15.25) whose profile is formed by means 
of two straight lines tangential to the base circle of ry at points 
A and A’ and an arc having radius ry. 
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The convex profile cam may be used for lifting a flat. convex or 
roller follower. The tangential profile cam is mainly used for roller 
followers. l 

The cam profile is constructed starting with a base circle. Its 
radius ry is chosen to meet the requirement of providing enough 





Fig. 15.2. Constructing a cam profile 


rigidity of the valve gear within the limits rọ = (1.5 to 2.5) A. max 
and up to ry = (3 to 4) h; m4, for supercharged engines. 

The value of camshaft angle Ẹesno is determined according to select- 
ed valve timing. For four-stroke engines 


Pesho = (Qaa + 180° EE Pre)/4 (15.8) 


where (. y is the advance angle; q,, is the angle of retarded closing. 

Points A and A' are the points at which the valve starts its opening 
and completes its closing. Point B is found by the value of maximum 
follower lift A; max. Neglecting lost motion, if any, Aymax = Mv max 
for bottom valve engines, while with overhead valve engines and the 
use of a finger or rocker h; max = My max !;/ly, where l; and l, are the 
length of rocker arms adjacent to the follower and valve, respec- 
tively. The ratio l,/l, is chosen proceeding from design and varies 
within 0.50 to 0.96. 

To plot the cam profile (see Fig. 15.2) by chosen or specified values 
Of Rimax and ry, a value of r, (or r,) is prescribed and the value of 
re (or r,) are determined to provide the coincidence of the arcs. 


ith a tangential cam profile r, = oo, and the cam nose radius 
(mm) is 


COS Pesho 
lo =r, — A 
2 d hy Max 1 — cos Qesho 


(15.9) 
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With a convex cam profile 


r2+- a? — r$ — 2rga COS Qesho (15.10) 
2 (ro— r3 — COS Pesho) 
= rob —0.5h; max — ("1 —To) (To + hf max) COS Pesho 
m b — (ri — ro) COS Pesho 


r¡= 
(15.11) 


where a = ro + himax — rs, mm; b = r, — ro — hy gay, mm. 

When determining r, the value of r, is taken for manufacturing 
considerations as r, > 1.5 mm, and when computing r, we assume 
rı = (8 to 20) hymas. Choosing too a small value of r, may result in 
obtaining by formula (15.11) a negative value of r,. If that is the 
case, the computation must be repeated with a greater value of rj. 

To provide a clearance in the valve gear the cam heel is made 
to radius r, less than radius rọ by the value of clearance As: re 
= ro — As. The value of As includes an expansion clearance and 
elastic deformation of the valve gear. The value of As = (0.25 
to 0.35) mm for intake valves and As — (0.35 to 0.50) mm for exhaust 
valves. Conjugating the circle of radius r, to arcs having radius r, 
or straight lines (r, — oo) is by a parabola or arcs having certain 
radii. 

The follower and valve lift, velocity and acceleration are determ- 
ined as dictated by the cam profile and follower type chosen. 

For a convex cam with a flat follower we have: 


hy (r— ry) (1 — cos ogni) Ajo =a 608 Pesha Ta — ro 
Wj = (r4 — rg) We SIN Pesas; Whe = Oca SIN Pesne (15.12) 


> 2 P^ g = 2 
Jit = (T1— rg) 9e COS Pesh) Jj; = — Wed COS Qeshz 


where kj, wy, and j; are the lift (m), velocity (m/s) and acceleration 
(m/s*) of the follower, respectively, when it moves over the arc of 
radius r, from point A to point C; hy, wy, and jy. are the lift (m), 
velocity (m/s) and acceleration (m/s?) of the follower, respectively, 
when it moves over the arc of radius r, from point C to point 5; 
a = rg + himax — rs, m; og is the angular velocity of the camshaft, 
rad/s; Q,,4, and Pes, are current values of the angles when the fol- 
lower moves over arcs r, and r,, respectively. 

The value of angle (es, is counted off from radius OA and that 
of angle Pesno, from radius OB. Their maximum values are deter- 
mined, proceeding from the assumption that at point C lift hj, = hys, 
as follows 


Sin Pesni max = Q Sin Pesho/ (Ty = ro) (15.13) 


Pesha max — Pesho — Feshi max (15.14) 
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Fig. 15.3. Diagrams of valve gear 
(a) finger-rocker system; (b) push-rod system 


For a tangential cam with a roller follower: 
hy, = (ro SF r) (1 — cos Pesn1)/C0S Pesha 
- 1 | a a a IRENE ; 
his = q (cos Pesa + a V1 m ai sin? Vesna) = (ro zb r) 
Up = (rg +T) We Sin Poshi COS? Poshi 
Wye = Wa [sin Pesh F (a, sin 2Pesh2)/(2 V1 ag a; sin?p.sn2)] 
Ji = (ro +r) ec (1 + sin? Pesn1)/(C0S? Posht) 
He — oca [cos Peshe + (a, cos 2Pesho gs ai sint Pesha) ¡(1 m a; 
x sin? Pesno)?) 


| 
¡(15.157 
) 


where r is the roller radius, m; a,=a/(r,r). 


l The maximum value of angle Pesro max iS determined from equa- 
tion (15.14) and that of Pesrimaz from the relationship 


tan Qesni'max = asin Qesno/(ro + Y) (15.16): 


For cams of symmetrical profile the law of changes in hy, wz 
and j,, when lifting and lowering, remains unchanged. 


:314 PART THREE. DESIGN OF PRINCIPAL PARTS 


hp, mm f£y dt, mm?s 
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‘Fig. 15.4. Diagrams of tapped (follower) lift, velocity and acceleration; full 
time-section of a valve 


The lift, velocity and acceleration of the valve for the valve gear 
of a bottom-valve engine are determined by equations (15.12) through 
(15.15), since kh, = hy, wy = wy and j, = jj, and those for a valve 
gear with overhead valves and rockers or fingers, by the relationships 
(Fig. 15.3 a and b) hy = hjl,/lg wo = willi jy = jiloli 

Given in Fig. 15.4 are diagrams of hs, w; and j; for a flat follower, 
when sliding over a convex cam versus esn. The same diagrams shown 
to a scale changed by the value of /,/l; are the diagrams of lift, ve- 
locity and acceleration of the valve. 


15.3. SHAPING HARMONIC CAMS 


Unlike the above-considered cams, the so-called harmonic cams 
used now for high-speed engines are formed to shape in compliance 
'with a preselected and computed manner of valve motion. The valve 
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motion manner is chosen so as to obtain a maximum possible time- 
section of the valve at minimum possible accelerations. A smooth 
and continuous change in the curve of valve and follower accelera- 
tion (Fig. 15.5) is a prerequisite 
for obtaining a harmonic cam pro- 
file. 

Unlike the cams formed to shape 
by arcs of circles (see Sec. 15.2), 
shaping a harmonic cam is started 
with plotting a valve acceleration 
diagram. Following the  choser 
manner of changing acceleration, 
determine the manners of changes 
in velocity and lift of the valve. 
In order to obtain these manners 
and plot diagrams of valve and Fig. 15.5. Valve accelerations when 
follower velocity and lift, use use is made of harmonic cams 
is made of various graphical and 
analytical methods, techniques of graphical integration and differen- 
tiation, and all computations as a rule are carried out on computers. 

Harmonic cams are designed 
approximately as follows: 

1. Define the valve timing pha- 
SeS Pad» Pre, and Gesho) Maximum 
valve lift hk may and maximum 
follower lift hj max- 

2. Define the manner of change 
in the follower acceleration, pro- 
viding positive accelerations not 
in excess of 1500-3500 and  nega- 
tive — not above 500-1500 m/s?. 

3. Draw a base circle (Fig. 15.6) 
with radius rọ and a cam heel 
circle to radius re = ry — As, where 
As is a clearance between the 
valve and the follower (for recom- 

| mendations on the values of r,, r, 

Fig. 15.6. Profiling a harmonic and As, see Sec. 15.2). 
om 4. Determine the positions of 
the points at which the valve starts 
to open A and completes its closing A’ in compliance with the taken 

angle @.sn9 [see formula (15.8)]. 

Lay off angles (¿y corresponding to taking-up the lash in 
moving to the high part and from it (the leaving-off section Do, rad): 








P, = x?As/(2 X 180 ojo.) (15.17) 
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Fig. 15.7. Diagram of follower lift, velocity and acceleration; full time-section 
of a valve when use is made of a harmonic cam 


where «;o, = 0.008 to 0.022 is the follower velocity at the end of 
moving from the high part (points A and A'), mm/deg. 

6. Draw radial lines 00, 01, 02 and so on from point 0 at every 0.5° 
(or 1-2°, depending on the accuracy of plotting). 

7. Lay off the values of follower lift (taking-up clearance As must 
be taken into account) abi, a55,, . . ., ajbj, Gi+1bi+is + + ., etc. on 
the drawn lines moving from the circle of radius r,. 

8. Construct perpendiculars to the radial lines from points b. 
by, ..., bj Digi, .. . towards the cam axis of symmetry. 
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9. Draw an envelope to the constructed perpendiculars, which will 
be the searched profile of the harmonic cam. 

Depending upon the requirements imposed on the valve gear, 
harmonic cams may be designed either with or without taking into 
account the elasticity of the valve actuating parts. The cams designed 
with the elasticity of valve gear parts not taken into account include 
a cam designed on the basis of the law of acceleration variation shown 
in Fig. 15.7 (Kurtz's cam). The acceleration curves of this cam con- 
sist of four portions: (1) tapering (D,, a cosine curve; (2) positive 
accelerations (D,, half the sine wave; (3) first section of negative 
accelerations D,, 1/4 sine wave; (4) second section of negative accele- 
rations Dz, a segment of parabola. 

It is good practice to choose the angular extent of D,, D, and 0D, 
of various sections of the follower acceleration from the relationships 


G, + D, + Dz = (1/180) Pesno 
D, = (0.10 to 0.25) D, (15.18) 
Q, +0, — (1.5 to 3.0), 


The shorter the section of positive accelerations, the larger the 
area under the follower lift curve. In this case positive accelerations 
increase and negative accelerations decrease. 

The expressions for the follower lift, velocity and acceleration 
with a harmonic cam for various sections of the cam profile are 
given below. 

The cam section of tapering (0< Pe = Peo < Do): 


- nu 
ho = As (4 — COS 205 Peo) | 
T . i 
050 = Aste gq" SiN FH Qu $ (15.19) 
y m \2 TU | 
j= Asad (agy) COS zz Peo | 


The section of positive accelerations (0<p.=Q., <D,): 
= gis SE 7 
h, = As +C11Pc1 — Cy, sin D, Pet | 
N T 
Of, = Oe (e — 61 p cos D Pex) (15.20) 
J 


; 9 T 2, TT 
jj — 08| cy (3) sin Par | 
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The first section of negative dread O< Pe = Fox Do): 
ho = hye + Coy Pez ZA Coo sin 557 70, Pez } 


hy. = As + c, 
15.21 
(0;5 = We (en + 22 zl COS 2. Pez) 1 ( 


2, 
jp =0%| — ca (5) SIN 357 75, Per | J 
The second section of negative accelerations (0< Pe = 9,3; S G4): 
hg = hze 3-03, (D3 — Pog)* — C32 (P3 — Pog)” -+ C33 
hos = AS + ey,D, + 03,005 + 05; 
(0/3 = We | — 4C gy (Dz — Pog)? + 20 32 (Dz — Pez)] 
jia = 0% [120 3, (05 — Peg)? — 2c 32] 

The following designations are used in formulae (15.19) through 
(15.22), in Figs. 15.6, 15.7 and in the computations that follow: 
o, = angular velocity of the camshaft, rad/s; q, = current value 
of the cam rotation angle, deg.; Peo, Qc; Pez, Peg = Current value of 
the cam rotation angle from a certain portion of the cam profile 
(Poio = 09) to the end of that portion (q,,;,, = Df); in equa- 
tions (15.19) through (15.22) the values of q,,; that are not under 
the sign of trigonometrical functions are expressed in radians, and in 
the other cases, in degrees; D,, (D,, D,, Dz = angular intervals of 
the certain follower acceleration sections (in the formulae, angular 
intervals are expressed in radians and in the figures, in degrees); 
hy max and h; max = maximum lifts of the valve and follower, mm; 
h = h; + As = follower lift with the lash taken up, mm; ho, hi, ho. 
h, — current follower lift on the corresponding sections of the cam 
profile, mm; 0,9, Of Wye, M73 = velocities of the follower on the 
corresponding sections, mm/s or m/s; es, = follower velocity at 
the end of coming off the cam high part, mm/rad; jjo, jj. Jiz Jia = 
= follower accelerations on the corresponding sections, mm/s? or 
m/s*; hi», Ojiw jfi Gei,b = lift, velocity, acceleration of 
the follower and rotation angle of the cam at the beginning of the 
corresponding section; Cii, C45; C21, Cog) Cai» C32) Cga = coefficients of 
the follower lift law that are determined from the equalities of lifts, 
velocities and accelerations at the section boundaries: 


hze = hy max HAS; CyyDy + 02,005 + Cop + Csa — hy max =O 1 
hay = = hoe; c3, P; — Cay D; + 634 =0 


Ojo = Oge; C11 — C450 D, — Ofoe = O | (15.23) 
| 


(15.22) 


O55 = Ojei Cyy + C554 D, — Coy — 055/200; = 0 
55 = Qe; Coy + 4c3,0D5 — 20540, = 0 
] 535 = J 120; Cool TU 20,)?+ 12c5,00— 2c3, = 0 
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Since we have only six equations, while there are seven coefficients, 
we add one more relationship characterizing the form of the negative 
part of acceleration curve: 


Jieeljfae = Z (15.24). 
For the Kurtz cam it is recommended that Z = 5/8. 
Adopting the following abbreviated notation 
u 0,12. n HZ qe. p 4722 
L-82():; == t ht ‘| (15.25) 
K= kitka +k,®,; K= k +420, n 
we obtain the final set of equations to define the seven coefficients- 
of the follower motion law 


Cyy = (Ky Wjoe + Koh; max)/(2K, + K50) 

C12 = C= (foe) Q,/n 

C39 = (20,4 — Of0e)/Ko; Coy =Cgokg; Con = C33lt 
Cg, =Cg2 (1 — 2)/(6D3); C33 = Conky 





(15.26). 


The values of all coefficients are then computed by formulae (15.24) 
through (15.26) accurate up to six or seven places, the results being 
next checked by formulae (15.23). The values of lifts and velocities 
at points where profile sections merge one into another should not 
be over 0.0001, and those of accelerations, over 0.001. 

After the coefficients have been computed, formulae (15.19) 
through (15.22) are used to compute lifts, velocities and accelerations, 
and also other values characteristic of the follower kinematics and. 
the cam profile. 

The follower maximum velocity (in mm/s) 


Ofmax = We (C11 + Cie 1/0) = We (Coy + Cog 1/2D,) = 
= QUK, (15.27 


js max = elie (10)? (15.28 


) 
The maximum and minimum acceleration of the follower (mm/s?) 
jimin = — 8263s (15.29) 


With a flat follower, the minimum radius (mm) of the cam pro- 
file nose 


Omin = Te th — 203a (15.30) 


_With a flat follower, the maximum radius (mm) of the cam pro- 
file curvature 


Cmax = Te + As + c,¡D,/2 T 02 [(1/0, y? — 1] (15.31). 
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The values of oq, and Pmax are utilized in defining the contacting 
loads between the cam and the follower, and the value of pmax is 
used to roughly determine the cam profile flank and ramp. 

Figure 15.7 illustrates the diagrams of the lift, velocity and acce- 
leration of a flat follower when moving over a harmonic cam versus 
the angle of camshaft rotation. The same diagrams taken to a scale 
varied by the value of l,/l; are used as diagrams of the lift, velocity 
and acceleration of the valve. 


15.4. TIME-SECTION OF VALVE 
By the diagram of valve lift (Figs. 15.4 and 15.7) we graphically 
ty 
determine the valve time-section | F,dt (mm? s) and mean area 


t 
F, m (mm?) of the valve passage section per intake stroke: 


ts 


| F, dt =M\M pF ua (15.32) 
ti 
t, 
pdt M,M pF M 
_ fy ae NA Ads AF 
Sin Sy Rams ag eso (em 


where M, = M ¿¿/6n, is the abscissa axis time scale in the valve lift 
diagram, s/mm; Mc is the scale of the camshaft rotation angle, 
degjmm; neis the; camshaft rotation speed, rpm; Mp = Mynd ¿pr 
cos a is the valve passage section area scale on the axis of ordinates, 
mm?/mm; M, is the valve lift scale, mm/mm; dipr is the throat dia- 
meter, mm; & is the angle of the conical seat surface of the valve 
(M p = M» 2.72 dir ate = 30°, My = M, 2.22 dh. ata = 45°); 
Fa»bca is the area under the curve of valve lift per intake stroke, mm’; 
la a is the duration of the intake stroke by the diagram, mm. 

The full time-section of the valve from its opening to its closing 


tre 


| F, dt =M MF 


tad 


where £, ¿ and £,, is opening and closing time of the intake valve, s; 
Fin = MF aven/lagis the area under the entire valve lift curve, 
mm’. 

The time-section and the mean area of passage section of an exhaust 
valve per exhaust stroke is determined in the same way by the 
exhaust valve lift curve. 
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The mean flow velocity in the valve seat 
Win = ee ul y son (15.34) 


oi, = 90 to 150 m/s for carburettor engines and œi, = 80 to 120 m/s 
for diesel engines. 


45.5. DESIGN OF THE VALVE GEAR FOR A CARBURETTOR ENGINE 


From the heat analysis we have: cylinder bore B = 78 mm, 
piston area F, = 47.76 cm’, engine speed at the nominal power 
ny = 5600 rpm, angular velocity of the crankshaft œ = 586 rad/s, 
mean piston speed vy, m = 14.56 m/s, mixture velocity in the seat 
passage section at the maximum lift of intake valve o, = 95 m/s, 
angle of advance opening of the intake valve Paa = 18”, angle of the 
intake valve closing retardation q,. = 60°. The valve gear is an 
overhead type with an overhead camshaft. 

The design computations are made for cams of two types: a convex 
cam whose profile is formed by two circle arcs and a harmonic 
(Kurtz cam) cam having a symmetrical profile. 

1. Main dimensions of passage sections in the throat and valve: 

the valve passage section at the maximum lift 


Fy = vy mi og = 14.56 x 47.76/95 = 7.32 cm? 
the valve throat diameter 
din, = V 4F uix = V4 X 8.20/3.14 = 3.23 cm 


where F,,. = 1.12 F, = 1.12 x 7.32 = 8.20 cm*. 

From the condition of a possible arrangement of overhead valves 
in the head (a wedge or lozenge combustion chamber), the throat dia- 
meter may reach dinr = 0.458 = 0.45 x 78 = 35 mm. We as- 
sume dirr, = 32.05 mm. 


The maximum valve lift at valve cone seal angle « = 45° 
hy max = V 4.93d},,, + 4.44F,/2.22 — dinr 
= y 4.93 x 32.5% + 4.44 x 732/2.22 — 32.5 = 8.92 mm 


2. The main dimensions of the intake cam: 
The base circle radius 


To = (1.3 to 2.0) hy max = (1.3 to 2.0) 8.92 = (11.6 to 17.8) mm 


we take r, = 15 mm. 
The maximum follower lift 


hy max = Mo maxly/l, = 8.92 X 33.5/52.6 = 5.68 mm 


where J; = 33.5 mm and l, = 52.6 mm are the distances from the 
support (see Fig. 15.3a) to the cam and valve (in this valve gear the 


21—0946 
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follower function is performed by a rocker contacting directly the 
cam) taken from the design considerations. 

3. Shaping a convex cam with a flat follower. The arc radius of the 
cam convex profile r,> 1.5 mm and we take r, = 8.5 mm, then 


a? -- rà — r— 2arg COS Qesno 
2 (ro—r3— 4 COS Fesho) 
__ 12. 18? + 15? — 8.5? — 2 x 12.18 x 15 cos 64°30’ 
2 (15— 8.5— 12.18 cos 64°30’) 


Py = 


= (q.d 180? ew, Ac (18: 80 60)/4 = 64°30’. 
The maximum angle when the follower rises along the arc having 
radius 7, 


" a sin q 12.18 sin 64°30’ , 
SIN Peshj max = mE = 7 7 285 = 0.226, Peshi Max — 13°03 


where a = ry, +h O Pesho 


The maximum angle when the follower rises along the arc having 
radius r, 
arima = Coro Marias = 04230 = 13°03" —5127 
The follower lift by the camshaft rotation angle 
hj == (ri — Fo) (1 — cos Pesni) = (57.2—15) (1— cos Qesn1) 
42.7 (1 — cos Qeshni) mm 
hig = a COS Pesna + rg — ro = 12.18 COS Pesna + 8.5 — 15 
= (12.18 cos Pesha — 6.5) mm 
The follower velocity and acceleration 
Wy = (Ty — ro) We SIN Qo = (957.2—15) 107? x 293 sin Qesny 
= 12.36 sin Ge, m/s 
Wyo = Oca Sin Posng = 293 X 12.18 X 107 sin Gesno 
= 3.97 sin QPesho m/s 
yi = (ri — ro) 0% COS Pesar = (97.2 — 15) 107? x 293? cos Posh 
= 3623 cos @esn, m/s? 
jj = — oga COS GFogng = —293? x 12.18 X 1073 cos Geshe 
= — 1046 cos (esp. m/s? 


where w. = 0.5 œ = 0.5 x 586 = 293 rad/s is the angular velocity 
of camshaft rotation. 

The values of hy, o; and j; computed by the above formulae versus 
the camshaft rotation angle (and crankshaft angle) are given in 
Table 15.1. 
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Shown in Fig. 15.4 against the data in Table 15.1 are diagrams of 
follower lift, velocity and acceleration. 

4. Shaping a harmonic cam with a flat follower. The clearance bet- 
ween the cam and the follower is taken as As = 0.25 inm. Next we 
determine the radius of the cam heel circle (see Fig. 15.6): 


re = Ta — As = 15 — 0.25 = 14.75 mm 
The length of taper 


TAs 3.141592 x 0.25 , 
D, = —-— = ALA — 0.342694 zæ 19°38’ 
9 2X 1800/06 ? x 180 x 0.02 0.34 rad 9 


where W/g- = 0.02 mm/ is the follower velocity at the end of taper 
taken within the limits recommended for harmonic cams (see 
Sec. 15.3). 

The length of other sections of follower acceleration (b, = 23°30’ 
= 0.410152 rad, D, = 4? = 0.069813 rad, Dz = 37° = 0.645771 rad 
satisfies the recommended relationships (15.18): 


D, + D, + Dz = MQesno/180; D, + D, +O; — 194,180 = 0 
0.410152 + 0.069813 + 0.645771 — 3.14159 x 64.5/180 = 0 
Q, = (0.1 to 0.25) Dz; D,/D, = 0.1 to 0.25 
0.069813/0.645771 = 0.108 
D, + 4 = (1.5 to 3.0) d; (0, + Dy¿/D, = (1.5 to 3.0) 
(0.069813 + 0.645771)/0.410152 = 1.745 


The auxiliary values [see (15.25)] and the coefficients of the follo- 
wer movement law [see (15.26)]: 


ka = EZ qp; = 222 0,6457712 = 0.390956 


hy = 127 y, = E? X9P 9.645771 = 1.130099 


K, = k, + ka + kg D, = 0.002469 + 0.390956 + 1.130099 
x 0.069813 = 0.472321 


0.069813 


3 12158 = 1.185654 





K, =k, +42 D. 4.130099 + 4 = x 


where Z= 5/8 is taken by the recommendations for the Kurtz 
cam (see Sec. 15.3). 


Ki070 Kahf max 0.472321 x 1.145917 +. 1.185654 x 9.68 — 5.084597 


Cu— 9K, 1,0, ^^ 2x0.4729 } 1.185854 x 0.410152 ` 
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where jo. is the follower velocity at the end of running from the 
cam nose (taper) mm/rad: 


Ofoe = foe X 180/n = 0.02 x 180/3.14159 = 1.145917 
cia = (011 — Ojoe) D,/nt = (5.084597 — 1.145917) 
X 0.410152/3.14159 = 0.514217 
caa = (20,1 — Ofe)/Ka = (2 X_5.084597 — 1.145917)/1.185654 
= 7.610380 
Co, = Cak = 7.610380 x 1.130099 = 8.600483 


Caa = Caak, = 7.610380 x 0.002469 = 0.018790 
1—Z 1-5/8 
65, = Cae “apy = 1-610380 S sry = 1.140589 


Caa = Cazka = 7.610380 x 0,390956 = 2.975324 





Checking the computed values of the coefficients by formulae (15.23): 


cP, + caba + Cop + Cas — hmar = 5.084597 x 0.410152 
+ 8.600483 x 0.069813 + 0.018790 + 2.975324 — 5.68 
= — 0.000002 ~ 0 
Ca Di — Cab? + caa = 1.140589 x 0.6457714 — 7.610380 


x 0.645771? + 2.975324 = — 0.000003 ~ 0 
Cy — Cyqt/D, — oy, = 5.084597 — 0.514217 x 3.14159/0.410152 
— 4.145917 = — 0.000004 ~ 0 


€i + C43 n/O, — cy, — Cza x (200,) = 5.084597 + 0.514217 
x 3.14159/0.410152 — 8.600483 — 0.018790 x 3.14159/2 
x 0.069813 = 0.000022 ~ 0 
Cai + Ácg D$ — 2c,,D, = 8.600483 + 4 x 1.140589 x 0.645771 
—2 x 7.610380 x 0.645771 = — 0.000002 ~ 0 


m \2 " 3.14159 2 
Cop (zo. ) + 12c4,02 — 203, = 0.618790 (0 000815 5m) 
+12 x 1.140589 x 0.645771? — 2 x 7.610380 


= — 0.000508 = 0 


The results obtained are within the permissible limits, as the values 
of lifts and velocities at the points where one section merges into 
another lie within 0.0001, and those of accelerations, within 0.004. 
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The follower lift versus the cam angle (camshaft angle) q, is 
TU o o 1 
ho= As (1— cos gg Peo) Pog = 0° — 19°38 


3.14159 A 
hy = 0.25 ( 1 — cos ,— oggi Peo) = 0.25 (1 — cos 4.583666q,,) 


hy = As + e, — 6,5 sin Pei Pe = OF — 23°30' 
1 
h, — 0.25 + 5.084597q,, — 0.514217 sin 4% 


0.410152 Vei 
— 0.25 + 5.084597, — 0.514217 sin 7.659575 Qe, 


At Pa = Pae = 2330" = 23.5° = 0.410152 rad 
hy. = 0.25 + 5.084597 x 0.410152 — 0.514217 sin 7.659575 x 23.5 
= 2.335458 mm 
hy = hye + Coyeo + C22 sin zg Pezi Peg = 0 — 4 
h, = 2.335458 + 8.600483q,, + 0.018790 sin 17 Vez 
= 2.335458 + 8.600483@,. + 0.018790 sin 22.500036 Pes 
At Qe. = Peze = 4 = 0.069813 rad 
hoe = 2.335458 + 8.600483 x 0.069813 + 0.018790 
X sin 22.500036 x 4 = 2.954674 mm 
hg = hoe + Ca (P3 — Qea)* — C32 (Da — Pea)? + 033; Pes = 0037" 
hg = 2.954674 x 1.140589 (0.645771 — Pe} 
—7.610380 (0.645771 — qe)? + 2.975324 
At Qc3 = Pese = 377 = 0.645771 rad 
h, = 2.954674 + 1.140589 (0.645771 — 0.645771)* — 7.610380 
x (0.645771 — 0.645771)? + 2.975324 
= 50.929998 = 5.93 mm = Rimax + AS 
The follower lifts on sections D,, ©, and (D, are computed every 1° 
and at section D,, every 30’ = 0.5°. The resultant values are tabula- 
ted. To reduce the content, Table 15.2 covers the values of ho, h,, he 


and hk, at greater intervals 
The follower velocity 


Oro = €, 1073 As XD. sin Xo. Peo’ Pep = 0^ — 19*38' 





3.14159 — . — 3.14159 
= -3 rn r mE y DEED UU 
010 = 293 x 10° x 0.25 1 694 $I 25: 0.342694. Peo 


q? crankshaft 


Timing phases 


@° camshaft 
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D: 020| — {+0 
DM 076| — |+0 

i 0.193| — |+0 
19938" 0.2501 — |--0 
Y 10.25010 40. 

E 1 |0.375/0.125|--0. 
9 0.569/0.319|--4. 
9 $c110.569]0.319|--1. 
15 1.115/0.815| 2-1. 
20 | 1.7934 .543|--2. 
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5 3.667/3.417|-+2. 
10 4.297/4.047|-+1 
20(?e3  |5.26915.019|--1 
30 5.817/5.567|4-0. 
37 5.930/5.680| 0 
37 5.93015.680| 0 
30 5.81715.567|—0. 
20 5.269[5.019|—1 
10 4.297/4.047|—1 
5 {Pes 3.66713.447|-2. 
2230' 3.32113.074]—2. 
2°30’ 3.32113.071|—2 
0 2.955|2.705|—2. 
4 2.955|2.705|—2. 
alge 2.649|2.899| — 2. 
0 2.335|2.085|—2. 
23°30’ 2.335|2.085| —2 
20 1.7934.543|—2 
15 1.115/0.865| — 1 
9 Pc1l0.569/0.319| —1 
5 0.375|0.125|—0. 
0 0.2500 —0. 
19°38’ 0.250) — (=0. 
15 0.193] — |—0. 
10 Peo[0.076| — |-0 
5 0.0200 — |-0. 
0 0 0 
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h = Ny -- As, mm 
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Table 15.2 


0 f, m/s 
Jy, m/s2 


454 
-415 
-1314 
-+163 
.3358 0 


3358 0 
5841 |-1-1605 
0749|--2417 


0749|4-2417 
9756|-1-2349 
2198|-- 1168 
6438 0 


. 6438 0 
6075| —577 
9199| —817 


.9199| —817 
2919| —940 
.9617| — 1046 
. 2883] — 1203 
5424] — 1289 

— 1307 


—1307 
9424| — 1289 
.2883| — 1203 
. 9617} — 1046 
2979} —940 
3935| —881 
.3935| — 881 
5199 —817 
5199} —817 
6075] — 577 
6438; | —0 


.6438| | —0 
.5198|+-1168 
.9756|-1-2349 
.0749|--2417 
5841 |-+-1605 
3358 0 


3358 0 
3129| -+163 
.2408| +314 
1397| +415 

+451 


. 1307 
. 2408 
.9129 


t 


\ Fydi, mm2s 


x 


tad 


Li] 


0.000 
0.003 
0.007 


0.007 
0.031 
0.073 
.118 


118 


168 
168 
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= 0.335754 sin 4.583666 q, m/s 
- T y f o L) o 
07 = 0,1073 (es — fas wp 0954s Pa) 5 Pe = 0° — 23°30! 


- 3.14159 3.14159 
01 = 293 x 1073 (5.084597 — 0.514217 SA cos rois Par) 


= 1.489787 — 1.154034 cos 7.659575, m/s 
At Ga = Pere = 2330 = 23.5°=0.410152 rad Ofe = Of e= E 0 max 
Osmax = 1.480787 — 1.154034 cos 7.659575 x 23.5 = 2.643821 mys 





= T TU r 
0,5 = 0,107? (Cop + C2 20, 095720, Pez) > Deg = 0" — 4 


E. ts 3.14159 3.14159 


= 2.919942 + 0.123873 cos 22.5000369,," m/s 
Osa = 0-107? [Leza (Da — Pea) — ácsi (Da — qca)?]; Pes = 0°—37 
0,3 = 293 x 1073 [2 x 7.610380 (0.645771 — qe) — 4 x 1.140589 
X (0.645771 — qg)?] = 4.459683 (0.645771 — q.3) 
— 1.336770 (0.645771 — Qeg) m/s 
The values of o;,, 05,, 072 and wsz computed by the above formu- 


lae versus the cam (camshaft) angle are entered in Table 15.2. 
The follower acceleration 


2 o o / 
jio = 02: 107? As (x5. ) cos- Peo; Peo = 0^— 19°38 


3.14159 


3.14159 
2x 0.342694 Peo 


jio = 293 x 1072 x 0.25 a 
= 450.921838 cos 4.583666«,, m/s? 


2 
) Cos 


jn = ot-1076, (p) sin q Gai Ger = 0° — 28°30" 


o, 
: x 3.14159 42 . 3.14159 
ja = 298? x 1073 x 0.514217 (Su | n X uon; Ya 


= 2589.947827 sin 7.659575, m/s? 
At ey = Pere = 23°30! = 23.5? = 0.410152 rad jj = jj 
jn, = 2589.947827 sin 7.659575 x 23.5 = 0 


: 2 AN- ny. Tr ! 
iso = — we: 10 365» (537) SID yg, ez: Pez = 0° — 4° 


3.14159 2, 3.14159 
. CT 2 -3 m 
ji; = — 2932 x 1073 x 0.018790 (aes 0-089813 ) sin ,— aay Vez 


= — 816.635846 sin 22.5000369,, m/s? 
jr; = 06-107? [12e3; (Ds — Pes)? — 250); Pes = 0° — 37° 
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jja = 293% x 107? [12 x 1.140589 (0.645771 — qa)? — 2 

x 7.610380] = 1175.021101 (0.645771 — @,,)2 — 1306.687025 m/s? 
At Qu = Quse = 37° = 0.645771 rad jjs = jjge = jin; 

= 1175.021101 (0.645771 — 0.645771)? — 1306.687025 

— —1306.687025 m/s? 


] min 


The values of jjo, jji, j; and jja computed by the above formulae 
versus the cam (camshaft) angles are entered in Table 15.2. 

The follower lift, velocity and acceleration diagrams are plotted 
in Fig. 15.7 according to the data in Table 15.2. 

The minimum and maximum radii of the harmonic cam profile 
with a flat follower are: 


Pmin = Te + h — 2e35 = 14.75 x 5.93 — 2 x 7.610380 
= 5.45924 mm 


where h = himax + As = 5.68 + 0.25 = 5.93 mm. 


Pmax = re + As + e400,/2 + cia [(n/D,)? — 1] = 14.75 + 0.25 
+ 5.084597 x 0.410152/2 + 0.514217 
x [(3.14459/0.410152)? — 1] = 45.697155 mm 


9. The time-section of valve. The diagrams of follower lift (see 
Figs. 15.4 and 15.7) plotted to scale M pe = 1°/mm on the abscissa 
axis and Mp; = 0.1 mm/mm on the ordinate axis are the valve lift 
diagrams, if the ordinate axis scale is changed to 


Mn o = hy maxM n, ih max = 8.92 X 0.1/5.68 = 0.157 mm/mm 


The valve time-section is 
te 
| F,dt — M,M pF abed 
ty 
where M, — M,,/(6n,) = 


My = Mh» x 2.22 di, = 
for a convex cam 


1/(6 x 2800) = 5.952 x 10-5 s/mm; 
0.157 x 2.22 x 32.5 = 11.3 mm?/mm;. 


ty 
| F, dt = 5.952 x 1075 x 11.3 x 3820 = 2.569 mm?s 
ti 
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where Fapca = 3820 mm? is the area under the follower lift curve 
(see Fig. 15.4) per intake stroke; 
for a harmonic cam 


te 
| F, dt = 5.952 x 1075 x 11.3 x 3600 = 2.421 mm? s 


th 


where Fasea = 3600 mm? is the area under the follower lift curve 
(see Fig. 15.7) per intake stroke regardless the area corresponding to 
clearance As. 

The mean cross-sectional area of the valve passage 


ty 
F, s | Fy dti(tz—t)) = M pF areallaa 
ü 
where laa = 90 mm is the intake stroke length as per diagrams (see 


Figs. 15.4 and 15.7): 
for a convex cam 


F, m = 11.3 x 3820/90 = 480 mm? = 4.80 cm? 


for a harmonic cam 
Fo m = 11.3 x 3600/90 = 452 mm? = 4.52 cm? 


The mixture flow velocity in the valve seat 
Oin = Up e Ful Fo. m 
for a convex cam 
Wj, = 14.56 x 47.76/4.80 = 145 m/s 
for a harmonic cam 


oi, = 14.56 x 47.76/4.52 = 154 m/s 


The full section-time of a valve 
x 
| F,dt — M,M,F, 
tad 


where taqa is the moment of time the intake valve begins to open; 
1, and F, are the current values of time and area under the follower 
lift curve (see Figs. 15.4 and 15.7). 

The full time-section of the valve versus the cam (camshaft and 
crankshaft) angle is illustrated in Fíg. 15.4 for a convex and in 
Fig. 15.7 for a harmonic valve. The numerical values are com- 
puted and entered in Tables 15.1 and 15.2, respectively. 
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Comparing the basic figures of valve timing with the convex and 
harmonic cams, we may come to the following conclusions: 

1. The initial conditions being the same (w,. Fo hy max, Pt mas; 
(cs Ao, Vin) the maximum positive accelerations and thus the maximum 
inertial loads have reduced in the case of a harmonic cam by 33.3 per 
cent (2417 to 3623 m/s?). The negative accelerations have somewhat 
increased (from 1046 to 1307 m/s?). 

2. The time-section of a valve with a harmonic cam have decreased 
by 5.8 per cent (from 2.569 to 2.421 mm?s) with a resultant increase 
in the mixture mean flow in the valve seat from 145 to 154 m/s. 

3. When changing over from convex to harmonic cams, in order 
to sustain and more than that to improve the basic design figures of 

i 


valve timing (| FOE P. win) we have to increase the valve pas- 


th 
sage section on account of expanding timing phases and increasing 
the maximum lift of the valve. 


15.6. DESIGN OF VALVE SPRING 


At all speeds the valve spring must provide: (1) tight seal between 
the valve and its seat, keeping the valve closed during the entire 
period of time the follower moves over the base circle ro; (2) conti- 
nuous kinematic contact between the valve, follower and cam when 
the follower moves with negative acceleration. 

The tight seal of valves is ensured: 

for an exhaust valve at 


E, min > Fihr (pr = Pa) (15.35) 


where P; min is the minimum pressure of the spring with the valve 
closed, N; Fihr is the throat area, m?; p; and p, are the gas pressures 
in the exhaust manifold and in the cylinder during the intake, res- 
pectively, MPa. 

In the carburettor engines the pressure difference (p. — p,) reaches 
0.05 — 0.07 MPa, and in the diesel engines, 0.02-0.03 MPa; 

for an intake valve in unsupercharged engines practically at any 
minimum spring pressure and in supercharged engines at 


P, min > Fir (Pe Pe = Pr) (15.36) 


Where p, and p, are the gas pressures in the intake manifold (super- 
charging pressure) and in the cylinder at exhaust, MPa. 

he kinematic contact between the valve gear parts is provided at 

P, = KP, v (15.27) 


where K is the safety margin (K = 1.28 to 1.52 for diesel engines 
employing mechanical centrifugal governors and K = 1.33 to 1.66 
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for carburettor engines); P}, v is the valve gear inertial force referred 
to the valve; when the follower moves with negative accelera- 
tion, N. f 

The valve spring design consists in: (4) determining the spring 
elasticity force P; ,.; (2) selection of the spring characteristic by 
force P; yz, taking into account safety margin K; (3) checking the 
spring minimum force when the valve is closed; (4) selection of the 
spring dimensions, and (5) determining the safety factor and frequen- 
cy of the spring surge. 

The inertial force referred to the valve axis, when the follower mo- 
ves with negative acceleration 


Piv — Myj ve = — Mo jgololls (15.38) 
where M, is the total mass of the valve gear referred to the valve, kg. 
With bottom valves 


M, =m, + m,/3 +m; (15.39) 


where m, is the mass of the valve set (the valve, spring retainer, 
lock); m, is the spring mass; my is the follower mass. 
With overhead valves 


My, =m, + m,/3 + (mj + mpr) (ll)? + m; (15.40) 


where mp, is the push rod mass; m; = J,/ z m, (ly + 1)*A2G 
is the rocker mass referred to the valve axis with a two-arm rocker 
having a support in the form of a stud; m; = J ,/ ~ m, (317) is the 
mass of the rocker referred to the valve axis with a finger rocker 
having a support in the form of a bolt (see Fig. 15.3); J, and m, are 
the rocker moment of inertia relative to the axis of rocking and ro- 
cker mass, respectively. 

When computing newly designed engines, masses My, Ms, My, 
mp; and m, are taken by the design dimensions and statistical data of 
similar valve gears. With different valve arrangement and train, 
the design masses M; = M,/F,,, for exhaust valves have the follow- 
ing values (in kg/m?): 


Bottom valve engines . ............... 220-250 
Overhead valve engines with a bottom camshaft . . . 230-300 
Overhead valve engines with overhead camshaft . . . 180-230 


Illustrated in Fig. 15.8 is the curve of inertial force P; ¿2 of the 
reciprocating masses referred to the valve axis. This curve is used 
then to plot curve abc (with a chosen value of K) of the required 
spring elastic forces P, — KP;,,, when the follower moves with 
negative acceleration. By means of the diagram illustrating valve 
lift h,, curve P, = f(q,)is replotted to coordinates f,-P, (the 
spring deflection, i.e. the spring elastic force), as shown in Fig. 15.8. 
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Fig. 15.8. Graphical plotting of spring characteristic 


n_n 


The resultant curve a”b”c” shows the required spring elastic force 
versus the valve lift, i.e. the required characteristic of the spring 
(for a convex cam with a flat follower, the curve a"b"c" is a straight 
line). Substituting the straight line a'c" for the curve a'b"c" and 
extending it till it crosses the vertical axis (point O”), we obtain 
a possible characteristic of a real spring. 

The line segment cut off by straight line a"O" on the horizontal axis 
(h, = 0) corresponds to the minimum elastic force of the spring with 
the valve closed, i.e. to force P; min of the spring preloading. If the 
value of P; min fails to satisfy inequalities (15.35) or (15.36), force 
Ps min must be increased on account of K or fmax- 

Referring to the spring characteristic plotted graphically, we 
determine: predeflection fmin, complete deflection fmax = fmin + 
+ hy max and spring stiffness c = P, max/fmax- 

, ith a convex cam having a flat follower, the spring characteris- 
tic can be selected directly by the cam parameters: 
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the maximum force of spring elasticity 
Psmax = M,Kal,o/l, 
the minimum force of spring elasticity 
Ps min = M,K (rg — ra) lyws/l; 


the spring stiffness 
c = M,Kw? 


the predeflection of the spring 
fmin = Psmin/¢ = (rg — rs) ll; 
the full deflection of the spring 
fmax = fmin + Ro max = al,/l; 


The basic dimensions of a spring are: mean spring diameter D,. 
wire diameter 6,, number of coils i, coil lead £ and spring free 
length L,. 

The mean coil diameter is generally taken by construction consi- 
derations as dictated by the valve throat diameter, D, — (07 to 
0.9) dinr, and wire diameter 6, = (3.5 to 6.0) mm. When two springs 
are used on a valve, the wire diameter of the inner spring 6, = 2.2 
to 4.5 mm. 

By the taken values of D, and chosen characteristic of the spring, 
we determine: 

the number of active coils 


ig = Gôifmax/ (8Ps max D3) (15.41) 
where G = 8.0 to 8.3 is the shear stress modulus of elasticity, MN/cm?: 
P, max is the spring force of elasticity, MN; D, and fmax are the mean 
coil diameter and full deflection of the spring, respectively, cm: 


0, is the wire diameter, cm; 
the full number of coils 


the coil lead of a free spring 
t = 6, + Imax! ta + Amin 


where Amin = 0.3 is the minimum clearance between the spring 
coils with the valve fully open, mm; 
the spring length with the valve fully open 


Lmin = L0, + io min (15.42) 
the spring length with the valve closed 
Ly = Lmin + Pomax (15.43) 


CH. 15. DESIGN OF VALVE GEAR 335 


the length of free spring 


Lir = Lmin E fmax (15.44) 
The maximum tangential stress arising in the spring 
Tmax ~ OPS maxD ,/ (162) (15.45) 


where k' is a coefficient accounting for nonuniform distribution of 
stresses in the spring coil transverse section. This coefficient is 
dependent on the spring ratio D,/6,. The values of A' are listed below. 


Di ew ew E O AO dA o 
^ x exe Se Ke 1.5 1.38 1.3 1.23 1.2 4.17 1.15. 1.13 1.11 1.1 


The maximum stress in high-speed engines t4, = 450 to 650 MPa. 
The minimum stress in the spring with the valve closed 


Tmin = K8P, mas DI (n6) (15.40) 


Spring safety factor n, is determined by the formulae given in 
Sec. 10.3. For the springs of automotive engines n, — 1.2 to 1.4 and 
for spring steels the fatigue limit in twisting that is used in compu- 
tations is T_, = 340 to 400 MPa. 

In the cases of large inertial forces, each valve is furnished with 
two concentric springs (inner and outer). In this case each valve 
spring is computed in the same way, but the following requirements. 
must be satisfied: P, max = Ps.omax — Ps.i max and Ps min = 
= P.o min + Ps.i min: The forces are shared between the springs 
within P, inner = (0.35 to 0.45) Po. 

To provide normal radial clearances between the valve guide bush- 
ing and the inner spring and also between the springs, the dimen- 
sions of the springs (in mm) must satisfy the following requirements: 


Dio d; + 85.3 + 2; Di ze, + Ös.i 3 Oso En 2 


where d; is the diameter of the valve guide bush; D, ; and D, o are 
mean diameters of the inner and outer springs, respectively; 6, ; 
and ôs o are wire diameters of the inner and outer springs. respec- 
tively. 

In order to avoid resonance between vibration inducing impulses 
and the natural frequency of the spring, we must determine the 
number of natural oscillations of the spring 


n, = 247 x 107 8,/(i,D?) (15.47) 


The ratio of the number of natural oscillations (natural frequency) 
of the spring to the frequency equal to the speed of the camshaft n, 
must not be an integer number (especially dangerous n,/n, = 1). 
Besides, in the case of two springs, the following inequality must be 


satisfied: n, j/n, FE ny. ¿Me 


336 PART THREE. DESIGN OF PRINCIPAL PARTS 


The design of a valve spring for carburettor engine. From the 
design of the valve gear (see Sec. 15.5) we have: frequency n, = 0.5ny 
= 2800 rpm and angular velocity w. = 293 rad/s of the camshaft; 
maximum lift of the intake valve k, max = 8.92 mm; diameter of 
the intake valve throat din, = 32.5 mm; dimensions of a convex 
cam: ry = 15 mm, 7, = 57.2 mm, r, = 8.5 mm; A; max = 5.68 mm, 
a = rg th; max — rg = 12.18 mm; dimensions of the rocker: l, 
— 02.6 mm, /, — 33.5 mm; the diagrams of the follower lift, velocity 
and acceleration (see Fig. 15.4 and Table 15.1). The valves are of 
overhead type with a cylinder-head mounted camshaft. The force 
from the cam is directly transmitted to the rocker having a flat 
surface contacting the cam. The springs are made of spring steel, 
t4 = 350 MPa, 6, = 1500 MPa. 

The maximum force of the spring elasticity 


P. max = KM,alyw?/l; = 180 x 1.4 x 12.18 x 52.6 x 293? 
x 109 /33.5 = 414 N 


where K = 1.4 is the safety factor; M, = m,+1/3m, + (m;+ 


pr) (E) + mi = 445 + 1/, 75 + 40 = 180 gis the total mass 


of the valve gear referred to the valve; m, = 115 g; m, = m,, 
-c— m; = 55 + 20 = 75 g are the masses of the valve and springs 
(outer and inner) respectively taken proceeding from the construc- 
tion considerations; m; = m.¿13/(31?) = 120 x 52.6? (8 x 52.6?) = 40 g 
is the rocker mass referred to the valve axis; m, = 120 g is the 
rocker mass. 
The minimum force of the spring elasticity 
Psmin = KM, (rg — r3) locl/l; 
= 180 x 1.4 (15—8.5) 52.6 x 293? x 1079/33.5 = 221 N 


The spring stiffness 
c = M,Ko = 180 x 1.4 x 293? x 10-9 = 21.6 kN/m 


The spring deflection is as follows: 
predeflection 


fmin = (ro — r3) Ll = (15—8.5) 52.6/33.5 = 10.2 mm 
full deflection 
fmax = fmin + Ro max = 10.2 + 8.92 = 19.12 mm 


The force distribution between the outer and inner springs: 
the inner spring 


Ps Max — 0.35P, max ~ 0.35 x 414 = 145 N 
Parma € Do. 234/55 039 H = TAN 
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the outer spring 
Pso max = P, max — Po max = 414—145 = 269 N 
Poo min = Ps min — Ps.imin = 221—77.4 = 143.6 N 
The stiffness of the outer and inner springs 
Ce. = Poo max/fmax = 269 X 1073/(19.12 x 10-3) = 14.06 kN/m 
Cet = Psi max/fmax = 145 X 1073/(19.12 x 1073) = 7.58 kN/m 
€ = Caso + Csi = 14.04 + 7.58 = 21.64 kN/m 
The characteristic of the valve spring is then plotted (Fig. 15.9) 
by the found values 
Ps max = Pais max + Ps.o max 
Ps min = Ps. ¿min + Ps.o min 
The dimensions of the springs (taken as to construction considera- 
tions) are as follows: 
wire diameter 6,., = 3.6 mm, 
Ôw. = 2.4 mm; | 
mean spring diameter D, = 
= 28 mm; D,, = 19 mm. 
Ady + 6,,; + 2 = 14}+ 2.4 + 
+2=18.4mm<D,,, — 19 mm 
D, =+ 9. ES w.o F 2 = | 
= 19 + 2.4 + 3.6 + 2 = 27.0 mm à 
< D,,-—28 mm (where the valve 
bush diameter d, = 14 mm). 





Ps 9 min 








The number of active coils 


0088 ofmax 
79  8P.omaxD$ o 
T 8.3 X 0.364 X 1.912 20508 

8 x 269 x 107? x 2.8? : 
CE tmax 


SER 8Ps. :maxD* i -—— 


i 


i 
Fig. 15.9. Characteristic of two 
_ 8.3 x 0.244 x 1.912 6.6 springs operating together 


~ 8X 145 x10-°x 1.95 — 
where G = 8.3 is the shear stress modulus of elasticity, MN/cm?; 
the complete number of coils 
leom.o = lao + 2 = 5.6 + 2 = 7.6; ¿comia = las + 2 
= 66+ 2 = 8.6 


22—0946 
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the spring length with the valve fully open 
Lo mm = icom.o Sw.o + taco Amin = 7.6 X 3.6 + 5.6 x 0.3 
= 29.1 mm 
Li mn = icom.i Su.i + io. i Amiga = 8.6 X 2.4 + 6.6 x 0.3 
= 22.0 mm 
Lawn = Lo min = 29.1 mm 
the spring length with the valve closed 
Lo = Lain + Ro max = 29.1 + 8.92 = 38.02 mm 
the free length of the springs 
Lo.free = Lo min + [max = 29.1 4- 19.12 = 48,22 mm 
Lijree = Li min + fmax = 22.6 + 19.12 = 41.72 mm 


The maximum and minimum stresses in the springs: 
the inner spring 


ao BPs imaxDs.i q 47 8X145X19X10-9 pg 
Tmax = hi — agio A xi 7999 MPa 


opt BPs. iminDs.i 8X 77.4X19X 10- _ 
Tmin = Ki — wee, 1.17 3.14 x 2.4 109 — 318 MPa 


w. 
where ki —1.17 is determined at D, ;/6w, ı = 19/2.4 = 7.9; 
the outer spring 


BPs. o mazDs.o _ 4 4g 8X209x28x10? _ 
s = 1.18 x 36107 ~ 480 MPa 


, 
Tmax = ko 
$. 0 


» 8Ps. Ds. 8 X 143.6 x 28x 107? 
"mi = ho age t qa 7299 MPa 


where kj = 1.18 is determined at D, /6,,, = 28/3.6 = 7.8. 
The mean stresses and stress amplitudes are as follows: 
the inner spring 


Tm = (Tmax + Tmin)/2 = (595 + 318)/2 = 456.5 MPa 
Ta = (Tmax — Tmim)/2 = (595 — 318)/2 = 138.5 MPa 
Since the stress concentration in the spring coils is accounted for 
by coefficient k’ and k,/(e,2,,) = 1, then 
Tac = Takıl (E83) = 138.5 x 1 = 138.5 MPa 
the outer spring 
Tm = (Tmax + Tmin)/2 = (485 + 259)/2 = 372 MPa 
Ta = (Tmax — tmin)/2 = (485—259)/2 = 113 MPa 
7 = Ta.c = Ta = 113 MPa 
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The safety factors of the springs are: 
the inner spring 


n, = TU, 0 + este) = 350/(138.5 + 0.2 x 456.5) = 1.52 


where a, = 0.2 is determined against Table 10.2; 
the outer spring 


n. = Val (vus + ovs) = 350/(113 + 0.2 x 372) = 1.87 
The resonance analysis of the springs: 
Nn. = 2.17 X 10786,,;/(i,,; D2.;) = 2.17 x 107 x 2.4/(6.6 x 10?) 


= 21 850 
nn.ilna = 21 850/2800 = 7.8 +1, 2, 3... 


Nn.o = 247 X 107 by. 0/(ta.oD3.0) = 2.47 x 107 X 3.6/(5.6 x28?) 


= 47 790 
ns, ln, = 17 790/2800 = 6.35 #1, 2, 3... 


n, iln, = 1.8 Æ n, o /n, = 6.35 


15.7. DESIGN OF THE CAMSHAFT 


The camshafts used in automotive engines are made of carbon 
(Grade 40, 45) or alloyed (15X, 12XH3A) steels or alloy cast iron. 
When the engine is operating, the camshaft is subject to the action 
of such valve gear forces as spring elasticity P, ;, inertial forces of 
valve gear parts P;, and gas pressure force P., referred to the 
follower. The total force acting on the cam from the valve gear 


lo l 
Py= Past Past Pg y = (Pst P) Ma, (15.48) 


The maximum force Py ma, is exerted on the cam by the exhaust 


valve at the beginning of opening (q, = 0). With a convex cam 
we have 


de ^] lo 2 
P; max — LP; mas Y pg — Pr) | o M res (r4 — rj) (15.49) 


where P; min is the spring elasticity force with the valve closed, N; 
d, is the outer diameter of the exhaust valve head, m; p, is the pres- 
sure in the cylinder at the instant the exhaust valve opens (point b’ in 
Fig. 3.14) for the design operation, Pa; p; is the pressure in the exhaust 
manifold (when gases are exhausted to the atmosphere, p; ~ po), 
Pa; l, and l, are the rocker arms, mm; o, is the angular velocity of 
the camshaft, rad/s; ry and r, are the radii of the base circle and the 
first section of the cam profile, m; M; = (m, + m,/3) (l/l)? 
+ m; + Mp, + m; is the mass. of the moving parts of valve gear 
22% 
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referred to the follower, kg: mp, m., m;, Mpr, and mọ are the masses 
of the valve, springs, follower, pushrod and rocker, respectively, kg; 
Mp 52 Mp (e, + 1, 9/42 D) is the rocker mass referred to the follower 
axis, when use is made of a two-arm rocker with a support in the form 
of a stud; m; zz m-.I?/(3 G) is the rocker mass referred to the follower 
axis, when use is made of a finger rocker with a support in the form 
of a bolt (see Fig. 15.3). 

The rigidity computation is the basic mathematical analysis of the 
camshaft, which consists in determining deflection y under the 
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Fig. 15.10. Design diagram of a camshaft 





action of total force P; max. The design diagram ofa camshaft isa free 
two-support beam loaded where the follower exerts pressure 
(Fig. 15.10). 

The deflection in mm 


y = 0.8 P, maya? b?/[EI (de — 82)] (15.50) 


where a and b are the distances from the support to the point where 
force P, max is applied, mm; / is the distance between the camshaft 
supports, mm; d, and 6, are the outer and inner diameters of the 
camshaft, mm; E is Young's modulus, MPa. 

The value of deflection y must not exceed 0.02-0.05 mm. Bearing 
Stresses occurring on the contact surfaces of the cam and follower are 
determined for a flat and a roller followers: 


Spe = 0.418 V P, maxE (ber) (15.51) 


Op, = 0.418 Y (P, max E/b.) (1/r + 1/r,) (15.52) 


where b, is the cam width, m; r is the follower roller radius, m. 

The acceptable bearing stresses [o,,] = 400 to 1200 MPa. 

In addition to determining the deflection and bearing stresses, 
sometimes total stresses oy occurring in the camshaft due to joint 
action of bending and twisting moments are determined. The bend- 
ing moment 


Ts = My ma Wo = Py maxba+32/[nd3 (4 — 82/d4)1) (15.53) 
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The twisting moment produced by each cam generally attains its 
maximum at the end of the first period of the follower lift, when the 
point of its [contact with the cam is most distant from the follower 


axis. 
With a cam having a convex profile and a flat follower 


Mi, i max — (Pro. nar” (15.54) 
where (Pj, max = Pett Pin at Pe = Pema; m= n (ro 4- 
hy max — To) Sin qc. 

In order to determine the maximum twisting moment M, max 
caused by simultaneous action of all the cams, curves of accumulated 
torques should be plotted. 

The twisting stress and the total stress are: 

O max =M; max/ W: (15.55) 
Os = 0.5 Y 0% -- ATinax (15.56) 


where W, = 0.5 W, is the moment resisting to twisting in the design 
section. 

The value of oz must not exceed 100 to 150 MPa. 

The design of a camshaít. From the design of the valve spring 
(Sec. 15.6) and valve gear (Sec. 15.5) we have: masses of the moving 
parts of valve gear m, = 115 g, m, = 75 g, m; = 0, mp, = 0, and 
m, = 120 g; cam dimensions r, = 15 mm, r = 57.2 mm, r, 
= 8.5 mm, hý max = 5.68 mm; rocker dimensions l, = 52.6 mm, 
l, = 33.5 mm; angular velocity of the camshaft o, = 293 rad/s; 
minimum elasticity force of the spring P, max = 221 N; diameter 
of the intake valve throat d:n, = 32.5 mm. 

The maximum force caused by the exhaust valve that acts on 
the cam 


dz n] lo : 
Pi mex | Po mint TE (pg — px) | i; Mime (r — ro) 
= [ 224 p 26222 (0.445 — 0.4) 10°] 2 
+ 444 x 2932 (57.2 — 15) 10-6 = 2447 N 


where d,— (113) din = s = 33 mm is the diameter of the 


exhaust valve head; dj, = (1.06 to 1.12) din, = 1.076 x 32.5 
= 35 mm is the diameter of the intake valve head; p, = 0.445 MPa 
is determined from the indicator diagram (point b’ in Fig. 3.14); 
Pr = Po = 0.1 MPa. 


M, = (m, ER m,/3) (lall) + m; + Mor + ms 
= (115 x 75/3) (52.6/33.5)? + 99 = 444 g 
m; = m 238) = 120 x 52.62/(3 x 33.5%) = 99 g 
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The camshaft deflection 


= Pi maxa?b? e" 2417 x 26? x 69? = 
aa — OS Fax 10° x95 (826—105 — 000029 mm 


where £ = 2.2 x 10° MPa is the elasticity modulus of steel; | = a 
+ b = 26+ 69 = 95 mm is the length of the camshaft span 
(Fig. 15.10) taken by construction considerations; d, = 2r, + 2 
= 2 x 15+ 2 = 32 mm is the outer diameter of the camshaft; 
6, — 10 mm is the inner diameter of the camshaft taken as to be 
used for supply of lubricating oil to the cams and ensure sufficient 
rigidity. 
The bearing stress 


Ope = 0.418Y P, max Z /(beri) 
= 0.4181 0.002417 x 2.2 x 105/(0.025 x 0.0572) = 255 MPa 
where b, — 25 mm is the cam width. 
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ENGINE SYSTEMS 


Chapter 16 
SUPERCHARGING 


16.1. GENERAL 


_ The analysis of the engine effective power formula 


Ha 2 103 
Ne= TER av, o (16.1) 








shows us that with the cylinder swept volume and mixture composi- 
tion taken invariable, N, at n — constant will be determined by 
ratio n/a, the value of ny and the parameters of the air entering 
the engine. 

Since the mass air charge G, (in kg) remaining in the engine cylin- 
ders 


G, — Vipny (16.2) 
the expression (16.1) may be written in the form: 
NM x ug, (16.3) 


It follows from the above equations that an increasein the density 
(supercharging) of the air entering the engine materially increases 
effective power Ne 

There are other possibilities of increasing power N,, which are, 
however, less effective as compared with supercharging. For 
example, an increase in effective power N , on account of increasing 
the swept volume and number of cylinders makes mass and dimension 
figures of the engine worse. An increase in the engine speed is possi- 
ble, provided the quality of working process at high coefficient of 
admission ny and mechanical efficiency nm, which is unpracticable. 

Increasing the engine effective power by supercharging allows us 
io increase the mass of air admitted into the engine cylinders and, 
thus, to burn more fuel. In supercharged engines the efficiency ne 
increases somewhat on account of an increase in the cycle pressure 
and a decrease in the specific losses as a result of utilizing part of the 
exhaust power in the supercharging auxiliaries. 
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In compliance with the classification of supercharging in use 
there are engines: (1) with low supercharging (the power output is 
increased by less than 30%); (2) with medium supercharging (the 
power output is increased from 30 to 4596); (3) with high superchar- 
ging (the power output is increased by more than 4596). 

At present, the low, medium and high supercharging finds wide 
applications in automobile and tractor internal combustion engines, 
thus providing for the required boosting of the engines. 


16.2. SUPERCHARGING UNITS AND SYSTEMS 


Boosting diesel engines in effective pressure by increasing the 
supercharging pressure imposes a number of requirements on the 
units supplying air to the diesel engine. Of especial importance are 
proper choice of the supercharging unit arrangement and its design 
approach. 

Modern transportation internal combustion engines employ the 
following supercharging systems: inertial, with a mechanically 


(b) 





Fig. 16.1. Supercharging diagram 


driven supercharger, gas turboblower, and combined system. With 
any system of supercharging, the main object of the working process 
in the engine is to obtain most reliable and efficient performance. 
The inertial supercharging system is most simple. This makes it 
possible to use wave processes through the choice of intake and 
exhaust manifolds of appropriate lengths with a view to increasing 
the amount of air admitted into the engine cylinders. At present, 
the inertial supercharging is used, but not often, as it calls for com- 

plicated adjustment of the intake and exhaust systems. 
. More often used are the systems with a mechanically driven super- 
charger (Fig. 16.1a). In this system air is supplied by a supercharger 
n 
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driven from the engine crankshaft. Centrifugal, reciprocating-piston, 
and rotor-gear superchargers can be used as supercharging units. 

Supercharging by this system adds to the engine output power. 
This holds true, if an increase in the engine power output due to 
the supercharger exceeds the power driving the supercharger. Note,. 
that this excess power grows smaller with a decrease in the engine 
load as the relative work utilized to drive the supercharger increases. 
Since part of the engine useful work is consumed to drive the super- 
charger, the engine efficiency decreases. Supercharging units are 
generally volumetric type superchargers or centrifugal compressors. 
The latter are compact because of their high specific speed. Their 
advantages, however, are reduced by unreliability of the mechanical 
drive of a centrifugal compressor and an increased noise in operation 
of the unit. As a rule, driven centrifugal compressors are used for 
supercharging four-stroke engines. Most popular with two-stroke 
engines are volumetric type Roots blowers. 

Some disadvantages pertaining to the system with driven super- 
chargers are not present in turbo-supercharging units (Fig. 16.15) 
combining a gas turbine and a compressor (turbo-compressor). At 
present, this method of supercharging is most widely used in auto- 
mobile and tractor internal-combustion engines. 

The gas turbine operates on the engine exhaust gases, the energy 
of which is utilized by the turbine to drive a compressor. The fact. 
that the turbine utilizes the engine exhaust gas ensures the most 
acceptable configuration of the supercharging unit and most simple 
construction of it. 

The combined supercharging involves a supercharger mechanically 
driven from the engine and the use of exhaust gases. For example, in 
the diagram shown in Fig. 16.1c, the turbo-compressor performing 
the first stage supercharging is not mechanically coupled with the 
engine and the second stage of the compressor is driven from the 
engine crankshaft. 

In the diagram shown in Fig. 16.1d the turbo-compressor shaft is 
coupled to the engine crankshaft. This configuration makes it pos- 
sible to convey excessive power of the gas turbine to the engine 
crankshaft and receive power from the crankshaft, when the turbine 
1s underpowered. If the output power of the gas turbine equals the 
input power of the compressor, the energy is not redistributed. 

At present, the combined supercharging finds its applications. 
mainly in heavy-duty engines (ships, rail vehicles, etc.). 

Radial and axial flow turbines and compressors find their appli- 
cations in the supercharging units. Axial-flow compressors are not 
widely used in supercharging automobile and tractor diesel engines. 
This is attributed mainly to the fact that low consumption axial- 
flow compressors are known for high losses due to the small height. 
of the nozzle vanes and working blades and relatively large axial 
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clearances. Besides, the pressure increase in the stage of axial-flow 
compressor is ne < 1.3. Therefore, with higher values of x, the axial- 
flow compressor must be of a multistage type. 

The degree of pressure increase in centrifugal compressors is far 
higher. In the compressors of highly hopped-up engines the value of 
Te = 3.0 to 3.5. It is possible to obtain higher degrees of pressure 
increase in one stage: 4.5 to 5.0. 

Like the compressors, the gas turbines may be radial and axial 
flow. The supercharging units utilize both types of turbines. In 
most cases, however, use is made of radial-flow turbines having 
certain advantages over axial-flow turbines. 

In the USSR, two types of turbo-compressors are available. These 
are a TK axial-flow turbo-compressor (Fig. 16.12) and a TKP com- 
pressor with a peripheral-admission turbine (Fig. 16.15). Diesel 
engines having effective power within the range of 100 to 800 kW 
employ centrifugal compressors and peripheral-admission turbines 
with wheels from 70 to 230 mm in the outer diameter. 

Table 16.1 covers the basic parameters and overall dimensions of 
turbo-compressors. These are made with turbines and compressors 


Table 16.1 
Standard sizes 

we» = M 00 e 

Basic parameters and dimensions S: 0 = ia - a 

a a a A, a A 

Bd d Ra s d er 

E E E E E E 

Nominal reference diameter of com- | 

pressor wheel, mm 85 110 | 140 | 180 | 230 
1.3-1.9 1.3-2.5 1.3-3.5 


Pressure ratio 


Gas temperature upstream the tur- 
bine in continuous operation, °C, 


max 650 
Maximum gas temperature upstream 

the turbine permissible within 1 

hour, °C, max 700 . 


~ 
e 


Compressor efficiency in specified 
operation, not less than: 
with a vaned diffuser Use of vaned dif-| 0.75 | 0.76 | 0.78 


fuser is not recom- 


mended 
with an open diffuser 0.66 | 0.68 | 0.70 | 0.72 | 0.72 | 0.74 
Turbine efficiency, min 0.70 | 0.72 | 0.74 | 0.74 | 0.76 | 0.76 


a. ———— 
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and used mainly for supercharging high-speed diesel engines 
(Fig. 16.2), their wheels being mounted in a cantilever manner with 
regard to the supports. 

One of the main purposes of implementing the gas-turbine super- 
charging is to obtain most favourable conditions under which the 
exhaust gas energy may be best used. 

In modern automobile and tractor engines, use is made of the 
following supercharging systems: (1) pulse systems with variable gas 
pressure in the exhaust manifold; (2) constant-pressure systems with 


E 
(2) xhaust out a (5) 






Turbine 
outlet 3 





Exhaust out 


Fig. 16.2. Diagrams of turbo-superchargers 


(a) with axial-flow turbine, type TK; (b) with radial peripheray-admission turbine, type TKP; 
1—+turbo-supercharger housing; 2—centrifugal compressor; 3—turbine scroll; 4—turbine 
wheel; 5—turbine disk; 5 —bearings; 7— rotor of turbo-supercharger 


constant gas pressure in the exhaust manifold; (3) combined systems 
with a separate exhaust manifold and a common (constant-pressure) 
housing of the turbine. 

Though known for a relatively low level of boosting, the pulse 
supercharging system is more efficient. 

The efficiency of the pulse supercharging system may be improved, 
for example, by reducing the volume of the manifold tube lines 
run from the cylinders to the turbine. This allows the effective power 
and fuel economy of a diesel engine to be increased more than in the 
case of constant-pressure supercharging. 

In order to provide high degree of impulse energy utilization, the 
turbine exhaust-in channel is designed as comprised by many sec- 
tions (two, four, etc.) and the exhaust is made into a multi-section 
manifold, following the firing order. With this system of superchar- 
ging the pressure at the end of exhaust drops and pumping losses 
become reduced. 

Ás compared with a constant-pressure supercharging system, the 
pulse supercharging system, therefore, somewhat improves the power 
and fuel economy characteristics of engines at a relatively small vo- 
lume of the manifolds and moderate supercharging. The use of the 
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constant-pressure supercharging system, however, makes the con- 
struction of the exhaust system far more simpler. Therefore, when 
choosing an actual system of supercharging we must weigh its advan- 
tages against its disadvantages. 


16.3. TURBO-SUPERCHARGER DESIGN FUNDAMENTALS 


The efficiency figures of supercharged diesel engines are much 
dependent on the choice of the geometry and construction parameters 
of the flow passage elements of the turbo-superchargers. The objective 
of conducting a gas dynamics analysis is in this case to determine 
the dimensions of the turbine and supercharger elements and their 
parameters providing the requisite capacity and head at the speci- 
fied efficiency. 


Compressor 


The most popular type of centrifugal compressors used at present 
in turbosuperchargers is a radial-axial flow compressor of the semi- 
open type with radial vanes at the discharge from the working wheel. 

Figure 16.3 shows a diagram of a centrifugal compressor channel 
with a vaned diffuser. The essentials of the compressor are inlet 
device 7, impeller 2, diffuser 3 and air scroll 4. 

In Fig. 16.3 the letters c, w and u stand for absolute, relative and 
peripheral velocities, respectively. Section a;,-a;, corresponds to 
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Fig. 16.3. Diagram of centrifugal compressor channel{ with a vaned diffusor 
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the flow parameters at the inlet to the inlet duct, section I-I — 
upstream the leading edges of the blades, section 7-7] — downstream 
the trailine edges of the blades at diameter D,, section I7I-III — at 
the outlet from the open diffuser, section /V-IV — at the outlet from 
the vaned diffuser, and section V-V — at the outlet of the scroll. 
The absolute velocity components are designated with the letter u 
for peripheral, r for radial, and a for axial. 

The compressor is designed for one mode of operation whether at 
the nominal or maximum torque. 

The operation of the centrifugal stage is mainly evaluated in terms 
of compressor pressure ratio x, and air mass flow rate G,. 

The stage efficiency is evaluated in terms of adiabatic (isoentropic) 
efficiency Nad.. Which is the ratio of adiabatic compression work to 
the actual compression work. When designing a compressor, one 
must proceeds from the requirements defining the efficiency values 
versus outer diameter D, of the compressor impeller (see Table 16.1). 

The compressor capacity (mass air flow rate through the engine), 
kg/s, is determined by the heat analysis data. 

The volumetric air flow rate (in nm?/s) 


Qa = Galo (16.4) 


where pọ is the air density, kg/m?. 

To compute the compressor, we first define the environmental 
parameters (see Sec. 3.1). 

The inlet device and impeller. The flow temperatures at the outlet 
and inlet of the compressor duct (section 7-7 and a,,-a;,, Fig. 16.3) 
are taken as equal, i.e. T,, = ToK. This condition is satisfied, if 
the heat transfer to the ambient atmosphere, when the air flows from 
the inlet to the outlet section, is neglected. 

The flow pressure at section 2;,-2;5 


Pain = Po — ADin 


where Ap;, = 0.002 to 0.006 stands for pressure losses in overcoming 
the resistance of the inlet pressure to the compressor, MPa. The value 
of Ap;, depends mainly on the resistance of the air cleaner and piping. 

In order to decrease energy losses in the inlet device, the shape of 
confuser is conferred upon it to provide continuous acceleration of 
the flow along the axis of the inlet duct. The ratio between the areas 
of the inlet and outlet sections F,QU/F, = 1.3 to 2.0 for the axial 
and elbow ducts and Fa, /F, = 2.0 to 3.5 for the radial-circular duct. 


To determine the pressure ratio in the compressor, ne, we must 
know in addition to pressure Po,,» the value of air pressure p, at 


the outlet of the compressor: ne = PelPa,_* 
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Fig. 16.4, Flow characteristics of turbo-superchargers, type TK (a) and TKP (5) 


The size of the turbo-supercharger is defined by the values of Q, 
and x, (Fig. 16.4). The nominal reference diameter D, of the com- 
pressor impeller is determined from Table 16.1. 

To evaluate the compressor head efficiency, use is made of head 
Hoa., characteristic of the impeller peripheral velocity efficiency 
utilized to perform the adiabatic work of compression, which is the 
ratio of the compression adiabatic work Zag. (J/kg) to the square of 
peripheral velocity u, (in m/s) on the impeller outer diameter: 


— 


Ha. zx Lad. lu; (16.5) 
where 


Lad. c = 3 RaT ap (05-8 —1) (16.6) 
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For semiopen axial-radial impellers the head coefficient Hoa. é 
— 0.56 to 0.64. It is dependent on the outer diameter D, of the impel- 
ler, peripheral velocity u, and the workmanship of the compressor 
flow channel shape. Smaller values of Haq, are taken for impellers 
with D, = 70 to 110 mm and higher values are for impellers having 
D, > 110 mm. In the compressor stages with the vaned diffuser 


the value of Haa.e is 0.02-0.04 higher than the case is with an open 
diffuser. 

Peripheral velocity uz on the outer diameter of the impeller is 
determined from equation (16.5) 


Uu, = V Laa. IH a: c 


The impeller peripheral velocity is dependent upon the air com- 
pression ratio x, in the compressor. In h.p. compressors u, = 250 to 
500 m/s. Compressor speed n, = 60 u,/ (nD,) rpm. 

The air parameters in outlet section J-J (Fig. 16.3) of the duct may 
be determined, if absolute velocity c, of the flow in this section is 
assumed. The absolute velocity c, upstream the impeller may vary 
within wide limits (c, = 60 to 150 m/s). Higher values of absolute 
velocity c, are taken for compressors with high peripheral veloci- 
ties (uz = 300 to 500 m/s). With an axial flow inlet, the axial 
component of absolute velocity c,, upstream the impeller is taken 
equal to absolute velocity c,, i.e. Cia = c. 

The impeller inlet air temperature (section T-I) 


e o—g c) —e 
m Tu ER K (46.7) 

2 E P i Cp 

k—1 ° 

where cy is the air heat capacity at a constant pressure, J/(kg K). 

Relative losses in the air inlet nozzle of the compressor are evalua- 
ted by loss factor E;,,. With axial inlet nozzles £j, = 0.03 to 0.06 and 
with elbow-like nozzles E;, equals 0.10 to 0.15. With the value of 
Ein defined, we determine the losses in the air inlet nozzle of the 
compressor (J/kg): 





T= Te 


in 


Lig = Euel (16.8) 


Polytropic exponent n;, in the air inlet path to the compressor is 
determined from the expression 


E A. E 16.9 
Rin—1  k—1 Rea (Pi—Pajp) (16.9) 


The air pressure upstream the compressor impeller 
d 
P= Pon (TIT o, Jot min 
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With the value of p, known, inlet cross-sectional area F, (m?) of 
the impeller is determined by air flow rate G, and absolute velocity c, 
of the flow in section 7-7: 


F, = G4(cp1) 


The diameter of the impeller (m) at the inlet to the compressor 


Due eh E 


0.785 [1 —(Do/D;)?] 


where D, is the diameter of the impeller hub, m. 

The value of D,/D, in fabricated impellers varies within 0.25 
to 0.60. 

Diameter D, of the impeller hub 


D, = D,DyD, 


One of the basic design parameters of a compressor is the ratio 
D,/D, known as the relative diameter of the impeller at the inlet. In 
most centrifugal compressors D/D, = 0.5 to 0.7. Ratio D,/D, is 
chosen as great as practicable in order to reduce the compressor di- 
mensions. 

With the values of D, and D, known, we determine the mass dia- 
meter of the impeller inlet 


Dim=V (Di + Diy/2 and 
the mean relative diameter of the impeller inlet section 
Din = Dim/Dy 


The work consumed to compress air in the compressor, its effici- 
ency and head are dependent upon the number of impeller vanes. 
There are no stringent recommendations on choosing the number of 
impeller vanes. In the compressors designed for supercharging in 
automobile and tractor engines z, = 12 to 16. For impellers of small 
diameters (D4 — 70 to 100 mm) smaller values of z, are taken. 

With an infinite number of vanes, the compression work (J/kg) 
without swirling the flow at the inlet to the impeller 


Ly = uy 


With a finite number of vanes, compression work L; differs from 
work L;. This difference is evaluated by the power factor 


p = Ly/Lj = caulis (16.10) 
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Power factor u for axial-radial impellers (in the region of design 
modes of operation) can be determined fairly accurately by the 
formula of P. K. Kazandzhan 


1 
LES a 1 Uis D)? 

It follows from (16.10) that the peripheral component of the abso- 
lute velocity at the impeller exit cu = pus. The radial velocity cə, 
is determined from the prescribed ratio c;,/u;. In designed compres- 
sor Cy, = (0.25 to 0.40)u, m/s. The absolute velocity (m/s) of air at 
the exit of the impeller is found from the triangle of speeds (see 
Fig. 16.3): cg = V co, + ca. Usually c} = (0.90 to 0.97) u, m/s. 

The air temperature (K) at the impeller exit can be determined 
from the equation 


T, = T, + (u + as — p*/2)Juz/cp (16.12) 


where ay is a disk friction loss factor; a; — 0.04 to 0.08 for semiopen 
impellers. 

When determining pressure pa of the air flow at the impeller exit 
air compression polytropic exponent n, is determined by empirical 
relations or experimental data. In compressors designed n, — 1.4 
to 1.6. 

The air pressure downstream the impeller 


pa = p, (T,/T,y "c7? (16.13) 


The values of p, and 7, may be used to determine the air flow densi- 
ty p, and find the width (in m) of the impeller working vanes at 
diameter D, (see Fig. 16.3): 


bs — Gal (14D 96502) (16.14) 


Vane relative width b, = b,/D,. The maximum efficiency of 
a compressor is usually obtained at b, — 0.04 to 0.07. 

Existing small-size compressors are built with relative impeller 
width B = B/D, = 0.25 to 0.35. Impeller width B is mainly depen- 
dent on the manufacturing process and impeller size. The smaller D,, 
the more difficult it is to provide smooth turn of the flow in a meri- 
dional section, the wider the impeller must be. Roughly we may take 
B< 0.3 at D, > 110 mm and B > 0.3 at D, < 110 mm. Increasing 
B in excess of 0.35, however, does not lead to a marked increase 
in the compressor efficiency. 

Diffusers and air scroll. The air flow at the impeller exit has 
a high kinetic energy. Because of flow deceleration the kinetic energy 
in the diffuser is transformed into potential energy. 

23—0946 
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Width b, of the vaneless part of the diffuser is taken by the known 
value of compressor vane height b, at the exit, i.e. bs = (0.90 to 
1.0) by. If an open diffuser is followed by a vaned one, we assume 
bs E bs. 

Outer diameter of an open diffuser, D,, is equal to (1.05 to 1.20) D3. 
When no open diffuser is used D4 — 1.4 to 1.8. In a first approxima- 
tion the absolute velocity (in m/s) at the open diffuser exit is 


Cy ba 
£3 = m os (16.15) 

In compressor in which an open diffuser is followed by a vaned 
diffuser, ratio C/C, = 1.08-1.25. With one open diffuser c/c, 
= 1.65-2.2. 

When performing a gas dynamic analysis of a vaned diffuser, the 
defined design dimensions are used to determine the temperature, 
pressure and velocity of the air flow in between the vanes. 

The use of a vaned diffuser allows us to increase the maximum valu- 
es of the compressor efficiency and head coefficient compared with 
an open diffuser. This is due to decreased losses. 

Outer diameter D, of a vaned diffuser is determined as dictated 
by the value of D,, i.e. D, = (1.35 to 1.70) Dz. Width b, at the exit 
of a vaned diffuser is taken equal to b, or somewhat greater, i.e. 
b, > b,. If friction losses are high, it is good practice to make the 
diffuser with wall, diverging at an angle v = 5 to 6”. 

The exit width (in m) of a vaned diffuser 


b, = b + (D, — Dy) tan v/2 (16.16) 
The pressure downstream the vaned diffuser 
Pu = Pa,in?'c 


To determine temperature 7,, the value of diffuser compression 
polytropic index ng must be defined. In open and vaned diffusers 
ng = 1.6 to 1.8. 

The temperature (K) downstream the diffuser 


T,= T, (pp "ere 


The air flow velocity (m/s) at the vaned diffuser exit is determi- 
ned from the energy equation 


e, =V c—(T,—T,) 2c, (16.17) 


From the vaned diffuser of a centrifugal compressor the air flows 
to an air scroll which makes it possible to direct the flow to the 
intake manifold with minimum energy losses. 

Of the air collectors in use the air scroll made in the shape of an 
asymmetric scroll has the highest efficiency. 
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The cross-sectional area at the scroll exit section is sometimes taken 
such that the velocity of air be equal or close to its velocity at the 
exit from the vaned diffuser, i.e. c, = C;. 

Head losses L, se (J/kg) in the scroll 


Ly, se = Esci? (16.18) 


where £,. = 0.1 to 0.3 is the loss factor in the scroll. 

In view of the fact that c4 ~ c,, scroll exit temperature 7; may be 
taken in certain approximation as equal to temperature T, at the 
vaned diffuser exit, i.e. T; = T, 

The scroll exit pressure (MPa) 

Ly. se k—4Yh/KG- 1) 

Ps = Pa (1 Raf, k | 





(16.19) 


The flow velocity in the scroll may be 
reduced by making the outlet duct of the 
scroll in the form of a diffuser (Fig. 16.5). 
In this case pressure p; somewhat in- 
creases. 

Basic parameters of compressor. Scroll 
exit pressure p; corresponds to super- 
charging air pressure p, upstream the 
intake manifold of the engine, i.e. it is 
taken as p; = De. 

Pressure p; obtained at the compressor exit should be equal to that 
taken in the engine heat analysis p, within 2-496. Otherwise, the 
compressor must be redesigned, changing the parameters determining 
its head. 

The actual compressor pressure ratio 


Je = Psl Pain TS PelPa ¿n 
The adiabatic work (J/kg) determined by the actual pressure ratio 





Fig. 16.5. Scroll 


k 
Lag, c= g —4 Rala AG" — 1) 


The adiabatic efficiency of the compressor 
Mad. c = To (at ^ — A) (T,— T.) (16.20) 


The obtained value of the compressor efficiency must satisfy the 
requirements specified in Table 16.1 for superchargers of the given 
standard size. 


The head coefficient 


H {,,2 
ad.c Lad.ciUz 
23* 
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The value of Haa.c should equal coefficient Hog, taken in the 
design within at least 2-4%. 
The compressor drive power (kW) 


Ne LI Laa, Ga/ (1000 Nad. e) (16.21) 


Gas Turbine 


Combined internal combustion engines employ axial- and radial- 
flow turbines. In automobile and tractor engines, use is mainly made 
of small-size single-stage radial-flow turbines. With small flow ra- 
tes of gases and high peripheral velocities, radial-flow turbines have 
a higher efficiency compared| with axial-flow turbines. Therefore, 
according to St. Standard radial turbines are used for TKP-7 — 
THP-23 (see Table 16.1). Axial-flow turbines find application in the 
cases of turbo-compressors having impellers 180 mm or more in 
diameter. 

The inlet case of small-size turbines for automobile and tractor 
engines may be either vaned or open. With an open inlet case, the 
design parameters of the impeller entry gas flow are ensured by spe- 
cial shaping of the scroll part of the turbine housing. 

Gas turbine wheels are generally an axial-radial type (Fig. 16.6). 
With this construction of the turbine wheel the energy of exhaust 
gases is used most advantageously. 

In Fig. 16.6 the letter v stands for absolute, w for relative, and u 
for peripheral velocities. Section O-O is referred to the gas para- 
meters upstream the turbine, /-/ — to those at the exit from the in- 








Voy Vom W2 





Fig. 16.6. Diagram of radial turbine channel 
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let case (upstream the leading edges of the blades), 77-77] — to the 
gas parameters downstream the turbine. 

The absolute velocity components are designated as follows: 
u for peripheral, r for radial and a for axial components. 

Used as reference data in gas dynamic computations of turbines 
are the results of previous computations (the heat analysis of the 
engine and compressor). 

In a free turbo-supercharger the joint operation of a gas turbine 
and a compressor is provided, when: 

the turbine rotor speed is the same as that of the compressor 
rotor: 


ni = Ro 
the turbine power equals that of the compressor: 
N,=N. 


there is a certain relationship among the gas flow rate in the tur- 
bine Gg, air flow rate in the compressor Ga, and air and fuel flow 
rate in the engine: 





4 Y 
6,—6G, (1+ TA (16.22) 


where G, is the amount of exhaust gases delivered to the turbine 
from the engine, kg/s. 

The gas temperature upstream the turbine can be determined by 
the data of the engine heat analysis from the heat balance equation 
by exhaust gas temperature 7,4. The value of Tex is mainly depen- 
dent on the gas temperature at the end of expansion, excess air 
factor a, receiver pressure, heat exchange in the exhaust ducting, 
and other factors. Gas temperature 7, is difficult to be determined 
exactly, for which reason it is found roughly versus the above gas 
parameters, neglecting the gas work in the cylinder during the 
exhaust stroke and hydraulic losses in the exhaust components: 


Tuo o Ty[1+ 2 (m—1)| (16.23) 


where m = 1.3 to 1.5 is the mean polytropic exponent of the gas 
expansion in the cylinder during the exhaust stroke; Pex is the gas 
pressure in the exhaust connection, MPa. 

Temperature t;, of the exhaust gases comprised by a mixture of 
exhaust gases and scavanging air is determined by the successive 
approximation method from the expression 


lloCextex + Cex (ps — 1) te 


Mot 9s — 1 


L4 1 
Cexlex = 
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where Cox, Cex, Cex are the molar heat capacities of combustion pro- 
ducts at temperature ¢,,, air at temperature £, and mixture of com- 
bustion products and air at temperature /;,, respectively. 

Gas temperature T, upstream the turbine may be taken on certain 
approximation as equal to exhaust gas temperature Tox, i.e. 7, = 
= Tox. Note, that with the engine operating for a long period of 
time, the gas temperature upstream the turbine must not exceed 
permissible values specified in Table 16.1. 

Back pressure p, downstream the turbine is usually taken on the 
basis of experimental data. The value of p, is mainly dependent on 
the length, shape of the outlet ducting and hydraulic losses in the 
silencer. 

To evaluate turbine efficiency y, we may use recommendation in 
Table 16.1 in compliance with the taken standard size of the turbo- 
supercharger (see the design of a compressor). Total efficiency y; of 
the turbine includes all mechanical losses in the turbo-supercharger. 

The effectiveness of the turbo-supercharger is evaluated by the 
efficiency representing the product of the turbine and compressor 
efficiencies. 

Therefore, the turbo-supercharger efficiency 


Nis = N Mad. c (16.24) 


In modern turbo-superchargers y;, = 0.48 to 0.62. 
Gas pressure p, upstream the turbine is determined from the po- 
wer balance on the turbo-supercharger shaft (N, = NN): 


P2 r 
DD SS ————_— A 16.25 
n | kg —1 Lad. cGa pee b ( 


4— xi docu". s 
kg  NtMad. ch gl Gg 





where y; is the total efficiency of the turbine (it is taken approxi- 
mately). 

The guide case. Generally, only part of the delivered gas energy is 
consumed in the guide case of turbines employed by automobile and 
tractor engines, for which reason the turbines are of a reaction type. 
The heat drop redistribution in the turbine stage is evaluated in terms 
of reaction degree pẹ which is the ratio of the heat drop consumed 
in the turbine wheel to the total heat drop. In radial-axial turbines 
the optimum degree of reaction p, = 0.45 to 0.55. 

The complete adiabatic work of gas expansion (in J/kg) in the 
turbine 


Load. t = Laa. Gal M Mad. cg) (16.26) 


The adiabatic work of expansion in the turbine guide case (no- 
zzle) 


Ln = (1 — pi) Laa.t 
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Absolute velocity v, (m/s) of gas upstream the turbine wheel 
v—qy2L,. (16.27) 


where ¢, is the velocity factor accounting for losses in the guide case. 
For radial-axial turbines having a wheel from 80 to 180 mm in dia- 
meter, q, = 0.92 to 0.96. 

After absolute velocity v; has been found, determine gas tempera- 
ture 7, at the exit from the guide case (nozzle): 
2 
T, =T,— d 


Dk Ra (Kg — 1) 


The gas flow in the passage of the turbine guide case is determined 
by the Mach number: 


M,-va;— v/V k RiT. (16.28) 


where a, is the velocity of sound, m/s. 

If M, < 1, then the gas flow is subsonic and the turbine nozzle 
must be a confuser type. 

To define radial v,, and peripheral v,,, components of absolute 
velocity vı, we assume a value of angle a, of the gas outflow from the 
guide case. The value of angle a, varies within wide limits (a, = 12 
to 27^) and is taken proceeding from obtaining maximum efficiency 
of the turbine. 

The radial and peripheral components of the absolute gas velocity 
(in m/s) upstream the turbine wheel (Fig. 16.6) are: 


Vir = UQ Sin Ay; Vy, = 0, COS Q4 


Peripheral velocity u, at the outer diameter of the wheel is nor- 
mally assumed with a view to providing a most favourable value of 
the turbine specific speed: 


Lo Us /Vad (16.29) 


Where una = V IL is the conventional adiabatic gas outflow 
velocity, m/s. 

The value of 4 must lie within the range 0.65 to 0.70. The value 
of u, is usually taken as somewhat greater than velocity u,,to in- 
crease the turbine efficiency. Under these conditions the gas inflow 
encounters the turbine wheel vanes at an angle greater than 90°: 

B, = 90? + arctan =u 
Vir 

The value of f, must lie within the limits 75-110°. If B , > 75°, 
correct a, and pz. 

The relative velocity of flow (in m/s) 


w, = v,,lsin B, 


360 PART FOUR. ENGINE SYSTEMS 


The outer diameter (m) of the turbine wheel 
D, = 60 uj/(xn) 


The inlet diameter of the guide case is determined by the value of 
D,/D, which varies in the built turbines within 1.3 to 1.5: 


D, =D, (D,/D,) 


In the turbine types under consideration the number of guide vanes 

z, is equal to or less than 20. 
Energy losses (J/kg) in the guide case are dependent on v, and q»: 
AL, = (1/q; — 1) vi/2 (16.30) 
After the value of AL, is defined, we may find the relationship 


nn __ kg ALn 
ngp—1  kg—1 F Rg (Ti— Ti) (En) 


and, thus, determine the gas pressure at the exit from the guide case 
Pı = Pt (T,/T n? 


where n, is the expansion polytropic index in the guide case. 
The gas flow density (kg/m?) at the exit from the guide case is 


P1 = Pr: 108/(R ¿T,) 


The vane width (m) of the guide case is determined from the 
continuity equation: 


The turbine wheel. The process of converting the gas flow poten- 
tial energy into kinetic energy terminates in the vane passages of 
the single-stage turbine wheel. 

The adiabatic work of gas expansion in the turbine wheel is dicta- 
ted by the degree of turbine reaction: 


Liw = Qiloa.t (16.33) 


For the design parameters of the turbine wheel, see Table 16.2. 

For radial-axial wheels having diameter D, = 70 to 140 mm, the 
number of vanes z, is 10 to 18. It is good practice to design wheels 
with an outer diameter D, — 70 to 85 mm with the number of vanes 
Za = 10 to 12, and those having D, = 110 to 140 mm with the num- 
ber of vanes z, — 13 to 18. 

The relative mean velocity of the gas at the exit from the turbine 
wheel 


wg =% V w+ 2L; — ui (4 — Dim) (16.34) 
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Table 16.2 
NN l U 
Description Formula | Variation limits 











D D 
i D,—D, (FE) |-52=0.70 to 0.82 
Inner diameter : (5, D. 
D D 
Hub diameter Dy — D, (5) Sh =0.2 to 0.3 
1 1 
Root-mean-square diameter of wheel 5 y 7 DiJ- Dg 
exit 2m — 
2 
Wheel vane width at the exit b, =); 
B B 
i = —— —— —0.30 to 0.35 
Wheel width B=D, ( D, ) D; 30 to 0.3 





where y is the velocity factor accounting for losses in the turbine 
wheel (p = 0.80 to 0.85 for axial-radial turbines); Dam = Dam/D, is 
the relative root-mean-square diameter of the wheel exit. 
The peripheral velocity of the wheel (in m/s) 
Usm = U41D2m/D, 


Treating the gas outflow as axial (v; = vaa), the value of absolute 
velocity at the wheel exit is found from the velocity triangle (see 
Fig. 16.16) 


v¿=V wi— udm 
The gas temperature (K) at the exit from the wheel 


i d GITE [—«9ui— A (16.35) 


kg—1 € 
where a; = 0.04 to 0.08 is a coefficient of disk friction losses. 


The adiabatic efficiency of the turbine, neglecting the losses at the 
exit velocity 








DUC STERNE: (cci RR 16 
eps T, [1 — (p,/pi) 42/48] Cnm) 


Including the losses at the exit velocity, we have 
Nad.t = "laa. t — V; (2Laa. 1) 


. With no diffuser in use and large angles œ, losses at the exit velo- 
City may be fairly considerable. 
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The resultant efficiency of the turbine is determined taking into 
account all hydraulic and mechanical losses: 


Ni = Nad. ts.mech 


where Wis. mecn is the mechanical efficiency of the turbo-supercharger 
(for automobile and tractor turbo-superchargers ts. mech = 0.92 
to 0.96). 

The design value of 1j, should equal the value previously taken in 
determining the gas adiabatic work in the turbine [see formu- 
la (16.25)] within 2-496 otherwise, repeat the computations, having 
changed the gas-dynamical and construction parameters of the tur- 
bine. 

The power output from the turbine (in kW) 


Ny = Loa. (G 4/1000 (16.37) 


must correspond to compressor input power Ne, i.e. Ny = Ne 


16.4. APPROXIMATE COMPUTATION OF A COMPRESSOR 
AND A TURBINE 


Work out the basic parameters and compute a turbo-supercharger 
for a four-stroke 233 kW, 2600 rpm diesel engine. For the heat 
analysis of the engine (see Sec. 4.3). 

The computation of compressor. The environmental parameters 
and physical constants for air are assumed by the data of the heat 
analysis (see Sec. 3.1). The compressor is a radial-axial, vaned-dif- 
fuser, single-stage type. 

The mass air flow rate through the engine 

APsloN ege — 1.7» 1.0 X 14.452 X 233 x 220 __ f 
m Se = eo kgis 
where ¢, = 1.0 is the scavenging ratio. 

The compressor inlet air density 


Qo = po:108/(R, Tg) = 0.1 x 10%/(287 x 293) = 1.19 kg/m? 
The volumetric air flow through the compressor 
Qa = Gapo = 0.35/1.19 = 0.294 m?/s 


The computation of the inlet device and impeller. The air temperature 
at section aj,-a;, (see Fig. 16.3) 


Ta, = T, = 293 K 


The air pressure at section aj;,-aj, 
Pain = Po — Apis = 0.1—0.005 =: 0.095 MPa 
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where Ap;, = 0.005 are the pressure losses at the compressor inlet, 
MPa. 


The compression ratio in the compressor 
| Dou — 0.17/0.095 — 1.79 


where pe = 0.17 MPa is the supercharging air pressure (see the 
diesel engine heat analysis). 

By the known values of Q, and n, and using the graphical relation- 
ships (see Fig. 16.4), determine the standard size of the TKP-11 
turbo-supercharger, and from Table 16.1 find the reference diameter 
of the compressor impeller: D, = 0.11 m = 110 mm. 

The adiabatic compression work in the compressor 


A 287 x 293 (4.790 4- 0/14 


k 
Luke = pom RaT ain (n, (A - 1)/k 1)= a 


—1)—53400 Jikg 
The peripheral velocity at the compressor impeller outer diameter 


us = V Laa c Haa < V 53100,0.60 = 298 m/s 





where Had.e = 0.6 is the head ratio. 
The compressor impeller speed 


n, = 60 u*/(nD,) = 60 x 298/(3.14 x 0.11) = 51. 600 rpm 
The air temperature at the inlet to the compressor impeller (sec- 
tion 7-7) 
y? 


dj =r 
T,=T,, + = 203 + 


2cp 


40? — 80? 


md 290.6 K 


where v,,,, = 40 is the air velocity at the inlet section, m/s; v, = 80 

is the absolute flow velocity upstream the impeller, m/s; cp = 1005 

is the air thermal capacity at a constant pressure, J/(kg K). 
Losses in the compressor air inflow ducting 

LE, = &),v2/2 = 0.04 x 807/2 = 128 J/kg 

in 

where £;, = 0.04 is the loss factor for axial inlet ductings. 
Polytropic index n;, at the air inlet to the compressor is determi- 

ned as follows: 


L 
Rin ok k Tin 


Wim Ac A—4  RBRa(Tı—Ta. ) 
in 





1.4 128 M 
— 4.4—4 287 (290.6 —293) — 3.086 


hence nin — 1.37. 
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The pressure upstream the compressor impeller 
py pa (rm. aes 
= 0.095 (290.6/293)!.37/4.37-1) = 0.0915 MPa 
The air density at section /-7 
0, = p,"108/(R, T,) = 0.0915 x 109/(287 x 290.6) = 1.1 kg/m? 
The area of section I-I 
Fi = G,/(v,0,) = 3.5/(80 x 1.1) = 0.00397 m? 
The diameter of the compressor inlet impeller 
D, — V F,/(0.785 [1 — (Dy Dy) 
= Y 0.00397/[0.785 (1 — 0.33)] = 0.0745 m — 74.5 mm 


where D,/D, = 0.3 is the ratio of the hub diameter of the impeller 
to its inlet diameter. 
The hub diameter of the compressor impeller 


D, = D,DyD, = 0.0745 x 0.3 = 0.0223 m = 22.3 mm 


The relative diameter of the impeller hub 


D, = D/Da = 0.0223/0.11 = 0.203 
The relative impeller inlet diameter 
D, = D,/D, = 0.0745/0.11 = 0.675 
The relative mean diameter at the inlet to the impeller 
Dim = V (D + D3)/2 — V (0.203? - 0.6153)/2 = 0.5 


The power factor for axial-radial impellers 


e ira 


where z; = 16 and stands for the number of compressor impeller 
vanes. 

The peripheral component of the absolute velocity at the impeller 
exit 


Voy = Mug = 0.85 x 298 = 254 m/s 
The radial component of the absolute velocity 
Var = 0.3 uz = 0.3 x 298 = 89.5 m/s 
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The absolute air velocity at the impeller exit (see Fig. 10.3) 
v = V và, + và, = Y 2542 + 89.52 = 269 m/s 
The ratio v,/u, = 269/298 = 0.905 lies within the permissible 


limits. 
The air temperature at the impeller exit 


Ta = T, + (u + a; — p?/2) uz/c, = 290.6 + (0.85 + 0.05 
—0.85*/2) 2987/1005 = 339.5 K 


where o, = 0.05 is the coefficient of disk friction losses. 

The compression polytropic index in the impeller is assumed as 
Nim = 4.5. 

The air pressure at the impeller exit 


P = Di (7,/T,) im" im" E 
= 0.0915 (339.5/290.6)1-5/04.5-1) = 0.146 MPa 


The air density downstream the impeller 
Pa = Po X 109/(R,T,) = 0.146 x 108/(287 x 339.5) = 1.49 kg/m? 
The height of the impeller vanes at diameter D, (see Fig. 16.3) is 


ba = G,/(xD,v,,04) = 0.35/(8.14 x 0.11 
x 89.5 x 1.49) = 0.0076 m = 7.6 mm 


The relative height of the vanes at the impeller exit section 
ba = b,/D, = 0.0076/0.11 = 0.069 


The relative width of the compressor impeller 
B = B/D, = 0.033/0.11 = 0.3 


where B = 0.033 is the compressor impeller width, m. 

Computation of diffusers and air scroll. The width of the diffuser 
open part is taken equal to the impeller vane height at the exit (see 
Fig. 16.3): 


b, = b, = 0.0076 m = 7.6 mm 
The outer diameter of an open diffuser 


D, = D,D, = 0.11 x 1.14 = 0.125 m = 125 mm 


where D, = D,/D, == 1.14 is the relative outer diameter of the open 
diffuser. 
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The absolute velocity at the outlet from the open diffuser 


^3 b. 2 . 1 
Da ba 1. 1.14 ” 


d 2x 70.0076. 





The ratio v/v = 1.14 and does not exceed the permissible values. 
The pressure downstream the vaned diffuser 


Px = Pa, Me = 0.095 x 1.79 = 0.17 MPa 


The compression polytropic index in the diffusers is taken as ng 
ep 


The air temperature downstream the vaned diffuser 
T, = T, (p,/p,Y"4- P"a = 339.5(0.17/0.146)0-7-5/1. = 362 K 
The air velocity at the exit from the vaned diffuser 
v, =V v (T, — T) 2c, 
= V 2692 — (362 — 339.5) 2 x 1005 = 164 m/s 


The outer diameter of the vaned diffuser (see Fig. 16. co = (1.35 
to 1.70) D,. Take the outer diameter as D, = 1.6 and = 1.6 
x 0.11 = 0.176 m = 176 mm. 
The vaned diffuser exit width 
b, = b3+ (D, — Dy) tan v/2 = 0.0076 
+ (0.176 — 0.125) tan 6°/2 = 0.0103 m = 10.3 mm 


where v = 6° is the flare angle of the vaned diffuser walls. 
The air velocity at the scroll outlet 


Vs == U, = 164 m/s 
Losses in the scroll 
Le = E,,U/2 = 0.15 x 164?/2 — 2020 J/kg 


where &,, = 0.15 is the air scroll loss factor. 
The scroll outlet pressure 


Lr — k—4 \RMR-1) 
p= P3 RE k ) 


> 2020 14—4 1 LA D 
=0.17 ( — 387x362 * 14 | 








— 0.167 MPa 


The air pressure in the compressor may be raised, if the scroll 
outlet duct is of a diffuser type (see Fig. 16.5). 

Computation of compressor basic parameters. Terminal pressure 
ps = 0.167 MPa at the compressor outlet differs from p, = 0.17 MPa 
assumed in the heat analysis by 1.9%, which is tolerable. 
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The air temperature downstream the compressor (7, = 362 K) 
differs from 7, — 361 K obtained in the heat analysis by 0.02896. 
The actual pressure increase in the compressor 


Te pslpa,, = 0.167 /0.095 = 1.76 


The adiabatic efficiency of the compressor 
Mad. = To (nf - D — 1)/(T; — To) 
= 293 (1.760-4-D/.4 — 1)/(362 — 293) = 0.746 
The adiabatic work determined by the actual pressure increase 


k 
Lad.c = ET RT a, (n(h- D/h — 1) 


n 


044 
— 44—1 


Head coefficient Hag, = Laa. c/uz = 51 900/298? = 0.585 dif- 
fers from H,4,, = 0.6 taken in the computation by 2.5%, which 
is tolerable. 

The power to drive the compressor 


Noe = Lad. Gq/1000Nea.¢ = 51900 x 0.35/(1000 x 0.746) 
= 24.35 kW 

Computation of a turbine. The quantity of engine exhaust gases 

entering the turbine 
Gs = Ga [1 + 1/ a9,1)] = 0.35 [1 
+ 4/(4.7 x 1.0 x 14.452)] = 0.365 kg/s 
The gas pressure in the exhaust manifold is dependent on the 
supercharging system and varies in four-stroke engines within the 


limits pp = (0.80 to 0.92) p.. Keeping in mind that pp must be 
higher than p; upstream the turbine, we assume 


pp = 0.92p, = 0.92 x 0.167 = 0.154 MPa 


At Ps = 1 the gas temperature upstream the turbine 


: | 
T,=T,=—T1,[1+2(m—1)| 


287 x 293 (1.76-4-1/t-4 — 1) = 51900 J/kg 





1129 0.154 a 
=128 | 1+ pags (1-43 — 1) | =8% K 
where T, is the gas temperature in the exhaust manifold; m — 1.43 
is the expansion polytropic index in the exhaust process. 

The backpressure downstream the turbine p, = (1.02 to 1.05) p, 


MPa. In the computation we assume pg = 1.03p, = 1.03 X 0.1 
— 0.103 MPa. 
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Isoentropic index 4, of exhaust gases is computed by the gas tem- 
perature, fuel composition and excess air factor. In four-stroke en- 
gines kg lies within 1.33 to 1.35. In the computation we assume 
k, = 1.34. 

The gas molecular mass upstream the turbine is found taking into 
account the parameters determined in the heat analysis of a diesel 
engine: 

20 dap, — 144.7% 4X 14.452 __ l 
He= Ma -nagh 772996 Torx LOK ASt kg/kmole 
The gas constant of exhaust gases 

Ry = R/pg¿ = 8315/29.1 = 286 J/(kg K) 


In compliance with the turbo-supercharger defined before (TKP- 
11), we take in the computations an isobaric radial turbine with ef- 
ficiency n; = 0.76 (see Table 16.1). 

The gas pressure upstream the turbine 


kg —1 


= / (1— E ate Jta? 

Pt Pa NeNad.cht gl g6g 
= 1.34—1 51 900 x 0.35 1.34/(1.34— 1) 
= 0.103 / (1 — 7134 ^ 0.16 x 0.746 x 286 x 896 x 0.365 


— 0.147 MPa 


The ratio p,/p,; = 0.167/0.147 = 1.13. With four-stroke engines 
Dép: = 1.1 to 1.2. 

The computation of nozzle. The full adiabatic work of gas expansion 
in the turbine 


Laa. + = Las. «Gal (n Mad. cG g) = 91 900 
x 0.35/(0.76 x 0.746 x 0.365) — 88 000 J/kg 
The adiabatic expansion work in the nozzle 
Ln = (1 — pi) Loa. : = (1 — 0.5) 88 000 = 44 000 J/kg 
where p; = 0.5 is the reaction level. 
The absolute gas velocity upstream the turbine wheel 


vi = Po V 2L, —0.94]/ 2 x 44000 = 278 m/s 


where (q. = 0.94 is the velocity coefficient. 
The gas temperature downstream the nozzle is 


_ pp i vi E 278* = 
Ai 2keR gl (Kg — 4) S 1.34 x 286/(1.34 — 1) aot 
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The Mach number 


218 
M, mE at = —--— 0.484 
V kgR,T, VV 1.34 x 286 x 861.6 


i.e. the gas flow is subsonic and the nozzle must be tapered. 
'The radial and peripheral components of the gas absolute velocity 
upstream the turbine wheel (see Fig. 16.6) are 


Upp = v, sin a, = 278 sin 25° = 118 m/s 
Vy, = v cos a, = 278 cos 25° = 252 m/s 


where a, = 20° is the angle of the outflow from the guide case. 
The angle of the inflow to the turbine wheel vanes 


p, = 90° + arctan a — 90° + arctan E — 101*30' 
Jr : 


where u, = 276 m/s is the peripheral velocity at the whee! outer 


diameter. 
In order to increase the turbine efficiency, we assume u, > U,y. 
The conventional adiabatic velocity of gas outflow 


Vad = V 3L = V2 X 88 000 — 420 m/s 


The turbine specific speed parameter 
Y = Uy/Vaq = 276/420 = 0.66 
lies within the range 0.65-0.70. 
The relative flow velocity upstream the turbine wheel 
w, = v,,/sin By = 118/sin 101°30’ = 120.5 m/s 
The outer diameter of the turbine wheel 
D, = 60u,/(an;) = 60 x 276/(3.14 x 51 600) 
= 0.102 m = 102 mm 


It should be kept in mind, that n, = ne. 
Power losses in the guide case (nozzle) 





1 vi bw A 9182 
AL,— (1) = (697 — 1) 23-5300 Tg 


The inlet diameter of the guide case 
D, = D, (Dj/D,) = 0.102 x 1.4 = 0.143 m = 143 mm. 


The expansion polytropic index in the guide case 





My sk Ln 00 444 5 300 = 
mni KA CRQT.—TQ ~ 134-1 ^ 286 (806 — 861.61 = 4.48 
n, = 1.288 


24—0946 


370 PART FOUR. ENGINE SYSTEMS 


The gas pressure at the guide case outlet 


nv/(nv- " 1.6 \ 1.288/(1.288— 
p= pi (p) 0.447 (E) 204777 —0,4223 MPa 





The gas flow density 
pe, = pi X 108/(R4T,) = 0.1223 x 108/(286 x 861.6) 
— 0.498 kg/m? 
The width of the guide case vanes 


Ue Gg = 0.365 
1  mDip,v Sina, — 3.14 x 0.102 x 0.498 x 278 sin 25? 


= 0.0194 m = 19.4 mm 


The computation of the turbine wheel. The gas expansion adiabatic 
work in the turbine wheel 


Lu = PiLaa.; = 0.5 x 88000 = 44 000 J/kg 


The computation data of the wheel design parameters are to be 
entered in Table 16.3. 


Table 16.3 
Parameters Value, m 
Inner diameter at D,/D, —0.75 D, == D, (D4/ Dj) =0.0767 
Hub diameter at Dj,/D, — 0.25 T Di (D,'D,) — 0.0256 


Root-mean-square diameter of wheel | Dom — |/ (D3+ D3)/2 — 0.0572 
at exit 

Wheel vane width at inlet b, =b; =0.0194 

Wheel width at B/D,=0.3 B = D, (Bj D,) —0.0306 


The relative gas velocity at the turbine wheel exit 


w=} V w4 2L1,, — u? (1— Di) 


= 0.845 y 120.52 -- 2 x 44 000 — 2762 (1 — 0.562) = 190 m/s 





where y = 0.845 is the coefficient of velocity; Dom = D,,/D, 
— 0.0572/0.102 — 0.56 is the relative root-mean-square diameter 
of the wheel at the exit. 

The peripheral velocity at diameter Dam 


Usm = MDomnz/60 = 3.14 x 0.0572 x 51 600/60 = 155 m/s 
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Assuming that the gas outflow is axial (v, = v,,), we use the 
triangle of velocities (see Fig. 16.6) to define the value of the absolute 
velocity at the wheel exit 


v, =V ui— ui, = V 1902— 1552 = 140 m's 


The gas temperature at the wheel exit 
1 vz — v3 


A (bang | 


1 n 
= §61.6— 1.34 x 286/(1.34 — 1) | (1 — 0.08) 276 E 


— 828.5 K 





278? — 110? * 
aa 


where a; = 0.08 is the coefficient of disk friction losses. 
Neglecting the losses with the exit velocity, the adiabatic effi- 
ciency of the turbine 
P 
T, [1 — (p/p) 68 tre] 
{ =: . pr 
=- ee pa = 0.871 
896 [1 — (0.103/0.147) (1-33 10/1.347 


Nad.t = 


The adiabatic efficiency of the turbine including the losses at the 
exit velocity 


Mad.t = Med. — gp = 0.871 — 2-19 = 0.802 
AE E Bgg 2x 88000 ~ 





The total efficiency of the turbine 
Ne = Nad. iNis:mecn = 0.902 x 0.95 = 0.76 


where Yis.mech = 0.95 is the mechanical efficiency of the turbo- 
supercharger. 
The turbo-supercharger efficiency 


Nts = NMed.c = 0.76 x 0.746 = 0.566 
The turbine output power 


po edad. 188000 0.385 pn 5 - 





corresponds to the power consumed by the compressor (V, = Nà). 
24% 


372 PART FOUR. ENGINE SYSTEMS 


Chapter 17 
DESIGN OF FUEL SYSTEM ELEMENTS 
17.1, GENERAL 


To perform a working cycle of an internal combustion engine, we 
need a combustible mixture—a mixture of fuel and oxidizer. During 
combustion of the mixture the internal chemical energy of the fuel 
is converted into heat and then into mechanical energy to propel 
the vehicle or tractor. 

Modern automobiles and tractors employ the following internal 
combustion engines: 

1. Engines with external mixture formation (carburation) and 
ignition from an outside source. In such engines, use is made of vola- 
tile fuel (liquid or gaseous) and the combustible mixture is generally 
prepared outside the cylinder and combustion chamber in a device 
made for the purpose—a carburettor. This type of engines also inclu- 
des engines having the so-called system of directly injecting light 
fuel into the intake manifold. 

2. Engines with internal mixture formation (fuel injection) and 
self-ignition of the fuel. These engines utilize non-volatile fuels (diesel 
oil, straw oil and their mixtures), and the combustible mixture is 
formed inside the combustion chambers, for which reason the design 
of combustion chambers has a direct effect on the combustible mixture 
{formation and ignition. Depending on the design of combustion cham- 
bers and fuel supply method, modern diesel engines employ open 
combustion chambers with volumetric or film fuel injection, and 
subdivided combustion chambers—prechamber and swirl-chamber 
engines. 

Regardless of the types and kinds of internal combustion engines, 
the basic requirements imposed on their fuel systems are as follows: 

1. Accurate metering of fuel and oxidizer (air) for cycles and cylin- 
ders. 

2. Preparing a combustible mixture within a rigorously defined, 
as a rule, very small period of time. 

3. Formation of a combustible and then a working mixture ensur- 
ing complete combustion of the fuel and no pollutants in the products 
of combustion. 

4. Automatic change in the quantity and composition of the com- 
bustible mixture in compliance with changes in the speed and load 
of the engine. 

59. Reliable starting of the engine at various temperatures. 

6. Stability of the fuel system adjustment within a long period of 
engine service along with the possibility of changing the adjustment, 
depending on the service conditions and condition of the engine. 
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7. Serviceability of the fuel system: simple aud reliable construc- 
tion, easy installation, adjustment, maintenance and repair. 

The above requirements are mainly satisfied in the fuel systems 
of automobile and tractor engines as follows: 

(a) for engines with external mixture formation by a carburettor 
in carburettor engines and by a carburettor-mixer in gas eugines, 
by a pump and an injector in direct injection engines; 

(b) for fuel injection engines by a high-pressure pump and an ato- 
mizer or a unit injector. 


17.2. CARBURETTOR 


The basic component of the fuel system of a carburettor engine 
is a carburettor. [t is comprised by a number of systems and devices 
to meet the essential requirements imposed on the fuel systems of 
engines. These are: 

1. Main metering system with mixture compensation correcting 
the fuel delivery to meet the engine basic operating requirements. 

2. Idling system to provide 
stable operation of the eugine I LAN; Ol 
under small loads. Air 

3. Mixture enrichment sys- 
tem used under conditions of 
maximum load and speed to 
obtain the maximum power. 

4. Devices providing a good 
pick-up of the engine (quick 
mixture enrichment in acce- 
leration). 

2. Devices providing for re- 
liable starting of the engine. 

6. Auxiliary devices ensur- 
ing reliable and stable opera- 
tion of the carburettor. 

When designing a carburet- 
tor, it is generally enough to  , 
make computations of the main y 
metering circuit elements, Fig. 17.1. Diagram of elementary car- 
defining the basic dimensions  burettor 
of the venturi and jets. 

l Design of a venturi. When venturi computations are made, we de~ 
fine air flow velocities at different sections and determine constru c- 
üonal dimensions. 

When the air after the air cleaner and intake manifold flow s 
through the venturi, it creates a slight vacuum, materially increasin g 
its velocity at the venturi minimum section. 
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The relation between the velocity variation and the air flow pres- 
sure is determined in accordance with Bernoulli’s equation for an 
incompressible liquid, supposing that the pressure at section l-I 
(Fig. 17.1) is equal to the atmospheric pressure, i.e. Py; = py. 
while the air velocity w,, = 0. Besides, to an approximation of 
enough accuracy the air may be treated as an incompressible liquid, 
its density Pp being constant at every point along its intake path. 
This assumption produces an error within 2% as the pressure at va- 





LZ T A 
E AAN IÓ 











“0 2 4 6 8 10 12 Ap, kPa 


Fig. 17.2. Coefficient of air consumption versus vacuum in venturi 


rious sections of the carburettor varies, but little, and the maximum 
depression in venturi minimum section //-/] Ap, = py — Py does 
not exceed 15-20 kPa. 

Therefore, the theoretical velocity of air w, (m/s) (neglecting 
pressure friction losses) for any section of the venturi 


Wa = V 2(py— Px3)lpo = V 2Ap«lpo (47.1) 


where px and Ap, are the pressure and vacuum, respectively, at any 
section z-z of the venturi, Pa; py is the air density, kg/m?. 
For the minimum venturi section (section //-/7) 


Wa = V 2^ p,lpo (17.2) 
The actual air velocity in the venturi 


Wac = PyA¿Wy = UyWa (17.3) 
where q, is the velocity coefficient accounting for pressure friction 
losses in the intake manifold; a, = f;/f, = 0.97 to 0.98 and is the 
stream contraction coefficient equal to the ratio of air flow minimum 
cross-sectional area f; to the minimum venturi cross-sectional area f, 
at section I-II; uw, = qo, is the coefficient of the venturi flow 
rate. 

Figure 17.2 shows coefficient u, of flow rate versus decompression 
Ap, in venturi tubes of various carburettors. Referring to the curves, 
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u, rapidly rises at low decompression values, then varies, but little, 
and sometimes slightly decreases with an increase in Ap,. The shaded 
area between two curves u, is characteristic of changes in p, for 
most of modern carburettors. When computing venturi tubes, curve 
u, is determined on the basis of experimental data or is taken as 
close to maximum curve u,. 

Proceeding from the venturi size, the actual second flow rate of 
air (in kg/s) through the venturi is determined by the equation 


Ga = (md5'4) uw,ps = (183/4) po V 2^ Popo (17.4) 


where d, is the venturi diameter, m; p, is air density, kg/m?. 

On the other hand, the air flow rate in the venturi equals the 
amount of air delivered per second to the engine cylinders at a given 
speed of the engine. In four-stroke engines 

1D? ni 
G, — Nv —— 8576 Po (17.5) 
where D and S are the piston diameter and stroke, m; n is the engine 
speed, rpm. 

From equations (17.4) and (17.5) we determine the relationship 

between the depression in the venturi and the engine speed 





py D y2 oni]? p 
Ap, =| Uv (37) 5 20) 3 (17.6) 
and define the venturi diameter 
d, = DY ny Snil(420u, Wwa) = V 4G, (xuswapo) (17.7) 


The venturi diameter is chosen so as at a low speed and with the 
throttle closed we obtain an air velocity of not less than 40-50 m/s 
and at a high speed and with the throttle fully open, the air velocity 
is not in excess of 120-130 m/s. An air velocity below 40 m/s may 
affect the fuel atomization and thus may cause an increase in the 
specific fuel consumption, while at an air velocities in excess of 
130 m/s affects the volumetric efficiency and output power of the 
engine. 

Design of jets. The main component of metering circuit is an ele- 
mentary carburettor which enriches the mixture as the depression 
in the venturi increases, i.e. with an increase in the opening of the 
throttle or engine speed. For the characteristics of elementary Z 
and "ideal" 2 carburettors, see Fig. 17.3. Comparing the characteris- 
tics, the elementary carburettor enriches the mixture practically 
continuously with a growth of depression in the venturi, whereas the 
"ideal" carburettor needs to gradually lean the combustible mixture 
till maximum depressions, when a certain enrichment of the mixture 
1s required. Therefore, to impart the elementary carburettor a cha- 
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racteristic close to the “ideal” one, a device is necessary to provide 
mixture leaning at all basic conditions of engine operation (AB 
in Fig. 17.3). To this end, the main metering circuits of the carburet- 
tors are furnished with auxiliary devices providing the so-called mixtu- 
re compensation (leaning). 

For the mixture compensation. use is mainly made of two prin- 
ciples: (1) control of the depression in the venturi and (2) control of 


A 2 2 


42, 


Fig. 17.3. Characteristics of (7) elementary and (2) "ideal" carburettors 


the depression at the jet. Both principles may be used simulta- 
neously. 

The mixture compensation on account of the depression control 
in the venturi in the presence of one main jet (Fig. 17.4) can be ef- 
fected through the use of auxiliary air valve 3 (Fig. 17.4a) decreasing 
the depression in the venturi, or by fitting elastic (moving) leaves 5 
(Fig. 17.46) varying the venturi cross-sectional area. 

The mixture compensation on account of the depression control 
at the jet may be accomplished by fitting compensating jet 5, the 
fuel from which finds its way to sprayer 6 through compensation 
well 7 open to the atmosphere (Fig. 17.4c), or by fitting fuel 70 and 
air (emulsion) 9 jets (Fig. 17.4d). With this mixture compensation 
circuit (the so-called pneumatic fuel deceleration), air is supplied 
from sprayer 11 together with the fuel, which has passed through 
air jet 9 and compensation well 7. 

The fuel discharge from sprayer 2 of main jet 7 (Fig. 17.4a, b, c) 
is due to depression in venturi throat 4. 

The theoretical speed of the fuel flowing through the main jet 


i Ape cp BA AGA 
wm= 2 (4 — gan) - V/ = (ap, gAhp) (17.8) 


where p; is the fuel specific gravity (for gasolines o; — 730 to 750), 
kg/m?; g = 9.81 m/s? is the free fall acceleration; Ah = (Ah, + 
+ Akp.) is the conventional height (in m) of fuel opposing the fuel 
discharge from the sprayer; Ah, == (0.002 to 0.005) m is the distance 
between the fuel level in the float chamber and mouth of the sprayer 
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Fig. 17.4. Diagrams of carburettors with various mixture compensation systems 


(Fig. 27.4a, b); Ah,., is a conventional height of fuel in proportion 
to the surface tension forces of the fuel when it flows out of the spray- 
er mouth (for gasoline AA, ¿ is about 3 x 107% m and it is usually 
neglected). 

The theoretical speed of the fuel flowing through compensating 
jet8 (Fig. 17.4c) is dependent on fuel column H above the jet level 
and is determined from the expression 


Wie = V 2gH (17.9) 


The theoretical speed of the fuel flowing through fuel jet 70 
(Fig. 17.4d) is determined from the equation 


2 e 
v, YE (Ap. — APweu) (17.10) 


where Ap,.,;; = IL is the depression in compensation well 7; 
a ails 
fa and f, are orifice areas of air (emulsion) jet 9 and sprayer 77. 
The actual speed of fuel discharge from the jets differs from the 


theoretical speed by the value of flow rate coefficient 


Hy = qa; (17.11) 
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where q, is the speed coefficient accounting for losses in fuel discharge 
from;a jet; a; is the contraction coefficient of the fuel stream. 
Because of difficulties involved in defining coefficients y, and a; 
separately, experimental data are used to determine the value of p. 
The+value of fuel consumption coefficient is materially influenced 
by the shape and dimensions of the jet and, first of all, by the ratio 
of jet length J; to jet diameter d,. Figure 17.5 shows curves of u; 


Fig. 17.5. Coefficient of fuel 


consumption versus depres- 
Ü 2 4 6 8 10 12 Ap, , kPa sion 








versus depression in the venturi for three jets having ratio 1,/d, 
— 2, 6 and 10. 

The actual speed of fuel discharge from the jet w; = pw; varies 
with engine operating conditions and lies within 0- 6 m/s, ‘while the 
second flow rate of fuel is determined from the expressions: 

for main jet 


NC 2 . A ED 
G,— E in. oap; V 20; (Apo ghp) (47.42) 


for compensating jet 








2 2 
Gy = 2593 y, jw, p; = TE po. p, V 28H (17.13) 
for fuel jet 
d L—L——Á a 
Gy = 771. wy ww, p; = pra V 29, (Apo —APwen) (17.14) 


In the mixture compensation on account of pneumatic fuel de- 
celeration the sprayer discharges emulsion including in addition to 
fuel G; certain quantity of air: 





: di. d. E E E 3 
Gae = E Nha eWa epo — 2 Bas V 2p (Apo — Apwen) (17.15) 


where d,. e is the diameter of the emulsion (air) jet, m; Ua. e and w,. 
are the air flow rate coefficient and theoretical velocity of air dis- 
charge from the emulsion jet, respectively. 
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The fuel jet diameter 
d; = V AG, (np wp;) (17.16) 
The diameter of the emulsion (air) jet 
d, = V ÁG, (tfta etos. epo) (17.17) 


Carburettor characteristic. The carburettor characteristic is known 
as a curve showing changes in air-fuel ratio œ versus depression in 
the venturi. The air-fuel ratio is evaluated in terms of the excess air 
factor a = G,/G;l, and is dependent on the venturi depression: 
for a carburettor with one main jet 


2 


nd A 
i Hv V 20eo^pc 














a= 5 
Adm. L—M————— 
lo == Bm.; V 201 (Apo — 8M) 
m dy | Un Po Apy 17.18 
a ( dm.j bom. j Pf A0,—gAhp; CH 


for a carburettor with the main and compensating jets 


nd; L———— 
r Hv V 2poApy 
= 


md. a z ndij i 
lo | Z Pmj V 20; (App — £M pr) +: Z pe. 50s V ZEH | 














SENE OAR S (17.19) 
lo ldm.jtm.j V Py (APo— gARP#) 4- de je. 304 V gH] 
for a carburettor with fuel and emulsion jets 


ndi — dG a 
— Ho V PA Py + —7— Ma.e V 2po (Apo — APuetl) 





Qos 
nd}, j — — 
lo > y. V 207 (Apo — AP wen) 


M EL ) Ho Po Av " ( ye) Ma.e 17.20 
dj. j lols. j 0; Aps— APuell | dj. j los. ` ) 











The carburettor characteristic curve is protted within the limits 
from Ap, = (0.5-1.0) kPa to the value of Ap, at the maximum air 
velocity in the venturi. The computation is usually made in the 
table form (see Sec. 17.3). 

By the above method of carburettor computations, we roughly 
determine the basic dimensions of the venturi and jets in order to see 
whether it is possible to obtain the value of a taken in the heat ana- 
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lysis versus the engine speed and, thus, versus depression in the 
venturi with the throttle fully open. 

The dimensions of carburettor elements determined by computa- 
tions must be checked on testing benches. 


17.3. DESIGN OF CARBURETTOR 


According to the heat analysis (see Sec. 4.2) we have: cylinder bore 
B (D) — 78 mm, piston stroke — 78 mm, number of cylinders 
i = A, air density py = 1.189 kg/m, theoretical amount of air neces- 
sary to burn 1 kg of fuel J, = 14.957 kg of air/kg of fuel; at No max 
= 60.42 kW and ny = 5600 rpm the coefficient of admission yy 
— 0.8784, fuel consumption per hour G; = 18.186 kg/h; at V, 
= 60.14 kW and "max = 6000 rpm ny = 0.8609 and G; = 
= 19.125 kg/h. 

Determine the basic dimensions of the venturi and jets for a cur- 
burettor having a main metering circuit with a compensating jet 
and obtain a carburettor characteristic that would provide an air- 
fuel ratio (a) taken in the heat analysis (see Fig. 4.1) with the throttle 
fully open and the engine speed varied. 

Computation of the venturi. The theoretical air velocity at 
n = 5600 rpm is taken as iw, = 145 m/s. 

Depression in the venturi at w, = 145 m/s is determined by 
formula (17.2) 


Ap, = wipp/2 = 145? x 1.189/2 = 12 499 Pa = 12.5 kPa 
The actual air velocity in the venturi 
Wac = UrWa = 0.840 x 145 = 121.80 m/s 


where u, — 0.840 is determined by Fig. 17.2 at Ap, — 12.5 kPa 
in supposition tbat curve p, of the carburettor under design is close 
to maximum curve u, in Fig. 17.2. 

The actual second air flow through the venturi 


D? j 
Ga = Yv T S - 





120 Po 
2 a 9704 3:1 0.0 0,078 <* 4.189 — 0.0726 kg/s 


The venturi diameter 





u a ron E 0.8784 x 0.078 x 5600 x 4 
-Dy 1200 ;u = 0,078 / 7 120 x 0.840 x 145 
= 0.02527 m = 25.3 mm 


or 


FORET E PA V 4 x 0.0726 
ES | Tyla Py — 3.14 x 0.840 x 145 x 1.189 
- 0.02527 m = 25.3 mm 
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Computation of the main jet. The theoretical fuel speed at the 
discharge from the main jet 


4 m = V 2(Ap,/e;— gAh) 
= y 2 (12 499/740 — 9.81 x 0.004 == 5.8054 m/s 


where p; = 740 is the specific gravity of gasoline, kg/m?; Ah = 4 mm 
= 0.004 m. 
The actual fuel speed at the discharge from the main jet 


wm; = Um.jWm.j = 0.798 x 5.8054 = 4.6327 ~ 4.6 m/s 


where [im.; = 0.798 is determined by Fig. 17.5 when choosing a jet 

According to the data of the heat analysis, the actual fuel consump- 
tion by the engine is 18.186 kg/h or 0.00505 kg/s at n — 5600 rpm. 
Since the fuel is delivered through two jets—main and compensating, 
their dimensions should be chosen so as to provide a fuel-air ratio « 
versus the engine speed as in the heat analysis. Preliminary the 
fuel flow rate through the main jet and compensating jet are taken 
as Gim = 0.00480 kg/s and G; e = G; — G;.m = 0.00505 — 0.00480 
— 0.00025 kg/s. 

The main jet diameter [see formula (17.16)] 


"WS | ee en, O 
mim aamen Y 344x0.798x 5.8054 740 
= 0.0013355 m æ 1.33 mm 


Computation of the compensating iet. The theoretical speed of 
fuel at the discharge from the compensating jet 


w, =V 2gH — V 2 x 9.81 x 0.05 = 0.9905 m/s 


where H = 50 mm = 0.05 m is the fuel level (column) in the float 
chamber over the compensating jet. 

The fuel discharge at speed w;. = 0.9905 m/s roughly corresponds 
to depression 


Ap = wj ,p;/2 = 0.9905? x 740/2 = 726 Pa = 0.7 kPa 


Therefore, the flow rate coefficient of the compensating jet can 
be determined from Fig. 17.5 at Ap = 0.7 kPa. The choice is made 
of a compensating jet having ratio 1;/d, = 5, then u,; = 0.65 
(Fig. 17.5). 

The diameter of the compensating jet 

4G. c 4 x 0.00025 


de; Vo Tap opp 844x0.683x0.9905 710 


= 0.0008175 m zz 0.82 mm 
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Computation of the carburettor characteristic. The carburettor 
characteristic curve is plotted within the limits from Ap, at nmin 
= 1000 rpm to Ap, at nmax = 6000 rpm (see Secs. 5.1, 5.2) by the 


formula 
[e (ae) 5] E 


Determining Ap, with the throttle fully open and prescribed value 
of n is accomplished by choosing u, corresponding to the value of 
Ap, to be obtained. According to the curve in Fig. 17.2 we determine 
y = 0.70 at Ap, = 0.5-0.6 kPa and uw, = 0.838 at Ap, = 12-13 kPa. 
Then, at nmin = 1000 rpm 


o [E 0.078 y 0.078 1000 x 4 T £48 .. 566 Pa 





0.7 (0.02527 120 2 
at Nmax — 6000 rpm 


0.8609 0.078 \2 6000 x 4.721.189 _ 
Apo =| -0338 (005) 9-078 imp | z =13860 Pa 


where yy = 0.8744 and ny = 0.8609 are taken from the heat ana- 
lysis, and the taken values of u, = 0.70 and u, = 0.838 correspond 
to the obtained values of Ap, = 569 Pa and Ap, = 13 860 Pa (see 
Fig. 17.2). 

Nine computation points of characteristic curve are then taken 
within the limits from Ap, = 569 Pa to Ap, = 13 860 Pa (Tab- 
le 17.4). 

The venturi flow rate coefficient is determined from the curve 
in Fig. 17.2 for the adopted design values of Ap, and is entered in 
Table 17.1. 

Depending upon the depression, the second air flow rate in the 
venturi is determined by formula (17.4) 


2 woke AR 
Ga — po V Zp Ap, = 2:38 002927 y, V 2 14895 p, 
— 0.000773u, V ^p, kg/s 
The flow rate coefficient of the main jet is determined from the 


curve in Fig. 17.5 for the adopted values of Ap,. 
The theoretical speed of fuel flow from the main jet 


a NN ILICE TUTTO 
im =1/ >, (Apo— gAhp;) = VW A (Ap, — 9.81 x 0.004 x 740) 


— 0.05198 V Ap, — 29.04 m/s 


Table 17.1 





Depression in venturi Ap, , Pa 


Parameters 





569 | 1000 | 2000 | 4000 6000 | 8000 | 10000 | 12 499 | 13 860 





Venturi flow rate coefficient up | 0.700 0.770 0.815 0.840 0.845 0.845 0.845 0.840 0.838 


Air flow rate in venturi Gg, kg/s | 0.01292 |0.01882 |0.02817 {0.04107 |0.05061 |0.05844 |0.06532 |0.07259 |0.07626 


Flow rate coefficient of the main 
jet Um. j 0.580 0.680 0.735 0.770 0.784 0.792 0.795 0.798 0.799 


Theoretical speed of fuel outflow 
from the main jet ws, mm, kg/s | 1.2090 [1.6197 12.3077 3.2756 [4.0166 14.6408 ]5.1905 [5.8046 16.1128 


Fuel flow rate of the main jet 
Gr. m, kg/s 0.000726 | 0.001141 | 0.004757 | 0.002613 | 0.003262 | 0.003808 | 0.004275 | 0.004799 | 0.005060 


Total fuel flow rate Gj, kg/s 0.000976 | 0.001391 | 0.002007 | 0.002863 | 0.003512 | 0.004058 | 0.004525 | 0.005049 | 0.005310 


Grlo 0.01460 |0.02081 |0.03002 |0.04282 |0.05253 |0.06070 |0.06768 |0.07552 |0.07942 
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The fuel flow rate in the main jet 


ndm.j 3.14 x 0.0013355? E 
Gn = Wm. jf mpg = oe we Lm. jU rm X 740 
= 0.001036u4 jw; kg/s 
The fuel flow rate in the compensating jet is independent of de- 
pression and has been taken before as G;.e = 0.00025 kg/s. 
The total fuel flow rate 


G; = Gim + Gie = Gi.m + 0.00025 kg/s 
The excess air factor 
— Ga 
a Gyig 





= ditty V PAE 
lo [dm.3tm.5 V Pf (Apo — EAhpy) ~ de jue. ;pyV gH] 
u 0.02527?u, 1/ 1. 189A py. 
~ 44.957 [0.0013355*%4m. ; 1 740 (App — 9.81 x 0.004 x 740) 
4- 0.0008175? x 0.65 x 740 y/ 9.81 x 0.05] 
= 0.00004656 uo Y Apo 
.. 0.0000485 us. ¡Y Apy — 29.04 + 0.000225 
All the design data are then tabulated (Table 17.1) and the carbu- 
rettor characteristic curve is plotted (Fig. 17.6). 
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Fig. 17.6. Design characteristic of a carburettor 


Referring to the figure, the curve of a versus Ap, is very close to 
the values of æ adopted in the heat analysis. These values are marked 
in Fig. 17.6 by dots. Therefore, in the first approximation the com- 
puted carburettor satisfies the requiremeuts imposed on it, when the 
engine is operated in the main operating conditions. 
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17.4, DESIGN OF DIESEL ENGINE FUEL SYSTEM ELEMENTS 


The fuel system of a diesel engine includes the following essential 
components: a fuel tank, low-pressure fuel transfer pump, filters, 
high-pressure fuel injection pump, injectors and piping.” 

Most popular with modern automobile and tractor diesel engines 
are fuel systems including high-pressure multi-unit injection pump 
and closed-type injectors connected by fuel delivery pipes. The fuel 
equipment of the unit type combines the high-pressure pump and 
the injector into one unit, which has a limited application. 

In recent years, applications are also found by fuel system utiliz- 
ing distributor-type fuel-injection pumps having one or two plunger- 
and-barrel assemblies performing the functions of fuel metering, 
delivery and distribution to the engine cylinders. 

The computation of the diesel engine fuel system generally comes 
to determining the parameters of its essential components: the fuel- 
injection pump and the injectors. 


Fuel Injection Pump 


The high-pressure fuel injection pump is the principal design ele- 
ment of the fuel system of diesel engines. It serves to accurately meter 
required amounts of fuel and deliver it at a certain moment of time 
at high pressure to the engine cylinders, following the engine firing 
order. 

Modern automobile and tractor diesel engines employ plunger- 
and-barrel type fuel injection pumps with spring-loaded plungers 
operated by the cams of the revolving shaft. 

Computation of a pumping unit of the pump consists in determin- 
ing the plunger diameter and stroke. These basic design parameters 
of a pump are dependent upon the cycle fuel delivery at the rated 
power of a diesel engine. . 

The cycle delivery, i.e. fuel injection per cycle: 

in unit mass (g/cycle) 


Ec = BeN ,v/(120ni) (17.21) 
in unit volume (mm?/cycle) 
Ve = g8.N?1/(120nip 5) (17.22) 


Because of fuel compression and leaks at loose joints and due to 
the fuel delivery pipes strain, the pump capacity must be greater 
than the value of V.. 

The influence of the above factors on the cycle delivery is accoun- 
ted for by the delivery ratio of the pump which is the ratio of the cycle 


25—0946 
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delivery volume to the volume described by the plunger during its 
active stroke: 


Mp = VV, (17.23) 


where V, = fp;Sqez and is the theoretical cycle delivery of the pump 
in mm*/cycle (fp; is the cross-sectional area of the plunger, mm?; 
Sect is the plunger active stroke, mm). 
Therefore, the theoretical delivery of a pumping unit of the fuel 
pump 
Vi = V np 


Under the nominal load, the value of , for automobile and tractor 
diesel engines varies within the limits 0.70-0.90. 

The full capacity of a pumping unit (mm?/cycle), taking into ac- 
count the fuel by-pass, diesel overloads, and reliable starting require- 
ments at subzero temperatures is determined by the formula 


Vp = (2.5 to 3.2) V, 


This quantity of fuel must be equal to the volume corresponding 
to the complete stroke of the plunger. 

The basic dimensions of the pump are determined from the ex- 
pression 


Va = ndpi$ py/4 


where d, and Sp; are the plunger diameter and complete stroke, mm. 
The plunger diameter 


V 4V p 
d, — A. 
P US pi/dpi 


The ratio S ,;/d,; varies within 1.0-1.7. The pump plunger diameter 
must be not less than 6 mm. Less plunger diameters affect machining 
the plunger and its fitting to the barrel. 

According to the statistics, with unsupercharged diesel engines 
the plunger diameter is mainly dependent on the cylinder diameter 
and independent of the fuel-injection method and nominal speed of 
the engine. Ratio d,,/D = 0.065-0.08 applies to unsupercharged 
diesel engines either with subdivided, or open combustion chambers 
with V, = 0.61 to 1.9 1 and n = 2000 to 4000 rpm [5]. 

The plunger complete stroke in mm 


Spi NE (Spi/dpi) dpi 


The basic design parameters of fuel injection pumps must be as 
follows: 


Plunger diameter dp mm 5, 5.5, 6, 6.5, 7, 7.5, 8, 8.5, 9, 10, 11, 12, etc. 
Plunger stroke, Sp;, mm 7, 8, 9, 10, 12, 16, 20 


€H. 17. DESIGN OF FUEL SYSTEM ELEMENTS 387 


The values of plunger diameter and stroke obtained from the 
computation must be corrected to the St. Standard requirements. 
With the plunger diameter chosen, the plunger active stroke 


Sact = Vi/fyi 


For the characteristics of some high-pressure fuel injection pumps 
see Table 17.2. 





Table 17.2 
Engine 
Description 
A-20 CMJI-14 | KOM-46 | am3-240| W-12A 
Pump 1TH-8.5x10|14TH-8.5x10T| KIM ASTA | HK-10 
Speed, n, rpm 900 850 900 1050 190 
Plunger diameter 8.5 8.5 10.0 9.0 10.0 
dp, mm 
Plunger stroke 10.0 10.0 8.0 10.0 10.0 
Spl mm 
Delivery, 97.0 99.0 175.0 115.0 150.0 
mm?/cycle 





Computation of the fuel-injection pump. According to the results 
of the heat analysis of diesel engine (see Sec. 4.3) we determine the 
plunger diameter and stroke of the fuel-injection pump. 

The initial data are: effective power NV, = 233 kW, engine speed 
n — 2600 rpm, number of cylinders i — 8, specific effective fuel 
flow rate g, = 220 g/(kW h), number of engine strokes t = 4, 
fuel specific gravity o; = 0.842 g/cm, 

The cycle delivery 

y, feet X10° _ 220x238 x 4x 10 
c=- 120nip; 120X 2600 x 8 x 0.842 


The pump delivery ratio np = 0.75. 
The theoretical delivery of a pumping unit 


= 07.5 mm3/cycle 


V, = Vhp = 97.5/0.75 = 130 mm?/cycle 


The complete delivery of a pumping unit 
Vp = 3.1V; = 3.1 x 130 = 402 mm?/cycle 


The ratio of the plunger stroke to the plunger diameter is taken 
as Syi/dy, = 1 
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The plunger diameter 


ses : 4Vp — 93/4x402 


pl nS pildp, — V BAL me 


The complete plunger stroke 
S p = dS pi/dy, = 8 hes 8 mm 


The plunger active stroke 
Sact = 4V (adi) = 4 x 130/(3.14 x 8?) = 2.6 mm 


Injector 


Injectors are of the open and closed types and perform the functions 
of fuel atomization and uniform distribution within the diesel com- 
bustion chambers. In the closed-type injectors, the spraying holes 
communicate with the high-pressure delivery pipe only during the 
fuel delivery period. In the open-type injectors this communication is 
constant. The injector computation comes to defining the diameter 
of the nozzle holes. 

The volume of fuel (mm?/cycle) injected by the injector per working 
stroke of a four-stroke diesel engine (the cycle delivery) is as follows: 


V, — g,N, x 10%/(30nips) 
The fuel discharge time in s 
At = Ag/(n6) 


where Ag is the crankshaft revolution angle, deg. 

The duration of delivery Ag is prescribed as dictated by the type 
of fuel injection of the diesel engine. When use is made of a film 
spray-pattern Aq — 15 to 25^ of crankshaft revolution. With the 
volumetric spray-pattern which calls for a higher injection velocity, 
Ag = 10 to 20°. 

The mean velocity of fuel discharge (in m/s) from the nozzle holes 
is determined by the formula 


Wm = V (2/05) (Pm — Pe) (17.24) 


where pm is the fuel injection mean pressure, Pa; p, = (p; + p;y2 
is the mean gas pressure in the cylinder during the injection, Pa; 
p: and p, are the pressures at the end of compression and combustion 
as determined by the data of the heat analysis of a diesel engine, Pa. 

In unsupercharged diesel] engines p, — 3 to 6 MPa, while in super- 
charged diesel engines it may be far higher. 

Mean injection pressure p,, in diesel engines of automobile and 
tractor types lies within 15 to 40 MPa and is dependent upon the 
injector spring compression, pressure friction loss in the nozzles, 
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plunger diameter and speed, and the like. The higher the injection 
pressure Pm, the higher the fuel discharge velocity and better its 
atomization. 

The value of mean fuel discharge velocity varies within wide 
limits wm = 150 to 300 m/s. 

The total area of injector nozzle holes is found from the expression 

Nu Ve 2 = 
fn = apán mm (17.25 

where u, is the fuel flow rate coefficient equal to 0.65-0.85. 

The diameter of the injector nozzle hole 


d, =V 4f,/(nm) mm 


where m is the number of nozzle holes. 

The number and arrangement of nozzle holes are chosen proceeding 
from the shape of the combustion chamber and the method of fuel 
injection. 

In diesel engines with fuel injection, use is made of single-hole 
and double-hole nozzles having a hole diameter of 0.4 to 0.6 mm. 
Multihole nozzles with a hole diameter of 0.2 mm and more (Tab- 
le 17.3) are used in diesel engines with volumetric fuel injection. 


Table 17.3 


Engine 


Description 
A-20 | CMJT-14 | HJIM-46 | am3-240 | -12A 


Fuel injector PIN x 14,0112 x25) RIM A3TA — 
Number of holes m 1 1 1 4 6 
Nozzle hole diameter dh, 3.6 2.0 0.645 0.32 0.25 


mm 





Computation of the injector. According to the heat analysis of 
the diesel engine (see Sec. 4.3) and the data of the fuel injection pump, 
we determine the diameter of the injector nozzle holes. The initial 
data are: actual pressure at the end of compression p; = 8.669 MPa; 
the pressure at the end of combustion Pz = 11.307 MPa; engine speed 
n = 2600 rpm; cycle fuel delivery V, = 97.5 mm?/cycle; fuel spe- 
cific gravity p; = 842 kg/m?. 

he duration of fuel delivery in degrees of the crankshaft angle is 
taken as Ag = 18°. 

The fuel discharge time 


At = Aq/(6 x n) = 18/(6 x 2600) = 0.00115 s 
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The mean gas pressure in the cylinder during the injection 
Pe = (pe + pz)/2 = (8.669 + 11.307)/2 = 9.988 MPa 


The mean atomization pressure is taken as p, = 40 MPa. 
The mean velocity of fuel discharge at the nozzle holes 


E va a 
A = (ps — p) 10 = Y 55 (40 — 9.988) 10° = 267 m/s 


The fuel flow rate coefficient is taken as u, = 0.72. 
The total area of the nozzle holes 


Ve 97.5 


== _>___ona—__ —__—__€-G—___— 2:200&D_OO==— CO 2 
In = omar A087 0.72 x 267 x 0.00115 x 10% 0.44 mm 


The number of nozzle holes is taken as m — 4. 
The nozzle hole diameter 


d, =V Af (am) — V 4 x 0.44/(3.14 x 4) 20.374 mm 


The above computations allow the basic design parameters of 
the fuel pump and injector to be defined only roughly. This is be- 
cause the actual fuel delivery considerably differs from that utili- 
zed in the computations due to the hydrodynamic phenomena taking 
place in the fuel system. 


Chapter 18 
DESIGN OF LUBRICATING SYSTEM ELEMENTS 


18.1. OIL PUMP 


The object of the lubricating oil system is to lubricate the engine 
parts with a view to reducing friction, preventing rust, removing 
products of wear and partially cooling individual assemblies of 
the engine. Depending upon the type and construction of engines, 
use is made of system of lubrication by splashing, under pressure 
and by combined methods. Most of automobile and tractor engines 
have a combined lubricating system. One of the essential components 
of the lubricating system is an oil pump. 

The purpose of the oil pump is to deliver lubricating oil to the 
friction surfaces of engine moving parts. Constructionally the oil 
pumps fall into gear and screw types. The gear pumps are known for 
simple construction, compactness, dependable operation and are 
most widely used in automobile and tractor engines. 

The design of the oil pump comes to defining the size of its gears. 
This design computation follows the definition of the oil circulation 
rate in the system. 
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Oil circulation rate V, is dependent upon the amount of engine 
heat Q; dissipated by the oil. According to the heat analysis, the 
value of Q; (kJ/s) in modern automobile and tractor engines is from 
1.5 to 3.096 of the total amount of heat admitted into the engine by 
the fuel: 


Q. = (0.015 to 0.030) Q, (18.1) 
The amount of heat produced by the fuel per second: 
Q, = H,4G,/3600 


where H, is in kJ/kg; G; is in kg/h. 
The circulation rate of the oil (m3/s) at the prescribed value o1Q 


V. PT Qol (poco AT o) (18.2) 


where p, is the oil density. In the computations this parameter is 
taken as 0, = 900 kg/m?; c, = 2.094 is the mean thermal capacity 
of oil, kJ/(kg K); AT, — 10 to 15 is the temperature of the oil in 
the engine, K. 

To stabilize the oil pressure in the engine lubricating system, 
the circulation rate of oil is usually increased twice: 


V = 2V, (18.3) 

Because of oil leaks through the end and radial clearances in the 

pump the design capacity of the pump (m3/s) is determined taking 
into account the volumetric efficiency v: 


The value of np varies within 0.6-0.8. 
When designing the pump, it is assumed that the gear tooth volu- 
me (m?) is equal to the volume of the tooth space: 


V = nD,hb (18.5) 


where D, is the diameter of the gear pitch circle, m; A is the height 
of tooth, m; b is the tooth face width, m. 
The design capacity of the pump 


V, = nD,hbn,/60 (18.6) 


where n, is the gear speed, rpm. 
With the tooth height equal to two modules (k = 2m) and Da 
= zm 
Va = 2nzm?bn,/60 (18.7) 


where z — 6 to 12 is the number of teeth of the gear used in pumps; 
m — 3 to 6 mm and is the module. 
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The value of the gear speed 
Rp = uj60/(nD) (18.8) 


where up is the peripheral velocity at the gear outer diameter, m/s; 
D =m (z+ 2) is the gear outer diameter, m. 

The peripheral velocity at the gear outer diameter must not ex- 
ceed 8-10 m/s. At higher peripheral velocities the pump volumetric 
efficiency will materially drop. 

With values of m, z and u, prescribed, we determine the tooth 
face width (m) from equation (18.7) 


b = 60V ¿/(2nm?zn,) (18.9) 


For the basic data of gear pumps used in certain Soviet-made 
engines see Table 18.1. 





Table 18.1 
Engine 
Description S S EA = © = 
e 83 5| 5 | Ele 
o A 
s | 5 | 5 5 d z 
Capacity, dm3/s 0.406 {0.235 10.705} 0.832 0.278 | 0.416 
Speed np, rpm 2000 | 2250 | 1600 1440 500 2940 
Pressure in the lubricating 
system p, MPa 0.40 | 0.35 | 0.35 |0.10-0.25/|0.17-0.27| 0.6 
Gear outer diameter D, mm | 29.0 | 38.7 | 43.4 59.4 48.0 42.9 
Tooth height h, mm 5.0 | 9.06 |10.15 8.5 8.0 10.0 
Tooth face width b, mm . 30.0 | 18.8 | 33.0 36.0 32.0 40.0 
Number of teeth 7 7 1 12 10 8 
The power (kW) to drive the oil pump: 
Np = Vap/(ng.p X 103) (18.10) 


where V, is the pump design capacity, m/s; p is the oil working 
pressure in the system (p — 0.3 to 0.5 MPa for carburettor engines 
and p = 0.3 to 0.7 MPa for diesel engines); Nm.p = 0.85 to 0.90 and 
is the mechanical efficiency of the oil pump. 

Computation of the oil pump. The basic dimensions of the oil pump 
gears for a carburettor engine. The total amount of heat produced by 
the fuel per second is determined by the heat analysis data (see 
Sec. 4.2) Q, = 221.92 kJ/s. 
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The amount of heat carried away by oil from the engine: 
Q, = 0.0210, = 0.021 x 221.92 = 4.67 kJ/s 


The oil thermal capacity c, = 2.094 kJ/(kg K). 
The oil density p; = 900 kg/m. 
The temperature of oil heating in the engine AT, = 10 K. 


The circulation rate of oil 
V. = Qe/(poco AT.) = 4.67/(900 x 2.094 x 10) = 0.000248 m?/s 


The circulation rate, taking into account the stabilization of the 
oil pressure in the lubricating system 
V’ = 2V, = 2 x 0.000248 = 0.000496 m?/s 


The volumetric efficiency n, = 0.7. 
The design capacity of the pump 
V, = V'/n, = 0.000496/0.7 = 0.00071 m?/s 

The tooth module m = 4.5 mm = 0.0045 m. 
The tooth height A = 2m = 2 x 4.5 = 9.0 mm = 0.008 m. 
The number of gear teeth z — 7. 
The pitch circle diameter of the gear 

D, = zm = 1 x 4.5 = 31.5 mm = 0.0315 m. 


The gear outer diameter 
D = m (z + 2) = 4.5 (7+ 2) = 40.5 mm = 0.0405 m 
The peripheral velocity at the gear outer diameter up = 6.36 m/s. 
The pump gear speed 
Np = up X 60/(xD) = 6.36 x 60/(3.14 x 0.0405) = 3000 rpm 


The gear face width 
OY _ 60 x 0.00071 D 
m enmznp 2X 3.14 0.0045? x7 x 3000 — 0.016 m 

The oil working pressure in the system p — 40 x 10* Pa. 

The mechanical efficiency of the oil pump ym.p = 0.87. 

The power to drive the oil pump: 

Np = Vap/(ng.p X 10%) = 0.00071 x 40 x 104/(0.87 x 103) 
— 0.326 kW 

The basic dimensions of the oil pump gears for a diesel engine. The 

lotal amount of heat produced by the fuel per second is determined 


by the heat analysis data (see Sec. 4.3) Q, = 604.3 kJ/s. 
The amount of heat carried away by oil from the engine: 


Q, — 0.026Q, — 0.026 x 604.3 — 15.7 kJ/s 
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The 
The 
The 
The 


c = 


The 


oil thermal capacity c, = 2.094 kJ/(kg K). 

oil density p, = 900 kg/m’. 

temperature of oil heating in the engine AT, — 10 K. 

oil circulation rate 

Qol(poco AT.) = 15.7/(900 x 2.094 x 10) = 0.000833 m?/s 


circulation rate, taking into account the stabilization of the 


oil pressure in the system 


The 
The 


The 
The 
The 
The 


The 


The 
The 


The 


The 
The 
The 


Np 


V’ = 2V, = 2 x 0.000833 = 0.001666 m3/s 
volumetric efficiency np = 0.8, 
design capacity of the pump 

Va = V'/ay = 0.001666/0.8 = 0.00208 m?/s 
tooth module m = 5 mm = 0.005 m. 
tooth height h = 2m = 2 x 5 = 10 mm = 0.01 m. 


number of gear teeth z — 8. 
diameter of the gear pitch circle 


D, = zm = 8 x 5 = 40 mm = 0.04 m 
diameter of the gear outer diameter 
D = m (z + 2) = 5 (8 + 2) = 50 mm = 0.05 m 


peripheral velocity at the gear outer diameter up = 8 m/s. 
pump gear speed 


Np = up60/(xD) = 8 x 60/(3.14 x 0.05) = 3060 rpm 
gear tooth face width 


» 80a 60 x 0.00208 
—Psm'snp — 2X8.14 X 0.005? x 8 x 3060 


oil working pressure in the system p = 5 X 10? Pa. 
mechanical efficiency of the oil pump m.p = 0.89. 
power used to drive the oil pump 


= Vap/(ng,p X 103) = 0.00208 x 5 x 10*/(0.89 x 103) 
= 1.17 kW 


= 0.026 m 


18,2, CENTRIFUGAL OIL FILTER 


The oil centrifuge (Fig. 18.1) represents a centrifugal fine oil filter 
used to clean the oil of solid particles. 

Most widely applications in tractor and automobile engines are 
found by two-nozzles hydrojet-driven centrifugal filters. The ope- 


ration 


of the drive is based on the use of the reaction of an oil jet 


discharged from the nozzles. Featuring a simple design and easy main- 
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tenance, the hydrojet-driven centrifuge ensures high rotor angular 
velocities and thus good cleaning of oil. 

The computation of a centrifuge consists in defining the required 
oil pressure upstream the centrifuge and its rotor speed. In modern 
centrifugal filters an oil delivery 
at 0.25 to 0.6 MPa makes the cen- 
trifuge rotor to spin at 5000 to 
8000 rpm. 

The reaction force of an oil jet 
discharged from a nozzle at a con- 
stant rotor speed is determined on 
the basis of the theorem of im- 
pulses of forces: 


oV o.n Vo.n sn 
p = Soren (ron R) (18.11) 
where p, is the oil density, kg/m?; 
Von is the amount of oil flowing j 

through the centrifuge nozzles, Fig. 18.1. Centrifugal oil filter 
m*/s; e is the contraction coefficient 

of oil jet discharged from a nozzle; F, is the nozzle orifice area, m; 
n is the rotor speed, rpm; R is the distance from the nozzle axis to 
the rotor revolution axis, m. 

The contraction coefficient of an oil jet varies within the limits 
€ = 0.9 to 1.1 and is equal to 0.9 for the most popular shapes of 
nozzles. 

The torque (N m) produced by two jets 





M, = 2PR (18.12) 


At a steady-state rotor speed, torque M, is balanced by the mo- 
ment of resistance: 


M,=M, (18.13) 


The value of M, depends mainly on the bearing friction forces 
and the rotor speed: 


M,=a+t bn (18.14) 


where a is the moment of resistance at the beginning of rotor rota- 
tion, Nm; b is the rate of the moment of resistance growth 
(N m)/(rpm). 

According to experimental data a = (5 to 20) 107* N m; b = (0.03 
to 0.10) 10-*(N m)/(rpm). 
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Substituting M, and M, into equation (18.13), we may deter- 
mine the rotor speed versus the principal design and hydraulic 
parameters of the centrifuge 


|— PoVo.nR/(2eFn)—a p 
EXE DUAE UE ee) 


The oil is properly cleaned at n = 4500 to 6500 rpm. 
The oil flow rate (m?/s) through two nozzles 


Von=2aF, V 2p/p, (18.16) 


where œ = 0.78 to 0.86 and is the coefficient of the oil flow rate 
through a nozzle; F, is the nozzle orifice area, m?; p is the oil pres- 
sure upstream the nozzle, Pa; p, is the oil density, kg/m?. 

The value of p included in equation (18.16) may be represented 
as follows: 

p= pil a (3p) -ra (18.17) 

where p, is the oil pressure at the inlet to the centrifuge, Pa; Y is 
the coefficient of hydraulic losses (V = 0.2 to 0.5 for full-flow and 
V — 0.1 to 0.2 for partial-flow centrifuges); r, is the radius of the 
rotor axle, m. 

Using expression (18.16), we may determine from equation (18.17) 


[V2 ,,—4 (12/30)? (R? — r2) a?F?] po 
py —  —REHERÜTW) ——— (18.18) 


For the principal data of the hydrojet-driven centrifuge for cer- 
tain engines, see Table 18.2. 











Table 18.2 
Engine 
Description 
3H JI- 130 | 1-20 | CMA-14 | fIM3- 240 
Capacity Vo. n, dm3/s 0.125 0.117 0.13 0.167 
Speed n, rpm 5000 6000 6000 6000 
Rotor diameter d,, mm 105 110 110 115 
Axle diameter d;, mm 15.25 16.8 16.8 16.0 
Nozzle-to-nozzle distan- 
ce D, mm 56 70 76 80 
The driving power (kW) of the centrifuge: 
E xl no, Vo. nRn Vas n Ju 
NOTE aspe se R) (18.19) 
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Computation of a centrifuge. Compute a two-nozzle partial-flow 
hydrojet-driven centrifuge for a diesel engine. 

The oil circulation rate in the system is determined by formula 
18.7) or is defined by the data of the example (see Sec. 18.1) V, 
= 0.000833 m?/s. 

The centrifuge flow is taken as partial by 2096. 

The centrifuge capacity 


Von = 0.2V, = 0.2 x 0.000833 = 0.000167 m?/s 


The oil density p, = 900 kg/m’. 

The contraction coefficient of the oil jet e = 1.0. 

The centrifuge nozzle diameter d, — 2 mm - 0.002 m. 
The nozzle orifice area 


F, = nd3/4 = 3.14 x 0.0027/4 = 3.14 x 1078 m? 


The distance from the nozzle axis to the rotor rotation axis R 
= 40 mm = 0.04 m. 

The moment of resistance at the beginning of rotor rotation a 
= 1 x 107? Nm. 

The rate of the moment of resistance growth b = 6 x 10-79 (N m) 
/ (rpm). 

The centrifuge rotor speed 


PoV? nk 3 900 (1.67 x 107+)? x 0.04 
2eFn " 2x1.0x3.44x10-9 — 
am 2 

> PELA 6 X 40-51 3.14 x 900 x OIN x 0.04 


The rotor axle radius r, = 8 mm = 0.008 m. 

The coefficient of oil flow through a nozzle « — 0.82. 
The coefficient of hydraulic losses Y = 0.15. 

The oil pressure upstream the centrifuge 


—1 x 1073 
n= 


= 5080 rpm 


— 2 — 
Von (3) (R?— r?) a?F? 
Pi po " 8a2F2 (1 — V) 5 





ls x 10-4)2—4 ES ” (0.042—0.008%) 0.822 (3.141075)? 
= 900] 8 x 0.822 (3.14 x 10-5)? (4 — 0.15) 
= 0.33 x 10% Pa = 0.33 MPa 


18.3. OIL COOLER 


An oil cooler is a heat-exchange apparatus for cooling the oil 
circulating in the engine lubricating system. There are two types of 
oil coolers: oil-to-air coolers for air cooling and oil-to-water coolers 
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for water cooling. Given below are the computations of an oil-to- 
water cooler. 
The amount of heat carried away by water from the cooler: 


Qo = K,F, (Tom — Tim) J/s (18.20) 


where K, is the coefficient of heat transfer from oil to water, W/(m? K); 
F. is the cooling surface of the oil-to-water cooler, m?; 7, m is the 
mean temperature of oil in the cooler, K; 7, m is the mean water 
temperature in the cooler, K. 

The coefficient of heat transfer from oil to water [W/(m? K)] 


1 
Eo — qa Fon e Fifa; Coen 
where a, is the coefficient of heat transfer from oil to the cooler walls, 
W/(m? K); ô is the thickness of the cooler wall, m; À,., is the coeffi- 
cient of the wall thermal conductivity, W/(m K); «a, is the coeffi- 
cient of heat transfer from the cooler walls to water, W/(m? K). 

With an increase in o4, Az. ¿, &4 and a decrease in ô, the value of 
K, increases. Because analytically defining the values of a, À,. 
and a, is difficult, they are taken from the empirica] data. 

The value of a, is mainly dependent upon the oil flow speed. For 
straight smooth pipes at w, = 0.1 to 0.5 m/s the coefficient o, 
= 100 to 500 W/(m? K); when there are turbulences in the pipes 
and at wọ = 0.5to1.0 m/s, the coefficient a, = 800 to 1400 W/(m? K). 
The value of 4, ¿, W/(m K) depends on the cooler material: 


Aluminum alloys and brass . . . .. ......... 80-125 
Stainless steel zo se a del xo. deus x ow uo) oui tus 10-20 


The value of œ, varies within 2300-4100 W/(m? K) 
The full coefficient of heat transfer K,: 


For straight smooth pipes ............. 115-350 
For pipes with turbulences . s.. .......... 815-1160 


The amount of heat (J/s) carried away by oil from the engine: 
(Qo E CmPoV c (Tosin g T'o out) 103 (18.22) 


where cm is the mean heat capacity of oil, kJ/(kg K); o, is the oil 
density, kg/m?; V, is the circulation rate of oil, m3/s; T, , and 
T ,.ou 1 are the oil temperatures at the cooler inlet and outlet, respec- 
tively, K: 


AT, = Toin — To.out = 10 to 15 K 
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The oil cooler surface exposed to water: 


Qo 
aug OC e n cm, (10:290) 

where Tom = (T, i, + To.ou1)/2 = 348 to 363 K and is the mean 
temperature of the oil in the cooler; Tym = (T, i, + Tw.out)/2 
— 843 to 358 K is the mean temperature of the water in the cooler. 

Computation of an oil cooler. The cooling surface of an oil-to-water 
cooler of a carburettor engine is as follows. The amount of heat car- 
ried away by the oil from the engine is determined by equation (18.1) 
er is taken from the data of the example (see Sec. 18.1) as Q; — 4670 J/s. 

The coefficient of heat transfer from oil to the cooler wall a 
= 250 W/(m? K). 

Fhe cooler wall thickness ó = 0.2 mm = 0.0002 m. 

The coefficient of wall heat conductivity A, . = 100 W/(m K). 

The coefficient of heat transfer from the cooler wall to water 
æ, = 3200 W/(m? K). 

The coefficient of heat transfer from oil to water 
E 1 E 1 

o "Aja, + ô/An. cF 4/& .  1/2504-0.0002/100 + 1/3200 
The mean temperature of the oil in the cooler 7,,, = 358 K. 
The mean temperature of water in the cooler 7,,, = 348 K. 
The oil cooler surface exposed to the water: 


O 
© Ko (To. m—Tw. m) 232 (358—348) 


— 232 W/(m? K) 


= 2.01 m? 


The cooling surface of an oil-to-water cooler of a diesel engine is as 
follows. The amount of heat carried away by the oil from the engine 
is determined from equation (18.1) or is taken from the data of the 
example (see Sec. 18.1) as Qs = 15 700 J/s. 

The coefficient of heat transfer from oil to the cooler wall a, 
= 1200 W/(m? K). 

The cooler wall thickness ô = 0.2 mm = 0.0002 m. 

The coefficient of wall thermal conductivity A, . = 17 W/(m K). 

The coefficient of heat transfer from the cooler walls to water 
@ = 3400 W/(m? K). 

The coefficient of heat transfer from oil to water 

1 1 
K, — Va Le. Fla 1/120070.0002/1771/3200 — 990 W/(m* K) 
The mean temperature of the oil in the cooler Tom = 360 K. 
he mean temperature of the water in the cooler Ty m = 350 K. 
The oil cooler surface exposed to water: 


, 
| Qo 15 700 


Ko o.n To. m) ^ 880 860—380 1.79 m* 
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18.4. DESIGN OF BEARINGS 


The computation of plain bearings on the basis of the hydrodynamic 
theory of lubrication consists in defining the minimum permissible 
clearance between the shaft and the bearing which maintains reliable 
liquid friction. The computations are usually made at the maximum 
power. According to the hydrodynamic theory of lubrication, the 
minimum film of lubricant in the bearing 


hmin = 55 x 10-9 und/(k yc) . (18.24) 


where u is the dynamic viscosity of oil, N s/m?; n is the shaft speed, 
rpm; d is the shaft diameter (the crankpin or main journal diameter), 
mm; km is the mean specific pressure exerted on the bearing surface 
of the bearing, MPa; y — A/d and is the relative clearance; A is the 
diametral clearance between the shaft and bearing mm; c = 1 
+ d/l and is a coefficient characteristic of the shaft geometry in the 
bearing; l is the length of the bearing surface, mm. 

The dynamic viscosity of an oil is dependent on two factors: on 
the oil grade and more on the oil temperature. Table 18.3 covers the 


Table 18.3 
as Dynamic viscosity u, N s/m2 
sd - 
$ automobile and tractor oils diesel oils 
M SN T 
ÈZ | AK-6 | AK3u-6 | AK-10 | AKn-10 | AK-15 | Zin-8 | Hn-11 | Jn-14 





383 (0.00412 | 0.00412 | 0.00657 | 0.00657 | 0.01020 | 0.00568 | 0.00725 | 0.00824 
373 0.00520 | 0.00520 | 0.00843 | 0.00843 | 0.01360 | 0.00716 | 0.00912 | 0.01130 
363 0.00657 | 0.00657 | 0.01160 | 0.01160 | 0.01960 | 0.00912 | 0.01235 | 0.01600 


viscosity figures versus temperature for certain domestic grades of 
automobile, tractor and diesel oils. When selecting an oil viscosity 
figure, keep in mind that the mean temperature of an oil film in bab- 
bitted bearings lies within the limits T — 363 to 373 K and in bear- 
ings lined with leaded bronze, within the limits 7 — 373 to 383 K. 

The value of clearance between the bearing and the journal is de- 
pendent on the journal diameter and lining material. The diametral 
clearance for journals 50-100 mm in diameter lies within the limits: 
A = (0.5 to 0.7) 1073 d in babbitted bearings and A = (0.7 to 1.0) 
x 1073 d for bearings lined with leaded bronze. According to Gugin 
A. M. [8] A = 0.007 Y d.p mm, where d, , is the diameter of a crank- 
pin, mm. 

The bearing safety factor 


K = hmin/hor > 2 (18.25) 
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where he, is the value of the oil critical film in the bearing at which 
a liquid friction may become a dry friction: 


her = h, + hy + hg (18.26) 


The critical oil film in a bearing is determined by the surface 
irregularities of the shaft h, and bearing A;, and also by h, accounting 
for improper geometry of the mated parts. However, since surface 
irregularities are first dependent only on the surface finish, they di- 
minish in operation (due to wearing in), and because the value of h, 
is very difficult to be determined, we may take for rough computa- 
tions 


ho, = he + hg (18.27) 


Values of h, and h, (mm) resulting from various types of machin- 
ing the surfaces lie within the following limits: 


Diamond boring «v. or Now A eS dh 0.,00030-0.00160 
Finish grinding . s tens a sh Dim owe» ve 0.00020-0.00080 
Finish polishing or honing . . . . . .. ... 0.00010-0.00040 
Superfinishing . . s ws al ee give ah Se 0.00005 -0.00025 


Computation of a crankpin bearing of carburettor engine. On the 
basis of the data obtained from the crankpin computations (see 
Sec. 13.5) we have: crankpin diameter dep = 48 mm; working width 
of the main bearing shell J: p = 22 mm; the mean unit area pressure 
on the crankpin surface kep m = 10.5 MPa; crankshaft speed n 
= 0600 rpm. 


The diametral clearance 
A — 0.007 Y d.. p =0.007 V 48 == 0.0486 mm 


Relative clearance y = A/d,, = 0.0486/48 = 0.001. 
The coefficient accounting for the crankpin geometry: 


c = 1 + depllep = 1 + 48/22 = 3.18 
The minimum thickness of the oil film 
hmin = 99 X 107? undc p/ (Ee p s XC) 


= 55 X 107? x 0,0136 x 5600 x 48/(10.5 x 0.001 
x 3.18) — 0.006 mm 


where u = 0.0136 N s/m? and is determined from Table 18.3 for 


oil, grade AK-15, at 7 = 373 K (the bearing is lined with leaded 
bronze). 


26—0946 
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The critical thickness of the oil film 
hop = hs + hy = 0.0007 + 0.0013 = 0.002 mm 

where h, = 0.0007 is the size of crankpin surface irregularities after 
finish grinding, mm; A, = 0.0013 is the size of the shell surface 
irregularities after diamond boring, mm. 

The bearing safety factor 

K = hmin/Rer = 0.006/0.002 = 3 

Computation of a main journal bearing for diesel engine. Referring 
to the data obtained by the main bearing computations (see Sec. 13.6), 
we have: main journal diameter dm.; = 90 mm; working width oi 


the main bearing shell /,, , = 27 mm; mean unit area pressure on 
the main journal surface km.j;.m = 15.4 MPa; crankshaft speed » 


— 2600 rpm. 
The diametral clearance for a bearing lined with leaded bronze 


is taken as follows: 
A = 0.9 x 107? x dm; = 0.9 x 107? x 90 = 0.081 mm 
The relative clearance is 


y = Aldm., = 0.081/90 = 0.0009 mm 


The coefficient accounting for the main journal geometry 


c = 1 + dm jm = 12-4 00/27 — 4.33 
The minimum thickness of the oil film 


hmin = 99 X 107? Und, i (cp. myC) 
= 55 x 10-? x 0.0113 x 2600 x 90/(15.4 x 0.0009 


x 4.33) = 0.0024 mm 


where u = 0.0113 N s/m? and is determined from Table 18.3 for 
oil, grade /In-14, at 7 — 373 K. 
The critical thickness of the oil film 


hor = hy + hy = 0.0004 + 0.0007 = 0.0044 mm 


where h, = 0.0004 is the size of the journal surface irregularities 
after finish grinding, mm; hy = 0.0007 is the size of the shell surface 
irregularities after diamond boring, mm. 

The safety factor of the bearing 


K = Imin/Mer = 0.0024/0.0011 = 2.18 
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Chapter 19 
DESIGN OF COOLING SYSTEM COMPONENTS 


19.1. GENERAL 


The engine cooling is used to positively carry away heat from the 
engine parts to provide the best heat state of the engine and ensure 
its normal performance. Most of the heat carried away is absorbed by 
the cooling system, less by the lubricating system and directly by the 
environment. 

Depending upon the heat-transfer medium in use, the automobile 
and tractor engines employ a liquid- or air-cooling system. Water 
or other high-boiling liquids are used as coolants in the liquid-cool- 
ing system and air in the air-cooling system. 

Each of the above cooling systems has its advantages and dis- 
advantages. The advantages of a liquid cooling system may be stated 
as follows: 

(a) more effective heat transfer from the hot engine parts under 
any heat load; 

(b) quick and uniform warming up of the engine in starting; 

(c) possibility of using cylinder block structures in the engine; 

(d) less liability to knocking in gasoline engines; 

(e) more stable temperature of the engine, when its operating con- 
dition is changed; 

(f) less power consumed in cooling and the possibility of utilizing 
the heat energy transferred to the cooling system. 

Disadvantages of the liquid cooling system are as follows: 

(a) higher costs of maintenance and repair in service; 

(b) decreased reliability of engine operation at subzero ambient 
temperatures and higher sensitivity to changes in the ambient tem- 
perature. 

It is most desirable to use a liquid-cooling system in hopped-up 
engines having a relatively large swept volume, and an air-cooling 
System, in engines with a swept volume of up to 1 litre regardless of 
the engine forcing level and in engines having a small power-to- 
volume ratio. 

The computation of the principal components of the cooling sy- 
Stem is accomplished, proceeding from the amount of heat carried 
away from the engine per unit time. 

With water cooling, the amount of heat carried away (J/s) 


Qu: = Go EU rasan Fi Dus) (19.1) 


where G,, is the amount of water circulating in the system, kg/s; 
€, = 4187 is the water specific heat, J/(kg K); Tous. and Tino 
are the engine outlet and inlet water temperatures, K. 

26* 
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The value of Q,, can be determined by empirical relations (see the 
heat balancing equations, Sec. 4.2 and 4.3). 

The heat carried away by the cooling water is influenced by manv 
service and construction factors. With an increase in the engiue 
speed and cooling water temperature, and also in the excess air 
factor. the value of Q, decreases. It increases with an increase in the 
cooling surface and stroke-to-bore ratio. 

The computation of the liquid-cooling svstem consists in deter- 
mining the size of the water pump, radiator cooling surface and se- 
lecting the fan. 

In the case of air cooling, heat from the engine cylinder walls 
and heads is carried away by the cooling air. The air-cooling inten- 
sity is dependent upon the amount and temperature of the cooling 
air, its velocity, size of the cooling surface and arrangement of cool- 
ing ribs with respect to the air flow. 

The amount of heat (J/s) carried away from the engine by the air- 
cooling system is determined by the empirical relationship (see 
Secs. 4.2 and 4.3) or by the equation 


Qa = Gata (T oui. o aca Tx) (19.2) 


where G, is the cooling air flow rate, kg/s; c, = 1000 and is the mean 
air specific heat, J/(kg K); Touta and Tin. are the temperatures 
of the air coming in between the cooling ribs and going out of the 
spaces, K. 

It is assumed in the computations that 25 to 40% of the total 
amount of heat Q, is carried away from the cylinder walls and the 
remainder part of heat, from the cylinder heads. 


19.2. WATER PUMP 


The water pump is used to provide continuous water circulation 
in the cooling system. Most widely used in automobile and tractor 
engine are centrifugal single-suction pumps. 

The design capacity of the pump (m?/s) is determined with taking 
into account the liquid return from the delivery to the suction space: 


Gia = Gin (19.3) 
where 1 = 0.8 to 0.9 and is the volumetric efficiency. 
The water circulation rate in the engine cooling system 
G, = Qul(eip; AT) (19.4) 


where p, is the water density, kg/m?; AT, is the temperature diffe- 
rence of water in the radiator equal to 6-12 K. 


CH. 19. DESIGN OF COOLING SYSTEM COMPONENTS 405 


be 


Ñ 


Vas) 


Sor 


Fig. 19.1. Diagram of constructing a water pump blade profile 








(a) 


















The inlet opening of the pump must provide the delivery of the 
design amount of water. This is attainable when the following con- 
ditions are satisfied: 


Gralo, = n (t — n) (19.5) 


where v, = 1 to 2 is the inlet water velocity, m/s; r, and r, are the 
radius of the inlet opening and of the impeller eye, m. 
The radius of the impeller inlet is determined from equation (19.5): 


r,=V G, ¿[no 4 rà (19.6) 
The peripheral velocity of water coming off 


Uo =V1 + tan a, ctg p, V pu(pimay) (19.7) 


Where œ, and f, are the angles between the directions of velocities vs, 
Us and w, (Fig. 19.1); p; = (5 to 15)10* is the head produced by the 
pump, Pa; na = 0.6 to 0.7 is the hydraulic efficiency. 

When constructing the impeller blade profile, angle a, is taken 8 
to 12” and angle B, — to 12 to 50°. An increase in f, increases the 
head produced by the pump, for which reason this angle is sometimes 
taken equal to 90° (radial blades). However, an increase in f, leads 
to a decrease in the pump efficiency. 

The impeller radius at the outlet (m) 


Ta = 30u9/(18. p) = Ue/Ow.p (19.8) 


where Rw. p is the impeller speed, rpm; ,,,[, is the peripheral velo- 
city of the water pump impeller. 
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The peripheral velocity is determined from the equation 
pr, mm, (19.9) 


whence u, = usr,/r, m/s. : 
If angle c, between velocities v; and u, is equal to 90°, then angle 
B, is found from the relation 
tan Ps = v,lu, (19.10) 


The blade width at the inlet, b}, and at the outlet, ba, (Fig. 19.1a) 
is determined from the expressions: 


u Gi.d 
b= (21r, — zô /sin f4) v4 (19.11) 
b= Ci. p (19.12) 


(2nr,—26,/sin Bs) v; 


where z = 3 to 8 and is the number of impeller blades; 6, and 6, 
stand for the blade thickness at the inlet and outlet, m; v, is the 
radial coming-off velocity, m/s: 


Up = Py tan os/ (pius) (19.13) 


The blade width at the inlet for the water pump impeller varies 
within b, = 0.010 to 0.035 m, and at the outlet, b, = 0.004 to 
0.025 m. 

For the construction of the pump blade profile, see Fig. 19.15; 
it consists in the following. Draw the outer circle from center 0 
with radius r, and the inner circle with radius r,. Construct angle 6, 
on the outer circle at arbitrary point B. Angle D = p, + B, is then 
laid off from the diameter passed through point 5. One of the sides 
of this angle crosses the inner circle at point K. BK is then drawn 
through points B and K until the inner circle is again crossed 
(point A). A perpendicular is erected from point L which is the 
mid-point of AB, until it crosses line BE at point E. An arc is 
then drawn from point E through points A and B, which repre- 
sents the searched outline of the blade. 

The input power of the water pump 


Nw.» = Gi, api/ (4000m) 


where Nm = 0.7 to 0.9 and is the mechanical efficiency of the water 
pump. 
The value of NV, p makes up 0.5 to 1.0% of the engine rated power. 
Computation of the water pump for a carburettor engine. Accord- 
ing to the heat balance data (see Sec. 4.2) the amount of heat carried 
away from the engine by water: Q,. = 60 510 J/s; mean specific 
heat of water c, = 4187 J/(kg K), mean density of water p, = 1000 
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kg/m; the head produced by the pump is taken as p; = 120 000 Pa; 
pump speed 7, p = 4600 rpm. 
The water circulation rate in the cooling system 


= Q,/(cp AT 1) = 60 510/(4187 x 1000 x 9.6) = 0.00151 m?/s 


where AT, = 9.6 K and stands for the water temperature difference 
in forced circulation. 
The design capacity of the pump 


Ga = Gin = 0.00151/0.82 = 0.00184 m3/s 


where v, = 0.82 is the volumetric efficiency of the pump. 
The radius of the impeller inlet 


rı =V G, al (nv) +r = V 0.00184/(3.14 x 1.8) + 0.012 = 0.0206 m 


where v, — 1.8 and stands for the water velocity at the pump inlet, 
m/s; ry — 0.01 and stands for the impeller hub radius, m. 
The peripheral velocity of the water flow at the impeller outlet 


Us =VY 1 + tan a, ctg Pa V pu(pims) 
= V 1 + tan 10? ctg 45? V 120 000/(1000 x 0.65) = 14.7 m/s 


where angle a, = 10^ and angle B, = 45°; ņa = 0.65 and stands 
for the hydraulic coefficient of the pump. 
The impeller radius at the outlet 


ra = 30us/(uny.5) = 30 x 14.7/(3.14 x 4600) = 0.0304 m 


The peripheral velocity of the flow coming in 
Uy = ugr,/r, = 14.7 x 0.0206/0.0304 = 9.96 m/s 


The angle between velocities v, and u,, o, = 90°, in that tan f 
= vu, = 1.8/9.96 = 0.1807, whence p, = 10°15’. 
The blade width at the inlet 


os Gi.d 
1 (2xtr, — 26,/sin B4) v, 
0.00184 


= Bx 844 x 03200—4 x 0.008/sin 1019/7 8 — 00109 m 


where z — 4 and stands for the number of blades on the pump im- 
peller; 6, = 0.003 and stands for the blade thickness at the inlet, m. 
The flow radial velocity at the wheel outlet 


_ piana, _ 120000 tan 10° 


r= pma, — 1000x085» 447 ^ 4.2 m/s 
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The blade width at the outlet 


NA Gia ` 0.00184 
2 (nr, —28)/sinBa)ur  (@ X3.14X0.0304— 4 x 0.003/sin 45°) 2.2 
— 0.0048 m 


where 5, = 0.003 and stands for the blade thickness at the outlet, m. 
The input power to the water pump 


Nu. p = Gr.ap(10009m) = 0.00184 x 120 000/(1000 x 0.82) 
= 0.27 kW 


where ìm = 0.82 and stands for the mechanical efficiency of the 
water pump. 

Computation of the water pump for a diesel engine. According 
to the heat balance (see Sec. 4.3) the amount of heat carried away 
by water from the engine: Q,, = 184 520 J/s; water mean specific 
heat c, = 4187 J (kg K); mean density of water o, = 1000 kg/m’. 
The head produced by the pump is taken as p; = 80 000 Pa, the 
pump speed ny,» = 2000 rpm. 

The water circulation rate in the cooling system 

Qu 4184520 — 
Gi = Sp AT) 4187x 1000 x p 77 0.0044 m/s 
where A7; = 10 and stands for the water temperature difference 
in the case of forced circulation, K. 
The design capacity of the pump 


Gra = En = 0.0044/0.84 = 0.0052 m/s 


where 1] = 0.84 is the pump volumetric efficiency. 
The radius of the impeller inlet 


rz Y Gi. al(1wi) + ri = V 0.0052/(3.14 x 1.7) + 0.022 = 0.037 m 
where v, = 1.7 and stands for the water velocity at the pump inlet, 
m/s; ry — 0.02 is the impeller hub radius, m. 

The peripheral water velocity at the wheel outlet 
Ug = V 1 -- tan az ctg Ba V pi/ (pins) 
=V 1 + tan 8” ctg 40° Y 80000/(1000 x 0.66) = 11.9 m/s 
where a, = 8°, and B, = 40°; na = 0.66 is the hydraulic efficiency 


of the pump. 
The wheel impeller radius at the outlet 


ra = 30u,/(m2y, p) = 30 x 11.9/(8.14 x 2000) = 0.057 m 


The peripheral velocity of the flow coming in 
Uy = Usrjlr, = 11.9 x 0.037/0.057 = 7.7 m/s 
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The angle between velocities v, and u, is taken as a, = 90°, in 
that 


tàn p, — vu, - 1.7/7. = 0.221 
whence B, = 12°28’. 
The blade width at the inlet 
u Gi. d rs 0.0052 
= (2rr;— 26,/sin Bj) e ——(2x8.14 X 0.087 — 6 x 0.004/sin 12°28) 1.7 
— 0.025 m 
wherez = 6 is the number of blades on the pump impeller; 6, = 0.004 


is the blade thickness at the inlet, m. 
The radial velocity of the flow at the wheel outlet 


by 


_ Pitanga — 80000 tan 8° "E 
Vr Omang ^^ 1000x0.66x 11.9 ~ 1.43 m/s 
The blade width at the outlet 
A A A A 
2 (2r¿—269/sinBo)vy (2x 3.14 x 0.057 — 6 x 0.004/sin 40°) 1.43 


— 0.0113 m 


where 0, = 0.004 is the blade thickness at the outlet, m. 
The input power of the water pump 


Ny. p = Giapi/10000,, = 0.0052 x 80 000/(1000 x 0.84) 
— 0.495 kW 


where n, = 0.84 is the mechanical efficiency of the water pump. 


19.3. RADIATOR 


The radiator is a heat-exchanger in which the water going from 
engine hot parts is cooled by the air passing through the radiator. 
The computation of the radiator consists in defining the cooling 
Surface required to transfer heat from the water to the ambient air. 
The cooling surface of the radiator (m?) 


Qw 
m K (Tm. w—Tm. a) poe) 
Where Q,, is the amount of heat carried away by water, J/s; K is the 
thermal conductivity coefficient of the radiator, W/(m? K); Tm. w 
is the mean temperature of water in the radiator, K; 7,, , is the 
mean temperature of air passing through the radiator, K. 
The thermal conductivity coefficient [W/(m? K)] 


K = 1/(1/%, + 6/4, + 1/09) (19.15) 
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where œ, is the coefficient of heat transfer from liquid to the radiator 
wall, W/(m? K); 6, is the thickness of a radiator tube wall, m; 7, 
is the thermal conductivity coefficient of the radiator tube material. 
W/(m K); Za is the coefficient of heat transfer from the radiator wall: 
to air, W/(m? K). 

Because the value of K [W/(m? K)] is difficult to be determined 
analytically, it is generally taken by the empirical data: 


COTS An a ar ES EVA ELM is X 140-180 
Trucks and tractors . . . . ........ cr nsn 80-100 


The amount of water flowing through the radiator (kg/s) 
Gi s Qu/[vi (Tin. w NE T otc)! (19.16: 


In the case of forced water circulation in the system the tempe- 
rature difference AT, = Tin. w — Tout. = 6 to 12 K. The most 
favourable value of temperature 7;, , characteristic of a liquid- 
cooling system is taken within the range 353-368 K. Proceeding fro:: 
the taken values of AT,, and 7;,.,,, the mean temperature of the 
water in the radiator may be determined as follows: 

P Tin. wt Tout. w Tin. wt (Tin. w— AT w) 
2 2 


Tw. m= 


In automobile and tractor engines 7,, m is equal to 358 to 365 K 

In the radiator, heat Q,, is transferred from the water to the cooling 
air, i.e. Que = Qa. 

The amount of air passing through the radiator (kg/s) 


Ga = Qa/[Va outs pu Tina)! 


The temperature difference AT, = T,,, , — Tin.g of air in the 
radiator grill is 20-30 K. The temperature upstream the radiator 
Tj,.,istaken 313 K. The mean temperature of the air passing througl: 
the radiator 


T fim oF Touto Time (fina AT) (4917) 


2 


a.m 


In automobile and tractor engines 7,.,, = 323 to 328 K. 
Substituting the values of 7, m, Ta. m, K and Q,, into equation 
(19.14), we determine the radiator cooling surface (m?): 


F = Q,/ {K [(T'in. w EE AT,,/2) p (Tin.e F AT,I2)) 
(19.15 
Computation of the radiator cooling surface for a carburettor 
engine. According to the heat balance (see Sec. 4.2) the amount o: 


heat carried away from the engine and transferred from the water to 
cooling air is Q, = Q, = 60 510 J/s; mean specific heat of air c. 
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— 1000 J/(kg K); the flow rate of water passing through the radiator 
is taken from the data of Sec. 19.2; G, = 0.00151 m3/s; water mean 
density p; = 1000 kg/m’. 

The amount of air passing through the radiator 


Gi = Qq/(vgAT,) = 60 510/(1000 x 24) = 2.52 kg/s 


where AT, = 24 is the temperature difference of the air in the ra- 
diator grille, K. 
The mass flow rate of the water passing through the radiator 


Gi = Gp; = 0.00151 x 1000 = 1.51 kg/s 


The mean temperature of the cooling air passing through the ra- 
diator 


T, m= Tin. ot (in. atATa) — SBT ORT) — 395.0 K 


where Tin.a = 313 and stands for the design air temperature up- 
stream the radiator, K. 
The mean temperature of the water in the radiator 


Tin. wt (Tin. w—ATw) _ 363+ (868—9.6) 358 9 K 
2 2 zu i 


where Tin. w = 363 and stands for the water temperature upstream 
the radiator, K; A7, = 9.6 is the temperature difference of the 
water in the radiator taken from the data of Sec. 19.2, K. 

The radiator cooling surface 


> Qu = 60 510 E à 
f= K (Tw.m—la.m)  160(358.2— 325) = 11.39 m 
where K = 160 and stands for the coefficient of heat transfer for 
car radiators, W/(m? K). 

Computation of the radiator cooling surface for a diesel engine. 
According to the heat balance (see Sec. 4.3), we have: the amount of 
heat carried away from the engine and transferred from the water to 
cooling air: Q, = Q,. = 184520 J/s; mean air specific heat c, 
= 1000 J/(kg K); volumetric flow rate of the water flowing through 
the radiator is taken from the data in Sec. 19.2 as G, = 0.0044 m3/s; 
water mean density op; = 1000 kg/m3, 

The amount of air passing through the radiator 


Ga = Qa/(vgATq) = 184 520/(1000 x 28) = 6.59 kg/s 


Ly. m= 


where AT, = 28 is the temperature difference of the air in the ra- 
diator grille, K. 
The mass flow rate of water passing through the radiator 


Gi = Gy, = 0.0044 x 1000 = 4.4 kg/s 
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The value of 7, , is determined by formula (19.17). 
The mean temperature of water in the radiator 


To. y = im wt (Tin w ATu) —. 389: ee) — 360 K 


where 7;,.,, = 365 is the water temperature upstream the radiator. 
K; AT,, — 10 is the temperature difference of water in the radiator 
which is taken from the data in Sec. 19.2, K. 

The radiator cooling surface 


ES Qu 184820 a 
fu K(Tu.m— Ta m) 400 (860—327) =06 m 
where K — 100 and stands for the heat transfer coefficient of truck 
radiators, W/(m? K). 


19.4, COOLING FAN 


The purpose of the cooling fan is to maintain an adequate air flow 
to carry away heat from the radiator. 
The fan capacity* (m3/s) 


Ga = Qal (poc AT.) (19.19 


where Q, is the amount of heat carried away from the radiator by 
cooling air, J/s; p, is the air density at its mean temperature in the 
radiator, kg/m?; c, is the air specific heat, J/(kg K); AT, is the air 
temperature difference in the radiator, K. 

To choose a cooling fan, in addition to the fan capacity, we have 
to know the resistance to air flow at the discharge side of the fan. 
In the system under consideration this resistance includes resistances 
caused by friction and local losses. For the automobile and tractor 
engines the resistance to the cooling air flow is taken at Ap;, = 600 
to 1000 Pa. 

Then the input power of the fan and its basic dimensions are formed 
against the specified fan capacity and value of Ap; 

The input power of the cooling fan (kW) 


Ns = Gs Ap; / (n: 1000) (19.20) 


where ny, is the fan efficiency (n; = 0.32 to 0.40 for axial-flow ri- 
veted fans and ny = 0.55 to 0.65 for cast fans). 

When determining the basic design parameters of the radiator. 
the tendency is to obtain a coefficient of forced air cooling Xy equal 
to 1, i.e. to satisfy the requirement 


Ky = FylF y= 1 (19.21) 


* Fan capacity G, can be also determined against the design parameters 
of the cooling fan. 
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where F; is the area fanned by the fan blades. m*; F, , is the front 
area of the radiator grille, m?. 

To this end the front area of the radiator is made square in the 
shape. 

The fan diameter (m) 


Dian = IVE p (19.22) 
where 
Fr = Galia (19.23) 


where G, is the fan capacity, m?/s; Wa = 6 to 24 and stands for the 
air velocity upstream the radiator front regardless of the vehicle 
speed, m/s. 

The fan speed Ajan is taken, proceeding from the ultimate value 
of the peripheral velocity u = 70 to 100 m/s. 

The peripheral velocity is dependent on the fan head and design: 


w= py V App, (19.24) 


where 1p, is the coefficient dependent upon the shape of blades (y, 
= 2.8 to 3.5 for flat blades and y, = 2.2 to 2.9 for curved blades); 


Pa is the air density to be determined by the average parameters, 
kg/m?. 
With the peripheral velocity known, the fan speed (rpm) 


Ryan = 60u/(nD gan) (19.25) 


Computation of the fan for a carburettor engine. According to the 
design of the water radiator (see Sec. 19.3) we have: mass flow rate 
of air supplied by the fan G4 = 2.52 kg/s and its mean temperature 
Tom = 325 K. The head produced by the fan is taken as Ap;, 
— 800 Pa. 


The density of air in the radiator at the mean air temperature 
pa = po X 109/(R,T,, m) = 0.1 x 108/(287 x 325) = 1.07 kg/m3 
The fan capacity 

Ga = Glo, = 2.92/1.07 = 2.36 m3/s 
The radiator front area 


F,.7 = Galw, = 2.36/20 = 0.118 m? 


where w, = 20 is the air velocity in front of the radiator, regardless 
of the vehicle speed, m/s. 
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The fan diameter 
Dou V F. gn —2 V 0.118 3.44 = 0.388 m 


The fan peripheral velocity 
U = Ya V Ap; Po = 3.41 Y 800,1.07 = 93.4 m.s 


where tp, = 3.41 is a dimensionless coefficient for flat blades. 
The fan speed 


njan = 60 ul(tD jan) = 60 x 93.4/(8.14 x 0.388) = 4600 rpm 


Thus, we satisfy the requirement Rjan = n, p = 4600 rpm (the 
fan and the water pump are driven from a common drive). 
The input power to drive an axial-flow fan 


Nian = G,Ap;,/(10000;) = 2.36 x 800/(1000 x 0.38) = 4.97 kW 


where 1, = 0.38 is the efficiency of a riveted fan. 

Computation of the fan for a diesel engine. According to the data 
obtained from the computation of the water radiator for a diese] 
engine (see Sec. 19.3) we have: mass flow rate of air supplied by the 
fan Ga = 6.59 kg/s, and its mean temperature 7, , = 327 K; 
head produced by the fan Ap;, = 900 Pa. 

The density of air in the radiator at its mean temperature 

Pa = po X 109/(R,T,. m) = 0.4 x 109/(287 x 327) = 1.065 kg/m? 

The fan capacity 


Ga = Gj/o, = 6.59/1.065 = 6.19 m3/s 
The front area of the radiator 
Fog Gjw, = 6.19/22 = 0.284 m? 


where w, = 22 is the air velocity in front of the radiator, regardless 
of the vehicle speed, m/s. 
Accordingly, the diameter and peripheral velocity of the fan 


Dian =2V F,. n = 2 V 0.281/214 = 0.6 m 
u = by V ApyriPa = 3 V 900/1.065 = 87 m/s 


where y, = 3 and stands for the dimensionless coefficient for flat 
blades. 
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The speed of a fan with an individual drive 
Njan = 80u/(AD yan) = 60 x 87/(3.24 x 0.6) = 2770 rpm 


The input power of an axial-flow fan 


Njan = GaAp;,i(1000n,) = 6.19 x 900/(1000 x 0.6) = 9.3 kW 


where Njan = 0.6 and stands for the efficiency of a cast fan. 


19.5. COMPUTATION OF AIR COOLING SURFACE 


The amount of cooling air supplied by a fan is determined, pro- 
ceeding from the total amount of heat Q, carried away from the engine: 


zx Qa 
Ga ca (Tout. a— Tin. a) Pa 0:25) 
where Tin. = 293 K and Touta = 358 to 373 K and stand for 
temperatures of the air entering the space between the cooling fins 
and coming out of it. 
The surface of cylinder cooling fins 


Qcyl 

Ka (Tey. r Tin. a) (19.27) 
where Qey; is the amount of heat carried away by air from the engine 
cylinder, J/s; K, is the heat-transfer coefficient of the cylinder sur- 
face, W/(m? K); Tey:.- is the mean temperature at the root of cylin- 
der cooling fins, K; 7;,., is the mean temperature of air in the fin 
spacings of the cylinder, K. 

According to experimental data the mean temperature at the 
roots of cylinder fins, K: 


Feyi = 


Aluminum alloys .. eao 403-423 
Cast-Iron- 3 ar o Sek uA a de ue ird 403-453 


The value of the heat-transfer coefficient, W/(m? K) 


Ka = 1.37 (1 + 0.00757 m) (w,/0.278)-73 (19.28) 


where Tm is the arithmetic mean of the temperatures of fins and cooling 
air, K; w, is the air velocity in the fin spacings, m/s. 

The mean velocity of the air flow in the fin spacings of the cylinder 
and its head is taken equal to 20-50 m/s with a diameter D = 75 
to 125 mm, and 50-60 m/s with a diameter D = 125 to 150 mm. 
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The cooling surfaces of the fins on the cylinder head 


Qhead 


F head = Kele IAN =) (19.29) 


where Q,,,4 is the amount of heat carried away from the cylinder 
head by air, J/s; 7, , is the mean temperature at the fin roots of the 
head, K; 7;,., is the mean temperature of air in fin spacings of the 
cylinder head, K. 

The heat-transfer coefficient of the head is determined from em- 
pirical relation (19.28). 

The mean temperature at the fin roots of the cylinder head, K: 


Aluminum alloys 
Cast iron 


— cru 423-473 
bi, Sey dae A ONES EUN D tO EN I. E ap we ine 433 - 003 
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Appendix 1 
Relations of SI and MKFS* Units 
Measured in 
Quantity Relations 
SI MKFS 
Length m m — 
Area m? m? — 
Volume mi m3 — 
Mass kg kgf s?/m 1 kgf s?/m =9.81 kg 
Time s s — 
Density kg/m3 kgf s?/m* |1 kgf s?/m! ~ 9.81 kg/m3 
Heat J cal 1 cal — 4.187 J 
Specific gravity N/m? kgf/m? 1 kgf/m3 = 9.81 N/m3 
Specific heat J/(kg K) kcal/(kgf °C) |1 keal/(kgf °C) = 
= 4187 J/(kg K) 
Force N kef 1 kgf = 9.81 N 
Pressure Pa kgf/cm? 1 kgf/cm? = 98066.5 Pa c 
zz 0.0981 MPa 
Work J kgf m 1 kgf mz 9.81 J 
Power W h. p. 1 h. p. 2 735.499 W = 
a 0.7355 kW 
Torque Nm kgf m 1 kf m= 9.81 Nm 
Specific fuel con- 1 g/(h. p. h) =% 
sumption g/(kW h) g/h. p. h = 1.36 g/(kW h) 
Coefficient of heat 1 kcal/m? h°C = 
transfer W/(m? K) kcal/m? h °C zz 1.163 W/(m? K) 


Dynamic viscosity | N s/m?— Pa s 





* MKFS stands for the meter-kilogram-force-second system of units. 


poise 


1 poise ~ 0.1 Pas 
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Algorithm of Multivariant Computation of Engine Open Cycles 
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Subroutine of computing the function Te 2 f(g, Ta) by 
interpolating 2nd degree polynominals 
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Compute (nei. cme) $e 


Subroutine of computing the function T; =flé, x ,Ta) 
by interpolating 2nd degree polynominals 
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Basie Data of Carburettor 








< 2 E | 

oo o ~ = c = | 

—— S E: = s E El $ | 
escription ' e ea ex 3 o > | 
E JN NE SERE. a 

z = es & > E 2S | 

Nominal power Vo, 29.4 36.8 47.1 50.7 02.8 55.0 | 55.0 | 
kW (h. p.) (40) (50) (64) (69) (72) (75) (75) | 

Engine speed at | 4200- | 4700 5600 | 5600 | 4000 | 2600 | 5800 | 
nominal power 4400 | 
nn, rpm ! 

Number and arran- 4-V 4-R 4-R 4-R 4-R 6-R 4-R 
gement of cylin- 
ders 

Compression ratio 1.2 8.4 8.5 8.5 6.7 6.7 8.8 | 

Stroke-to-bore ra- | 0.868 0.868 | 0.868 | 0.836 1 1.341 | 0.854 
tio S/B 

Cylinder bore B, 76 16 76 79 92 82 82 
mm 

Piston stroke S, 66 66 66 66 92 110 70 
mm 

Swept volume V;, | 1.197 1.197 | 1.197 | 1.293 | 2.445 | 3.484 | 1.478 
(dm3/1) 

Specific power per 24.6 30.7 39.3 39.2 26.1 15.8 37.2 
o Ny kW/dm? | (33.4) (41.8) | (53.5) | (93.4) | (29.4) | (21.5) | (50.7) | 
(h. p./l) 

Piston speed vp. m |9.24-9.68| 10.34 | 12.32 | 12.32 | 12.27 | 9.53 | 13.53 
at ny, m/s 

Maximum torque 74.6 80.4 87.3 94.2 | 166.8, 206.0 | 111.8 
amas N m (7.6) (8.2) (8.9) (8.6) | (47.0) | (24.0) | (11.4) 

gm 

Engine speed at |2700-2900| 3200 3400 3400 | 2000 ; 1400- 3000- | 
maximum tor- 1600 3800 
que n;, rpm 

Mean effective 0.67-0.70| 0.78 0.84 0.84 0.65 0.73 0.77 
pressure at no- |(6.8-7.1)| (8.0) (8.6) (8.6) | (6.6) | (7.4) | (7.8) 
minal power pe, 

MPa (kg/cm?) 

Mean effective 0.78 0.84 0.92 0.92 0.86 0.74 0.95 
pressure at ma- (8.0) (8.6) (9.4) (9.4) | (8.8) | (7.5) | (9.7) 
ximum torque 
Det: MPa 
(kg/cm?) 

Minimum specific 333 327 313 307 341 341 307 
fuel consump- (245) (240) (230) | (225) | (250) | (250) | (225) 
tion Zemin, 

/kW h (g/h. p h) | 

Valve arrange- Overhead Bottom 
ment 

Cooling Air 


* With a power limiter. 
Note. V stands for Vee-type engine:; R stands for in-line (row) engines. 
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Four-Stroke Engines 
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BAS- 2103 
TA3-11 “Chay 


BA3-21031 


MA -21251 


TA3-24-01 


3M3-2203 


3M3-53 


3H 1-130 


3HJl -375 


ka" 


3MJI- 114 


8.5 
1.053 


76 


1.451 


38.9 
(53.1) 


14.93 


105.9 
(10.8) 


3500 


0.83 
(8.5) 


307 


Zo 
oo 
a 

— a] 


5200 
4-R 
8.5 
1.013 
79 
80 
1.568 


37.4 
(54 .0) 


13.87 


122.6 
(12.5) 


3400- 
4000 


0.86 


. (8.8) 


0.98 
(10.0) 


300 
(220) 


Liquid 


8.8 
0.854 


82 
70 
1.478 


39.7 
(54.1) 


13.53 


117.7 
(12.0) 


3000- 
3800 


0.82 
(8.4) 


1.00 
(10.2) 


307 
(225) 


2.445 


25.5 
(34.8) 


13.80 


171.7 
(17.5) 


2200- 
2400 


0.68 
(6.9) 


(9.0) 


307 
(225) 


69.7 | 84.4 
(95) | (115*) 
4500 | 3200 
4-R 8-V 
8.2 6.7 
4 0.869 
92 92 
92 80 
2.445 | 4.252 
28.5 | 19.8 
(38.9) | (27.0) 
13.80 | 8.53 
186.4 | 284.5 
(19.0) | (29.0) 
2200- | 2000- 
2400 | 2200 
0.76 | 0.74 
(7.7) | (7.5) 
0.96 | 0.84 
(9.8) | (8.6) 
307 313 
(225) | (230) 
Overhead 


110.0 
(450) 
3200 


8-V 
6.5 
0.950 
100 
95 


5.966 


18.4 
(25.1) 


10.13 


402.2 
(41.0) 


1800- 
2000 


0.69 
(7.0) 


0.85 
(8.7) 


327 
(240) 


132.0 
(180) 
3200 


8-V 
6.5 
0.880 
108 
95 
6.959 


19.0 
(25.9) 


10.13 


466.0 
(47.5; 


1800- 
2000 


0.71 
(1.2) 


0.84 
(8.6) 


320 
(235) 


8.5 
0.880 


100 
88 - 
2.926 


29.2 
(39.8) 


12.32 


451.3 
(46.0) 


2500- 
2600 


0.83 
(8.5) 


1.03 
(10.5) 


220.0 
(300) 
4400 


8-V 
9.5 
0.880 
108 
05 
6.959 


31.6 
(43.1) 


13.93 


559.2 
(57.0) 


2100- 
2900 


0.86 
(8.8) 


1.01 
(10.3) 


293 
(215) 


Basie Data of Four- 








ra 

m 

E e 

Description = a ei 
A E H < a c 

Nominal power Na, 14.7 29.4 36.8 66 132.4 161.8 
kW (h. p.) (20) (40) (50) (90) (180)* (220) 

Engine speed at no- 1800 1600 1600 1750 2100 1700 
minal power nw, 
rpm 

Number and arran- 1-R 4-R 4-R 4-R 6-V 8-V 
gement of cylin- 
ders 

Compression ratio e | 15.0 16.0 16.0 16.5 16.5 16.5 

Stroke-to-bore ratio | 1.120 1.143 1.137 1.077 1.077 1.077 
S/B 

Cylinder diameter D, 425 105 110 130 130 130 
mm 

Piston stroke $, mm 140 120 125 140 140 140 

RISE volume Vi, 1.72 4.19 4.15 7.48 11.14 14.86 

m3 

EU power pr 8.55 7.06 7.74 8.88 11.89 10.89 

dm? Vj kW/ (11.63) | (9.64) | (10.53) | (12.1) | (16.16) | (14.80) 
(h. p./d m?) 

Piston speed Vp. m, 8.4 6.4 6.7 8.17 9.8 7.9 
m/s 

Maximum torque 90 211 245 411.6 667 — 
MemaxiNm(kg m)| (9.2) (21.5) (25.0) (42) (68) — 

Engine speed at ma- 1400 1200 1000  |1100-130011300-1500 — 
ximum torque n, 
rpm 

Mean effective pres- | 0.570 0.532 0.581 0.597 0.679 0.769 
sure at nominal | (5.81) (5.42) (5.92) | (6.09) (6.92) (7.84) 
power Pe, MPa 
(kgf/cm?) 

Mean effective pres- | 0.659 0.638 0.648 — 0.752 — 
sure at maximum | (6.72) (6.51) (6.61) — (7.67) — 
torque Pe, MPa 
(kgf/cm?) 

Minimum specific 279 252 265 202 238 238 
fuel consumption (205) (185) (195) (185) (175) (175) 
&e min, g/kW 
(g/h. p. h) 

Valve arrangement Overhead 

Cooling Liquid 





* With a speed governor. 
Note. R stands for in-line cylinders, Y means Vee-type engines. 


EE ell 


Stroke Diesel Engines 


Appendiz 4 


AMS- 238 


HM3-238A 


n-306 


sSIM3-238H 


KAMA3-740 


176.5 
(240)* 
2100 


8-V 
46.5 
| 1.077 


130 


440 
14.86 


11.88 
. (46.15) 


,: 9.8 


883 
(90) 


1300-1500/1300-1500 


0.679 
(6.92) 


0:746 
. (7.81) 


238 
(175) 


180.2 
(245) 
2100 


8-V 
16.5 
1.077 


130 


140 
14.86 


12.13 
(16. 49) 


9.8 


785 
(80) 


0.693 
(7.07) 


0.664 
(6.77) 


238 
(175) 


220.7 
(300) 
1500 


12-V 
15.0 
1.200 


150 


180 
38.15 


1618 
(165) 
1100 


0.463 
(4.72) 


0.533 
(5.43) 


234 
(470) 


235.4 
(320)* 
2100 


8-V 
16.5 
1.077 


130 


140 
14.86 


15.84 
(24 .53) 


9.8 


1178 
(120) 


0.905 
(9.23) 


0.995 
(10.15) 


238 


3 = È 

E x 3 

= = ' 

[e c KR 
264.8 |267.8-382.5| 386.1 
(360) | (500-520) | (525) 
2100 2100 2000 
12-V 12-V 12-V 
16.5 16.5 15.0 
1.077 1.077 1200 
130 130 150 
140 140 180 
22.29 22.29 38.15 
41.88 116.50-17.16| 10.13 
| (16.15) ((22.43-23.33)| (13.76) 
9.8 9.8 12.0 

1834 1942 = 

(187) (198) = 

1300-1500,1300-1500| 1300-1500 | — 
0.679 0.981 0.607 
(6.92) | (10.00) (6.19) 

1.024 1.094 5 

(40.54) | (11.16) = 
238 238 238 
(175) (175) (175) 


(475) 


154.4 
(210) 
2600 


8-V 
17 
1.0 
120 
120 
10.85 


14.2 
(19.35) 


10.4 
636 


(65) 
1400-1650 


224 
(165) 
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INDEX 


Acceleration curve, 135 
Adiabatic compression, 131 
Advance angle, 58, 81 
Atmospheric pressure and 
ture, 89, 106 
Atomization pressure, 390 
Axial-flow fan, 415 


tempera- 


Balancing, 187, 212 
Basic parameters of cylinder and 
engine, 99 
Bearing safety factor, 400 
Bending safety factor, 277 
Bernoulli's equation, 51, 374 
Blade profile of a water pump, 405 
Blocks, load-carrying cylinder and 
load-carrying water-jacket, 297 
Bottom valve gear, 309 
Brix center, 138 
correction, 138, 173, 193 
method, 132, 136 


.Cam profile, 311 
Carburettor, elementary, "ideal", 376 
Carburettor characteristics, 379 
Centrifugal oil filter, 395 
Cetane number of fuel, 10, 11 
Charge-up, 49 
Coefficient, 
actual molecular change of adap- 
tability, 120, 126 
actual molecular change of working 
mixture, 18 
of admission, 126 
of air consumption, 374 
charge-up, 90 
flow rate, 383, 390 
of fuel consumption, 378 
heat transfer, 411, 416 
heat utilization, 60, 63, 110 
of hydraulic losses, 397 


of linear expansion, 303 
of material sensitivity to stress 
concentration, 222, 285, 290 
molecular change of combustible 
mixture, 16, 18, 43, 100 
of oil flow through nozzle, 397 
of residual gases, 17, 52, 90 
scavenging, 13 
thermal] conductivity, 409 
venturi flow rate, 383 
Combined cycle, 36 
Combined supercharging, 345 
Combustible mixture, 16, 20 
Combustion pressure, actual, theore- 
tical, 96 
Combustion process, 94, 109 
Compression adiabatic work, 350 
Compression process, 92, 108 
Compressor basic parameters, 366 
Computation indicator diagram, 81 
Computation, 
of a centrifuge, 397 
of compensating jet, 381 
of compressor, 362 
of a crankpin bearing of carburettor 
engine, 401 
of diffusers and air scroll, 365 
of the fan for a carburettor engine, 


for diesel engine, 411 
of fuel-injection pump, 387 
of injector, 389 
of main jet, 381 
of main journal bearing for diesel 
engine, 402 
of nozzle, 368 
of oil cooler, 399 
of oil pump, 392 
of the radiator cooling surface for 
carburettor engine, 410 
for diesel engine, 411 
of a turbine, 367 
of turbine wheel, 370 
of a venturi, 380 
Concentrator, 225 


INDEX 


Convex cam, 329 

Cycle delivery of fuel, 385 

Cycle with heat added at constant 

pressure, 33 

Cycle with heat added at constant 
volume, 31 

Cylinder size effects, 77. 112 

Cylinder size and piston speed, 84 


Delivery ratio of the 385 
Design, 
of big end of connecting rod for 
carburettor engine, 260 
of camshaft, 341 
of carburettor engine piston, 234 
of a connecting rod big end of 
diesel engine, 260 
of a connecting rod bolt for car- 
burettor engine, 266 
for diesel engine, 267 
of a connecting rod shank for 
carburettor engine, 263 
for diesel engine, 264 
of a crankpin, 274, 280. 290 
of a crankweb, 282, 295 
of a cylinder head stud for carbu- 
rettor engine, 306 
for diesel engine, 307 
of a cylinder liner for carburettor 
engine, 300 
for diesel engine, 301 
of diesel engine piston, 232 
of jets, 375 
of main bearing journal, 279 
of main journal, 272 
of a piston pin for carburettor 
engine. 240 
for diesel engine, 242 
of a piston ring for carburettor 
engine. 236 
for diesel engine, 237 
of a small end of carburettor engi- 
ne, 2 
of diesel engine, 255 
of valve spring, 336 
of a venturi, 373 
Design characteristic of a carburet- 
tor, 834 
Dynamics, 173, 192 
Dynamic viscosity, 400 


pump, 


Effective factor of stress concentra- 
tion, 256 


Effective power, 76, 123 


427 


Effective specific fuel consumption, 
76 


Effective torque, 124 
Efficiency, 
adiabatic of a compressor, 50, 355 
adiabatic (isentropic), 349 
charge-up, 40 
effective, 71, 99 
indicated, 72, 98, 112 
mechanical, 75, 112 
scavenge, 48, 90 
thermal, 26. 30, 35, 44 
turbo-supercharger, 358 
volumetric, 53, 393 
Elemental composition of fuel, 11 
Elementary carburettor, 373 
Engines, 
double-cylinder in-line, 161 
eight-cylinder in-line, 166 
eight-cylinder V-type, 166 
four-cylinder in-line, 162 
horizontal-opposed, 83 
row, 147 
single-cylinder, 166 
six-cylinder in-line, 133 
six-cylinder V-type, 164, 165 
Engine displacement, 83 
Engine performance figures, 98, 112 
Excess air factor, 13, 17, 44, 88, 
105, 125, 383 
Expansion adiabatic exponent, 64 
Expansion and exhaust process, 96 


First law of thermodynamics, 60 
Flow rate, 
air in venturi, 383 
fuel of the main jet, 383 
total fuel, 383 
volumetric, 411 
Flywheel moment, 171 
Follower lift, 321, 329 
Follower velocity, 318 
Follower velocity and acceleration, 
Forces acting on crankpin, 179, 199 
Forces loading the crankshaft throw, 
181, 202 
Forces loading main 
202 
Forces, resultant inertial primary and 
secondary. 159 
Fresh charge preheating temperature, 
51 


journals, 181, 


Fuel-air mixture, 17, 33 
Fuel combustion heat, 19 
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Fuel discharge |time. 389 

Fuel injection pump, 385 

Fuel injector. 389 

Full and specific forces of inertia, 195 


Gas pressure forces, 192 
Gas turbines, 356 
Guide case, 358 


Harmonic cam, 315, 317, 324, 330 
Heat analysis, 86 

Heat balance, 102, 115 

Heat of combustion, higher, lower, 19 
Heat utilization |factor, 60 


Impeller blade profile, 405 
Indicated fuel consumption, 72 
Indicated parameters of working cyc- 
le, 97, 111 
Indicated power, 72 
Indicated pressure, 69, 98 
Indices, 
adiabatic, 32, 43, 108 
expansion, 31, 65 
expansion polytropic, 96 
polytropic, 11, 354 
Induction process, 89, 107 
Induction process losses, 90 
Inertial force curve, 141 
Injection delay angle, 81 
Injection timing angle, 58 
Inlet device and impeller, 349 


Kazandzhan's formula, 353 
Kinematics, 172, 191 
Kurtz's cam, 317, 319 


Lame equation, 247 
Liner wall, 300 
Lubricating oil system, 390 


Mach number, 359, 369 

Mass unit, 11 

Mean angular velocity, 170 

Mean effective pressure, 74, 112, 119 


Mean heat capacity of a medium, 21 

Mean molar heat capacity, 21-23, 61 

Mean molar specific heat, 43, 92 

Mean indicated pressure, 111, 125 

Mean pressure of mechanical losses, 
120-124 

Mean torque, 197 

Mechanical losses, 74 

Mixture compensation, 377 

Molar specific heat, 58, 108 

Monoblock structure, 297 

Monoblock unit, 296 

Motor octane number (MON), 9 


Normal force, 142 

Nozzle-to-nozzle distance, 396 

Number and arrangement of engine 
cylinders, 83 


Oil density, 393 

Oil thermal capacity, 393 
Oil-to-water cooler, 399 
Ovalization stress, 240-244 
Overhead valve gear, 308 


Parameters of working medium, 88, 
105 


Pin ovalization, 240 

Piston acceleration, 173, 191 

Polar diagram of crankpin load, 148 

Polar diagram of forces, 150 

Pole of polar diagram, 150 

Polytropic curves, compression, ex- 
pansion, 100, 114 

Pressure at the end of induction, 51 

Pressure of residual gases, 50 

Pressure variation, 59, 68 

Pumping unit, 387 


Radial-axial turbines, 359 

Rated power, 82 

Ratio, 
afterexpansion, 111 
compression, 29, 34, 37, 85 
Poisson's, 247, 256, 300 
preexpansion, 111 
run nonuniformity, 170 
specific heat, 34, 56, 64 
stroke-bore, 84, 98, 112, 141 


INDEX 


Relative diameter of impeller. 352 

Research octane number (RON), 9 

Root's blower, 345 

Row engines. 147 

Running-on moments and torques, 273 

Running-on (accumulated) torques, 
287 


= 


Scale factor, 224 

Scroll, 355 

Shaping a convex cam with flat fol- 
lower, 322 

Shaping of a harmonic cam with flat 
follower, 324 

Specific and full forces of inertia, 176 

Specific fuel consumption, 98, 120 

Specific total forces, 176, 195 

Speed characteristic, external, part- 
load, 117 

Spring characteristic, 333 

Spring elasticity, 339 

Spring force of elasticity, 334 

Stress concentration factors, 221, 285, 
290, 295 

Stress concentration sensitivity, 223 

Stud tightening, 303 

Supercharging, combined, 40, 343, 


Supercharging system, pulse, constant 
pressure, 347 

Surface sensitivity factor, 285, 294 

Swept volume, 49, 343 


renee at the end of induction, 
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Temperature of residual gases, 50 

Theoretical air requirement, 12 

Theoretical cycles of supercharged 
engines, 40 

Time-section of valve, 329 

Torque of a cylinder, 178 

Torque surplus work, 169 

Total torque, 146 

Toxic constituents, 69 

Turbine wheel, 360 

Turbosupercharger, 41, 347 


Ultimate composition of fuel, 12 
Unbalanced forces and moments, 158 
Uniformity of torque and engine run, 


, 


Valve lift. 310 

Vaned diffuser, 354 

Vane relative width, 353 

Vee engines, 151 

vey of flow, peripheral, radial, 
07 

Volume unit, 11 


Web safety factor, 279 
Winter grades of fuel, 10 
Working mixture, 20 


Yield limit, 220 
Young’s modulus, 340 


